7 //z

s /vm7a
...... .T'-i"t—:‘,_. e

"1 1" Produced by

?’7 777
JCONFERENCE //

SERVICES

www.conferencedataservioas. oo, uk

| f’ﬁf’/f | o | .}5
G |




Power Transmission and Motion Control






Power Transmission and
Motion Control

(PTMC 2005)

Edited by

Dr D N Johnston
Workshop Organizer

Professor C R Burrows
Director

and

Professor K A Edge
Deputy Director

Centre for Power Transmission and Motion Control
University of Bath, UK

John Wiley & Sons, Ltd



Copyright © With The Centre for Power Transmission and Motion Control

Email (for orders and customer service enquiries): cs-books @wiley.co.uk
Visit our Home Page on www.wiley.com

All Rights Reserved. No part of this publication may be reproduced, stored in a retrieval system or transmitted
in any form or by any means, electronic, mechanical, photocopying, recording, scanning or otherwise, except
under the terms of the Copyright, Designs and Patents Act 1988 or under the terms of a licence issued by the
Copyright Licensing Agency Ltd, 90 Tottenham Court Road, London W1T 4LP, UK, without the

permission in writing of the Publisher. Requests to the Publisher should be addressed to the Permissions
Department, John Wiley & Sons Ltd, The Atrium, Southern Gate, Chichester, West Sussex PO19 8SQ,
England, or emailed to permreq@ wiley.co.uk, or faxed to (+44) 1243 770620.

Designations used by companies to distinguish their products are often claimed as trademarks.
All brand names and product names used in this book are trade names, service marks, trademarks
or registered trademarks of their respective owners. The Publisher is not associated with any
product or vendor mentioned in this book.

This publication is designed to provide accurate and authoritative information in regard to the
subject matter covered. It is sold on the understanding that the Publisher is not engaged in
rendering professional services. If professional advice or other expert assistance is required,
the services of a competent professional should be sought.

Other Wiley Editorial Offices

John Wiley & Sons Inc., 111 River Street, Hoboken, NJ 07030, USA

Jossey-Bass, 989 Market Street, San Francisco, CA 94103-1741, USA

Wiley-VCH Verlag GmbH, Boschstr. 12, D-69469 Weinheim, Germany

John Wiley & Sons Australia Ltd, 42 McDougall Street, Milton, Queensland 4064, Australia

John Wiley & Sons (Asia) Pte Ltd, 2 Clementi Loop #02-01, Jin Xing Distripark, Singapore 129809
John Wiley & Sons Canada Ltd, 22 Worcester Road, Etobicoke, Ontario, Canada MOW 1L1

Wiley also publishes its books in a variety of electronic formats. Some content that appears in print
may not be available in electronic books.

British Library Cataloguing in Publication Data
A catalogue record for this book is available from the British Library

ISBN-13 978-0-470-01677-0
ISBN-10 0-470-01677-9

Printed and bound in Great Britain by Antony Rowe Ltd, Chippenham, Wiltshire
This book is printed on acid-free paper responsibly manufactured from sustainable forestry in which
at least two trees are planted for each one used for paper production.



Contents

Preface

Systems and Control

A high performance force control system for dynamic loading of fast
moving actuators
G Jacazio and G Balossini

Knowledge based tools for the design of servo-hydraulic closed loop control
M Liermann and H Murrenhoff

Low-order robust controller for flexible hydraulic manipulators
M Linjama and T Virvalo

Hybrid control with on/off electropneumatic standard valve for tracking positioning
X Legrand, M Smaoui, X Brun, D Thomasset, J-M Retif and X-F Lin Shi

Comparing different control strategies of timber sawing process
T Virvalo and J Inberg

Closed-loop velocity control for an electrohydraulic impact test system
A R Plummer

Pressure peak phenomenon in digital hydraulic systems — a theoretical study
A Laamanen, M Linjama and M Vilenius

Water Hydraulic Systems

Control of water hydraulic manipulator with proportional valves
H Sairiala, K T Koskinen and M Vilenius

Development of a novel water hydraulic vane actuator applied for control
of a two-links test manipulator
F Conrad and F Roli

Fault Analysis and Diagnosis

Analysis of fault tolerance of digital hydraulic valve system
L Siivonen, M Linjama and M Vilenius

Experiences on combining fault tree analysis and failure mode, effects and
criticality analysis for fault diagnosis of hydrostatic transmission
H Rusanen, T Koivula and J Rinkinen

ix

17

29

45

59

75

91

107

117

133

147



vi  Contents

System Modelling and Simulation

Model identification of the electrohydraulic actuator for small signal inputs
E Sampson, S Habibi, Y Chinniah and R Burton

An efficient numerical method for solving the dynamic equations of complex
fluid power systems
S Esqué and A Ellman

Dynamic modelling of a pilot-operated pressure relief valve
C Hos and L Kullmann

Component Designh and Analysis

A computer aided conceptual design method for hydraulic components
B Steiner and R Scheidl

Determining the steady state flow forces in a rim spool valve using CFD analysis
N Okungbowa, D Bergstrom and R Burton

Design of valve solenoids using the method of finite elements
A Schultz

Virtual design of high dynamic pneumatic valves
M Fiedler, F Riidiger and S Helduser
Smart fluids

A micro artificial muscle actuator using electro-conjugate fluid
K Takemura, S Yokota and K Edamura

A magneto-rheological valve-integrated cylinder and its application
K Yoshida, T Soga, S Yokota, M Kawachi and K Edamura

Systematic experimental studies and computational perspectives of the
non-linear squeeze mode behaviour of magneto-rheological fluids
N Gstottenbauer, A Kainz, B Manhartsgruber and R Scheidl

Vehicle systems

An adaptable hydraulic system for tractors
T Fedde, T Lang and H-H Harms

Design of a hybrid vehicle powertrain using an inverse methodology

E Bideaux, J Laffite, A Derkaoui, W Marquis-Favre, S Scavarda, and F Guillemard

CPS hybrid vehicle with flywheel for energy storage
S-K Lee, K Ichiryu, K Kawamura, S Ikeo, E Koyabu, K Ito and H Shimoyama
Pneumatics

Bilateral control of multi DOFs forceps using a pneumatic servo system
K Kawashima, K Tadano and T Kagawa

163

179

193

209

223

243

255

269

277

291

307

317

333

351



Contents  vii

Experimental identification and validation of a pneumatic positioning servo-system 365
M Sorli, S Pastorelli, G Figliolini and P Rea

Performances of cam-follower systems with pneumatic return spring 379
S Pastorelli, A Almondo and M Sorli

Motion simulator with 3 D.o.F pneumatically actuated 395
G Mattiazzo, S Pastorelli and M Sorli

Fluid Dynamics and Noise

Elucidation of the noise generating mechanism produced by a hydrodynamic
source associated with cavitation in an oil hydraulic valve orifice 409
E Kojima, T Yamazaki, A Terada and K A Edge

An experimental result on the measurement of concentrated flow resistances 427
B Manhartsgruber
The dynamics of hydraulic fluids — significance, differences and measuring 437

J-P Karjalainen, R Karjalainen, K Huhtala and M Vilenius

Measurements of elastohydrodynamic pressure field in the gap between
piston and cylinder 451
M Ivantysynova, C Huang and R Behr

Authors’ Index 467






Preface

The Power Transmission and Motion Control Workshop was held on 7-9 September 2005
and is the latest in a series which has been held annually at the University of Bath since 1988.
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been thoroughly reviewed. The focus of the papers is principally on motion control systems,
with particular emphasis on hydraulic and pneumatic systems and components, including
water hydraulics and ‘smart’ fluids.

As ever, we are very grateful to the authors for their contributions. Without the continued
support and enthusiasm of authors, reviewers, delegates and staff, it would not be possible to
maintain such a long-running and successful series of events.

Special thanks are also due to Jane Phippen and Barbara Terry for their considerable
assistance in compiling the material for this book and for organising and ensuring the
smooth running of the event. We are also grateful for the support and understanding of staff
at John Wiley and Sons, Ltd.

Dr D N Johnston, Workshop Organiser

Professor C R Burrows, Director

Professor K A Edge, Deputy Director

Centre for Power Transmission and Motion Control
Bath, September 2005
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A high performance force control system
for dynamic loading
of fast moving actuators

Giovanni Jacazio

Politecnico di Torino (ltaly), Department of Mechanics; giovanni.jacazio@polito.it
Gualtiero Balossini

Microtecnica s.r.l., Torino (ltaly); gualtiero.balossini@hs.utc.com

ABSTRACT

This paper presents a description of a hydraulic force control system that was recently de-
veloped as a part of the test rig of the flight control system of the Aermacchi M346 ad-
vanced trainer aircraft. In this test rig commands are provided to the flight control actuators
as in real flight while they are simultaneously loaded by appropriate forces varying in time
as defined by a load control computer. The force control system is comprised of servovalve
controlled hydraulic actuators, force and speed sensors, and a high speed digital controller
performing a complex and adaptive control law. An excellent accuracy of the load control
was achieved for all combinations of actuator movements and load changes, such as those
occurring during fast aircraft manoeuvres or when the aircraft is flying while subjected to
gusts or turbulence.

1 THE PROBLEM OF CONTROLLING A FORCE

Force control systems have been used in many industrial and scientific applications: from
tension control systems, to loading systems, to test equipments. Both hydraulic and electri-
cal systems have been used for developing the controlled force in combination with a large
variety of control architectures, ranging from simple open-loop control to complex feed-
back systems, depending on the required static and dynamic accuracy for the controlled
force.

Whichever technology is used for developing the force (hydraulic or electromechanical), a
good accuracy of the force control can generally be achieved without major difficulties if
the mechanical component onto which the force must be applied is either stationary, or
moving at low speed, and a control law based on a conventional PID controller is normally
acceptable. In these cases three factors are needed to obtain a good accuracy: high stiffness
of the device developing the force, optimization of the gains of the PID controller and good
accuracy of the force measuring device.

Power Transmission and Motion Control 2005 Edited by C. R. Burrows, K. A. Edge and D. N. Johnston
© With The Centre for Power Transmission and Motion Control
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However, when a controlled force must be applied to a mechanical component moving at a
fast speed, the accuracy of the force control system can become dramatically worse unsless
the whole system architecture is specifically devised to compensate for the errors induced
by the moving component. Controlling with a high accuracy the force acting on mechani-
cal components moving at high speeds was exactly the case of the load control system for
testing the primary flight control actuators of the M-346, an advanced trainer aircraft which
first flew in July 2004 and is now undergoing an intense flight schedule. The load control
system for the primary flight controls of this aircraft is a significant part of a complex Inte-
gration, Validation and Verification Rig, known as the “Iron Bird”, which was built to test
the entire aircraft hydraulic system and its components.

2 HYDRAULIC FORCE CONTROL SYSTEMS

A simple hydraulic force control system can be obtained by controlling the pressure differ-
ential to a hydraulic actuator by means of two pressure control valves, each valve control-
ling the pressure on one of the two sides of a hydraulic actuator (figure 1). These valves are
equipped with an internal pressure feedback device such that the controlled pressure (p;, p,)
is proportional to the input signal (7}, V) ; the pressure differential op = (p; - p,) acts upon
the hydraulic actuator whose ram is therefore subjected to a force F'= Ae p which is

eventually is a function of the two input signals V; and V5. This type of force control sys-
tem has the advantage of being simple and of requiring a minimum number of components,
but it suffers from a few drawbacks:

- The output force is not directly
controlled since the internal

feedback loop is built on the Pressure control

pressure differential. The output v, 5 valves -
force is only approximately pro- i
portional to the pressure differ- |_ 4 +!
ential because of the friction and - ) ]
inertia forces of the hydraulic ac- Supply LA A
tuator. g 0P
- The accuracy obtained by pres-
sure transducers of these pres- _ .
sure control valves is poorer than g _yPe
that obtainable by load cells. _ t/’l &
- A good linearity between the N TSN
S Return +1
pressures p;, p, and their input .
signals V;, V5, occurs only when ' T
Qutput force

the hydraulic actuator is station-
ary or it is moving at low speed,

but it is poor at large actuation . .
speeds. Figure 1: Hydraulic force control system based

on pressure control
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A different solution
(figure 2) is to create a
force control system
making use of a flow
control servovalve and
to build a force control
loop by direct measure-
ment of the output force
provided by the hydrau-
lic actuator. Such sys-
tem partly reduces the
accuracy errors previ-
ously outlined, but it is
still affected by the error
created by the actuator
movement, as it will be
shown in the following
of this paper, which will
also describe a solution
that was devised for
overcoming this prob-
lem.

3 THE SPEED AS AN ERROR SOURCE IN A FORCE CONTROL SYSTEM

Flow control
servovalve

+
H___I

7z

Supply

Return

Force transducer

e |

Output force

Figure 2: Hydraulic force control system based on a
flow control servovalve

5

The force control system based upon the flow controlled servovalve of figure 2 is outlined
in the block diagram of figure 3. This block diagram refers to a linear model of the system,
which, though based on some approximation of the actual behaviour of the system compo-
nents, is accurate enough for showing the mutual relationships among the system state vari-

ables.

Control Servovalve
law 1
Fe "4
4@. as) | o s
_ oty +1
a v (TV

Force transducer

'

y

f

Q

1

1/Gp

2
s s
St g+
OR OR

Figure 3: Simplified block diagram of a force control system based on a flow con-

trol servovalve
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In the block diagram of figure 3, F¢ is the force command, F is the actual force, V is the
servovalve command, Q is the servovalve flow, dp is the pressure differential between the
controlled ports, y is the speed at which the actuator is driven. In the same block diagram,

oy is the servovalve resonant frequency and  its damping factor, oz and , the similar

quantities for the force transducer, Gy and Gp the servovalve flow and pressure gains, 4 the
actuator area, C the hydraulic capacitance of each actuator chamber, k; a leakage coeffi-
cient due to the presence (if any) of a restrictor across the control lines, m the mass of the
actuator piston and s the Laplace variable.

Looking at this block diagram it can be clearly seen that in a force control system the actua-
tor speed is a source of error; a second error source is caused by the inertia force of the ac-
tuator piston. This contribution is nil if the speed is constant, but it can increase to a large
value under rapid variations of the the speed, such as the case of an actuator cycling at high
frequency.

In order to emphasise the effect of the speed on the accuracy of the force control system,
the dynamics of the servovalve and of the force transducer can be neglected as a first ap-
proximation, since their frequency response is much faster than that of the whole force
control system. Under this approximation, the transfer function between the servovalve
command V, the output force F and the output speed y becomes:

kY kytms+ ms? .

F 1
s+1 s+1 1]
G,A 2
where: k S [2]; ky S (31;
k, +Gy /Gp kp+Gy/Gp
C

~ 2k, +G,/G,) 4]

If the closed loop control is performed with a conventional PID control law, the closed
loop transfer function [5] is obtained that is written below. In this relationship, Kp is the
proportional gain, K; is the integrator gain, while the derivative gain has not been consid-
ered for its contribution is instrumental in slightly improving the stability margin, but has
almost no effect on the system accuracy.

K .
Foll+—Ls |- : (k2+ms+ msz)j/
Fe K, kK,

(5]

2 S
s +—1+kKp)+1
VK, le,( Kp)

It is apparent from this transfer function that under steady state conditions, with constant
speed y, the integrator of the control law eventually brings to zero the error caused by the

speed. However, the integrator gain K; must be limited to a relatively low value in order to
maintain safe stability margins, therefore when the speed varies continuously, the force er-
ror that cannot be corrected by the integrator gain; clearly, this error increases with the rate
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of change of the output speed. Under such dynamic conditions, for which s = jw in [5] is
relatively large, the contribution of the integrator gain K, becomes actually negligeable, and
equation [5] can be rewritten as:

Kpky  ky+ms+ ms*
1+ K,k 1+ K pk,

F= [6]

—s+1
1+ Kpky
In order to reduce the effect of the output speed y on the error of the force control system,

ky +ms + ms?

1+ K pk,
Of the three terms at the numerator, &; is the prevailing one while ms” is little for most ap-

plications and can generally be neglected. It thus turns out that to minimize the error of the
force control system, the term

P ky A*
Y1+ Kk

the factor multiplying the output speed must be made as little as possible.

G [7]
Q

kp + G +KpGpd
P

must be made as little as possible. Since the area A is established by the output force re-
quirements and the values of flow gain G, and proportional gain Kp are limited by the ser-
voloop stability requirements, the only way to greatly reduce the force error created by the
output speed is to increase the term &z, which actually means to increase the system internal
leakage. This is certainly an effective way to proceed, but at the expense of a large flow
consumption.

4 SPEED COMPENSATION

A control technique for reducing the error of a force control system caused by the output
speed was developed, which mainly consists of measuring the actuator speed and adapting
the servovalve input as a function of the measured speed. By doing that, the simplified
block diagram of figure 3 is modified into the one shown in figure 4. The measured speed
is multiplied by a gain and a lead network to obtain the compensation signal ¥’; the actual
transfer function between V' and y used in the force control system described in this paper

was a little more complex because it included appropriate filtering, but the effect of the
speed compensation can well be explained without introducing these secondary factors.

When the speed compensation is introduced, as shown in figure 4, the transfer function [1]
is modified into the following equation [8], which is derived under the same assumptions
made for getting [1]:

Fe kv ky+ms+ ms® — ks ( 's+l)),/
s+1 s+1

(8]
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In this equation the parameters k;, k; and 7 are those defined in [1], [2] and [3], while £; is

' GQAa
given by: k; = G Pl
k, + L
Gp
a(r’s+1) y
v’
Control Servovalve
law

FC
—'O* G(s)
N

1

52

s
+ 20, — +1|+

oy

av

Force transducer

1/Gp

1

S
—— 42— +1
R R

Figure 4: Simplified block diagram of a force control system based on a flow control
servovalve and a speed compensation network.

Looking now at equation [8] it can be easily seen that if the parameters a and 7’ of the
speed compensation transfer function are taken such that:

ks=k,, thus: a=A4/Gg [10]; ks’ =m, thus: ':7213 [11]

A
the effect of the speed on the force developed by the actuator becomes negligeable and a
very good accuracy of the force control system can be obtained under dynamic conditions,
while the controlled element is moving at fast speed, and without resorting to a large power
dissipation.

This control technique proved effective and it was further enhanced by using a non-linear
control law to make up for the non-linearities of the physical parameters such as the ser-
vovalve flow and pressure gains and the internal leakage coefficient. In the following of
this paper, a description of a specific application of this control technique is presented.



A high performance force control system for dynamic loading of fast moving actuators 9

5 THE M346 “IRON BIRD”

The I, V & V rig ("Iron Bird") is the major ground facility of the M-346 aircraft for testing
the flight controls, hydraulics and landing gear systems. It is designed to allow to perform
all the necessary tests activities needed to allow the issue of the flight clearance and to
permit testing, and troubleshooting of the problems that may arise during prototype ground
and flight tests. The flight controls, landing gear and hydraulic systems components are
connected together on the rig in the same way as on the aircraft to ensure that the systems
as a whole operate as expected and exhibit no erroneous operation characteristics. A flight
mechanics simulation computer (FMSC), which is part of the rig, is capable of closing the
aerodynamic loop, simulating sensors and driving the “outside world”. Using either the
aircraft pumps or with an external ground hydraulic power supply it is possible to supply
the complete left-hand and right-hand hydraulic systems as in the aircraft.

The I, V & V rig is housed within a dedicated soundproof enclosure and directly communi-
cates with a control room from which all the tests are conducted, controlled and monitored.
Figure 5 shows the structure of the “iron bird”, while figure 6 shows the control room.

The flight control and landing gear subsystems are each installed within its own dedicated
structural module mounted at the appropriate location on a platform. Each structural mod-
ule consists of a steel framework and provides mounting for a loading actuator which is
designed to apply the required load to the relevant aircraft actuator. Since the flight control
and loading actuators are mounted as opposing pairs within the structural modules, these
act as closed loop structures and no load is transmitted to the supporting platform to which
they are bolted.

The primary control surfaces and the airbrake are represented on the rig by dummies, each
having the same inertia referred to the hinge axis as the corresponding aircraft control sur-
face. Each control surface is connected to its relevant actuator by means of a linkage and
torsion bar whose stiffness is equivalent to that of the actual aircraft surface from the ac-
tuator to the hinge line, as shown in figure 7.

6 LOAD GENERATION

Load on the flight control actuators and on landing gear is generated by servovalve con-
trolled hydraulic actuators, housed in structural modules and supplied by a dedicated hy-
draulic power supply. Within the structural module the rod end of the flight control actua-
tor is connected to a lever rotating about a hinge, as in the actual aircraft.

The lever is also connected to the loading actuator which generates the required aerody-
namic loading. In order to perform an accurate simulation of the inertia loading of the
flight control actuator, the required system inertia is obtained by a disc located at the end of
a torsion bar. The torsion bar provides the required stiffness, such that the resulting spring /
mass system has the same resonant frequency as the actual actuator / aerodynamic surface
of the aircraft system
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Figure 5: “Iron bird” structure

Figure 6: “Iron bird” control room
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Each load actuator is comprised of a hydraulic ram, a valve module, speed and force tran-
ducers. The hydraulic ram is a double acting, equal area piston jack with extremely low
friction guaranteed by the use of hydrostatic bearings; the actuator has a high side-load ca-
pability and is hinge mounted with zero backlash spherical joints. The actuator operates at
28 MPa and is capable of a stall force of 65000 N, with an internal friction of about only 30
N.

The valve module is comprised of
a five ports electrohydraulic ser-
vovalve with internal electrical
feedback, pilot flow lines for the
hydrostatic bearings, by-pass valve
for actuator floating and emer-
gency unloading, two cross-port
pressure  differential  limiting
valves for actuator load limiting,
pressure and return accumulators
for minimising the effect of the
hydraulic line dynamics on the
transient response of the force con-

Flight control
actuator

Load actuator,
inclusive of
speed trans-

Angular position

trol system. Moreover, the valve transducer ﬁwcg:s?table

module includes a calibrated ori-

fice for creating an internal cross Figure 7: Configuration of a structural
port leakage, as required to opti- module

mise the force control dynamic

performance.

The structural module transducers are: a load cell of a strain gage type, suitable for dynamic
loading, an integrally mounted LVT type speed transducer, and a rotary position transducer
located at the end of the torsion bar. A three-dimensional view of the structural module is
shown in figure 8, while figure 9 shows its hydraulic diagram.

Figure 8: 3-D view of a structural module
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Figure 9: Hydraulic diagram

7 LOAD CONTROL

The control of the force that the hydraulic load actuator exerts onto the flight control actua-
tor is basically obtained by closing a force feedback loop with the addition of a speed com-
pensation network as outlined before in this paper. However, some further enhancements
were introduced in the force control law to make up for the components non-linearities and
for reducing the time delay to rapidly changing force commands. The block diagram of the
resulting control law is illustrated in figure 10. The control law is organized such that only
an integrator is present in the forward path of the control loop, while a proportional and a
derivative feedback loop are created; this arrangement provides a good combination of sta-
bility margins and system accuracy, though it requires a fast recursion rate from the com-
puter that closes the feedback loop. For this application the computer had a recursion rate
of 4 kHz with a computation time of 0.3 ms and the analogue/digital converters were of 16
bit accuracy. The reduction of time delay following a fast changing force command is ob-
tained by creating a feed-forward line with transfer function G(s).

In order to get the best performance of the load control system over its whole operational
range, the control loop gains were made adaptive both to the rate of change of the force

command and to the actual force developed by the actuator. With reference to figure 10,
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the rate of change of the force command determines the value of a gain X, which increases
with the force command rate while the actual value of the force developed by the actuator,
which on its turn is dependent on the pressure differential across the actuator ram, deter-
mines the value of gain Y according to a function F(#c7) that was appropriately selected to
make the overall system gain almost independent of the operating condition.

sGx(s)l—| ABS
+ .
Kx1 G/(s) s
GE(9) + actuator
l speed
P ) %
Foow |1 /—/ ™ G’éS) : - X i Y servovalve
_ - - T command
Hp(s)| | sHp(s) F(Facn

T i T Fact

Figure 10: Block diagram of the control law for the load control system of the
M346 “Iron Bird”

8 PERFORMANCE RESULTS

After a proper tuning of the control parameters and an accurate mounting of all mechanical
and hydraulic hardware, an excellent performance of the load control system was achieved,
that allowed dynamic loading of the M346 flight control actuators under the entire range of
simulated flight conditions. As an example, two different flight cases are reported in fig-
ures 11 and 12. Figure 11 refers to the case of an aircraft turn requiring a fast aileron ma-
noeuvre; in this figure curve 1 corresponds to the commanded aileron angle determined by
the pilot stick position, curve 3 is the actual aileron angle resulting from the movement of
the aileron flight control actuator, curve 2 is the load command generated by the aircraft
models embedded in the Flight Mechanics Simulation Computer, curve 4 is the actual force
developed by the load control actuator and 5 is the command to the load control actuator
servovalve. It can be seen from this figure that during this test the actuator load was re-
quired to change rapidly while the flight control actuator was moving fast. For instance, in
the time frame from 4.5 s to 4.7 s the aileron command request a change of approximately
10 deg, with a rate of about 50°/s, while the force on the actuator is simultaneously com-
manded with a rate of change of 90000 N/s. Curves 2 and 4, representing commanded and
actual force are practically superimposed, show the capability of the force control system to
accurately follow the demands, satisfying the requirement. (The difference between the
commanded (1) and actual (3) position of the flight control actuator is due to an offset in
the acquisition system and is not relevant to the force control system.)
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Figure 12 refers to the case of the aircraft on a level flight in an atmosphere with turbu-
lence. The pilot stick is at a fixed position (not shown in this figure.) Also in this case the
two curves corresponding to the load commanded by the FMSC and the actual load are
practically coincident, which allowed the system to correctly load the flight control actua-
tors with the identical loading experienced by the same actuators during real flight.

10000 2
\
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5000 : 3 = A
4 TR, 2
R %
o il 2
i e \

- Load Set (N)
—4- Load Fbk (N)

—5-Servo Cmd (%)
- Alpha Set (deg)
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Figure 11: Force control system response for the case of fast aileron manoeuvre

9 CONCLUSIONS

The force control system described in this paper was developed as a part of the Integration,
Validation and Verification Rig for the hydraulic system, flight controls and landing gear of
the Aermacchi M346 advanced trainer aircraft. The highly demanding accuracy require-
ments for the system generating the actuators loads both in static and dynamic conditions
were met by developing a system which made use of state-of-the-art hydraulic components
and technology, accurate force and speed sensors and of an adaptive control law.

The force control system described in this paper referred in particular to the load control of
the aircraft primary flight control actuators which required to be loaded by a hydraulic ram.
For the load control of the aircraft secondary flight controls (leading and trailing edge
flaps), the same control philosophy was adopted, though with some difference because of
the different loading mechanism. The aircraft actuation systems for its secondary flight
controls consist of centrally located Power Drive Units (PDUs) that drive transmission
shafts running parallel to the leading and trailing edges of the wing; the shafts, on their turn
drive either rotary or linear mechanical actuators which are connected to the aircraft flaps.
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Figure 12: Force control system response for the case of level flight in turbulence

In order to simplify the already complex "iron bird", and due to the lower criticality of the
secondary flight controls, a load control system was made that controls the total torque at
the PDU outlet, rather than the individual loads on the single flap actuators. Therefore, in
this case a servovalve controlled reversible pump was used as a device to create the con-
trolled torque on the PDU. Though the large internal friction of the pump made the entire
torque control system less accurate than the one described in this paper, still the maximum
accuracy error for that application was within 5% of the maximum load torque for all type
of simulated aircraft flight conditions.
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Knowledge based tools for the design of
servo-hydraulic closed loop control

Matthias Liermann, Hubertus Murrenhoff
Institute for Fluid Power Drives and Controls (IFAS) - RWTH Aachen
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ABSTRACT

The design process of hydraulic drives requires a lot of knowledge and experience although
many computer tools are available that aid in various aspects of the design. One of these
aspects is the selection of a suitable control strategy and its parameterisation. While being a
significant key for the performance of servo-hydraulic drives it is nevertheless often
neglected because of lack of knowledge in control theory. Only for very demanding
applications design engineers use specialised and often complex simulation programs to
analysc the system’s static and dynamic bchaviour prior to its implementation. Also
application engineers need assistance in applying and tuning controllers that use more
advanced control concepts taking user-defined constraints into account such as the
performance of the given hardware.

Starting from observations of the general design process of hydraulic drives and an
overview about which design steps arc alrcady computer supported, results of a literature
search about knowledge based control design approaches for hydraulic drives are presented
and evaluated in this paper.

1 INTRODUCTION

1.1 Challenges for hydraulic drive solutions

Fluid power drives are increasingly challenged by electrical drive solutions. Reasons for
that are the accessibility of electrical power through the electricity network as well as their
putative cleanliness and reduced noise emission. Since system responsibility is more and
more passed on towards component suppliers a major advantage is also the growing
demand for plug and play solutions. Customers wish to select the optimum drive principle
for each axis without having to switch between operator controls. Thus, aspects like simple
integration of hydraulic axes into automation concepts, simplified installation,
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commissioning and maintenance play a key role for users today. The performance of the
closed loop control should meet predefined requirement specifications with as little effort
on commissioning as possible. A simulation of the drive in combination with the machine
dynamics would be necessary for choosing and parameterising the controller structure and
hardware. This is difficult especially for tailor made machinery and small series where the
effort to physically model or to identify machinery dynamics is too cost-intensive.

Many suppliers have introduced “intelligent” electro-hydraulic linear axes to their product
range. They consist of a servo-cylinder in combination with a servo-valve with integrated
sensors, built in controller hardware and field bus-capability /Drec/. Nevertheless the
design engineer either from the component supplier or from the user must choose a control
strategy that suits his special requirements and boundary conditions and parameterise it
either in a first step with the help of simulation or in the phase of commissioning the plant.
This requires much experience and expert knowledge in the field of control systems.
Especially smaller manufacturers often do not have this expertise.

1.2 Need for support in controller design

Due to the high power to weight ratio of hydraulic drives the actuated mass inertia has
strong influence on controller parameters. The mechanical damping depends to a large
degree on the actual operating pressure and the position of the piston. The largely used PID
controllers do not exploit the whole potential of servo hydraulic drives while generally
achieving good performance for clectrical drives. The background of control theory is
available and has been applied to hydraulics in many publications but it takes a long time
of study and experience for a user to be able to employ more advanced control concepts in
his application.

A variety of simulation tools (e.g. AMEsim, DSHplus, ITISim, Simulink) are at hand
helping to lay out more sophisticated systems. They facilitate the analysis of the static and
dynamic behaviour of a hydraulic circuit design. In interaction with the simulation tool
different control strategies can be applied and examined. Even so they do not offer
intelligent support in the choice of control strategy, leaving the user to his own experience
and knowledge.

Support in this design aspect would be greatly appreciated by manufacturers and users of
hydraulic systems. It would help the sales engineer of hydraulic components to estimate the
feasibility of a customer inquiry concerning dynamic requirements and calculating the costs
for controller equipment at an early stage. The designer wishing to integrate hydraulic axes
in his plant needs support in setting up the controller suiting the specified requirements best
and in choosing the appropriate sensors. Also in the phase of commissioning the same
knowledge domain is needed. A tool is required helping to adjust the control parameters
towards optimum (or satisfying) performance without requiring in-depth knowledge of the
control theory background. Such a tool would speed up commissioning and also reveal the
potential of the hydraulic unit to the user.

It appears to be obvious that these different tasks cannot be performed by a single
conventional software tool. Conventional software processes data in an algorithmic
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fashion. The knowledge encoded in the program is intermixed with the control of this
knowledge. It is encoded in functions. The fact that the different needs of a sales engineer,
a designer and a commissioning engineer inquire the same domain of knowledge leads to
the approach of knowledge based systems, wherein the knowledge is separated from its
control.

2 COMPUTER AIDED DESIGN OF HYDRAULIC CIRCUITS

In the first section this chapter gives a brief overview of the general design process of
hydraulic circuits. Subsequently a discussion is presented on which design step software
tools are state of the art. Special attention shall be given in a third section to approaches of
knowledge based tools and expert systems.

2.1 The general design process of hydraulic systems

In this section the general process of designing a hydraulic circuit shall be outlined. It will
be examined how the different design steps can be supported by software tools.

/Pahl/ describes the principle steps of a technical design process as an iterative procedure
outlined by the following steps.

e  definition of problem
e  conceptual design

e embodiment

e (etailing

For the following it shall be assumed that a hydraulic cylinder has been chosen as the
working principle with which to realise certain motion or force trajectories. By this the first
two design steps have already been almost completed. The designer has examined the
problem and through abstraction isolated functions to be realised by his design. From his
experience with this kind of problem or because of additional boundary conditions he
decided to solve the problem with a hydraulic cylinder and came to a conceptual design.
He is sure that the problem is generally solvable and begins with the embodiment of this
conceptual design. This involves to set up a structure of functional elements interacting
with each other to realise the main function. For hydraulics this means to decide on a
certain configuration of basic functional elements like fluid, pumps, valves, actuators,
filters, hoses, controller hardware, sensors, etc. The result of this process is the hydraulic
scheme that has to be detailed in the last step by precise definition of each part, creating
parts lists and producing all documents for manufacturing.
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So far the dynamic behaviour of the systems has not yet been considered very much. The
dynamic behaviour is described by characteristic values concerning the stability and the
quality of the closed loop control. Among considered criteria are rise time, transient time,
smoothness, stiffness, damping and energy consumption of control. The controller plays
the central role for the dynamics of a hydraulic system. It determines the kind of feedback
of motion, pressure or force to the controlling element, the valve. Optimally the feedback
design should succeed and overlap with the hydraulic design to allow the estimation or
simulation of closed loop behaviour prior to plant set up. Figure 1 shows the described
formalised design process of hydraulic systems.

problem
definition

[performance specification|

Y
controller
design

closed loop
system

hydraulic
scheme

fulfills
require-
ments?,

fulfills
require-
ments?,

detailed design

setup and
commissioning

Figure 1: Formalised design process of hydraulic systems

2.2 Difficulties of concurrent controller design

Especially for smaller projects, there is rarely paid much attention to the dynamic
behaviour of the system. Static characteristics have the advantage that their fulfilment can
be ensured by separate design parameters. If, for example, the maximum velocity is to be
increased, the nominal flow of the valve or the nominal pressure should be enlarged. The
effect of these actions on other characteristics of the plant is limited, plausible and can be
analysed fairly easily.

This is not the case with dynamics. The demands on dynamics always contradict each
other. At the same time the performance characteristics of actors, sensors and controller
hardware clearly limit the systems” dynamic potential. That means the requirements in most
cases cannot be faced separately. Within these limits the task of the controller is to find a
compromise between contradicting preferences and to ensure the fulfilment of all demands.
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In most cases the controller is not designed concurrently to the hydraulic system. One of a
few standard control algorithms is applied and parameterised when the plant is put into
operation. Because of lack of understanding the resulting dynamic characteristics are
accepted in favour of process stability. A problem is that control theory has a very
mathematical view of the motion problem using a complete different language to describe
the system’s behaviour. This makes it extremely difficult to consider issues of dynamics
earlier in the embodiment phase of the hydraulic design.

2.3 Automation of hydraulic system design — state of the art

Computerised support generally aims at accelerating the development by automating well
defined routines as well as at cost reduction by omission of laboratory tests and by
deploying different or less qualified personnel. Several classes of tools offer support in the
design process. A detailed overview with references is found in /Vier/.

1. Tools that support the drawing of connection schemes according to standards or tools
that automate the construction of hydraulic components within conventional CAD.
This class of tools is widely used, /Foit/ and /Feus/ give an overview over such
systems.

2. The majority of tools support the designer in special aspects of the iterative design
process, primarily behavioural analysis and simulation. Among these are AMEsim,
Bathfp, DSHplus, ITISim /Feus/.
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Figure 2: Association of different classes of software tools to areas in the design
process
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Figure 2 associates these classes to design steps in the formalised design process shown in
Figure 1. The objective of the first class of tools is automation of time consuming
procedures that lie between a conceptual hydraulic design and the detailed plant
documents. The automated procedures are well known and straightforward. The
functionality of the created systems is not verified. The question whether requirements are
fulfilled or not is not answered by the system.

The design tools of the second class focus mainly on behavioural analysis of given
hydraulic elements, circuits and controllers. The designer uses them to gain insight into the
physical behaviour of his design. Through his knowledge and experience he can modify the
design to improve its behaviour. To modify the design the designer can exchange
components or change their physical parameters. By numerical computation of the
behaviour he can evaluate the modifications. Some tools offer optimisation routines.

Concluding one can say that common to all design tools today is that the relevant steps of
evaluating and consequent system change are left to the user /Vier/.

24 Automation of hydraulic system design - Knowledge based approaches

Figure 2 shows that for important parts of hydraulic circuit design automation is not yet
state of the art. The reason for this is that a computer does not understand the nature of
what is being processed. Nevertheless, as shall be presented in this section, a number of
approaches have more recently been made with the use of expert system techniques.

The process of design is creative in its core. That means that there is no recipe how to
proceed in order to generate a (hydraulic) circuit design that behaves exactly according to a
given set of demands. The question in design has to do with the structure and the behaviour
of a system /Stei/. Modern design tools focus mainly on one of the two facets behaviour
and structure. CAD-software, for example, is a helpful tool in the design process. It can
automate design steps by making use of feature-techniques. But it focuses exclusively on
the structure of the component or circuit. A simulation tool on the other hand focuses
mainly on the behaviour of a system, given a fixed structure. The following sections
present some recent knowledge based approaches.

2.4.1 Assisted controller development and automated commissioning in hydraulics

Controller design demands a high degree of expertise in control systems which the plant
operators often do not have. In his thesis Schoppel has developed a framework in which the
setting into operation of control-systems for servo-hydraulic drives can be assisted /Scho/.
As he observes, specialists in control systems are usually needed in two stages: For

e controller design and
e plant commissioning.

For the controller design the expert chooses a control strategy, deploys it on the plant’s
system model and parameterises it respective given specifications. This kind of controller
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design is called model based controller design. A mathematical model of the (open loop)
hydraulic system and the driven masses must be available to apply this approach.

In putting the plant into operation the control system expert proceeds according to the
following steps. First he makes functional tests to check that all components and their
conncctions arc fault-free. Then the sensor signals must be calibrated to match
corresponding physical values. In a next step he must identify the characteristic system
parameters that he used for modelling the plant. With those, the controller can finally be
parameterised based on the controller design which has been done in the first stage.

Schoppel concludes that the second stage, the setting into operation of the plant, could be
largely automated because the commissioning strategy can already be defined in the first
stage of designing the controller.

To reduce the expenditure of the control systems expert, Schoppel describes an assistance
tool which, adapted by an expert in control systems for the specific plant configuration,
enables the application engineer to put the plant into operation without requiring
knowledge of control systems. The basic idea is to provide a development tool with
powerful routines for applying a specific controller design. At the same time this tool is the
basis for the operator assistance in the phase of commissioning. For this the control
designer defines a commissioning strategy.

In contrast to the approach of an expert system that is to carry out decisions by itself on the
basis of inference from structured knowledge /Durk/, the assistance tool presented by
Schoppel leaves decisions in the design-process to the human expert.

The assistance tool merely assists the application engineer by guiding him through a preset
sequence of operations to a controller configuration yielding the desired behaviour.
Functional tests, experiments to identify characteristic parameters needed in the system
model and calibration of sensor signals can be automated. The user also gets valuable
support in adjusting the plant’s behaviour by tuning artificial parameters that have an
intuitive meaning. For safety reasons the assistance tool runs a simulation with every new
set of parameters before applying them to the controller.

Difficulties with this approach arise if the customised commission strategy fails at any
point. In this case the operator cannot proceed because he does not understand what the
assistance tool is doing. The educational value of the system is very low for the operator as
well as for the system designer. He strictly applies a certain control strategy.

2.4.2 Knowledge based commissioning and adaptive control in pneumatics

Keller’s work deals with the application of expert systems in the area of controller design
/Kell/. The intention of such an expert system is to emulate human knowledge and
behaviour in the design of control systems. It becomes apparent that this is an extremely
difficult task with systems such as pneumatic or hydraulic cylinders, where the synthesis of
model based controllers is complex and involves many restrictions such as quality of
signals, variable friction, controller hardware etc.
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A main characteristic of expert systems is that knowledge must be separated from the
processing of this knowledge. The advantage of this is that the knowledge and the
processing strategy can be modified and extended independently from each other. Keller
implements analytical knowledge in the form of routines and heuristic knowledge in the
form of rules. The analytical part contains specific algorithms for the application of a
special control strategy, for example identification of process parameters and input/output
routines. The rules consist of if-then expressions (e.g. IF NOT(coefficient is given), THEN
estimate parameter). These rules are executed in a certain order, defined by the inference
strategy. In this case the inference strategy is monotonous forward chaining. In forward
chaining every rule is checked for already fulfilled premises. A rule with fulfilled premise
is fired and its conclusion may lead to the fulfilment of other rules’ premises. The
implemented rules though are strictly sequential so that they directly determine the order of
execution.

Keller has deployed his Expert-System only on one test object, a small pneumatic piston
with two two-port servo-valves and a real-time interface. A large part of his thesis deals
with the difficulties in designing the controller especially for this system. The expert
knowledge and experience necessary to design the controller for the servo-pneumatic
system is not implemented in the knowledge base. But the application of this controller
design is encoded in algorithms which by a set of rules are executed in a predefined order.
A person with less knowledge about control systems is thus led through the commissioning
of the pneumatic drive.

This leads to the conclusion that Keller’s expert system can only be understood as a
structure with potential to be extended. It supports only one possible controller structure.
Different performance criteria are difficult to handle. One has to consider that by extending
the proposed structure by different options of controller structures, performance criteria and
boundary conditions, decisions would have to be made between these options. This
problem is not discussed in his thesis.

2.4.3  Adaptive controller design via expert system

The theory of control systems is very abstract. It can be applied to social and economical
issues as well as to every technical plant. While the control systems research is rapidly
growing, bringing forth more powerful control strategies, these results are implemented
only in a very narrow area of technology due to their high complexity. The implementation
of advanced control concepts by non-experts requires computerised tools. These have to
fulfil at least four demands in order to be accepted :

e simplicity of use
e simplicity of concept
e few tuneable parameters

e evidence of applicability
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The expert tool ADEX presented by Jiittner is not implemented for any particular
application /Jiitt/. Its objective is to help applying adaptive control on arbitrary system
automation.

The starting point for controller development is the linear time invariant description of the
open loop behaviour of the system at a number of system states. This set of models is either
fed in directly by the user via user interface or automatically identified by identification
algorithms.

The system supports a cyclic process that a designer would intuitively choose. First a
performance criteria can be edited with the option of consulting a knowledge base. Then
the following steps are repeated until the desired performance is achieved.

e For the models of each system state a controller must be designed. The set of
controllers will be blended into one adaptive control. Five different control methods
are available. Each method has a set of degrees of freedom that have to be tuned in
order to achieve the desired performance. The inexperienced user can consult the
knowledge base that automatically tunes the parameters.

e  With the new parameters the closed loop system behaviour is simulated.

e The performance of the system is evaluated by the expert system according to the
performance criteria. The evaluation is the basis for enhancing the parameters in the
next iteration.

Jiittner’s basic idea is to integrate all design-options into one closed-loop control
configuration that can be switched active/inactive. In effect the task to be solved is
choosing a controller and going through its parameterisation, which is much easier to
accomplish than the problem of design and configuration.

The expert system approach of ADEX is very interesting for hydraulic design, too. It
shows, for example, how the controller parameterisation can be supported by knowledge
base consultation. This knowledge has been collected by interpretation of the underlying
control theory, by simulation studies and laboratory tests. It must be a concern to build such
knowledge bases also for closed loop hydraulic systems. Furthermore it will be important
to predict the performance of different control methods and to choose the best one on the
basis of knowledge bases. An interesting aspect of ADEX is also that it supports different
operator modes for more or less experienced users. It would frustrate a more experienced
user to be led through the whole consultation as much it would overcharge a less
experienced one without consultation.

2.4.4  Automated controller design modifications

On the basis of case based reasoning and making use of graph grammar design techniques
Hoffmann has developed an expert system that automates the creation of hydraulic schemes
/Hoff/. This approach is suitable for problems that can be solved on a component level
/Schu/. It has been realised in combination with the simulation tool ““deco. It has not been
used for synthesis of controller structures, which is why it shall not be discussed here. But
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/Vier/ has progressed on this work, taking the closed loop behaviour of the automatically
generated schemes into account. Within this holistic expert system approach very
interesting issues are discussed. For example a general problem in design is that usually a
number of possible system modifications can improve the behaviour. With heuristic
knowledge it is possible to estimate the probable improvement of each modification. This
information can be stored in a “improvement-by-modification”-matrix. At the same time it
has to be considered that a modification improving on one characteristic might change
another for worse. A priority list has to be defined as a basis for deciding which of possibly
improving changes to the system has to be employed. Together this leads to a proposed
sequence of modifications.

This approach is very comprehensive, tackling the whole design from creation of the
hydraulic scheme up to the controller and its parameterisation. It will be crucial for the
implementation of this approach that the user has influence on the priority lists and
boundary conditions to be considered.

2.5 Discussion of knowledge based approaches

A certain system representation often implies a certain approach to the problem. This
becomes evident when looking on the different knowledge based approaches presented
above. Schoppel and Keller build their thesis on a linear system model description. This
model is derived from a nonlinear physical model with boundary conditions and friction. A
state space control approach is applied to the linearised system model. The rules to tune
this controller require experience and knowledge about the control method. For the user
who does not have this knowledge a translation must be available from terms with which
he describes behavioural demands into corresponding controller modifications. Such a
translation is what Schoppel describes for state space control tuning. He defines a relation
between certain pole placement and behavioural description of the closed loop behaviour.

From the viewpoint of the commissioning engineer it seems ridiculous to start running the
plant with what are believed to be the optimal parameters. This could be dangerous and
maybe harm the machine. He will start with small parameters, gradually increasing them. It
maybe that the prior calculated parameters work well, if the plant was accurately modelled,
but they might not if the modelling was incomplete. This is why Schoppel, Keller and
Jiittner propose the identification of system parameters through experiments in order to
adjust the model and get better controller parameters. But identification requires sensors to
measure system behaviour. This leads to the conclusion that the approaches of Schoppel
and Keller suit manufacturers of complete drive solutions who know their own components
very well but not for tailor made machinery and small series, where the effort to assimilate
the model to the behaviour of the plant is too costly or impossible because of lack of
Sensors.

Jittner’s approach does not discuss the problem of commissioning, he assumes that open
loop behaviour can be identified from measurements. But he shows how heuristic
knowledge can be used to tune a controller towards desired behaviour.
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Vier also uses heuristic knowledge. He shows how the control design can be integrated into
the automated design of the whole system. For the decision which control method matches
a particular problem best the discussed “improvement-by-modification”-matrix is a
valuable contribution.

3 CONCLUSION AND FUTURE PROSPECTS

Expert system engineers are taught that a knowledge based system always has to focus on a
specific problem in a specific domain /Durk/. This is important to bear in mind while
judging on expert system approaches. A knowledge base has to be developed, maintained
and should be expandable. And the effort on this has to be in a balanced relation to the task
that is solved by inquiring this knowledge base.

The examination in this paper constitutes the beginning of the author’s efforts to establish a
new knowledge base for controller design. This knowledge base should be versatile for
controller design as well as for commissioning. It has to be examined what kind of
structure the knowledge base must have, so that it can be used for both cases. It should be
able to reason logically with behavioural criteria instead of depending only on the exact
mathematical modelling of the plant in the area of decisions where neither human experts
need the mathematical equations as a basis for decision making. Studies have to be made,
on how empirical as well as analytical knowledge that has been accumulated in many
research projects in this field could be possibly integrated in this knowledge base. It should
give support in choosing and tuning a control strategy respective given constraints and
performance criteria.

In this paper some knowledge based approaches have been reviewed. On the basis of this,
not meant to be exhaustive, literature research some goals for the next steps in knowledge
based controller design shall be derived.
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LOW-ORDER ROBUST CONTROLLER FOR
FLEXIBLE HYDRAULIC MANIPULATORS

Matti Linjama and Tapio Virvalo
Institute of Hydraulics and Automation
Tampere University of Technology

ABSTRACT

A filtered P-controller (gain plus first order lag) is suggested for position control of
actuators of hydraulic manipulators. Analytical and simulated results show that this
controller gives good performance together with robustness against modelling errors and
disturbances. The achieved closed-loop natural frequency is 42 percent of the lowest natural
frequency of the system, and response speed is two to three times faster than with
traditional P-controller. The main conclusion is that although hydraulic manipulators are
complex and non-linear, a fixed-parameter, low-order and linear controller can deliver
satisfactory control performance over the whole operation range.

KEYWORDS: Hydraulic manipulators, robust control

NOTATION

d vector of disturbance signals

e vector of error signals

F; Force of ith cylinder

G(s) transfer function matrix of controlled system

1 Identity matrix

K gain of control loops when all gains are equal
K(s) transfer function matrix of controller

K., largest K such that the closed-loop system is stable
Kp gain matrix of P-controller

Kpr(s) transfer function matrix of filtered P-controller
Kp; gain of ith controller

Kpy nominal gain matrix

K, parameter in model of modelling error

K, velocity gain of ith cylinder-valve combination
r vector of reference signals

S(s) sensitivity operator

T(s) complementary sensitivity operator

u vector of control signals of valves
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u; control signal of ith valve
y vector of piston displacements
Vi displacement of ith piston

Ayfs)  transfer function matrix of multiplicative perturbation

0, angle between horizontal line and link 2

0 angle between links 2 and 3

() largest singular value

T time constant of controllers when selected equal

T time constant of ith controller

T, parameter in model of modelling error

M3 bandwidth of closed-loop system

o; ith natural frequency of the example manipulator
®pr closed-loop natural frequency with filtered P-control

O mn ~ Minimum value of first natural frequency
O mx  Maximum value of first natural frequency

Epr closed-loop damping factor with filtered P-control
g gain matrix multiplier
1 INTRODUCTION

Hydraulic manipulators are used in various heavy-duty lifting tasks e.g. in log loading.
These robust machines work under difficult working conditions; loads are big and
temperature may vary between —30 and +50 degrees centigrade. The manipulator must be
reliable because productivity is an important topic. Reliability requirements cause that the
simple open-loop control solutions are used. A smooth open-loop operation requires
simultaneous and continuous adjustment of several valves. The closed-loop control
solutions are rare because of increased cost and lack of simple control solutions. The cost
increase is significant if high-quality servo valves and sensors must be used. The benefits of
the closed-loop control are clear: it allows coordinated control of several actuators (e.g.
straight movements), automated tasks, faster and smoother motions and improved accuracy.

Hydraulic manipulators are difficult systems from the control design point of view. The
flexibility of hydraulic actuators and structure causes lightly damped vibrations in the
system response. The static and dynamic properties are strongly non-linear and orientation
dependent. Furthermore, many key parameters of mechanism and hydraulic circuit are
poorly known. Typical examples are the mass and stiffness properties of links, the load
mass, friction forces, effective bulk modulus and valve dynamics. Linjama and Virvalo (1)
analysed characteristics of a commercial three-link manipulator. They found that
interactions and multi-input multi-output nature of the system makes the traditional tuning
rules of 1-DOF servo systems useless.

Adaptive control can address above-mentioned problems and it has been used in the control
of hydraulic manipulators with some success (2,3). The main difficulty is that extremely
fast adaptation is required because the dynamics change continuously during the motion.
Adaptive control strategy requires high-quality sensors (low measurement noise), good
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valves (less identified parameters) and additional measurements (faster adaptation).
Reliability in all situations is also difficult to guarantee. Model based control has also been
used (4), but it requires an accurate dynamic model. An additional sensor is needed at least
for the load mass measurement. Robust control theory yields a controller which is reliable
and robust against uncertainties, but whose control performance is not necessarily as good
as with adaptive or model-based controllers. The drawback is that robust control synthesis
tools, such as H.-control or p-synthesis, yield complicated controllers (5). Linjama and
Virvalo (6) studied the robustness of some low-order controllers in an electrohydraulic
position servo. They found that filtered P-controller (P-controller plus first order lag) is a
robust and high performance control solution. Further benefits of this control solution are
easy tuning and need for position feedback only.

The aim of this paper is to study the robustness of filtered P-controller in a hydraulic
manipulator and to develop tuning rules for it. The multivariable loop-shaping techniques
are used and normal P-controller is used as a reference controller. The design and
simulations are based on accurate non-linear and linearised models of a commercial three-
link manipulator with significant mechanical flexibility (7, 8).

2 EXAMPLE MANIPULATOR AND DYNAMIC MODELS

2.1 Example manipulator

The results of this paper are based on the analysis of a commercial hydraulic manipulator
shown in Fig. 1. The manipulator is used in log loading and it is actuated by three cylinders
and one rotary actuator. Only the motions of cylinders 1 and 2 are studied here and the
telescopic extension of link 3 is fixed into the shortest position. The manipulator model
therefore contains three flexible links and two cylinders. The cylinders are driven by high-
response proportional valves and measurements consist of the supply pressure, pressures at
cylinder chambers, displacements of pistons and stress at the point shown in Fig. 1.

Cylinder 2
(100/56-780)

Strain gauge Link 3

Joint2 (2050 mm)

Joint 1

(2890 mm)

Link 1

(1315 mm) Cylinder 1

(100/56-535)

Figure 1. Example manipulator.

2.2 Dynamic models of example manipulator

A non-linear model was developed for the example manipulator in (7). The manipulator
was modelled including structural flexibility by using the assumed modes method with
special mode shapes. The results showed that the flexibility of links must be considered in
the modelling. Good accuracy was achieved when in total five degrees of freedom (DOF)
were used to model flexibility of links. The non-linear model was linearised in (8).
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Variations in generalised Coriolis, centrifugal and gravitational forces were neglected in
linearisation and resulting state-space model had 16 states. It was found that some tuning of
damping parameters is needed in order to achieve correct damping.

2.4 Verification results

Figure 2 shows one measured and simulated open-loop response of the example
manipulator with the load mass 200 kg. There is good agreement between the responses.
The model can describe rather well also the complicated high-frequency response of F, as
shown in the zoomed clip. Additional results in (7) shows that modelling accuracy is even
better with bigger load mass. Figure 3 presents one step-response with non-linear and
linearised models near the operation point y;=0.1 m and y,=0.4 m. The agreement between
the responses is good but there is small error in damping. So the linearised model is
adequate for analysis and control design.
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Figure 2. Measured and simulated open-loop responses of the example manipulator
with a load mass 200 kg: , measured responses; ——, simulated responses
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Figure 3. Step responses of non-linear and linearised models at the operation point
71=0.1 m and y,=0.4 m with a load mass 390 kg: , non-linear model; — — —,
linearised model

3 CONTROL APROACH

3.1 Problems in the control of hydraulic manipulators

It is well known that hydraulic manipulators are difficult to control. This is mainly caused
by four reasons: poor damping, non-linearities, uncertainties and multivariable nature of the
system. The poor damping is seen in Fig. 2 in which the motion is characterised by lightly
damped vibrations. The friction forces of cylinders, although significant, are not sufficient
to damp vibrations. The structural flexibility also weakens the interaction between the
motion of mechanism and actuators.

The dynamic equations of any manipulator with rotational joints are strongly non-linear.
Hydraulic circuit and actuators are additional sources of non-linearity, the most important
ones being:

(a) The stiffness of hydraulic cylinders varies with the displacement of the piston.

(b) Linear actuators are used to perform rotational movement of joints, which causes that
the mapping from cylinder forces to generalised forces of the mechanism is non-linear
and orientation dependent.

(c) Cylinders have high static and Coulombic friction forces.

(d) Relations between valve inputs and cylinder forces are non-linear and indirect.
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Non-linearity causes among other things that the natural frequencies of hydraulic
manipulators depend on the manipulator orientation. Figure 4 shows the calculated lowest
natural frequency ®; of the example manipulator as a function of the orientation with the
maximum load mass of 400 kg. In the figure, 0, is the angle between a horizontal line and
link 2 and 65 is the angle between links 2 and 3. The minimum and maximum values of o,
are: My min = 5.9 rad/s and o y. = 18.9 rad/s.
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Figure 4. The calculated lowest natural frequency of the example
manipulator with a load mass 400 kg.

Typical sources of uncertainty in the dynamic model are:

(a) The effective bulk moduli of oil volumes are uncertain because of hoses and unknown
amount of entrapped air.

(b) The inertial and stiffness properties of links are known only with limited accuracy.

(¢) In practical situation, the load mass is unknown or estimated with limited accuracy.

(d) The static and dynamic properties of mobile proportional valves are poorly known.

(e) Unmodelled dynamics such as high-frequency vibration modes, pipeline dynamics, and
motion of the load or base of the manipulator.

The uncertainty in the load mass is especially harmful because it has an effect on both the
gain of valves and dynamic behavior of the manipulator. The multivariable nature of the
manipulator dynamics is seen clearly in Fig. 3. When one valve is suddenly opened,
vibration occurs also in the other cylinder, and the amplitude of vibration is at the same
level in both cylinders. The interactions are analysed in (1) where it is shown that
interactions are significant in the frequency range above half of the lowest natural
frequency. According to discussion above and more detailed analysis in (1), the dynamics
of hydraulic manipulators can be characterised as follows:

(a) Lightly damped vibrations that occur at natural frequencies dominate the motion.

(b) Vibrations occur simultaneously at several frequencies. The motion is not necessarily
dominated by the lowest vibration mode.

(c) Due to non-linearity, natural frequencies depend strongly on the manipulator
orientation.



Low-order robust controller for flexible hydraulic manipulators 35

(d) Ttis difficult to achieve an accurate model because of uncertainties. Even the lowest
natural frequency is difficult to calculate accurately. The high-frequency response of
hydraulic manipulators is highly unpredictable because of unknown high-frequency
dynamic components.

(e) Strong interactions occur between actuators at natural frequencies. Interactions are
weak at the frequency range below half of the lowest natural frequency.

3.2 Robustness and performance criteria

The robustness and performance of controllers studied are analysed using frequency
domain singular value plots of various transfer function matrices of the system (9). A
general multi-input multi-output (MIMO) system is shown in Fig. 5a. In the figure, G(s)
and K(s) are the transfer function matrices of the controlled system and controller, and the
signals r, e, u, d and y are the reference, error, control, disturbance and output signals,
respectively.

d Ay(s)
r +\ e u N Y u J;,n
K(s) | G(s) [ L)+ Kis) | Gls) O+

+

(a) (b)

Figure 5. A closed-loop MIMO-system with disturbance (a) and with multiplicative
perturbation (b).

Some important transfer function matrices are the sensitivity operator S(s) and
complementary sensitivity operator T(s) which are given by

ey

Good tracking and disturbance attenuation are achieved in the frequency range where the
gain of S(s) is small and good sensor noise attenuation is achieved in the frequency range
where the gain of T(s) is small. Commonly used gain measure is the largest singular value
as a function of frequency and is denoted by (). The bandwidth of a closed-loop MIMO-
system is defined as the largest frequency g that satisfies

o-l(S(j(o))Ss Vwe[O,(oB] 2)
where e<1. A value ¢=0.5 or —6 dB is used in this paper. Uncertainties are expressed as a

multiplicative modelling error A;(s) as shown in Fig. 5b. If the closed-loop system is stable
when Ayfs) is zero, the system remains stable if (9)

oi(T(jo))<1/oy(ay (jo) VoeR' (3)
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The limit is often conservative because Ay, is an unstructured uncertainty. In SISO systems
the robustness is usually measured by gain and phase margins. The guaranteed gain margin
(GGM) and guaranteed phase margin (GPM) for MIMO systems are given by (5)

GGM =1x1/|T]

GPM = +2sin*(1/2T], ) @

where |||, denotes an infinity norm i.e. the least upper bound of &(-). The equations are
valid if ||T||.. is greater than one as is normally the case. The interpretation of Eq. 4 is that
the MIMO system remains stable although gains or phases of all loops vary within given
limits. These limits are only lower bounds of allowable variations and the situation can be
better in practice.

The controller tuning is so that after the selection of suitable A, the controller is tuned such
that Eq. 3 is satisfied. It is a difficult task to define the allowable modelling error as a
function of frequency, o (Ay{(j®)). Too big A, yields conservative controller tuning while
too small A, does not give sufficient robustness. In the low-frequency area (much below
the lowest natural frequency) interactions are weak and each actuator behaves like an
integrator. So the low-frequency uncertainty of the model is mainly in the gain of valves.
The gain of valve is with high probability within 0.5...1.5 times the nominal gain (6). This
set the requirement for GGM to be at least from —6 dB to 3.5 dB. The interactions are
significant in the frequency range above half of the lowest natural frequency. Therefore the
modelling error is allowed to increase at the frequencies above half of the minimum of the
lowest natural frequency with a slope 10 dB/decade where the slope is selected rather
arbitrarily. The maximum magnitude of the modelling error is assumed to be

oi(ay (o) =K {1+ 170 (5)

The parameter 1, is selected equal to 2/ i, Which gives in the example manipulator case
T, = (.34 s. The parameter X, is selected to be 0.8 that gives the GGM from —14 dB to 5.1
dB and GPM #47°. These gain and phase margins are commonly acceptable for hydraulic
servosystems.

4 P-CONTROL

P-control is the simplest possible controller consisting only a static gain. If the system
consists of a single actuator loaded by a pure inertia, P-control has many good properties.
The stability limit is proportional to the natural frequency of the system and so the tuning
for the minimum value of the natural frequency is good tuning for all other operation points
also. The tuning is easy because of single tuning parameter. The P-control is also known to
be robust against modelling errors.

In the multivariable P-control, the transfer function matrix of the controller is a static
matrix, K(s) = Kp. The gain matrix Kp is in the most general case non-diagonal but in this
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study a diagonal gain matrix is assumed i.e. all actuators are controlled separately by a P-
controller. The first question is how to select the gains of controllers. In order to maximise
the bandwidth, the largest and smallest singular values of S should be equal at low
frequencies. This is achieved if each control loop has an equal open-loop gain, which yields
also the maximal value of the smallest open-loop gain. Therefore the controller gains are
selected so that

Kp K, =KpK,, =--=Kp,K,, =K (6)

where Kp; are the gains of the P-controllers, i.e. the diagonal elements of Kp, and K,; is
velocity gain of the ith cylinder-valve combination. The critical open-loop gain, K, is
defined as the greatest value of K such that the system remains stable.

According to Section 3.3, the tuning should be such that the robustness criterion of Eq. 3 is
satisfied with all load masses and all orientations of the manipulator. In practice, it is
impossible to verify the criterion at all operation points. Here it is assumed that the most
critical situation occurs with maximum load mass at the orientation in which the critical
open-loop gain of the system is smallest. To summarise, following tuning rule is suggested
for the P-control:

1 Select a nominal diagonal gain matrix Kpy that satisfies Eq. 6.
Calculate the scalar £ with the maximum load and all orientations such that the tuning
Kp = Cx Kpy is marginally stable. Find the critical orientation where C is smallest.

3 At the critical orientation, adjust { such that the robustness criterion of Eq. 3 is
satisfied.
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Figure 6. Critical open-loop gain of the
linearised model of the example manipulator
with P-control and load mass 400 kg

Figure 7. Singular value plot of the
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Figure 6 shows the calculated critical open-loop gain of the example manipulator with the
maximum load mass 400 kg. It is seen that the gain is almost constant and not proportional
to the lowest natural frequency (Fig. 4). The low value predicts also a sluggish response.
The smallest critical open-loop gain occurs when the angle between links 2 and 3 has the
smallest possible value. This area is not used in normal operation and the operation point 6,
= 1.35 rad and 05 = 0.15 rad is selected as the most critical orientation. The critical open-
loop gain at this orientation is 1.83 s~ and the robustness criterion is satisfied with K = 0.80
s”'. The tuning is not conservative, because the gain is 43 percent of the critical gain. Figure
7 shows the singular value plot for this tuning. The inverse of 6;(A,) is shown by a broken
line in the same plot as o,(T) and the bandwidth limit is shown by a broken line in the same
plot as o(S).

5 FILTERED P-CONTROL

The transfer function matrix of this filtered P-controller is

KPF (S) = dlag( KPl s KPn J (7)

where again a diagonal controller structure is used. It is seen that there are two tuning
parameters for each actuator: the gain and time constant. Again it is advantageous to use
same parameter values for each actuator. From this there are only two tuning parameters for
the entire manipulator: the open-loop gain K and the time constant T.

The principal idea of the filtering is to “let sleeping dogs to sleep”, i.e. not to excite
vibration modes of the system. Therefore the time constant t should be greater than 1/, min.
As a limit case, if the time constant is very large, the open-loop transfer function matrix
becomes

G(s)KPF(s)deiag[ e, ] ®)

s(z’s+1)’ ’ s(z’s+1)

The unity feedback around G(s)Kpx(s) yields separated second order transfer functions with
a natural frequency and damping factor

oo =NKIT §PF=1/(2\/E) 9)

These equations give the relation between the dominant dynamics of the closed-loop
system and the controller parameters. Solving K from the equation of the damping factor
gives

K= 1/(45,%Fr) (10)
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It is seen that t should be as small as possible in order to achieve fast response and good
damping. On the other hand, Eq. 8 is valid only if t is remarkably greater than 1/, ., and
a good compromise for T is (1.5 ... 3)/® - Figure 8 shows the calculated critical open-
loop gain of the example manipulator with filtered P-control and maximum load mass 400
kg. The parameter T is 0.34 s which refers to 2/®y i, When compared to Fig. 4, the critical
gain is almost proportional to the lowest natural frequency, implying that the tuning can be
done at the point where the lowest natural frequency is at its minimum. The critical open-
loop gain is also much higher than with P-control (Fig. 6).

The tuning rule for the filtered P-control can be stated as follows:

1 Calculate m y;, using the maximum load mass. Select T = 2/m; i, as an initial value.
Select a suitable damping factor &pr from the range 0.55 to 0.9 for the dominant
dynamics of the closed-loop system and calculate K from Eq. 10.

3 Calculate controller gains from Eq. 6 and verify if the robustness criterion of Eq. 3 is
satisfied at the orientation where ®, has a minimum value.

4 If the robustness criterion of Eq. 3 is not satisfied, increase t, otherwise decrease it.

5 Repeat steps 2 to 4 until the smallest 7 that satisfies the robustness criterion is found.

Greatest singular value of T

Contour plot or K, (3_1) @

O 0 _o’ T T 1] g
T ©

>

-0.5F H g
(=]

£

-1.0 75 *

Greatest singular value of S

03 (rad)
Lo
\>;

2 " @ 10 T T
250, ol o
—2.0 /s %Q/\ N 3
Lo ,E 2
25 25 5
20 E

15 I L 15— g’ -30 I I

-0.5 0 0.5 1 2 10° 102
05 (rad) Frequency (rad/s)
Figure 8. Critical open-loop gain of the Figure 9. Singular value plot of the
linearised model of the example manipulator linearised model with filtered P-

with filtered P-control and load mass 400 kg. control and load mass 400 kg_ The
The time constant of the controller is 0.34 s.  controller parameters are K = 1.75 s7,

1=0.29s.

In the example manipulator, ®; ,; occurs at the operation point 8, = 1.35 rad and 6; = 0.15
rad, and the critical open-loop gain is 4.6 s™' at this point. If the damping factor & is
selected to be 0.7, the above tuning rule gives © = 0.29 s, which in turn gives K = 1.75 s
and wpr = 2.5 rad/s. The open-loop gain is almost as large as the critical open-loop gain
with P-control and the closed-loop natural frequency ®pp is 42 percent of ®; . Figure 9
shows the singular value plot for this tuning. It is seen that c,(S) is smaller in the low-
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frequency range and o(T) is smaller in the high-frequency range than with P-controller
indicating improved bandwidth and immunity for sensor noise.

6 CONTROL RESULTS

This section analyses the control performance of the example manipulator with P-control
and filtered P-control. The non-linear simulation model is used with stepwise references as
test signals. The controllers are implemented in the simulation model in discrete time using
Tustin’s approximation with 50 ms sampling time.

Figure 10 shows simulated step responses of cylinders with P-control near the most critical
orientation 6, = 1.35 rad and 6; = 0.15 rad. It is seen that the responses are slow but there
are large amplitude vibrations in the cylinder forces. Figure 11 shows the same step
response with filtered P-control. The responses are much faster and force vibrations are
more damped. The cost of improved speed is seen in the force response of the cylinder 1,
where the amplitude has increased. The force peak can be reduced by smoothing reference
signals. The force peak decreases also rapidly when the orientation of the manipulator
deviates from the most critical orientation.
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Figure 10. Simulated small step responses with P-control and load mass 400 kg.
The open-loop gain is £ = 0.8 s ! and the final orientation is 0, = 1.35 rad, 0; = 0.15

rad.
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Figure 11. Simulated small step responses with filtered P-control and load mass 400
kg. The controller parameters are K =1.75 s, 7=0.29 s and the final orientation is 0,
=1.35 rad, 65 = 0.15 rad.

Table 1 compares the control performance with P-control and filtered P-control. The
bandwidth is determined according to Eq. 2. In the determination of rise and settling times,
simulated responses are shifted so that steady-state errors are zero. The rise time from zero
to 90 percent and the settling time of £2 percent are used. The table shows that the filtered
P-controller gives much faster response and smaller error. Figures 7 and 9 show also that
the filtered P-controller is more robust against high frequency modelling errors and sensor
noise. However, P-controller is more robust against modelling errors in the frequency range
below the first natural frequency.

Table 1. Achieved control performance with P-control and filtered P-control.

P-control Filtered P-control
Open-loop gain K (s7) 0.8 1.75
Bandwidth o, (rad/s) 0.46 0.85
Rise time, cylinder 1 (s) 3.5 0.9
Rise time, cylinder 2 (s) 3.2 1.1
Settling time, cylinder 1 (s) 6.4 3.0
Settling time, cylinder 2 (s) 5.4 3.0
Steady-state error, cylinder 1 (mm) 0.23 0.10
Steady-state error, cylinder 2 (mm) 0.45 0.20
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7 CONCLUSIONS

The main conclusion is that a fixed-parameter, low-order and linear controller can deliver
satisfactory control performance over the whole operation range despite complicated
multivariable dynamics and strong non-linearity of hydraulic manipulators. The achieved
closed-loop natural frequency is 42 percent of the lowest natural frequency of the system
and this performance combined with easy tuning, robustness and requirement for piston
position measurement only, makes the filtered P-controller practical control solution for
hydraulic manipulators. It is also important to note that no high-bandwidth valves or high-
quality sensors are needed and so the cost increase due to closed-loop control is minimal.
On the other hand, results show that normal P-controller cannot be recommended for
hydraulic manipulators.

The results have been obtained by simulations and despite of careful verification of the
model, it is important to test the proposed controller with a real machine. Initial laboratory
tests with a smaller scale manipulator have shown expected performance but real
manipulators have several additional uncertainties, such as counterbalance valves,
temperature variations as well as load and vehicle dynamics, which are difficult to arrange
in laboratory. Therefore, the field tests are the next step of the research.
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ABSTRACT

This paper presents a new method of control applied in electropneumatic field. This strategy is
issued from hybrid control theory recently applied in control of asynchronous or synchronous
electrical motor (1, 2). The interest of these procedure concerns the possibility of controls the
position of an electropneumatic piston all along the cylinder stroke with standard on/off valve.
Nowadays the industrial electropneumatic process used on/off valve for point to point aim with
displacement from one extremity of cylinder to the other one. When different desired positions are
required the constructors used specific components issued from proportional technology:
servovalve or servodistributor for example. The evolution in the automation process is moving
towards a need of obtaining greater versatility and increased precision in compressed air driven
equipment. This means obtaining proportional operation of the power element as a function of an
electric control signal. Nevertheless, when the desired precision is near the millimetre and not very
good performances are need during dynamic stage, the useful of proportional technology can be
debatable. Indeed the system cost and its complexity to tune can be two drawbacks that on/off
technology with the proposed algorithm, can be concurrence.

Based on both the models of cylinder and valves, the hybrid control presented here
determines the best state of valves by tracking reference values of the cylinder states in the
state space. Then a simplified model of electropneumatic system is presented and used to
synthesised hybrid control algorithm. Experimental results are presented and discussed.

Keywords: Hybrid Control, standard valve, electropneumatic, experimental results.

NOMENCLATURE X state vector
y position (m)
b viscous coefficient (N/m/s) AT sample time
F force (N)
k polytropic constant Subscripts and superscripts
M moving load (kg) d desired
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P pressure (Pa) e equilibrium

qm mass flow rate (kg/s) ext external

r perfect gas constant (J/kg/K) E exhaust

S area of the piston cylinder (m®) N chamber N

t time (s) P chamber P

T temperature (K) PNEU pneumatic

U valve input voltage (V) S supply

v velocity (m/s) t0 time value at each
sample time

A% volume (m’)

1 INTRODUCTION

At the present time, the majority of the pneumatic cylinders controlled in position use
servodistributors to control the mass flow rates delivered into the cylinder chambers in spite
of the fact that distributors are less expensive than standard valve. The first control laws
applied in Fluid Power concerned classical state feedback and were proposed by Shearer et
al (3) and Burrows (4). The manufacturers of the first electropneumatic positioning systems
such as Martonair (5) and GAS initially adopted it. Since then new sophisticated algorithms
have been applied to electropneumatic systems: adaptive (6, 7), sliding mode control (8, 9,
10, 11), H.. (12), fuzzy control (13), neural control (14), flatness (15), backstepping (16)... All of
them lead to more or less good results in position tracking but none of them is applicable to
systems with on/off electropneumatic valves. The aim of this paper is to offer a cheaper
alternative to classic pneumatic systems controlled in position which need a static precision
around millimetre but for whose the position tracking error can be high in dynamic. The
control must also lead to weak overshoot (around five percent of the total increase) and
have few oscillations.

Using on/off electropneumatic valves for tracking positioning leads to a system with a
discrete control and a continuous process: the on/off valves can take two or three discrete
states even though the state variables of the cylinder are continuous. Such systems, which
combine a discrete control and a continuous process, are called in this paper ‘hybrid
systems’ and take many shapes.

Hybrid control is an efficient approach to control this kind of systems. For example, in electrical
engineering, hybrid control has been developed to control electrical synchronous and asynchronous
machines (1,2). In this case, synchronous and asynchronous machines modelled by continuous state
equations are controlled by inverters, which can take eight discrete states. This approach can be
expanded to a lot of hybrid systems.

The idea of the hybrid control is to choose at each sample time the best state of the discrete
control to fellow several variables of interest. Using a control model of the system, the
algorithm must calculate, for each possible state of the control, the values of the variables
of interest at the next sample time. Then the control state that leads to fellow quickly the
variables of interest will be chosen. This control state will be applied during one sample
time.
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In the case of an on/off electropneumatic standard valve for tracking positioning, the variables of
interest are py and pp. Indeed the control of the two pressures means the control of pneumatic
force. Once the pneumatic force is controlled, a speed feedback and a position feedback will permit
to obtain good performances in term of position tracking.

The study began with the system modelling: a control model will be defined from the
knowledge model. The approximations used to define this model concern the sample time
and the variables of interest chosen. Notice that the problem is very different from the
electrical machine control due to a great difference of the time constants, which is equal to
few microseconds in electrical field and equal to few milliseconds in pneumatic area. In
next section the control algorithm will be developed. Finally, two series of experimental
tests will be presented and analysed.

2 FROM KNOWLEDGE MODEL TO CONTROL MODEL

2.1 Knowledge model

The studied process is an in-line electropneumatic servodrive using a simple rod double
acting linear pneumatic cylinder (Fig. 1). Two 3/3 standard valves delivered the mass flow
rates into the cylinder chambers. The rod of the actuator is connected to one side of a
carriage. The aim is to control its position.

carriage

Figure 1: Electropneumatic system

Following classical assumptions (3), the model can be described by equation (1), in which:
- the dynamics of the valves are neglected,

- the evolutions in each cylinder chamber are supposed to be polytropic,

- the temperature variation in each chamber is neglected,

- the dry frictions are neglected,
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dp, kT S,
— —— U —=ppv
i V.0 {qn,p( rPr) P } |
4 T s pneumatic part
Dy N
e U —pyV
Jr VN()/) |:qu ( N, DPv) T Dy } 0
dv 1
— [SPpP Syby SV Fexz]
dt M .
mechanical part
dy
- v
dt

The valve input can take three discrete values: —10V (exhaust pressure); OV
(closed); 10V (input pressure). For energetic reasons, the two input voltages are
never set to +10V simultaneously. So eight combinations of control values will be
considered:

control index cl 2 c3 c4 c5 c6 7 c8
Up +10V | =10V | =10V | +10V | OV -10V | OV oV
Uy —10V | +10V | =10V | OV 0V | 0V -10vV | OV

Table 1: Eight discrete possible states of control

To obtain position equilibrium, the valves need to be closed: U; =U, =0. Indeed

if a chamber is connected to the supply or exhaust pressure, the pneumatic force
Fpyrpy defined by equation (2) leads to a displacement to an extremity of the
cylinder stroke.

Fongy :SPpp =Sy Dy 2

Considering these remarks and relation (1), the set equilibrium imposed relation (3)
and so (p;,p;,) is imposed by valves but not by cylinder. This result is right

exclusively if the pneumatic force is equal to external force (see relation (1) with
null equilibrium velocity). This condition is less restrictive if dry friction force is
considered, and in a lot of experimental case, this condition is respected.
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q,p(Up.Pp)=q, y(Uy, py)=0 3)

2.2 Model simplification

Dynamic of mechanical variables (position and velocity) is slower a lot than dynamic of
pneumatic variables (the two pressures). Then, in pneumatic equations, position and
velocity can be considered constant during a sample time AT chosen small enough
compared to mechanical time constant:

dp, kT S
— —— qu(UPapP)__PpPVtO
dt  Vp(¥p) T )
q T S Pneumatic part 4)
Py r N
_ — Uy, +—=Dp.V
it Vo(yo) q, n(Ux,Py) T PV

Simulations show that the evolution of the nonlinear system (equation (1)) in the plane (pp,
py) is linear all over the physical domain (1 bar<P<7 bar) excepted when the piston is
initially near an extremity. In the following results, the initial position of the piston is
considered near of the central position.

The linearity of the evolution of the system in the plane (pp, py) involves that for
each initial position in (pp, py), it is possible to calculate the eight reachable points
in (pp, pny) corresponding to the eight control values. Indeed considering the
evolution of the pressure in a chamber during AT as linear and knowing the state of
the system at time ¢0, the pressures values can be determined at time tO+AT as
given by equation (5) where the continuous model is transform in a discrete one.

XAT + p,(k)

t=t0

po(k+1)= %(pp(r))
(5)

pu(k+])= %(pm)) AT+ p, (k)

t=t0
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d
In these expressions z(pp(t)) is a function of pp, y, v and Up, and
t

t=t0

d
;( py(0) is a function of py, y, v and Uy. At each sample step py, pp, v are
t t=t0

measured, v is estimate by numerical derivation so for each one of eight couples (Up, Uy),
(pp(k+1), pp(k+1)) can be calculated.

The choice of the sample time AT has been made by many simulations using the nonlinear

model (mentioned in equation (1)). For each one of eight control values and for different

simple times and different initial condition values of the system, the results show that:

- for a simple time greater than 100 milliseconds, pneumatic variables saturate before the
end of the simulation.

- for a simple time lower than 10 milliseconds, the nonlinear model is not true because
the dynamic of valve is not negligible anymore.

So the sample time has been chosen equal to AT = 10 ms.

Figure 2 presents the evolution of the nonlinear system during ten milliseconds for the eight
control values in (pp, py) plane and the eight points determined with the discrete linear
model. These figure has been studied for different initial positions in (pp, py) plane all over
the physical domain. The conclusion is that the discrete time linear model is very good in
direction and good in amplitude.

Py biar)

55
pylbar)

Figure 2: Validation of linear discrete time model used for control synthesis
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3 CONTROL SYNTHESIS
3.1 Hybrid force control

As underlined previously, it is possible to control position if the pneumatic force tracking is
correct, adding for example a speed control feedback and a position control feedback. The
mechanical equations show that pneumatic force can be following by controlling pressures
pp and py. So a desired force generated by the position loop can be translated in a target
point in (pp, py). The hybrid control algorithm consists of choosing the best state for each
valve at each sample time in order to reach a target point in (pp, py).

The target will be fixed at each sample time in view of these two constraints:
- it must corresponds to the desired pneumatic force, so to respect equation (2) it must
belong to the line of equation (6) with constant pneumatic force:

Sy Foviy
=28y INEU 6
Pp S, Pn S, (6)

- it must be as near as possible of the partial pneumatic equilibrium set (p5, py) in

order to reach the equilibrium set in static stage. This constraint is not necessary in
dynamic stage and could be harmful to dynamic performances, but as explain in
introduction the most important aim concerns static performances.

The target in (pp, py) plane is calculated each sample time to be the nearest point of
(p;,pfv) belonging on the line of equation (6) (see bold line in figures 4 and 5) and

inside the physical domain (see rectangle in figures 3 and 4).

8r

p (oar)

/ 3 6 .
4 \

-------------------- directions corresponding to the B control values (discrete control model)
line corresponding to F=F,

physical domain limits

L L L L L L )

1) 1 2 3 4 5 6 7 8
Py (bar)

Figure 3: target in (pp, py) plane when F; =100 N
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8

1 (bar)

-------------------- directions corresponding to the 8 control values (discrete control model)
line corresponding to F=F,
physical domain limits

L

1) 1 2 3

7 5 G 7 3
oy (ba)

Figure 4: target in (pp, py) plane when Fy =350 N

For each sample time, the algorithm:

- calculate the eight reachable points in (py, pp) plane corresponding to the eight control
values thanks to the discrete model (5),

- calculate the target point corresponding to the desired force,

- calculate the Euclidean distance between the eight reachable points and the target
point,

- choose the control that leads to the fewest Euclidean distance. For examples control c4
in figure 3 and control c1 in figure 4.

The chosen control is then applied during ten milliseconds. Thanks to this algorithm, good
performances of the force tracking have been obtained.

3.2 Position control

The figure 5 presents the general structure for position control.

¥y -—p{:}—. Position

Mecharical ¥o_1 Y
control

model P

Figure 5: General structure for position control

To simplify the determination of the position and speed controllers, the force response will
be considered as perfect so in the following:

2 (7
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The figure 6 presents the discrete time position control scheme.

Y ——1 Ky iﬂ")—mr—" HE Y 4w .y

Figure 6: Discrete time position control scheme

A classical approach (18) permits to determine K,(z) and K,(z) by chosen the closed-loop
dynamic behaviour in speed and position as an equivalent classic second order filter
response:

Vip) _ ! and Y(p) _ L

Vip) 1yl L o P a8 1,
va (a)v)zp 1+2a)"p+(a}")2p

In the following experimentation, w, =30rad/s, &, = 0.9, w, =10 rad/s, ,=0.9.

4 EXPERIMENTAL RESULTS

The following results give an illustration of the overall control performance. The test bench is
presented in figure 1. In this case, the two valves are two servodistributors for which the input
voltage take discrete values —10V, +0V or +10 V (see table 1). The exhaust pressure value (1

bar) and the supply pressure (7 bar) limit the pressures. The dry friction force induces pj, =4.49
barand p, =649 bar.

The desired trajectory has been synthesised to reduce the energy consumption (17) on the same
test bench so as it is easy to compare the results with those other control algorithm using control
values included between plus or minus ten volt (11, 15, 17).

Two experimental results are shown:

e in the first case (figure 7), the position loop is closed all time and the hybrid
algorithm works even in steady state: the aim is to minimise the steady state position
error.

e in the second case (figure 8) when the absolute value of position error is less
than three millimetres the position loop is open and the control is fixed to c8
(both servovalves closed): the aim is to minimise valves switching occurrences
during steady state.
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Figure 7: First case of experimental results

In these two cases, the desired position is fellow with a tracking error near to 100
millimetres in dynamic stage. The pneumatic force tracking is good, excepted in
steady state for second case (see figure 8c) because in steady state the hybrid
algorithm is not use.

In the first case the position error in steady state is less than 0.8 millimetres, the
input voltage Up switches 47 times and the input voltage Uy switches 90 times
during six seconds. In the second case, the position error in steady state can reach 2
millimetres but input valves voltages switching is limited: 31 switching for Up
and 32 for Uy.

If the application needs a great precision in position tracking, the first case will be chosen
whereas the second case is less precise but the valves are less excited and so the energy
consumption decreases.

Notice that the figures show two of the many tests that have been done. But we remark
generally a good repeatability of experimental results when the correctors are good
tuned.
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Figure 8: Second case of experimental results
5 CONCLUSION

Firstly, the first contribution of this paper concerns the transfer of the hybrid method
developed for control electrical engines (1, 2) to a system composed by a pneumatic
cylinder and two on/off valves. Notice that the on/off property of the valves is interesting
because on/off valves are less expensive than servo valves used in classical approaches.
The algorithm built with the hybrid approach, which uses a very simple control model,
allows the tracking of the pneumatic force. Secondly, a speed feedback and a position
feedback have been designed to control the position. Finally, the experimental tests lead to
encouraging results to continue to explore this new strategy. The tuning of the correctors
permits to fit the method to many applications for which the position tracking precision is
less that one millimetre and the dynamic behaviour is not critical. If the precision in
position tracking is less restrictive, a threshold for position tracking error under which the
valves will be closed can permit to limit valve switching.

The main problem with this approach due to important number of the switching control is
the valve life. Today the first results permit to solve this problem in steady state, it will be
interesting to test specific hybrid control algorithm issued from electrical motor control (19)
to increase dynamic performances. Future works will focus also on a more complex design
of position and velocity controllers.
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ABSTRACT

In timber cutting applications (harvester head) a hydraulic motor drives a saw chain and the
feed force to a saw bar is generated by a hydraulic cylinder. Sawing conditions vary very
much due to different environment conditions as well as quality and diameters of timbers.
This study is based on simulation with a well verified model. Compared control strategies
are: open loop control, torque control of the saw motor, speed control of the saw motor and
a method to maximize the penetration of the saw bar. Comparison criterions are total
motion time of the saw bar and consumed energy of hydraulic pump.

1. INTRODUCTION

In timber cutting applications (harvester head) a hydraulic motor drives a saw chain and the
feed force to a saw bar is generated by a hydraulic cylinder, Fig.1. There are many reasons
why the cutting should be done as quickly as possible. One important reason is the
effectiveness of the cutting process and other one is the quality of cutting. Sawing
conditions vary very much due to different environment conditions as well as quality and
diameters of timbers.

In timber cutting applications (harvester head) a hydraulic motor drives a saw chain and the
feed force to a saw bar is generated by a hydraulic cylinder, Fig.1. There are many reasons
why the cutting should be done as quickly as possible. One important reason is the
effectiveness of the cutting process and other one is the quality of cutting. Sawing
conditions vary very much due to different environment conditions as well as quality and
diameters of timbers.

In a typical application a bent axis piston type hydraulic motor is used with very high
rotation speed. The hydraulic motor drives the saw chain with a certain gearing. The saw
chain is assembled around the saw bar. The saw bar is pressed against a timber to be cut by
a hydraulic cylinder with the help of a certain gearing. Best cutting quality is achieved as
fast cutting as possible. In practice there are many limitations and so the best results are
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feeding roller

rear delimbing
knife

saw bar

Figure 1. Harvester head, example of commercial product

achieved with the suitable combination of the saw chain speed and the feed force acting on
the saw bar.

The quality of cutting is the most significant feature in wood cutting. Trees are expected to
be cross-cut without longitudinal splits being caused in the end of the log. Although the
timber cutting process is quick, cutting damage is a serious problem in today’s forest
industry. The most significant cutting damage is the end check, which appears when the
tree is supported by the harvester head and the log to be cut is hanging freely. The
gravitational force of the log causes bending torque on the cutting point. The bending
creates high stresses in the wood, and these stresses cause the log to split before the log has
been totally cut off. The damage resulting from the cutting process reduces the amount of
useful material and causes considerable financial loss to sawmills and veneer industries.

An interesting question is how fast a log should be cut to avoid end checks. The only clear
answer to this question is given by Swedish researchers, who claim that with constant feed
rate a log with a diameter of 250 mm should be cut within 0.3s to avoid end checks [1].
This result means the cutting rate of 1636cm?/s. They do not discuss how this result has
been derived and in addition the effect of the length of the log has not been mentioned.
However, the authors claim that even a tenth of a second saved in the cutting time has a
positive effect on reducing longitudinal splits. Another answer to this question is given by
Myhrman, who states that the cutting rate should be at least 900cm?/s for wood with a
diameter of 300mm to achieve cutting without end checks [2]. Unfortunately he has not
either discussed the effect of the length of the log.

2. STATE OF ART OF CHAIN SAWING CONTROL

The first developments in cutting control were based on hydraulic feedback and were
publicized over 25 years ago [3]. When hydraulic feedback is used, the control principle is
typically a constant torque method. There are known methods which aim to control the feed
force of the saw bar as a function of the load of the saw motor and thus keep the torque of
the saw motor substantially constant. Because direct measurement of the torque is quite
cumbersome, measurement of the hydraulic motor load pressure is used in the estimation of
the torque produced by the motor. The main advantage of this control principle is that
control is independent of the dimensions and the properties of wood. However, the
disadvantage of the hydraulic feedback is the dependency on the viscosity of the fluid. The
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viscosity of fluid changes the outlet pressure of the saw motor and thus the supply pressure
of the saw cylinder. In addition, the efficiency is very low because of the control principle.
The outlet flow of the saw motor has to be throttled in order to increase cylinder pressure,
causing pressure losses, and as a result heat is generated. Additionally, pressure difference
in the hydraulic motor becomes smaller, causing a reduction in the torque of the hydraulic
motor.

The load on the saw motor is used as a feedback also by Eaton [4]. He presents a
development, in which the system is realised by a special hydraulic valve which is
connected between the cylinder chamber and the motor inlet port. The aim of the valve is to
control the cylinder supply pressure as a function of the inlet pressure of the saw motor.
The development of Larsson’s has a saw unit in which the idea is to control the feed rate of
the saw bar stepwise using several feed velocities [5]. The hydraulic pressure of the motor
is sensed and when an upper power limit is reached, the feed speed is set to the next lower
level. However, nowadays this stepwise control is not of interest, because proportional
valves enable continuous adjustment of feed rate.

Modd has introduced a development, in which the main principle is to maintain the cylinder
piston velocity inversely proportional to the inlet pressure of the saw motor [6]. The system
consists of a pressure transducer which measures the inlet pressure of the saw motor. The
measured information is processed in a central processing unit which controls the
directional and the velocity of a cylinder with a proportional direction control valve. Modd
has also explained the general principle of a control method. At the beginning of the sawing
operation, cylinder piston velocity has to be quite high. When the chain touches the wood
and it starts to move on towards the inner portions of the log, cylinder piston velocity has to
be slowed down. After the thickest part of the wood, cylinder piston velocity should be
increased. Modd also mentions that the system performance characteristics are in this case
related to the pump size, the motor size, the design of the hydraulic system, and especially
the design of the motor inlet conduit, and thus the cutting controller takes them into
consideration. This development of Modd’s has already become a commercial product,
Sawcontrol RM 2100. Tt has been shown that the Sawcontrol RM 2100 system makes
possible 0.2 seconds shorter cutting time compared with a system with constant feed rate
[1]. However, the weakness of Modd’s development is the dependency on the viscosity of
the fluid.

Timperi et al present the method to keep chain speed constant by controlling the feed force
of the saw bar during the cut [7]. The rotational speed of the saw motor is measured by an
electric speed sensor. This measured data is processed in the electric control unit which
controls the cylinder feed force. The operating principle of the system is to decrease the
supply pressure of the cylinder with a proportional pressure reducing valve when the
rotational speed of the saw motor drops. Correspondingly, if the motor speed is going to
rise too high, the cylinder pressure will be increased. This control principle is presented
also in reference [8], in which the fuzzy logic controller is developed to control the cutting
process. The system developed is compared with a conventional P-type controller. The
control results showed, however, that the proposed fuzzy controller does not necessarily
produce shorter cutting time compared with a well tuned P- or PI-type controller.
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3. MOTIVATION

An open loop control system is a commonly used control method in the sawing process of
harvester heads. Figure 2 shows a typical example of the hydraulic circuit of a sawing
system. Both saw motor and feed cylinder are controlled with on/off-valves. A pressure
reducing valve is used to set suitable feed pressure (feed force) and a flow control/check
valve is used to set feed rate. Both are manually controlled.

Simulation [9] and experimental results [10] show that remarkably better sawing results
could be achieved with a closed loop control. Three different interesting closed loop control
methods are presented. Timber [7] and Timber et al [8] has introduced the method to keep
chain speed constant by controlling the feed force of the saw bar during the cut. The
rotational speed of the saw motor is measured by an electric speed sensor. Inberg [11] has
studied the control method to maximize the penetration rate of the saw bar. Promising
results have been achieved in this study, but the problem is the relatively high costs of
valves. Virvalo & Inberg have simulated both open and closed loop controlled sawing
process [9] and made experimental tests also both open and closed loop control [10]. A
constant torque closed loop control has been used in these studies. Both simulated and
measured results are quite promising.

However there are several factors which influence strongly the performance of the sawing
process. Long hoses between the pump and the harvester head and the timing between the
starting of the saw motor and the motion of the saw bar are related to each other quite
complicated way. Rushing of the saw motor at the end of the sawing is also a typical
phenomenon. These problems can be clearly seen in open loop measurements presented in
Fig. 2-5. The measured and simulated responses are presented in these figures. The meter-
in pressure of the saw motor drops remarkably at the starting stage of the saw motor
rotation. If the saw bar is pushed too strongly against a timber at this stage there is a
significant risk of jamming.

The basic idea behind this study is to find with the help of simulations influences of
different control strategies on the performance of the sawing process. Experimental tests are
time consuming and tedious. The use of simulation is justified, because a quite well verified
model exists [9]. Compared control strategies are: open loop control, torque control of the
saw motor, speed control of the saw motor and a method to maximize the penetration of the
saw bar. In addition interesting questions are the influences of locations of control valves
(meter-in, meter-out), shape of reference signals (for instance time-ramps in the control of
the saw motor) as well as different realization of supply pressure control on effectiveness,
quality, and energy consumption of sawing process.

4. SPECIFICATION OF TEST CONDITIONS

The simulation model is based on the specification of a real harvester. The main basic data
of the studied systems are (the same in every case):
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motor, simulated and measured
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System sensitive parameters (components) of hydraulics as well as controllers are presented
case by case. The nominal diameter of timbers is 320mm which is assumed to be the exact
measured result. Due to branch and roughness of timbers it is assumed that the actual shape
of cross sections of timbers vary randomly. As an example the variation of timber diameters
around the nominal value in five simulation runs are presented in Fig.6. Because the quality
of timbers influences the torque of the saw motor, the variations of torque are included as
random disturbances. The standard deviation is 30%. As an example the relative variation
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Figure 5. Supply pressure, simulated and

Supply line 1” pipe and hose, total length 20m
Return line 1” pipe and hose, total length 20m
Saw motor bent-axis piston type, specific volume 30cm’

measured

Constant pressure pump, maximum flow rate 2301/min,

63

Stroke of feed cylinder 145mm making possible to saw up to 700mm timber diameters
Resolution of position sensor of feed cylinder 4mm corresponding resolution of 20mm

of the torque in six simulation runs are shown in Fig.7. This variation is added to the basic

torque caused by timbers.
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Because of random disturbances several simulation are made with each system and some
features are computed for comparisons. The following criteria are used in evaluating the
performance of each system:

* Sawing time, time of back-and-forth movement of saw bar,

* Minimum rotation speed of saw motor,
* Maximum rush speed of saw motor,

* Energy consumption,

* Overview of behavior.

5. OPEN LOOP CONTROL

The hydraulic system of the open loop case is depicted in Fig.8. The saw motor as well as
the feed cylinder is controlled with an electrically controlled on/off-valve. The feed force is

SAW =
MOTOR PRESSURE
HOSE 20m REDUCING

VALVE

FEED
CYLINDER

HOSE 20m

CONSTANT
PRESSURE PUMP

Figure 8. Hydraulic diagram, open loop control

set with a manually adjustable pressure reducing valve and the feed rate with a manually
adjustable flow control valve. The feed rate and feed force of the feed cylinder are tuned so
that the sawing of the 600mm diameter timbers takes place without jamming of the saw
motor in repeated simulations (20 simulations). The basic simulation parameters are chosen
so that the overall behavior is like shown in Fig. 2-5. The basic simulation parameters are
chosen so that the overall behavior is like shown in Fig. 2-5.
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Users have only two tuning parameters in a typical open loop control system of the sawing

process. It is possible to adjust manually both the pressure reducing valve (maximum feed

force) and flow control valve (feed rate) of the feed cylinder. Tuning of these settings is a

real trial-and-error affair and an off-line method because the valves are located in the

harvester head and all actions are controlled from the cabin of the harvester. From a

designer’s point of view there are more tuning parameters like:

* Sizes of components

* Supply pressure

* Time ramps of control valves

* Timing between the saw bar and the saw motor at starting and ending of the sawing
process

The basic tuning is made with 600mm diameter timbers. It has been tried to minimize the
sawing time without considerable risk of jamming. The following parameters are varied in

the tuning: feed force, feed rate and timing between the saw bar motion and the starting of
the saw motor. The final results are shown in Fig.9 and 10.
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Figure 9. Saw motor rotation speed, Figure 10. Saw bar movement, diameters
diameters 600mm 600mm

Figures 11 and 12 show as an example some results of the rotation speed of the saw motor
and the movement of the saw bar with the basic tuning made with 600mm diameter
timbers.

The rotation speed of the saw motor varies quite remarkably at the starting stage and
rotation speed rushing is very high at the end. The sawing time varies in 20 simulations
between 1.5-1.62s. Hydraulic energy required from the pump varies from 78 to 85kNm.

In order to study influences of parameters which users can tune, the disturbances in the
model are set zero. The influence of the feed rate is shown in Fig.13, when the feed
pressure is kept constant. The initial tuning (with 600mm timbers) causes the longest
sawing time. The increasing the feed rate shortens the sawing time into a certain limit. Too
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high feed rate causes the decrease of the rotation speed of the saw motor and so results in
longer sawing times. If the maximum feed force (feed pressure) is under a certain limit the
risk to jamming is low. The influence of the feed force is shown in Fig.14, when the feed
rate setting is kept constant. The initial tuning (with 600mm timbers) causes the shortest
sawing time. The increasing the feed force shortens the sawing time into a certain limit.
Too high feed force causes the decreasing of the rotation speed of the saw motor and so
results in longer sawing times. The risk of jamming is relatively sensitive to the feed force.
When no pressure compensation is used in the flow control valve, the feed rate changes
also somewhat due to the change of the feed force. It seems that if retuning had to be done
it is better to tune the feed rate than the feed force.

Because strength and life time of saw chains set the limit to the maximum chain velocity
there are no reasons to change radically the sizes of the main components. There might be
some possibilities to optimize the size and type of components mainly from cost and design
points of view. The maximum volume flow is quite high, more than 2101/min, which means
that pressure losses are also relatively high. There might be some benefits if the supply
pressure would be around 10-20% higher than nowadays. Then the same rotation speed of
the saw motor could be achieved with a little higher feed force.

According to simulations open loop control system is sensitive to the feed pressure (feed
force), the approach velocity of the saw bar to timbers, and the timing between the saw bar
movement and the starting of the saw motor.

6. SPEED CONTROL OF SAW MOTOR

The hydraulic diagram of the speed control system of the saw motor is depicted in Fig.15.
The saw motor as well as the feed cylinder are controlled with on/off-valves. The rotation
speed of the saw motor is measured with an analog tachometer and a 12 bits ADC. The feed
force is controlled with a proportional pressure reducing valve.
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The basic ideas of this control method are as follows
* If a constant motor speed can be kept over the sawing process, it guarantees that
* Saw motor rotates all the time,
* Rotation speed of the saw motor does not depend on diameter and quality of
timber,
* Tt is not possible to load the saw motor by the feed force too much causing it to
stop which causes jamming problems, and
* Simple on/off valve can be used to control the saw motor.

The method is to keep the rotation speed of the saw motor constant by controlling the feed
force acting on the saw bar. A rotation speed sensor and an electrically controlled pressure
reducing valve are needed in the control loop, Fig.15. The principal structure of the control
system is shown in Fig.16.

The parameters of the controller have been tuned by the manufacture. In principle there is
no need of the re-tuning by users. In order to achieve short sawing time, avoid jamming,
and utilize energy effectively the manufacturer tunes the following parameters:

* Gains of the controller
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* Feed pressure in approaching stage. Approach velocity of the saw bar to timbers is set
with this setting
* Timing between the saw bar movement and the starting of the saw motor

START-UP PRESSURE

CONTACT TO TIMBER
CONTR. SETTINGS

Figure 16. Principle of constant speed control of saw motor

Time ramps of the saw motor control valve
Timing between the saw bar movement and the stopping of the saw motor

The basic controller is a PI-controller. The initial tuning of the controller gains is done
based on the estimated time constant of pressurized volume of the feed cylinder [12].

Because a pressure reducing and directional control valves are used to control the force and
movement of the saw bar the approach velocity to timbers has to be set carefully. The
movement of the feed cylinder is started at quite low setting of the pressure reducing valve
in order to keep approach velocity low enough.

Because the on/off directional control valve of the saw motor is two-stage valve there is
possible to achieve reasonable time ramps of the main spool with simple restrictions
between the first and second stages. Slight time ramps, especially at the stopping stage of
the motor, might improve energy utilization somewhat. Timings between the saw bar
movement and the starting as well as stopping of the saw motor are done with try-and-error
method. The saw motor is started when the saw bar is at a certain distance from timbers.
The saw motor stopping is started when a certain part of timbers is still under sawing.

The responses of the saw motor rotation speed and saw bar position in five simulations are
shown as an example in Fig.17 and 18. The sawing time varies between 1.25-1.5s.
Hydraulic energy required from the pump varies from 72 to 92kNm.

7. TORQUE CONTROL OF SAW MOTOR

The hydraulic diagram of the torque control system of the saw motor is depicted in Fig.19.
The saw motor is controlled with on/off-valves. The feed cylinder is controlled by a 3-way
proportional directional control valve. The meter-in pressure of the saw motor is measured
with a pressure transducer and a 12 bits ADC. The basic ideas behind this method are as
follows
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If a constant pressure difference can be kept over the saw motor, it guarantees that

* It is not possible to load the saw motor by the feed force too much causing it to
stop which causes jamming problems, and
*  Simple (on/off valve) can be used to control the saw motor.
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Figure 19. Torque control of saw motor, hydraulic circuit

The method is to keep the torque (meter-in pressure) of the saw motor constant by
controlling the feed force acting on the saw bar. In principle only one pressure sensor and a
relatively small proportional three way directional control valve are needed in the control
loop. The principal structure of the control system is shown in Fig.20.

When the parameters of the controller have been tuned by the manufacture there is no need
of the re-tuning by users. In order to achieve short sawing time and good energy utilization
the manufacturer has to tune the following parameters:

*  Qains of the controller
sk

timbers

Velocity profile and maximum approaching velocity of the saw bar when approaching
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Figure 20. Principle of constant torque control of saw motor

Timing between the saw bar movement and the starting of the saw motor
Time ramps of the saw motor control valve
Timing between the saw bar movement and the stopping of the saw motor

The basic controller is a PI-controller. The initial tuning of gains is done based on the
estimated time constant of pressurized volume of the feed cylinder [12].

Because a directional control valve is used as a control valve of the feed force it also
enables reasonable velocity control of the feed cylinder. The movement of the feed cylinder
is started quite high velocity and the velocity is decreased with the inverse function of the
distance between the saw bar and a timber. Slight time ramps in the control valve of the
saw motor improve energy utilization also in this control method somewhat. Timings
between the saw bar movement and the starting as well as stopping of the saw motor are
done with try-and-error method also in this case. The responses of the saw motor rotation
speed and saw bar position in five simulations, as an example, are shown in Fig.21 and 22.
The sawing time varies between 1.05-1.3s. Hydraulic energy required from the pump varies
from 70 to 75kNm -
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Figure 21. Rotation speed of saw motor, Figure 22. Saw bar position, torque
torque control, diameter 320mm control, diameter 320mm

8. MAXIMIZING PENETRATION OF SAW BAR

There are some weaknesses in the control of the constant rotation speed of the saw motor as
well as in the control of the constant torque of the saw motor. In both cases the reference
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value of the controlled object has to be fixed after some tests. The second common feature
is the rushing of the saw motor in the starting as well as in the stopping stage. Based on
these features the following control idea is studied: Closed loop speed control of the saw
motor and maximizing penetration rate of the saw bar.

In practice there is a serious limiting factor in the sawing realization. When the saw chain is
pressed against a timber cutting bits can penetrate only a certain depth into a timber. Saw
chains can only bee driven with the maximum speed allowed by manufacturers. Due to
these facts the feed force is the only controlled parameter. The closed loop speed control of
the saw motor can be utilized to reduce rushing of the saw motor and to improve timing.
Some benefits in energy consumption can be achieved in this way.

Hydraulic diagram is depicted in Fig.23. The saw motor as well as the feed cylinder is
controlled with a proportional direction control valve. A speed sensor is used to measure
the rotation speed of the saw motor and a position sensor to measure the position of the
feed cylinder.
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Figure 23. Penetration rate control of saw bar, hydraulic circuit
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Simulation results are shown in Fig.24 and 25, as an example, when the PI-speed-controller
of the saw motor and the simple open loop control of the feed cylinder are used. The
reference speed profile of the saw motor includes slight time ramps at the starting and
stopping stages. The velocity reference profile of the feed cylinder has firstly the high value
(approach velocity) which is down-time-ramped to the constant value. The supply pressure
of the feed cylinder is set to the suitable value by a trial-and-error method. The tuning is
tested with the large diameter range of timbers. The sawing time varies between 1.05-1.15s.
Hydraulic energy required from the pump varies from 67-70kNm.

Simulation results are shown in Fig.26 and 27, as an example, when a simple maximizing
of the penetration rate of the saw bar is used with the closed loop control of the rotation
speed of the saw motor. Otherwise the reference signals are the same kinds as in the
previous case. The tuning is tested with the large diameter range of timbers. The sawing
time varies between 0.85-1.1s. Hydraulic energy required from the pump varies from 52-
S6kNm.
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Some remarks about results presented in Fig.24-27:

*  The change of an on/off control valve of the saw motor to a proportional direction
control valve improves significantly the behavior of the saw motor.

*  The rushing of the saw motor at the stopping stage is still a problem. It can be
eliminated with more accurate timing of the saw motor stopping. However the end part
of cutting should be done fast due to the quality of cutting. Some improvements might
be achieved with a meter-out control of the saw motor.

*  The use of a proportional direction control valve instead of a proportional pressure
reducing valve in the control of the feed cylinder shortens the sawing time.

*  The penetration rate maximizing method requires a quite high resolution position
sensor of the feed cylinder because the penetration rate is computed by differentiating.



Comparing different control strategies of timber sawing process 73

9. COMPARING OF RESULTS

The comparison is based on the following simulation situations:

The model is the same in all cases except that the controller is realized case by case
Randomly varying torque and timber diameter are included to each simulation.
Simulations are repeated twenty times in every case.

The tuning is based on successful performance also with timbers of 600mm diameter.

* % ¥ ¥

The simulation results are summarized in the following Tablel. The average of the sawing
time and pump energy consumption are computed and the minimum and maximum of
twenty simulations are presented. The following remarks can be made:

*  The sawing time is shorter in closed loop control methods than in the open loop case.

*  Constant speed and torque controls of the saw motor are in principle the same kinds.
The torque control method uses a pressure sensor which is simpler to use and more
cost effective than to speed sensor used in the speed control. A proportional direction
control valve used in the control of the feed cylinder makes the velocity control of the
feed cylinder significantly better than the use of a proportional pressure reducing valve.
The shorter sawing time is achieved in the constant torque control method than in the
constant speed control method.

*  The constant speed control of the saw motor and the open loop control of the feed
cylinder give reasonable good results, but reliable behavior requires quite low supply
pressure of the feed cylinder control valve. This means an extra pressure reducing
valve. This means that the tuning is quite tedious and risk of jamming rises.

*  The maximizing of the penetration rate of the saw bar is an effective way from the
sawing time and energy consumption points of view but it is also quite costly to
realize. Two proportional valves and two sensors are required. The resolution of the
saw bar position sensor should be high, because the penetration rate is computed by
differentiating from the position measurement.

Table 1 | Open loop Speed Torque contr. | Const. speed Max.
contr. penetr,
Av. | Lim. | Av. | Lim. | Av. Lim. | Av. Lim. | Av. | Lim.

Sawing [ 1.55 | 1.5- | 1.4 1.25 | 1.15 1.05 | 1.1 1.05- | 0.95 | 0.85

time [s] 1.62 -1.5 -1.3 1.15 -1.1
Energy | 81 | 78- |84 |72- |72 70- | 68 67-70 | 54 | 52-
[KNm] 85 92 75 56

10. CONCLUSIONS

The following main conclusions can be made:
Considerable improvements can be achieved with a closed loop control both in
shortening of sawing time and reducing energy consumption.
Risk of jamming can be reduced significantly with closed loop control methods.
Good performance can be achieved with the constant torque control of the saw motor.
It is also most cost effective solution compared to other closed loop control methods.

*  Very good performance and energy utilization can be achieved with the maximizing
the penetration rate of the saw bar, but this solution is also quite costly.
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11. FURTHER WORKS

It is necessary to do more simulations. For example the following issues and questions
mlght be interesting to study:

What is the influence of the supply pressure variation (Fig.5) on the performance of
sawing process? Can it be utilized or compensated somehow?

Can meter-out control of the saw motor improve the performance and energy
utilization?

What kinds of requirements should be set on the sampling time, resolution of
measurements (feedbacks), valve dynamics and pump dynamics?

Sawing process is very complicated and influence of environment is strong so it is
necessary to make also a lot of experimental tests. Some experimental tests have already
been done in laboratory conditions. These tests will be continued and after that tests in real
forest are necessary.
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electrohydraulic impact test system
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Abstract

This paper concerns the design of a controller for an electrohydraulic pedestrian impact test
system. The system is designed to launch dummy human body parts at the surfaces of a
car body as required for crash safety testing. The launch velocity must be very tightly
controlled. The dummy body parts are instrumented to measure acceleration signals
experienced during the impact.

Previous systems of this type have used open-loop control. The valve drives required for a
number of different target velocities are recorded, and used in the form of a look up table.
Such an approach is prone to disturbances — for example the angle of launch and the
impactor mass affect the results and so reduce accuracy.

In this work a closed-loop controller is proposed. A very high bandwidth controller is
required in order to correct the actuator velocity before launch, given that the test motion
typically lasts less than 0.1s. The proposed controller uses an inverse non-linear actuator
model to linearize the response, together with a combined feedback/feedforward strategy.
Theoretical, simulation, and experimental results are presented.

1 INTRODUCTION

The automotive regulatory authorities in many countries required new vehicle designs to
have proven standards of safety for pedestrian impact. This includes leg impact for the
front of the vehicle, and head impact on the bonnet. In order to test for safety, an
instrumented dummy headform or legform is fired at the vehicle at a prescribed location
and velocity. The deceleration of the dummy body part (impactor) is monitored to ensure
it is within the required limits.

Typically, the body part must impact the vehicle with a target velocity up to 13.9m/s
(50km/h). The impactor leaves the launcher when the actuator reaches its peak velocity
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and starts to decelerate. This velocity must be achieved within an accuracy of 0.2m/s for
the test to be valid, but there is a desire to make the tolerance smaller. In current industrial
practice, in order to achieve this accuracy the launch mechanism must be calibrated for
every target velocity, angle of launch, and mass of head or legform. This is a laborious
trial-and-error process.

State-of-the-art launch mechanisms use servovalve-controlled hydraulic actuators. In order
to accelerate the impactor using a compact device with small stroke, the acceleration period
is short — usually between 10ms and 100ms. The response time of a simple closed-loop
controller for a servohydraulic actuator is such that closed-loop control has not improved
velocity accuracy in the past, so, being easier to implement, open-loop control has been
used. An open-loop controller for another high speed electrohydraulic impact application
is described in [1].

The development of a high bandwidth closed-loop velocity controller for a pedestrian
impact test system is described in this paper. The controller uses position and acceleration
feedback, a command feedforward path, and linearization of the valve pressure/flow
relationship. A review of electrohydraulic control systems, including velocity control and
the use of linearization techniques is contained in [2]. In the present work, a theoretical
development is carried out, and simulation results are presented. Experimental results
which validate the approach are also included. The emphasis is on a practical controller
which can be implemented reliably for real industrial systems.

2 SERVOHYDRAULIC LAUNCH MECHANISM MODEL

The launch mechanism is a hydraulic cylinder supplied by a servovalve as shown in Figure
1. Flow for each shot is mostly supplied from an accumulator; pump flow is just sufficient
to cover valve and cylinder leakage and to recharge the accumulator between shots. The
main force generated by the actuator is that required to accelerate the combined mass M of
the piston and impactor. Weight (the launcher can be rotated to any angle) and friction
forces are relative small and will be neglected in the model. The model includes fluid
compressibility, leakage across the piston, and the valve orifice equations. The valve spool
movement X is assumed to have second order dynamics.

Valve orifice equations: O, =k, X,P,.—P forpositive X (1)
Q, =k, X\P,—P. for positive X
@ _
. . . R
Cylinder flow equations: O =4+ . +(B -B)g 3)

1

. P
Q2=Ay—k—2+(P1—P2)c, €]
2
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Piston force balance: (P—P)A=My (5)
e—sD
Valve spool dynamics: X = 6)
V(s)
2
where Vis)= (Lj +2 (i] +1
Sy . . . B
and where the fluid stiffness on each side of the cylinder is represented by k= 7
1

and k, = B , B being the bulk modulus; £ is a valve orifice constant, and ¢, is a leakage

2
coefficient. The control signal is U, and D, , and are delay, natural frequency and

damping ratio parameters in the valve model respectively. The differential operator is
denoted s.

Qs

VS

>< Q A Pressure P,

Volume V,

Pressure P,
Volume V,

M

Impactor y

Fig 1. Electrohydraulic launcher schematic
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Inverse actuator model
Using the following approximations:

each side of the system is the same (symmetrical) and it can be shown that:

0=0,=0
Pacc _Pl :PZ _Pr
Summing equations (3) and (4):

. B-P
Q=Ay+JE;l+Ui—%ﬁh

Substituting for the pressure difference using equation (5):

M
or Q:A( M s2+—czls+1jj/
A

2k’
where =
M
and r = C_l &k
AV 2

are the cylinder natural frequency and damping ratio respectively.

From (1) or (2) the cylinder flow is given by:

QZ,(VX\/(PM —P,.>2—(P] —Py)

QZkX 1- PI_PZ (Pacc_Pr
Y P . -P 2

acce ¥

QZH\/@_ K, jRS@—P,.)
’ RSF'ta/l 2

s

(M
®)

®

(10)

an

(12)

(13)

(14)

(15)

(16)
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where F,=(P-P)4 (so F,=My) (17)

Fstall =(Ps_Pr)A (18)

and R, _ L =B (19)
Ps _Pr

Gathering together the constant terms in (16):

Q_k [B-F Rs(l— £y j (20)
A A 2 Rsttall
F,
Q:XV Rs{l— b j Q1
A Rsttall

where X, is the valve spool position scaled to be in units of equivalent actuator velocity.

Equations (13) and (21) can be combined to give an actuator inverse model, i.e. to calculate
valve spool position from piston motion:

2. .
X, = ! { 12S2+—’s+l]y (22)
F nr nr
R, {1 —
R.yFytall

2
or Xv=%[ 1252+ rs+1]y (23)

F
where b= Rs[l -—= ] (24)

Rstmll

The variable b is dependent on the accumulator pressure (via R and the hydraulic force F,,
both of which vary. The accumulator pressure can be modelled as a linear reduction in
pressure with position during the launch (see Section 4.4), and the hydraulic force is
dependent on acceleration (equation 17).

3 CONTROLLER DESIGN

3.1 Velocity Controller

There are two parts to the proposed controller. An inverse model based approach is used
for developing a closed-loop velocity control system; and a command generation part is
used to provide a velocity command which is appropriate for this application.
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From Section 2, the spool position of the valve is related to the control signal by a second
order model plus delay, and when linearised the actuator velocity is related to the spool
position by another second order model. To invert the whole relationship would require
differentiation of feedback signals giving unacceptable sensitivity to measurement noise
(and the delay could not be inverted). Instead, only the spool to actuator model is inverted.
Non-linear terms are included in this inverse as shown in equation (22) to account for the
variation is pressure drop across the valve which changes the valve flow gain.

If the valve dynamics are sufficiently fast, the valve spool command can be used as the
valve control signal. This is shown in Figure 2. A feedforward path directly feeds the
inverse actuator model with the velocity command signal. If the achieved velocity just
differs from the command velocity by the known residual dynamics of the system —i.e. the
valve dynamics — then the feedback part has no effect (the output of the lower summing
junction is zero). However if the actual velocity deviates from the expected, then the error
is integrated and scaled by gain K to give a correction signal which is summed with the
command velocity.

In the implementation of the control system, in order to keep sensitivity to measurement
noise low, it is important that feedback signals are not differentiated. This can be achieved
in this case if acceleration feedback is included, as shown in Figure 3.

Note that the actuator velocity is not measured directly. It is generated by combining
position and acceleration signals using matched composite filters. This approach has been

used in the testing industry for many years; the principle is described in [3].

Controller  Hydraulic/

, mechanical
i system
Target Command Inverse actuator i Actuator
velocity velocity model i velocity
profile |
Command + 101 o 2, | Valve
— profile E(_mz 57+ 4 5+1) - and -

generation i | actuator
+ I
|
K |
I
I |
I
|
Valve model 13 !
i
n2g=sD + - :
s?2+2 nS*n? C 3 :
I
I

Fig. 2 Velocity control system
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Fig. 3 Velocity control system, showing individual signals

The control system is illustrated in Figure 4 in a Simulink simulation model. The reference
to ‘motion’ implies a vector signal which contains position (or velocity) and its first and

second derivatives.
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Fig. 4 Simulink simulation model
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3.2 Command generation

For this application, the peak velocity is the critical value. Once the actuator starts to
decelerate, the impactor will carry on at the same velocity and strike the vehicle. The
command profile chosen to reach the target peak velocity is a haversine. This is unlikely to
excite high frequency dynamics where modelling error will be larger. Thus the command
velocity is given by:

%(l—cos( 1)) 25)

where V, is the target velocity. Expressions for the first and second derivatives of this are
easy to find. The frequency is determined so that the target velocity is achieved after a
specified actuator travel. A deceleration period follows so that the piston has slowed by
the time it enters a buffer at the end of stroke.

There will be a small amplitude error due to the response characteristics of the valve which
remain present in the whole system response. As the valve model is known, the amplitude
ratio at the command haversine frequency can be used to correct for this.

4 RESULTS

4.1 Simulation results

Some key parameters of a trial launch system are contained in Table 1. A simulation
model of this system has been developed which is more detailed than that described in
Section 2; in particular it includes valve overlap, valve slew rate limit, pressure drop in
valve body and manifold, and stroke-related stiffness variation. Figure 5 and Table 2 show
that the simulation results for the proposed controller driving this more detailed model
indicate good velocity accuracy.

Table 1 Specification for trial electrohydraulic launcher

Actuator Cross-section area 5cm’
Stall force (at 210 bar) 10.5 kN
Stroke 100 mm
Piston plus impactor mass Skg
Buffer length 18 mm
Total trapped volume 58 cm’

Servovalves Two x D765 Moog 2-stage valves
Nominal rated flow (each valve) 40 1/min
Nominal natural frequency 500 Hz
Opening time at max slew rate 2.65 ms

Hydraulic supply Supply pressure 210 bar
Bulk modulus 0.9 GN/m’
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Velocity (m/s)

60 g0 100 120

Position (mm)

Fig. 5 Simulation results: target velocities 3, 5.6, 6.8m/s

Table 2 Peak velocity errors

Target velocity Error (actual — target)
3.0 m/s +0.01 m/s
5.6 m/s 0.00 m/s
6.8 m/s -0.10 m/s

Table 3 Peak velocity error with 1000N load disturbance

Target velocity Closed-loop Open-loop
3.0 m/s +0.01 m/s -0.08 m/s
5.6 m/s +0.01 m/s -0.23 m/s
6.8 m/s -0.13 m/s -0.39 m/s

83

The closed-loop controller is expected to give accurate velocity control even in the
presence of unmodelled disturbances; this is the key improvement required compared to
open-loop control. To test this, a 1000N load disturbance acting on the piston is included
in the simulation model for the duration of the launch. From Table 3 it can be seen that the

improvement is significant.
4.2 Experimental controller tuning
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A frequency response from valve drive to piston velocity was determined from a random
excitation of the real system. The excitation signal was chosen so that the non-linear
behaviour relating to accumulator and cylinder pressure drop would not be significant.
Then a combined valve and actuator model (transfer function) was fitted to the frequency
response. The actuator natural frequency is fixed by the known parameters of the system,
but the actuator damping, which is related to piston leakage, was adjusted manually to fit
the frequency response ( , = 0.17). A least squares fit then gave the following valve
model: 504Hz natural frequency ( , = 3170 rad/s), damping ratio = 1.25, and delay D =
0.0012s. Figure 6 shows there is a good fit between the model to the actual frequency
response.
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P
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'
'
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—
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Fig 6 Fit of linear valve/actuator dynamics to measured frequency response

4.3 Experimental results from the trial system

Figures 7 to 9 show results for 2 and 3m/s target velocities; the first two use 50mm travel
for the launch acceleration, the last one uses 30mm. The equivalent velocity plots
generated by the detailed simulation model are also shown. Note that in Figure 9 the actual
velocity trace deviates from the simulation during the deceleration phase because the
accelerometer which contributes to the velocity calculation saturates at this point. Table 4
contains the peak velocity errors.
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Table 4 Experimental peak velocity errors
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3

Yelocity (m/s)

Fig 9
3m/s launch over
30mm stroke

"o 0.01 0.0z 0.03 0.04 0.0s 0.06

4.4 Experimental results from the final system

The results presented thus far are for a trial system which has a limited velocity range. The
final production launcher can achieve 15m/s, and some results are presented in this section.
This launcher has a 20kN stall force actuator, a 3-stage 630 I/min valve, and a stroke of
350mm. Figure 10 shows the command velocity profile, the actual velocity achieved, and
the predicted velocity (the output of the valve model in Figure 2), for a test with a 11.1m/s
(40 km/h) target velocity. For comparison, Figure 11 shows the equivalent test with the
non-linear pressure compensation term in the controller removed (i.e. » = 1). The actual
velocity falls behind the predicted from around 0.04s, but towards the end of the launch the
disturbance rejection ability of the closed-loop controller can be seen to be correcting the
error.

Figure 12 shows the size of the non-linear pressure compensation term b during the
11.1m/s launch of Figure 10, and the accumulator discharge factor R from which it is
partially derived, as calculated by the controller during the test. The simple linear
accumulator model referred to in Section 2 (pressure drop proportional to actuator
movement) is also shown to be close to the more conventional adiabatic discharge model in
this Figure.

5 CONCLUSIONS

A closed-loop controller for a high-speed pedestrian impact test system has been designed
and tested. Simulation and experimental results indicate that the required launch velocity is
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achieved more accurately than open-loop control systems which have been used in the

past. The experimental velocity errors are within 1% of the target velocity.
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Fig. 11 11.1 m/s launch over 240mm stroke without non-linear pressure

compensation
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Figure 12 Pressure compensation term (b) and
accumulator discharge for 11.1m/s launch

A non-linear correction of the flow gain is used to account for the varying pressure drop
across the valve. A key approximation used in the development of the controller is to
neglect the valve dynamics in relation to this correction. Hence the correction is
effectively delayed. However, the results indicate that this makes little difference in this
application because the variation in pressure is relatively low frequency compared to the
bandwidth of the valve.

To use the controller for more general velocity control applications, two issues would have
to be addressed. As in this application the load force is purely an inertial one, the cylinder
pressure is easy to predict; in other applications this may not be the case. Secondly a
command velocity has been chosen for which first and second derivatives are easy to
derive; more generally this flexibility is not available.
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Pressure Peak Phenomenon in Digital
Hydraulic Systems — a Theoretical Study
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ABSTRACT

This paper studies pressure peak phenomenon in modern on/off control systems based on
the PCM control method. In PCM control systems, pressure peaks may occur because
several valves are opened and closed simultaneously. In the ideal case, timing happens
perfectly but in practice, switching times of the valves vary more or less. Due to this effect,
valve or valves are sometimes closed before the next ones open (or vice versa), and a
pressure peak occurs. Pressure peaks cause noise, may damage system and motion can be
jerky and therefore, pressure peak minimization methods are worth thinking. Fundamental
theory of the pressure peak phenomenon is discussed and different solutions to prevent

pressure peaks are introduced based on the theory. One interesting option is Fibonacci

coding which can be used instead of traditional binary coding in PCM control systems.

Keywords: Digital hydraulics, pressure peak, PCM control, Fibonacci coding

NOMENCLATURE

Ay Ap piston areas of the cylinder [m?]

b viscous friction [Ns/m]

K, hydraulic fluid spring constant [N/m]|
L stroke of the cylinder [m]

m load mass [kg]

n number of valves [-]

P4 PB chamber pressures of the cylinder [Pa]
Ds supply pressure [Pa]

D tank pressure [Pa]

Q net flow rate into the volume [m*/s]

4 pressurized volume [m’]

Vy initial velocity of the piston [m/s]

x piston position [m]

Do effective bulk modulus of the pressurized volume [Pa]
T error of the switching times [s]

Power Transmission and Motion Control 2005 Edited by C. R. Burrows, K. A. Edge and D. N. Johnston
© With The Centre for Power Transmission and Motion Control



92  Power Transmission and Motion Control 2005

DFCU Digital Flow Control Unit
PCM Pulse Code Modulation
SMISMO  Separate Meter In and Separate Meter Out

1. INTRODUCTION

A common stereotype has been that the on/off control technology is already antiquated and
the old-fashioned on/off valves have nothing to do with the demanding motion control
systems. However, the truth is divergent and modern on/off control systems with intelligent
controllers have several suitable applications. These systems can even offer some new
characteristics which are not available with the conventional control valves.

Basics of the modern on/off control strategies dates back to the early 20th century, but the
longest steps have been taken in on/off control methods during the last decades due to
significant enhancements both in digital hardware technology and signal processing. There
are several ways to use on/off valves in hydraulic motion control systems, but only some of
them have got more attention lately. One of them is Pulse Code Modulation (PCM) control
method which was introduced in some patents already in 1960’s [1, 2]. Although
technology has improved a lot since those days, the basic idea is still the same: PCM
control system consists of a number of parallel connected on/off valves whose flow
capacities are not equal but for example in the ratios of 2°:2':2%:2°:2% etc. (see Figure 1).
This kind of valve system is the key component of digital hydraulics and it is called Digital
Flow Control Unit (DFCU).

PCM control allows stepwise flow control. The number of flow steps depends on the
coding method, but for example binary coded valve series offers 2"-1 different steps where
n is the number valves. Different states of the DFCU with four valves are shown in table 1.

Table 1. Different states of the DFCU
with 4 valves.

15

IEIEIE]
—|N|| <
Net |2|2(2]2
flow |S| S22 state
0 _|oJo[o]o] o
1xQ [1]0]0]0] 1
2xQ [0[1]0|0] 2
3xQ [1]1]0]0] 3
4xQ |0|0[1]0] <
5xQ [1]0]1]0] 5
6xQ [0]1]1]0] o
7xQ [1|1]1]0] 7
8xQ |0]0|0| 1] &
9xQ |1[0[0[1 9
10xQ | 0] 1]0[1] 10
xQ [1[1]0[1] 1
Figure 1. Digital Flow Control Unit (DFCU) 12xQ 10101 111] 12
. . . . . 13xQ | 1|0 1[1] 13
and its simplified drawing symbol [3]. Q is AN EIEI D
ERERE

one flow unit and # is the number of valves. 15xQ

0 = Valve is closed
1 = Valve is open
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Digital hydraulic motion control system can basically consist of one, two or four DFCUs
depending on the control strategy. Separate Meter In and Separate Meter Out (SMISMO)
control requires DFCUs both in pressure and in tank side as shown in figure 2.

m |A | A m|
I |

TTTTTTTTI TTTTTTT

Figure 2. Two different ways to implement a SMISMO controlled cylinder
application.

Systems of this type (figure 2) have been used for example in a mobile hydraulic boom
mock-up and in a water hydraulic cylinder test bench. The results have been encouraging
and the controllability of the digital hydraulic systems has been comparable with
proportional or even with servo valves. One important factor in these digital hydraulic
motion control systems is cost function based controller, which calculates steady state
values for piston velocity and chamber pressures with all different valve combinations and
then chooses the optimal valve combination. Controllers of this type enables for example to
adjust flow area ratio during operation, which is not possible with traditional control valves.
[3-6]

Modern on/off control systems have sophisticated characteristics nowadays, but they also
have some drawbacks. A case in point is the pressure peak phenomenon, which has been
associated to on/off valves over the years. If PCM control is compared to the basic bang-
bang control, pressure peaks are in a more reasonable level in the PCM control systems.
However, they are disadvantageous in any range since they cause noise, may damage
components and motion can be jerky in control systems. Earlier studies have shown that
pressure peaks occur only occasionally in digital hydraulics, but the risk of pressure peaks
exists always when on/off valves are used with PCM control. Therefore, it is important to
find a solution to minimize pressure peaks.

A traditional way to limit pressure peaks is to use pressure relief valves or different kind of
accumulators. One unconventional but low-cost approach is so called hose accumulator
with a cushion orifice which has been used successfully in a Low Pressure Water Hydraulic
on/off control system [7]. Accumulators and pressure relief valves have some
disadvantages and accordingly, this paper concentrates on the alternative pressure peak
minimization methods. The fundamental theory of the pressure peak phenomenon in digital
hydraulics is studied and based on the theory, different solutions to prevent pressure peaks
are introduced.
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2. PRESSURE PEAKS IN DIGITAL HYDRAULICS

2.1. Fundamental theory of pressure peak phenomenon in PCM control

PCM control system generates always a force pulsation when the load is needed to
accelerate or decelerate to the new required velocity level. This is due to fact that the
effective valve opening is changed stepwise. The magnitude of these force pulses depends
on the load mass, system dynamics and the magnitude of velocity change [4]. However,
these minor force pulses are not a problem in normal circumstances but harmful pressure
peaks are mainly caused by the inexact switching times of the valves. Switching times of
the on/off valves vary always more or less, and in the worst case some valves close before
the next ones open (or vice versa) when DFCU state (see table 1) is changed. Uncertainties
of the DFCU states are shown in the figure 3 where the grey bars illustrate the theoretical
opening range of the DFCU implemented with extremely fast operating valves. It is
important to note that the uncertainties of the effective openings shown in Figure 3 are
valid only in the case when the state of the DFCU is changed linearly one by one. This is
not the only or often the best way to control DFCU but states can be changed arbitrarily.

’'Y
(100 %) 15 m n
Inaccuracy of ||

the timing

The worst possible intermediate states for
state transition 7=+ 8

|
|
|
Q [20 [4Q 18Q
[ |
|
|

State of the DFCU
{effective opening)
-]

=

0%) 0

Time & Control

Figure 3. Uncertainties of the DFCU opening caused by the inaccurate switching of
the valves. Control is changed linearly and then, the maximum error may occur in the
state transition 7<8.

It can be noticed from Figure 3 that the transition from state 7 to state 8 is the most critical.
This problem is faced up always when the state is changed from 2"'-1 to state 2" where #
is the number of parallel connected valves. In this critical state transition, effective opening
of the DFCU can be zero or maximum during a short term, if the worst possible
intermediate state occurs.

From the viewpoint of pressure peaks, it is significant which DFCU fails to change state
correctly in a SMISMO controlled cylinder application. Two different situations for the
undesired pressure transients can be defined in the both control sides as shown in table 2.
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Table 2. State transition failures of the DFCUs in SMISMO controlled cylinder

application.
Effective opening Forward side DFCU Return side DFCU
Temporarily too low pressure decreases, cavitation pressure may exceed supply
may occur pressure
Temporarily too hlgh pressure may increase up to pressure Qecr'eases, no
supply pressure cavitation

In practice, state transition failures occur separately but openings can fail also in both sides
at the same time. All the different combinations are not reasonable to study and hence, this
study concentrates only on the worst case: the most harmful pressure peaks occur when
flow is restricted too much in the tank side due to failed state transition. This is studied in a
simplified system shown in figure 4. There is only one DFCU in the return side and in the
other side flow is restricted with an orifice. Supply pressure is p, tank pressure is p,, load
mass is m, the stroke of the cylinder is L and piston position is x. Figure 5 introduces a
detail of a partly failed state transition in the system studied. 7 is the error of the switching
times and Ky shows the opening of the DFCU.

TR X(=v) /KA
| m 28 ___________________
P EEDN £ i \
Q, Qg //;//;//// §.§ Kg

K, Imgm4 Kg I I P

ps Pt
o Time
Figure 4. A simplified cylinder Figure 5. A partial state transition failure,
application. where some of the closing valves close

before the next valves reach to open.

2.2. Calculation methods for pressure peaks
Pressure rate in a volume can be calculated if there is a difference in incoming and outgoing
volumetric flow rates. The rate of pressure can be written as:

b _Pyly_d (1

a v dt

where Sy is the effective bulk modulus of the pressurized volume [Pa]
Vv is the pressurized volume [m’]

0] is the net flow rate into the volume [m?/s]
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In the system of figure 4 with the given symbols, this equation can be applied as:

Da= ﬂ;j [KA\/ps ~— P4 _AAx] (2)

Pp = %ff [KBw/E+ABx] 3)
B

where pa,pp are chamber pressures
Aa, Ag  are piston areas

Load mass m can be assumed to be infinite in the cylinder applications where pressure peak
duration 7 is short compared to the natural frequency of the system (r<<1/f,). Hence, the
velocity of the load x is unchangeable because acceleration X is according to force
equation:

)-é:pAAA_pBAB -0 (4)

o8}

In spite of the assumptions, pressures p4(¢) and pp(¢) are difficult to solve explicitly from the
above differential equations (equations 2 & 3) which forces to use numerical methods in the
solution. This may cause some problems if these equations are used in the cost function
based controller [4-6] where a large number of different valve states must be compared in
advance in order to find the optimal valve combination.

The above equations are universal in cylinder applications and they are valid in all different
state transition failures. However, pressure peaks can be calculated also with the other
methods in some specific state transitions. One interesting target is to approximate pressure
peaks when the outlet flow is temporarily (z) blocked (Kp=0) which is the worst possible
state transition failure. In this case, the equation 3 can be simplified to:

ﬁ efff
VB

B AB "X (5)

Velocity (see equation 4) and volume Vp are assumed to be constant during the state
transition failure and then, approximation of the pressure rise is:

t
P~ J’ﬂeﬁ’ AB~v-dt:&AB'v-t (6)
iz %

B

Equation 4 (¥ =0) does not come true always and then, pressure rise calculation can be
based on the equation of the motion which takes into account the load mass. When the
piston of the cylinder is moving at a certain velocity and then flow is suddenly stopped,
load tries to continue motion. It can be assumed that kinetic energy is stored in the fluid



Pressure peak phenomenon in digital hydraulic systems — a theoretical study 97

spring as potential energy and subsequently, the system can be expressed as a second order
harmonic oscillator:

m-AX+K, -Ax=0 O]
_Yo 8
Ax =-2-sin ot (8)
o
h LI
where = |24 isnatural frequency
m

K, is hydraulic fluid spring constant [N/m]
X is piston position [m]
Vo is initial velocity [m/s]

Based on these equations, pressure rise in chamber B is:

dpy =28 Yo G ©)

Vs, @
Merritt [8] studied the pressure peak phenomenon in a cylinder application where both
flows were blocked. In this case, pressures vary equal but opposite amounts until forward
chamber pressure becomes zero if the volumes and the areas of the actuator are equal in the
both sides. Due to this phenomenon, pressure is defined piecewise in two intervals where
the first one assumes two hydraulic fluid springs:

2 2
P4y By 4

K 1% %
A B

(10)

In the system studied, the flow is blocked only in the return side and then, it can be
assumed that forward pressure p, is constant until return pressure pp has caused the velocity
change. Therefore, fluid spring in the return chamber is dominant and hence, hydraulic
fluid spring can be considered as:

2
k Lo 4 (an

2.3. Simulation of the pressure peaks in a cylinder application

The target of the simulations is to visualize the effect of different parameters on pressure
peaks and to compare different pressure calculation methods to simulation model. The
simulations are based on the low pressure water hydraulic (LPWH) cylinder application
shown in figure 4. It consists of a cylinder(¢32/16x500), one DFCU in the return side,

load, and constant pressure source (p,=3MPa). Only viscous friction (h=150 Ns/m) is
included in the simulation model. The load is 200 kg and the effective bulk modulus is 900
MPa. The valves are direct acting poppet type on/off valves and their flow capacities are
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according to binary series, i.e. 0.2, 0.4, 0.8 and 1.6 I/min at 0.1 MPa pressure differential.
The switching time delays of the valves are 10/10 ms and time constant is 1 ms. Flow
coefficient of the forward side orifice (K,) is fixed and it is 2.0 I/min (at Ap=0.1 MPa).

Figure 6 introduces the effect of the switching time error on the chamber pressures in a
system which was introduced in figure 4. In the simulations the biggest valve is opened too
slowly and then, in the state transition 7->8 all the small valves are closed before the
biggest valve opens. When this happens, pressures in both chambers change into same
direction, but pressure transient is bigger in the side where switching has failed. In the other
side, minor pressure transient is caused by the velocity change. Together with switching
time error, piston position has also a significant role in pressure peak phenomenon. When
the return chamber has low volume at the near of cylinder end, pressure peaks are highest
as shown in figure 7.
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Figure 6. Effect of the opening time error  Figure 7. Effect of the piston position.
of the biggest valve in the system studied Switching time error of the biggest
(see figure 4). Control command for the valve is 2 ms.

state transition 7->8 is given at 0 s and
piston position is 0.2 m.

Pressure peaks are studied with the certain switching time errors in the simulation model
and these results are compared to different pressure peak calculation methods (see section
2.2) in the figure 8. The differences in the pressure values are distinguished significantly
not until switching time error is more than 5 ms. In most systems, switching time errors are
short in the relation to natural frequency and hence, all these equations can be used to
approximate pressure rise caused by the worst possible state transition failures.
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Figure 8. Comparison of the different equations (eq 6, 10 & 11) and simulation model.

3. MINIMIZATION OF THE PRESSURE PEAKS IN DIGITAL HYDRAULICS

Pressure peaks do not belong to modern hydraulic motion control systems and therefore, it
is reasonable to try to minimize them. One alternative is to prevent the formation of the
pressure peaks and the other, but not the primary solution is to take care of the pressure
peak symptoms. These different solutions are discussed in this section.

3.1 Components

3.1.1 Valves

The basic reasons for pressure peaks in digital hydraulics are on/off valves and the control
method. Valves should change their state simultaneously but in practise, switching times
vary more or less which means that timing fails some times. This inaccuracy causes a short-
term error to the flow rate and as a result, a pressure peak may occur. Hence, PCM control
systems do not require extremely fast valves, but minor variation in delays is a requested
quality.

Experimental measurements [9, 10] have shown that the main reasons for switching time
variation of the poppet type oil hydraulic 2-way valves are changes in pressure difference
over the valve and in viscosity. Varying concerns especially closing times, and opening
times are more constant. Variation of the switching times is almost negligible in fixed
circumstances and therefore, a challenge of the pressure peak minimization is how to define
switching times in a reliable way in changing circumstances. One basic approach is to
define valve delays in the certain operating points, but switching times can be defined also
continuously during the system operation.
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3.1.2 Control electronics

On/off valves have a certain delay due to their dynamics, but control electronics has also an
important role in the formation of delays. It is difficult to improve significantly valve
dynamics afterwards but delays caused by the control electronics are possible to minimize.
This has been established in the experimental tests where the switching times of
commercial water hydraulic valves have been enhanced. Measured opening delays of a
simple direct acting 2-way poppet valve varied between 20 and 32 ms and closing delays
between 7 and 12 ms when the valve was controlled with a basic control electronics [11].
After replacing the control electronics with more sophisticated control electronics,
switching time delays were decreased considerably and they were varying between 8 and
14 ms. The improved control electronics is described more closely in [6].

3.1.3 Accumulators and pressure relief valves

A traditional way to minimize pressure peaks is implemented for example by using
accumulators or low-hysteresis pressure relief valves. However, these are not the primary
solution for pressure peak problem in digital hydraulics because they are “healing” the
symptoms and not preventing the occurrence of pressure peaks. In addition, disadvantage of
the accumulators is that they increase the costs, they are bulky and in addition, stiffness of
the system is reduced. [8]

3.2 Coding methods

Lack of good and suitable valves will remain also in near future and therefore, it is
reasonable to try to solve the pressure peak problem in the other ways. One solution is
alternative coding method. PCM control is traditionally based on the binary coding which
has advantages (e.g. high resolution), but also some disadvantages, such as the high risk of
pressure peaks. Hence, if pressure peaks are wanted to minimize, the other coding methods
are worth taken into account. One alternative is a system where parallel connected valves
have equal flow capacities. This control method is known as Pulse Number Modulation
(PNM). It has no risk for pressure peaks because valves are either opened or closed but not
both simultaneously. Disadvantage of the PNM control is that in order to get good
resolution, a large number of valves are required. For example, same resolution as in PCM
control with four valves requires 15 valves in PNM system. In most cases a large number of
valves are not accepted because of the physical size problem and therefore, the other more
suitable options are worth thinking.

One of the alternative coding methods is based on Fibonacci coding [12]. The basic system
is same as in the normal PCM control method, but the flow capacities of the valves are not
in the ratios of binary series but according to Fibonacci numbers. The ideal Fibonacci
sequence is 0, 1, 1, 2, 3, 5, 8... F,, where F, is the sum of the two preceding elements.

The advantage of the Fibonacci coding compared to the traditional binary coding is that it is
possible to compose nearly all individual flow rates at least with two combinations of the
open valves (see table 3).
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Table 3. Same flow rates can be achieved with different valve combinations in
Fibonacci coded system. Flow capacities of the valves are Q, Q, 2Q, 3Q and 5Q.
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Fibonacci coding enables to avoid state transitions where exist a risk that all valves are
closed during a short term due to failed state transition. This requires that the controller
tries to keep as many valves open during the state transitions as possible (figure 9, control
A). As a comparison, control B (figure 9) does not take into account the risk of pressure
peaks.
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Figure 9. Opening uncertainties of the Fibonacci coded DFCU with two different
control strategies. Control is changed linearly one by one state in both cases.

3.3 Controller

Controllers based on the cost functions have been developed and used successfully in
digital hydraulic applications by Linjama et al. [4-6]. These controllers have shown their
capabilities and therefore, pressure peak minimization can be also based on the cost
function method.

In PCM control system, the size of the pressure peaks depends on the flow capacity of the
valves. For example, unsuccessful timing of the biggest valve causes several times higher
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pressure peak than the smallest valve. Therefore, it is reasonable to concentrate on the
operation of the biggest valves. In addition, if the equations of the section 2.2 are studied
more closely, it can be noticed that e.g. piston position and velocity have also influence on
pressure peaks size. Accordingly, these variables should be included in the cost function.

Cost function method has been used earlier only with binary coded DFCUs, but Fibonacci
coding can increase the potentiality of the cost function. This originates from the
characteristic that different flow rates can be achieved with a number of valve
combinations. This enables that the state transitions of the valves can be minimized even
without velocity error. Some simulation results of the system studied (see figure 4) are
shown in figures 10-12. Flow capacities of the valves in the Fibonacci coded system are
0.2, 0.2, 0.4, 0.6 and 1.0 I/min (at Ap=0.1 MPa). Binary coded DFCU has same flow
capacities as in section 2.3 and accordingly, the smallest valve has same flow capacity in
both systems. It is important to note that in this case, the maximum flow capacity of the
Fibonacci coded DFCU is lower than in binary coded DFCU. There would have been also
other options to choose flow capacities of the Fibonacci system, i.e. to choose same flow
capacity for the biggest valve as in binary coded system or to size flow capacities in a way
which offers the same total flow capacity in both DFCUSs.

Switching times of the biggest valve are delayed 3 ms in the simulations in order to cause
pressure peaks. Piston position is approximately 0.25 m during the state transitions. Flow
coefficient of K, is 1.6 I/min (at Ap=0.1 MPa) and the reference flow rate is 6Q>9Q->7Q.
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transitions 14>232>15 transitions 1722520 62927 (=6Q>9Q->7Q) in
(=6Q2>9Q~>7Q) in the (=6Q>9Q~>7Q) in the the binary coded DFCU.
Fibonacci coded DFCU Fibonacci coded DFCU

Depending on the original state, Fibonacci system has different options to achieve the
required flow rates (6Q—>9Q—>7Q). In the figure 10, states of the DFCU are 14, 23 and 15
(see table 3) and then, a slight pressure peak occurs. If the initial state is 17, same step
responses can be made for example by using states 25 and 20 (figure 11), and no pressure
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peak is observed. As a comparison, binary coded DFCU (figure 12) has a higher pressure
peak than Fibonacci coded DFCU in the worst case.

5. DISCUSSION AND CONCLUSIONS

Pressure peak phenomenon is closely related to switching times of the valves in digital
hydraulics and especially, to switching time variation. Together with switching time
variation, it is significant which DFCU fails to change state. The most severe pressure
peaks are caused by the return side DFCU which supports the use of meter-in control.
However, meter-in control is not suitable in some applications (e.g. overrunning loads) and
in addition, it does not offer as good controllability as SMISMO control.

According to the earlier experimental studies, pressure peaks can be limited to the
acceptable level also in SMISMO controlled systems. This requires careful tuning of the
controller and in addition, circumstances (pressures, viscosity etc.) should stay constant.
This problem can be fixed by adjusting switching times adaptively based on the system
behavior. Switching times can be defined also in different operating points, and the
controller uses these tabulated switching time values. Pressure decrease or in the worst case
cavitation, are often less harmful than pressure peak and then, valves can be controlled with
the intention that worst possible pressure peak does not occur in any circumstances. This is
possible to implement by delaying either opening or closing times of the valves in a
suitable way.

Together with switching time tuning, the most promising pressure peak minimization
methods are cost function based controllers and the alternative coding methods (e.g.
Fibonacci coding), and these methods together. The target of the future research is to
develop a controller which limits efficiently pressure peaks. Development of the cost
function based controller will be grounded on the theory which was introduced in this
paper. However, there are some challenges. For example, the number of tuning parameters
spread out easily in cost functions which may lead to complex controllers. Fibonacci coded
DFCU has also disadvantages, such as lower resolution than binary coded DFCU, but this
can be solved by using one or more extra valves in the Fibonacci coded DFCU.
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ABSTRACT

Water hydraulics is an environmentally safe technology since the fluid is pure tap water.
Water is also fire safe and cheap. Water hydraulic technology has been a subject to an
intensive research in the last two decades. However the research of water hydraulics in
manipulator control has been quite rare. This paper presents the basics of 2-degree of
freedom manipulator control with water hydraulic proportional valves. The manipulator is
a normal crane with water hydraulic actuators and control valves. The control system is
used to realize manipulator tool-end coordinate control. Good results are achieved in final

positioning accuracy of the tool-end. More research will be needed to improve the follow-
up accuracy of the system.

NOMENCLATURE

x = x-coordinate of the tool-end [m]

y = y-coordinate of the tool-end [m]

?, = Joint angle of lifting joint [deg]

?, = Joint angle of tilting joint [deg]

L; = Distance between lifting and tilting joint [m]

T, = Distance of tilting joint and tool-end in x-direction [m]

Ty = Distance of tilting joint and tool-end in y-direction [m]

Sx = Distance of station frame origin and lifting joint in x-direction [m]

Sy = Distance of station frame origin and lifting joint in y-direction [m]
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1 INTRODUCTION

The interest for an environmentally friendly technology with controllability of water
hydraulics but lower price level has encouraged the development low-pressure water
hydraulics (LPWH). The original aim was to develop a fluid power technology with a price
level of pneumatics and controllability of water hydraulics (1). In oil hydraulics
proportional valves are widely used in controlling actuators but in LPWH the problem is
the lack of suitable valves. Some valves exist on the market (2), (3). Also development of a
low-cost proportional valve for LPWH has been going on (4), (5).

The most cost-effective solution for controlling a low-pressure water hydraulic system is
the use of on/off valves. These valves are reliable, inexpensive and they already exist on
the market. A lot of research has been carried out lately on this area and the results show
that on/off control gives quite good results in LPWH (6). However, smooth movements or
accurate path following are often needed. These can be quite difficult to realize with on/off
technology and therefore proportional valves are needed.

The control of manipulators or cranes is a traditional area in oil hydraulics but there is very
little published information about control of water hydraulic manipulators. In (7) some
results of water hydraulic manipulator control was presented. This paper presents water
hydraulic 2-degree of freedom manipulator control with proportional 4/3-way control
valves.

2 MANIPULATOR POSITION CONTROL

The purpose in the coordinate control of the manipulator is to control the joint angles to
achieve a desired position for the tool-end of the manipulator. Figure 1 shows a block
diagram of the coordinate control system. Reference tool-end coordinates are given to the
system as an input. Trajectory generation calculates the reference trajectory from the
starting point to the given coordinates in a given time. From the reference trajectory the
needed joint angles and actuator positions are calculated with inverse kinematics. Position
controller controls the actuator positions with the feedback signal from the pulse encoders.
In this paper the position controllers are proportional controllers.

Ref pos. x1ref U1 F1 Position
f—>

Trajectory Inverse Postion . )
generation kinematics|x2ref |controller| U2 |TYdraulics| g5 | Mechanics

T ” ]

x1

Figure 1. Block diagram of the manipulator coordinate control.

2.1 Inverse kinematics

The inverse kinematics is calculated from the geometry of the manipulator. The aim is to
calculate the needed actuator positions to achieve a needed tool-end position in the XY-
plane. Since the manipulator has only 2 degrees of freedom, for each tool-end coordinate
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there is only one possible set of actuator positions. Hence further optimization for choosing
the actuator positions is not needed as it would be if there were more degrees of freedom.
Figure 2 shows the geometry of the manipulator and a table containing the manipulator
dimensions.

Ly=BF |1600mm

T,=FO3 [92,5mm

Ty=TOz | 1540 mm

S,=S0, |203,6mm

S,=BO, |2263,1m

03 S

Figure 2. The geometry of the manipulator and dimension table.

Needed joint angles can be calculated from the tool-end reference coordinates with
equations 1 (lifting joint) and 2 (tilting joint).

L=T* =T +(S. +x) +(S. - y)
1 x v ( X JC) (y y) +atan Sx+x _900 (|)

2-L, \/(SX +x)2 + (S_V —y)2 S, -y

, =acos
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3 TEST SYSTEM

The test system is a HIAB 031 crane with pure tap water hydraulic circuit. The hydraulic
circuit of the test system is shown in figure 3. The test system consists of a water hydraulic
power pack, 2 4/3-way proportional control valves and two water hydraulic cylinders. The
supply pressure of the hydraulic circuit is 50 bar. The cylinder piston positions are
measured with pulse encoders and joint angles are calculated from the actuator positions.

The control valves are water hydraulic 4/3-way proportional control valves originally
designed for water. The structure and characteristics of the valves are published in [3]. The
valves are high quality proportional valves with spool position feed back and PI-controller.
The static flow curve of the valves is not linear which causes nonlinearities in the system.
These nonlinearities can be compensated in the control systems as Mékinen et al. presented
[8]. Nonlinearity compensation can be used effectively to improve the position accuracy of
the control system [9] [10]. In this paper however the nonlinearity compensation has not
been used.

Tilt cylinder

Lift cylinder

d
i

§
ps=>50 bar
A

Figure 3. The hydraulic circuit and a photograph of the test system.

Figure 4 show the working area of the manipulator. Originally the oil hydraulic version of
the manipulator had a larger working area but only lifting and tilting cylinders are used
with water hydraulics and the telescope is not working. The maximum height of the tool-
end of the manipulator is 3,18m.
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Figure 4. Working area of the manipulator.

4 EXPERIMENTAL RESULTS

The supply pressure in the tests was 50 bar. The reference trajectory is a square with corner
points (2m; 1,5m), (2m; 1m), (1,5m; 1m), and (1,5m; 1,5m). The reference signal of the
movement between the corner points is a trapezoid, which is calculated for each tool-end
movement with 2,5s movement time. From this reference trajectory a position reference for
each actuator is calculated with inverse kinematics.

Figure 5 shows a measured square response. In the left hand side figure the tool-end
position and reference position is presented. In the right hand side figure the tool-end
position error during the measurement is presented. The tool-end position error in the x-
direction is less than 10mm and in the y-direction less than 20mm during the whole
trajectory. The final tool-end positioning accuracy in x-direction is better than 0,6mm and
in y-direction better than 0,5mm in all the corner points.
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Figure 5. Tool-end position and position error.

Figure 6 shows the joint angles and angular errors during the same trajectory. The angular
errors in both joints are less than 0,8 degrees during the movement. The steady state
angular errors are less than 0,05 degrees.
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Figure 6. Joint angles and angular errors.
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Figure 7 shows the actuator velocities in the measured movement. The maximum velocities
of the lifting and tilting cylinders are 320 mm/s and 330 mm/s respectively.

°
N

o
o

0.0

v lift [mm/s]

o
(V)

v tilt [mm/s]
o
o

0.2
_04 i i i i i i i i i
2 4 6 8 10 12 14 16 18 20
Time [s]
Figure 7. Actuator velocities.
5 CONCLUSIONS

Basics of 2-degree of freedom manipulator with water hydraulic actuation was presented.
The manipulator was controlled with proportional 4/3-way proportional control valves.
Coordinate control of manipulator tool-end was realized by calculating desired actuator
positions from desired tool coordinates with inverse kinematics. The actuator positions
were controlled with simple proportional controllers.

The achieved accuracy was quite good. The joint angle accuracies were well within 1
degree during the movement and within 0,05 degrees in final positioning. This leads to
20mm accuracy during movement and 0,6mm accuracy in final positioning in the tool-end
of the manipulator.
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Future research is needed to develop better controllers to improve the follow-up accuracy
of the manipulator. Also the effect of loading conditions of the manipulator should be
considered. Also comparison between proportional valve control and digital hydraulic
control will be carried out in the near future.
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Development of a novel water hydraulic
vane actuator applied for control of a
two-links test manipulator

Finn Conrad and Francesco Roli
Department of Mechanical Engineering
Technical University of Denmark, Kgs. Lyngby, Denmark

ABSTRACT

The paper presents research results using IT-Tools for CAD and dynamic modeling,
simulation, analysis, and design of water hydraulic actuators for motion control of
machines, lifts, cranes and robots. Matlab/Simulink and CATIA are used as IT-Tools. The
contributions include results from on-going research projects on fluid power and
mechatronics based on tap water hydraulic servovalves and linear servo actuators and
rotary vane actuators for motion control and power transmission. Development and design
a novel water hydraulic rotary vane actuator for robot manipulators. Proposed mathematical
modeling, control and simulation of a water hydraulic rotary vane actuator applied to power
and control a two-links manipulator and evaluate performance. The results include
engineering design and test of the proposed simulation models compared with THA
Tampere University’s presentation of research measurements from a similar robot
manipulator driven by tap water hydraulic components. Experimental and simulation
results are compared for evaluation and verification of developed mathematical models of
the motion control of the manipulator. Furthermore, this paper presents the selected
experimental results and performance results.

NOMENCLATURE

K Turbulent flow coefficient [m’/(s Pa'?)]
X, Spool displacement [m]

Yy Water density [Kg/m’]

q Specific volume [m*/rad]
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Total leakage coefficient
Valve leakage coefficient
Actuator leakage coefficient
Effective leakage coefficient
Flow — pressure coefficient
Total moment of inertia
Viscous friction coefficient
Total external load

Supply pressure

Return pressure

Pressure in chambers A, B

Laminar — turbulent transition pressure

Servo valve input voltage
Spool displacement coefficient

Servovalve natural frequency
Servovalve damping ratio

Water effective bulk modulus
Total actuator volume

Dead volume in actuator chambers
Actuator angle limits

Hydraulic frequency

Hydraulic damping ratio

Position gain

Velocity gain

Velocity feedback gain

Steady state position error
Inertia — acceleration matrix
Coriolis — centrifugal vector
Gravity vector

Viscous friction vector

[m’/(s Pa)]
[m*/(s Pa)]
[m?/(s Pa)]
[m*/(s Pa)]
[m?/(s Pa)]
[Kg m’]

[N m s/rad]
[N m]

[Pa]

[Pa]
[Pa]

[Pa]
[V]

[rad/s]

[Pa]
[m’]
[m’]
[rad]
[rad/s]

[1/rad]
[1/rad’]

[rad]

[N m s¥/rad]
[N m s/rad]
[N m /rad]
[N m s/rad]
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1 INTRODUCTION

The proposed tap water hydraulic vane actuator presented in this paper is developed for a
second joint of a 2 DOF water hydraulic manipulator. Water has pressure medium is chosen
to drive the actuator. Water is a non-contaminant, fireproof, radiation proof, and ready
available. Many industrial applications (Conrad et al [3]) as food processing, steel, mining,
pharmaceutical and nuclear industry, required particulars cautions that water can provide.
On the other hand, tap water has a very low viscosity relative to hydraulic oil, and can not
in general be recommended today at pressure higher that 160 bar.

The water hydraulic rotary vane actuator is a primary driver for motion control. The vane
actuator is designed with two parts bolted on the shaft and the external cover is divided in
five parts. The leakage and the lubrication are the most critical problems due to using water
as fluid, but can be solved through the use of stainless steel or titanium and modern sealing
polymer material as PEEK, and a particular attention in the bearing design.

2 SYSTEM DESCRIPTION OF DEVELOPED VANE ACTUATOR AND
MANIPULATOR

The developed vane actuator has 270° of travel and can provide 1120 Nm as a theoretic
maximum torque at the supply pressure 140 bars. The actuator is made of high quality
stainless steel, weighs about 19 Kg and the overall dimensions are @ 150 x 140 mm. The
servovalve chosen to drive the actuator is the Ultra Premier Range 4658 Series with 9.6
/min rated flow at 70 bars. The valve is directly connected to the actuator to keep the bulk
modulus around the water effective value.

PEEK
Vane sealing

Shaft External

sheel
P \ Pg

Side PEEK
sealing

Port B
Port A

Figure 1 Schematic of a water hydraulic vane actuator
The two-links robot is driven by a double vane actuator as a first joint and the analyzed

actuator in the single vane configuration as a second joint. The total manipulator length is 2
m and the all robot weight is around 60 Kg.
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Joint 2
Vane actuator

Joint 1
Vane actuator

/4

Figure 2 Schematic of water hydraulic robot manipulator driven by vane actuators

3 MATHEMATICAL MODELING AND CONTROL OF WATER HYDRAULIC
VANE ACTUATOR

3.1 Fundamental equations
First, we present the fundamental equations used in the proposed model. For the
servovalve, we use the turbulent law through the orifice.

1 1

Q. =K'x,,,/—(1i~—PA) 0., =K"xv,/—(PS—PE)
P x,20 () P
1 1

Q.. =K'xy,/—(PB—PT) Qm,.h=K'xv,/—(PA—PT)
p p

Where K is the turbulent coefficient calculated from the servo valve datasheet. In the vane
and arm model we use the continuity equation and the Newton’s second law.

x,<0 @

deo V. d(P-P) g¢-0 dP dP,
0 =9 —+K (P -F)+— + (—+—) 3)
dt ‘ 443 dt 28 dt  dt
(P.-P)q=b -6+J 6+T (4)

The leakage through the vane chambers and the servo valve is modelled as a laminar flow
by the coefficient K, = K, + K . Two simulation models, a linear and a non-linear model

of the water hydraulic valve controlled rotary vane actuator are introduced in this section,
respectively.
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3.2 Linear model of water hydraulic vane actuator

The linear mathematical model is used for the theoretical analysis and simulation of the
dynamic response of the vane actuator. Figure 3 show a block diagram presented in
Simulink.

Qo—
Theta ret

Gain Position Gain Velocity Total inertla moment

Setvovalve

Velocity feedback

Figure 3 Linear Simulink model water hydraulic vane actuator

The servo valve dynamics from the voltage input signal to the spool displacement is
modeled approximated by a second order transfer function.

&K (5)
Au s 268

— t—s+l)

w w

Where K =K, / R is related to the servovalve’s configuration, @ is the natural

frequency and o is the damping ratio of the servovalve. The equation that can describe the
pressure-flow curve being linearized by using the Taylor’s series

QL = quv - KCPL (6)

Assuming a critical mach spool center valve operate in the most crucial situation to assure
stability, Q

o =P ,=x,=0, we can assume K =0. Also the non-linear term in the

continuity equation be neglected, assuming |q~6’| <<V, . Using the described linearised

equations above, we can figure out the transfer function below.

q

K V
“(1+———3)T
q 4bK

2 u-

s 20
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Where @), and 511 are the hydraulic frequency and damping ratio, respectively.

@, = ®)

K J b V.
5h _ ce ﬁe 3 - t (9)
a NV 4q\NBJ,
Since we consider K =0 and the term K =K +K /2+K_  is associated only to the

leakage and the damping is mostly related to the second term. If we consider the non linear
equations, the first term became prevalent, so the system stability in the linear model is
more critical because the damping is lowest. We chose a control system with position
velocity feedback. So the transfer function for 7, =0 became:

K ‘K -K -q

p v 4

9—: s 26 2 2 (10

ref (A7+4s+1)~|:K ‘W~s3-J +HK -(W-b+J))-s +K -b+q )'5:|+K ‘K -K -qgs+K ‘K -K -¢q
) ce t ce t ce v t ¢ p v q

where W is defined as an auxiliary variable added to simplify the equation (10)

v
W=—
4‘BG-KM

Analyzing the linear model, we can estimate the steady-state error for a step input and the
stability range. The first is effect to the external load and can be reduced by decreasing the
leakage and increasing both the position and the velocity gain. Position error

KCC‘ 7’;‘

e =t (11)
K,K.K,q

Neglecting the valve dynamics, we work out an easy form for the stability, by applying the
Routh-Hurwitz criterion. The system is stable for

W +J )¢’ +K,KK,q+K,)>WIK,KK,q (12)

3.3 Non linear model of water hydraulic vane actuator

The non-linear model is used to validate a control scheme with position and velocity
feedback, and to verify robot test trajectories in the free space. It consists of three
subsystems: (1) a model of the servovalve, (2) a model of the vane actuator, and (3) a
model of the manipulator arm. The four ways servovalve is illustrated in Figure 4.
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Figure 4 Four ways servovalve scheme

The spool dynamic is modelled approximately by the second order transfer function
described before and the valve is simplified by defining four sub block, one for each orifice.
The flow through the orifices is calculated switching from the laminar to the turbulent

cquation when the pressure difference became higher than the transition pressure P .

Instead of the laminar flow equation described before, we use a second order interpolation,
worked out by using the Lagrange method to keep the continuity of the first derivate in the
transition point.

K(AP-3P))
== (13)
In both case the flow is linear proportional to the spool displacement and the input voltage
is limited to the maximum value of the servovalve.

The vane actuator is modeled considering both the chambers. From the continuity equation
we figure out the equations to obtain the pressure in each chamber through the integration.

V,,tq- (6, +6) "V, +q-(0, —6)

min max

PA:

We consider also the flow through the two chambers, proportional to the leakage
coefficient

Qlculmgf = Kuu (P1 - PB) (16)

The arms motion equations proposed by Schiller [2] are expressed trough the direct
application of the Lagrange-Euler formulation to non-conservative systems.
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T = D(0)6 + h(0,0) +c(0) + b(6) (17)

Where D is the inertial acceleration matrix, and h, ¢, b are the Corioli’s centrifugal,
gravity and friction vector. Since the angular velocity is slow (< 5 rad/s), it makes sense
here to assume to ignore the Corioli’s impact and centrifugal terms.

=
E
L
L
Fyy

>
"N pA&PpB

2
I Torque

Figure 5 Simulink model of vane actuator modelled by non linear scheme

4 SIMULATION RESULTS AND DISCUSSION

4.1 Water vane actuator

The leakage flow rate is the most critical parameter in the water hydraulic vane actuator,
because the viscosity is lower compared to mineral oil. The first simulation was checked a
single vane actuator with only one arm connected and 60 Kg end mass. The input signal is a
step, from the lower position (null gravity effect) to the horizontal position (7 / 2 rad).

Two leakage coefficients are compared and the response is shown in the Figure 6. When
K _=5e—12 the response is slower and the steady state error is 2.8%, according to

equation (11).

Table 1 shows the maximum torque and leakage flow rate obtained testing the previous
model with an over range load mass.

Kcr Twax % TnomiNaL QLEAKAGE % QxomiNAL
5,00E-13 1071Nm 95.63% 0.41 litre/min 4.27%
5,00E-12 820Nm 73.21% 3.08 litre/min 32.08%

Table 1
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Figure 6 Step response for different leakage flow rates

The two tests above bear witness that the leakage flow rate does affect mostly the steady
state error and the actuator maximum torque.

4.2 Robot manipulator test in free space

Finally we test how the two-link robot can follow simple shape paths: a square and a circle.
The input signals comprise few ramps and the slope is opportunely set up, hence the robot
can follow the trajectory according to the maximum actuator speed. The all test were
running in 4 seconds.

0.6 - 0,55 -
[ N S Reference | | | = Reference
— Response — Response
0.55 0,5
£ o5 E 45
- 0.5 >
0,45 - 0.4 1
0‘4 . . . , 0,35 T T T 1
1,35 1.4 1.45 15 1.55 1.35 14 145 1.5 1,55
X [m] X [m]
Figure 7 Circle path test Figure 8 Square path test

Figure 9 and 10 show the position error for the two tests ran. The steady state error is the
main root of the defect, and it cannot be correct slowing down the test’s speed.
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Since the leakage coefficient is set at Se-13 m° / s - Pa , to improve the model, we can only

adjust the gains securing the stability also for a null external load. During the all test, the
slip range from 3 to 6 mm.

8 8
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5 5 | "
L w3
2
T 1
0 0
3 4 5 8 4 45 5 55 6
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Figure 9 Position error circle path test  Figure 10 Position error square path test

5 EXPERIMENTAL RESULTS AND DISCUSSION

To evaluate and validate the proposed models we did compare our results with some
experimental results earlier presented by IHA Tampere University’s research measurements
from a similar robot manipulator driven by tap water hydraulic components [4].

In the next test the single arm models are ran in the open loop configuration from the
vertical position, with zero gravity effect. The valve is kept open for one second. As shown
in Figure 11, both the linear and the non-linear model match well with measurements
position response performed the by a real vane actuator device by IHA, Tampere.

— | |
g A R U N—
< | - - - Linear Model 1
K i o I T =
= 1 — - Nonlinear Model
E 05 ———mp e —
a 1 —— Measured ‘

| |

________ Y S
| |
1 3
1,5 2 25

Time [s]

Figure 11 Open loop position response, simulated and experimental results.
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Looking the velocity response in Figure 12, the linear model occurs some errors during the
valve opening due to the large step input signal. In general, the simulated response with the
linear model agrees well with the non-linear model and with measured response, and
therefore the linear model can be used to simplify the controller design.

— Linear Model
— Nonlinear Model
- Measured

Velocity [rad/s]
|
|
|
|
|
|

_|
|
|
|
|
|

2 25

Time [s]

Figure 12 Open loop velocity response, simulated and experimental results

6 USING 3D CAD/CAE MODELLING AND DESIGN OF WATER HYDRAULIC
ACTUATOR AND ROBOT

Figure 13 shows the proposed novel design of the water hydraulic rotary vane actuator by
using CATIA for the development and design.

Figure 13 A novel CAD model of the water hydraulic vane actuator
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Figure 14 A view of the 3D CAD model of the novel two-link robot manipulator

The housing is separate in five cylindrical parts and both the vane are connected by screw
to the stator and the rotor. The bearings are lubricated by water and protected with seals on
the shaft. All the dynamic seals are made in PEEK material that can perform good
performance versus the stainless steel.

The designed vane actuator driven robot has two links and is illustrated in figure 15.

The water hydraulic vane actuators equipped by the servovalves and the electronic control
devices drive the robot arm manipulator. The robot arm manipulator is undertaken for the
design to be improved for a 6 DOF robot arm manipulator.

7 CONCLUSION AND OUTLOOK

The contributions presents research results using IT-Tools for CAD and dynamic
modelling, simulation, analysis and design of water hydraulic actuators for motion control
of machines, lifts, cranes and robots. Matlab/Simulink and CATIA were used as IT-Tools
for the development and design a novel water hydraulic rotary vane actuator for robot
manipulators. Furthermore, presents proposed mathematical modelling, control and
simulation of water hydraulic rotary vane actuator applied to power and control a two links
manipulator and evaluate the performance. The obtained results shows that even with a
simple control system as a position feedback and an internal velocity feedback, the robot
manipulator performance a good accuracy following trajectory at slow speed. In general,
the simulated response with the linear model agrees well with the non-linear model and
with the presented measured response, and therefore the linear model can be used to
simplify the controller design.
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The applied mass located at the TPC of the robot arm decrease the hydraulic frequency
benefits the system stability. On the other hand, the position error is approximately
proportional to the external load. The control gains cannot be optimized for all the load
range and therefore a compromise have to be made. All the control parameters have to be
optimized.

The non-linear model can be used instead the experimental design, at least for primary set
up and provide good possibility to improve the control system. The robot manipulator was
developed driven by the electronic control devices, and the robot arm manipulator is
undertaken for the further design to be improved for a 6 DOF robot arm manipulator.
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Analysis of Fault Tolerance of Digital
Hydraulic Valve System
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ABSTRACT

The interest for fault monitoring and prevention of failures in mobile valves has increased
lately. Most modern mobile valves monitor their state continuously and in case of a failure,
the actions are usually limited only into fail-safe functions. Pulse Code Modulation based
digital hydraulic valve system has some good features concerning fault-tolerant control.
The programmability of the valve system allows re-configuration of the controller with
only a small reduction in performance. This feature is analyzed and tested with hydraulic
boom mockup. The results show that if the fault is detected, the valve system is capable for
operating even if some valves are out of order.

KEYWORDS: Digital hydraulics, fault-tolerant mobile valve, Pulse Code Modulation

1. INTRODUCTION

Fault tolerance has been researched a lot lately. Especially the areas of fault-detection,
condition monitoring and fault-diagnosis have been studied in many different areas of
technology [1, 2]. Monitoring and condition diagnosis of hydraulic valves in industrial
applications has been researched by Rinkinen et al. [3] and Lurette et al. [4]. Although the
area of fault tolerance has developed lately, no commercial proportional or servo valve is
actually fault-tolerant. The system can be made fault-tolerant e.g. by doubling some
components or even the whole system as is often done e.g. in aerospace hydraulics [5].

Fault-tolerance is an important aspect especially in the area of mobile hydraulics where
faults may stop the whole machine and create financial losses and significant time delays.
Mobile hydraulic proportional valves are used to control actuators in different mobile
applications. The requirements for such valves are robust design, fail-safe features, fairly
accurate control, relatively small size and low price. The valves that are commonly used
nowadays have troubles fulfilling all these expectations and therefore new, better valves are
needed. One possibility for better flow control is to use digital hydraulics where the basic
idea is to move the intelligence into controller and use simple on/off valves that are
connected in parallel into PCM (Pulse Code Modulation) based series [6, 7]. Such system is
called a digital flow control unit (DFCU) [7]. A complete digital hydraulic valve system

Power Transmission and Motion Control 2005 Edited by C. R. Burrows, K. A. Edge and D. N. Johnston
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consists of four DFCUs, one for each land. The drawing symbol of a DFCU with n on/off
valves and a digital hydraulic valve system with four DFCUs are presented in Figure 1.

Actuator (A)

Actuator (B)

Figure 1. Hydraulic drawing symbol and maximum flow rate of a single DFCU (left)
and Digital Hydraulic valve system with four DFCUs (right)

The digital hydraulic valve system has potential for replacing commonly used proportional
or even servo valves in applications that require good controllability as Linjama et al. have
shown [8, 9]. Laamanen et al. [10] published the first experimental comparison between
DFCU and a commercial proportional valve and the results showed that both systems have
their own good features and also some drawbacks. In normal conditions, the measurements
showed that the DFCU is practically leak free, the response times are fast and the linearity
is good.

1.1 Common faults in mobile applications

Common faults in hydraulic systems mainly include problems with pumps, hydraulic
motors, cylinders, valves, filters, accumulators and hoses [11]. Also problems with seals are
known to exist [12]. Thorstensson and Lévroth [13] studied the failures in hydraulic circuits
with four different machines for three years. They found out that the failure rate of
hydraulic valves is 69 faults in 10° hours. Same numbers for pumps, hydraulic motors,
cylinders, filters, accumulators and hoses are 34, 237, 318, 14, 43 and 90. The problems for
valves were usually jamming of the spool and leaks. The failures were caused by
contamination, wearing, external damages, manufacturing or material error, maintenance
error or excess load.

The common failures of forest harvesters have been researched by Hinninen et al. [12]. The
studied harvester had 32 mechatronic failures during the reference period and 15 of them
were faults with sensors, 10 were related to power and data transmission and included
electric cable breakages and problems with connectors. The other 7 faults were related to
mainframe and control systems. The same research also studied the faults of a mobile
hammer drill and it had 31 mechatronic faults that included 12 sensor faults, 10 were
related to power and data transmission, 5 control system failures and 4 failures with
hydraulic valves and actuators.

It is typical for multi-functional machines, such as harvesters, that a single error halts the
whole system. The harvester stopped completely 22 times and all of them were because of
problems with sensors, electric cables, connectors and valves. The hammer drill was
stopped 2 times because of sealing problem and jamming of spool valve caused one stop.
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One stop was caused by control system of the valve. Six percent of all failures with
actuators in systems were related to proportional valves. Jamming of the valve was the
main reason at 45% of the cases, driver transistor at 45% and 10% were caused by a fuse.
[12]

1.2 Common faults with spool and poppet valves

Most errors in valves are caused by either control electronics or jamming of the spool. The
jamming is usually caused by contamination or bad assembly. The main problems with
poppet valves are increased internal leaks caused by contamination and fracture of chilled
armature [11]. The return spring can be a problem for both poppet and spool valves
although the breakage of the spring is not usual. The congestion of pilot stage can also be a
problem in some valves [11].

1.3 Faults defined by safety standard

The SFS-EN ISO 13849-2: Safety of Machinery. Safety-related parts of control systems.
Part 2: Validation —standard [14] defines several safety categories and demands for them.
One part of the standard is hydraulic valves and some of the defined faults are: change of
switching times, non-switching (sticking at an end or zero-position), incomplete switching
(sticking at a random intermediate position) and leakage.

2 FAULT TOLERANCE OF DIGITAL HYDRAULIC VALVE SYSTEM

Fault-tolerance in a system is a wide concept and it can be defined in many ways. One
extensive definition can be found from the area of control systems [15].

o  Fail-operational: The system is able to operate with no change in performance
despite any single point failure.

e Fault-tolerant: A system is able to continue operation and degradation of
performance may be accepted.

¢ Fail-safe: The system fails to a state that is considered as safe in either general or
specific application.

e  Passive Fault Accommodation: Robust design of the system covers certain faults.

e Active Fault Accommodation: Detection and isolation of a fault leads to a change
in the system to accommodate a fault. May include re-configuration but is not
limited into it.

Modern mobile hydraulic directional flow control valves are commonly considered as fail-
safe and also some passive fault accommodation can be found. Usually mobile valves are
driven into centre (neutral) position when a fault occurs. Also some error signal is usually
transmitted to user with led or e.g. via CAN bus.

Digital hydraulic valve system can also be made fail safe since all the on/off —valves have a
return spring. On/off valves are also generally considered as robust and therefore the
passive fault accommodation exists. The big advantage with digital hydraulic valve system
is that in case of a valve fault it might be possible to achieve fault-tolerant system if the
controller is intelligent enough and the feedback signals are adequate. The basic idea of
fault-tolerant control of the valve system is the re-configuration of the controller.
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The key to the fault-tolerant control is fault-detection. A faulty acting valve can be detected
in several ways, e.g. from coil current, voltage, resistance or inductance, pressure signals,
flow rate or position sensor (spool/armature or position/speed of the actuator). The fault-
detection is not studied in this paper.

2.1 Fault tolerance of digital flow control unit

If one or more on/off valves in a DFCU are acting faulty and the fault is detected and
located, the effect of fault can be minimized by re-configurating the controller. If the faulty
acting valve is for example closed, the controller disables all faulty acting opening
combinations and calculates the next best combination from this reduced search space. The
re-configuration is relatively simple to apply but on the other hand the controllability
weakens since the search space is smaller. The re-configuration also reduces the maximum
flow rate of the DFCU.

Figure 2 presents a DFCU with a faulty acting valve that remains closed regardless of the
control signal. If the fault is not detected, the effect is the biggest with the biggest valve.
The controllability suffers greatly and the valve system may even cause actual damage
when controlling the actuator with half of the maximum flow rate and increasing slightly
causing a total stop. Even if nothing breaks, the resulting pressure peaks and possible
oscillation can make the actuator unusable. In this case the fault-detection is vitally
important. If the fault is detected, the re-configuration of the valve controller can be done
and the system can continue even without any significant degradation in performance. The
smallest help from the re-configuration is for faults that are detected in the second biggest
valve, where controllability suffers especially in the middle section of the valve opening
range. This kind of fault only affects the system when the DFCU is actually used. For
example if the fault is in DFCUp_,, and the controller passes flow from pump to B-port
(DFCUp_3), the fault does not affect the behavior of the system at all.
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Figure 2. The effect of a faulty acting valve to DFCU performance
(Opening vs. DFCU opening combination)
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If the faulty acting valve is e.g. jammed into open position, the effect of the re-
configuration is smaller. The extra leakage through the DFCU limits the minimum flow rate
and reduces the controllability.
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2.2 Fault tolerance of digital hydraulic valve system

When the digital hydraulic valve system is made with four DFCUs it is possible to
compensate the error in one DFCU with correct control of another DFCU. The re-
configuration can be done even without significant degradation in performance. If the
on/off —valve is closed all the times, it is easier to compensate. The re-configuration of one
DFCU is done as presented in section 2.1. Since the re-configuration of one DFCU
decreases the controllability of the DFCU, it is improved with the other DFCU that is
connected to the same actuator port.

If an on/off valve in e.g. pump side DFCU is jammed into open or middle position, it
causes an extra flow to actuator. This can be compensated by passing the extra flow directly
into tank. This is presented in Figure 3. The effect of the fault is O, which is an extra flow
through the valve to the actuator. In this case the correction would be Q that is passed
directly into the tank. The correction creates an extra leakage through the valve system but
the actuator is still usable.

Qpa Actuator (A) Qar
Qpa

Actuator (A) Qar

Qpa
Qpy (n\
N
(

Qsr
Qps+ QF Actuator (B) Actuator (B)
One or more on/off valve(s) with flow The opening combination of one
rate Qris/are acting faulty or more extra valves are switched

to compensate the fault in flow
from port P to port B. The correction

Desired flow = Q Qc is done with tank side DFCU.
Real flow = Q

Figure 3. Faulty acting valve passes extra flow to the actuator (P—B) (left) Re-
configuration eliminates the fault by passing the extra flow into the tank (right)

An estimate of the flow rate to the actuator’s B-port is presented in Equation 1. The Oy pp
and Qy pr are the flow coefficients that depend on opening combinations upp and uzs, pp is
port pressure, ps is supply pressure and pr is tank pressure.

Oy = QN,PB (”PB )\/ Ps—Pp — QN,BT(”BT )\/ Pp—Pr @

Figure 4 presents the effect of a faulty acting valve that is jammed into fully open position.
The presented valve system is on the pump side and the pressure difference of both DFCUs
is assumed to be the same. The correction is made with the tank side DFCU.
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Figure 4. The effect of a faulty acting valve to DFCU performance, ideal case (ps — pp
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If the valve, that is jammed, is located on the tank side DFCU, the effect is bigger and
harder to compensate. The fault will reduce the maximum flow rate and possibly even
prevent the valve system from working. The problem is emphasized by the bigger pressure
difference that creates a bigger flow. Figure 5 presents a typical connection of the half of
the digital hydraulic valve system to B-port of a double acting cylinder. The pressure
difference of the pressure side DFCU (pp - pp) can be even 10 times smaller than the
pressure difference on the tank side DFCU (p; - pr). A big on/off valve that is jammed to
open position can leak so much extra oil through the DFCU that it is not possible to operate
the device without severe energy losses and reduced controllability. In such cases not even
re-configuration helps. For example with the biggest valve, the extra flow from actuator to
tank can be even over 100 I/min with typical port and supply pressures in mobile
applications. On the other hand if the broken valve is small enough, it is still possible to
compensate the fault and also gain fairly good controllability. The limit between
controllable and uncontrollable system is a little bit fuzzy since it depends on the
application. Even if the system can be controlled, the power loss caused by the correction
can be too big to handle.
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Figure 5. Typical connection between the digital hydraulic valve system and the B-
port of a double acting hydraulic cylinder

If the valve is jammed into open position, the extra flow must be somehow estimated or
measured. If the characteristics of the faulty acting valve are well known, the flow can be
calculated from the pressure difference. Since the flow depends on more than just one
parameter the calculation is not always correct. For example the temperature of the fluid
can cause big changes in static and dynamic characteristics of the on/off valve [16]. If the
application demands more accurate control, the flow must be either measured or calculated
e.g. from actuator movement.

3 TEST SETUP

The effects of some different faults described in ISO 10770-1 -standard are tested in real
conditions by using a hydraulic boom mockup.

3.1 The digital hydraulic valve system

The studied digital hydraulic valve system consists of four DFCUs which are in PCM based
binary series. The binary series is done with orifice disks mounted on the bottom of the
cavity between the valve block and the valve. Each DFCU has four Sterling Hydraulics
GS02 05 pilot operated cartridge type screw-in on/off valves and one Sterling Hydraulics
GS 02 70 directly controlled on/off valve. The PCM-based binary series is created with
external orifices by using the same orifice diameters as was used by Linjama et al. [8]. The
valves are controlled with 20 channel control box and each channel is controlled with
International Rectifier IPS0151 SmartFET. The valve system is controlled with PowerPC —
based dSPACE DS1005 microcontroller board and SmartFETs are controlled via DS4001
1/O card.

3.2 The hydraulic boom

The valve system is tested with a hydraulic boom that has similar dynamics as with a boom
used in middle sized mobile machines. The same boom has also been used by Linjama et al.
[8, 9]. The boom is four meters long and it is pivoted from the centre. The transmission
ratio between boom tip and cylinder piston is about 10. The test system is presented in
Figure 6.
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Figure 6. Hydraulic circuit of the test system

3.3 Controller parameters

The open loop controller is basically the same as was used by Linjama et al. [9] with slight
modifications. The original valve system had only two DFCUs and one 4/2 valve to change
flow direction. Since the studied system has four DFCUs, the controller now commands
them all. Although the “four-block™ —structure allows independent controlling of all lands,
only two of them are controlled at the same time. The trajectory used in all measurements is
basically the same as was used by Linjama et al. [9]. The sampling time is reduced from 60
ms to 40 ms due to faster control electronics. The delays of individual valves vary
depending on valve types and orifices and therefore some of them need to be delayed.
These delay compensations are the same as was used by Linjama et al. [8]. The open loop
controller needs some parameters in order to control the system correctly. The load force
estimate is 9 kN and the supply pressure estimate is 7 MPa.

3.4 Measured faults

The measurements include individual valve faults where valve does not open. These faults
can be caused e.g. by bad electrical connection, faulty acting control electronics or jammed
valve. The faults are created with software by disabling certain valves in certain DFCUs.
The measurements include tests where the controller knows that the fault exists and tests
where the controller does not know that the fault exists. The measurements also include
tests with reduced supply voltage. The measured faults are also part of ISO 10770-1 Test
methods for four-way directional flow control valves —standard [17].

4 EXPERIMENTAL RESULTS

The measured signals include piston position, supply and port pressures. The opening
combination of each DFCU, or the valve state, is also presented. The maximum state is 31
for all DFCUs (2° - 1 =31).
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Figure 7. Digital hydraulic valve system with no faults (left) and with reduced supply
voltage (right)

The system with no faults and the behavior of the valve system with reduced supply voltage
is presented in Figure 7. The 15 VDC voltage increases pressure peaks and causes jerky
motion. This is caused by increased valve opening delays. The behavior with 10 VDC
supply voltage was also measured but then the piston did not move at all. With 20 VDC no
significant disturbances were noticed.

Figures 8 and 9 present the system with two faulty acting valves, one for each direction.
The fault on DFCUp_4 is effective in positive cylinder movement (increasing piston
position) and the fault on DFCUp_,5 can be seen in negative cylinder movement (decreasing
piston position). The faults do not effect on each other. The effect of one faulty acting small
valve can be seen only in pressure curves. The piston velocity follows the reference
velocity quite accurately when comparing to the system with no faults. Figure 8 presents
the behavior of the system with second smallest valve acting faulty. The measured position
is still good in both cases. When the third biggest valve is acting faulty, the system cavitates
heavily and the piston velocity has a notch in both acceleration and deceleration sector. If
the controller knows that the fault exists, the curve is fixed and the cavitation reduces. The
notches in piston velocity disappear when fault is known and corrected. The same kind of
phenomena exists also on the tank side DFCUSs.
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Figure 8. Digital hydraulic valve system with valve 2 on pressure side acting faulty

Figure 9 presents the behavior of the system when the second biggest valve is acting faulty.
The piston velocity has big notches if the fault is not known. The system also cavitates
heavily and the maximum velocity is significantly reduced. The fault can also be seen in
control signals, where the state is not rising and falling smoothly. When the fault is known,
the cavitation and jerky motion are almost completely gone. The fault can still be seen in
pressure curves but the system is quite operational. The fault on the tank side causes similar
effects.
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Figure 9. Digital hydraulic valve system with valve 4 on pressure side acting faulty

The Figure 10 presents the system behavior when the biggest valve on both tank side
DFCUs are acting faulty. The faults don’t effect on each other. The effects are big
especially in piston velocity and piston displacement. When the fault is known, the system
works well without any significant reduce in performance although the maximum velocity
is now limited. If the fault occurs on the pump side DFCU, the fault only effects when the
cylinder is moving into positive direction. There the effect is similar to tank side fault
except that the pressure peaks are lower and system cavitates heavily. On the other
direction, the desired flow rate never reaches an opening combination where fault could
affect the performance of the system.

The improvement between the system with undetected fault and the system with correct re-
configuration is the biggest when the fault is in the biggest valve on the tank side DFCU.
The re-configuration has smallest help on the system behavior when the faulty acting valve
is the second biggest.
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Figure 10. Digital hydraulic valve system with valve S on tank side acting faulty

5 SUMMARY

The study focuses on analyzing possible ways to improve the fault tolerance of digital
hydraulic valve system. The analysis shows that a fault in some of the smaller valves has
only a little effect on performance of the system. The bigger valves are more critical since
they have bigger flow rates. If the valve jams to open position, the fault can be corrected
with re-configuration if the amount of flow that passes through the DFCU is known.
Although the correction might cause internal leakage that reduces the efficiency or reduced
performance of the system when comparing to fully functional system, the result is almost
fully functional system capable for operating long before actual maintenance is required.
This increases the flexibility and possibly productivity of the system.

The experimental tests cover some valve faults, where on/off valve sticks into closed
position and also some electrical faults where supply voltage decreases. The experimental
results show that the valve system where fault is not detected might create high pressure
peaks, sticky motion or even total loss of controllability depending the valve and DFCU
where the fault is. The bigger valves are the worst and especially the valves on tank side
DFCUs. If the fault is in smaller valve, the effect is rather small and does not necessarily be
even corrected if the system does not require highly precise control. If the fault is detected
and the re-configuration of the controller is done, the system is capable for relatively high
accuracy with significantly smaller pressure peaks.
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The key point in fault-tolerant control is to detect the fault. If the fault is not detected the
system is not fault-tolerant. On the other hand, if the fault is detected, the system, e.g.
mobile machine, is capable for continuing work without any significant degradation in
performance.
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ABSTRACT

Detecting the failed component from an unhealthy hydrostatic transmission system is
usually not a straightforward task. Failure in either main component (pump or motor) can
cause similar effects to the whole system. Unnecessary component replacements can play
remarkable role in costs. In addition, diagnosing time can be significant cause of downtime
costs. Analytical analysis methods shorten the diagnosing time and prevent needless
replacement of healthy components. The paper is concerned with combination of two
different kinds of analysis methods.

The most vulnerable components of the hydrostatic transmission are determined with the
aid of Failure Mode, Effects and Criticality Analysis (FMECA). The FMECA analysis form
is tailored to suit especially to the condition monitoring purposes. A disadvantage of the
FMECA is that each component is analyzed individually and combinations of failures are
not typically taken into account.

The Fault Tree Analysis (FTA) is used for representing the interaction between failures and
basic events of top failures. FTA can handle combination of failures, but it is not ideal
when dealing with symptoms of failures in individual components.

The combination of FMECA and FTA is used for creating troubleshooting charts for
locating the failed component in the system. The charts are composed so that diagnosing is
started from the failure that is the easiest to detect. The analyzing level of the related system
is designed so that it reveals the smallest component or part of it that is replaceable in field
conditions. The analysis methods can also be used for detecting the root cause for the
malfunction and so to prevent future failures to occur.

Finally, experiences from field of using troubleshooting charts based on FTA and FMECA
are presented.

KEYWORDS: Fluid power, diagnosis, troubleshooting, FMECA, FTA
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ABBREVIATIONS

FMECA Failure mode-, effects- and criticality analysis
FTA Fault tree analysis

HST Hydrostatic transmission

1 INTRODUCTION

The hydrostatic transmission system is in principle very simple system, including only two
main components, pump and motor. However, recognizing the exact fault and locating the
failed component is usually not a straightforward task. Failures in either of the main
components can cause similar undesired effects for the whole mobile machine.

Locating the failure is often more time-consuming task than replacing or repairing the
failed component. Decreasing the time used for troubleshooting leads to decreased
downtime and hence decreased repairing costs. Using different analyzing methods for
finding failures may speed up repairing tasks. Different kinds of analyses could also be
used for training of maintenance personnel. When troubleshooting is done systematically
by a certain procedure, every possible failure will most probably be taken into account.

In this paper, two commonly used analysis methods Failure Mode, Effects and Criticality
Analysis (FMECA) and Fault Tree Analysis (FTA) are presented. FMECA is used for
systematic study of each component in the system. It is tailored to suit especially in to
condition monitoring purposes, but can also be used to analytically study the system. FTA
is a TOP-DOWN construction method where a failure seen by the operator is selected as
the starting point of the analysis.

Troubleshooting charts for maintenance personnel are presented in the end part of the
paper. In addition to maintenance personnel, the troubleshooting charts can also be used by
the machine operators for early investigation of failed machine.

1.1 The system under study
The studied system is a hydrostatic transmission of a mobile machine. The simplified
hydraulic circuit of the system is presented in Figure 1.
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Figure 1. Simplified hydraulic circuit of the hydrostatic transmission system under
study.

The diesel engine drives hydraulic pump, which is in this case a variable displacement axial
piston pump. The pump provides flow for the hydraulic motor, which is a variable
displacement axial piston unit. In addition, there are several auxiliary components such as
boost pump (fo keep adequate pressure in the return line) and flushing valves (to cool and
clean the medium). The pressure in the power lines can be up to 450 bar. The used pressure
medium is usually mineral oil but also vegetable oils can be used. [3]

2 ANALYSIS METHODS OF HYDRAULIC SYSTEMS

To analysed hydraulic systems effectively and productively thorough understanding of the
system is needed. Drawings, operation descriptions, hydraulic diagrams, wiring diagrams,
component specifications, and cross-sectional drawings are in good assistance during the
course of the analysis. Quick and efficient troubleshooting requires that certain logical steps
are followed to locate malfunctions in the shortest possible time. [1, 2, 6]

In the following sections, two commonly used analysis methods; failure mode-, effects-,
and criticality analysis (FMECA) and fault tree analysis (FTA) are shortly presented.

2.1 Failure mode-, effects-, and criticality analysis

The Failure Mode, Effects and Criticality Analysis (FMECA) is an engineering quality
method developed primarily for military purposes in USA in the mid of the past century. It
is the first and the most common method used in reliability engineering. The need for
FMECA was arisen when systems were getting more and more complicated and electrical
control systems became more common. There are also various software tools for creating
FMECA. [7, 4]

FMECA is a systematic procedure by which each potential failure of system is analysed.
Each failure mode is classified according to its severity. [7]

FMECA is effective especially when it is applied to components which faults causes the
failure to the whole system. Disadvantage of the FMECA is that each component is
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analysed individually and combinations of failures are not taken into account. In addition,
FMECA is carried out to each failure regardless of how significant or insignificant the
failure mode is. This causes unnecessary documentation work and significant results can be
snowed under the data. [7]

2.1.1 FMECA —form for condition monitoring purposes

The conventional FMECA —form made for the maintenance point of view has some
restrictions. For example, it is not possible to evaluate how easy or difficult each faults are
recognizable. Therefore, a new analysis form (with that feature) was tailored to suit
especially for condition monitoring purposes. An example of proposed FMECA —form is
presented in Table 1. [3]

Table 1. Proposed FMECA —form. [3]

Component Failure effect |S| Possible failures Failure detection Df Cause of failure 0[SO|BestDf| Cause detection | Dc |BestDic| no.
name
Leak out of case Pressure 3|Faulty seals 2 P 3|Visual detection 0 0 |
measurernent
“Wisual detection O|Broken case 1] 0 3|Case pressure 3 3 2
measurerment
Hydraulic Intemal leak (to drain) |Pressure 3|Wear of pistons, 1 3|Visual detection 0 3
Pump Reduced output flow | 1 measurement Wear of valve plate,
Piston shae failure I 3
Flow 1 Ternperature 3
measurernent measurement
Angle measurement 2) Audible detection 0
Faulty seals 2|2 3|Visual detection 0 0 4

The component in the example is the hydraulic pump of the hydrostatic transmission
system. There are four characteristic indexes in the form: severity (S), occurrence (O),
detectivity of the cause of the failure (Dc) and the detectivity of the failure (Df). Severity
index tells how serious the failure is. Occurrence number tells how often the failure will
occur and detectivity numbers represent how well the failure or the cause of the failure is
detectable, which is especially interesting when considering diagnosing or automated
condition monitoring. The product of severity and occurrence numbers is called SO
number. SO number depicts how much attention should be paid to each failure. In addition,
there are two numbers to help presentation of the results, BestDf and BestDc. These
numbers tell the highest detectivity number for current component. [3]
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Table 2. Proposed FMECA —form, field explanations.|3]

Field Description

Component name Name of component under analysis.

Failure effect Effect of the failure. What kind of effect failure has on component?

S Severity number. Describes the severity of the failure.

Possible failures Possible failures for the component in question. One or more failure
for each component.

Failure Detection Detection methods for possible failures. One or more method for
each failure.

Df Detectivity of the failure.

Cause of failure Refers to Possible failures —field. One or more cause for each failure.

O Occurrence number of cause of failure.

SO Severity multiplied by occurrence. The greater value the more
attention should be paid to.

BestDF Highest failure detectivity number for current component. Refers to
Df field.

Cause detection One or more methods to detect the cause of failure.

Dc Detectivity number for cause of failure.

BestDc Highest cause detectivity number for current component. Refers to
Dc field.

Fault ID Number of target

2.1.2 Discussion --- FMECA

The proposed form of FMECA gives additional information about signals that are
reasonable to monitor online or when diagnosing failed machine. This is important when
determining targets to be checked in troubleshooting procedures. In addition, it can give
information about how much attention should be paid to each failure mode in future
development processes. From diagnosis or troubleshooting point of view the FMECA is not
very effective. Analysis is carried out from the component point of view instead of the
failure point of view.

2.2 Fault Tree Analysis

The Fault Tree Analysis (FTA) may be described as a logical representation of the
relationships of primary events that leads to unwanted failure event called as the “top
event”. It is widely used in industrial development processes. Especially, FTA is widely
used from safety perspective. FTA was first presented at the 1960’s by Bell telephone
laboratories. [1]
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FTA represents TOP-DOWN -construction where analysing is started from the undesirable
event (tree root) and logical combinations of sub-events are employed to map out the tree
until reaching the initiating fault. In figure 2 the basic symbols of failure tree analysis is
presented.[1]

Basic Undeveloped
event event

in

out

Transfer

OR gate AND gate symbol

Figure 2. Symbols of fault tree analysis.

Table 3 explains the symbols shown in figure 1.

Table 3. Descriptions of fault tree symbols. [1]

Event Fault event. Result of logical combination.

Basic Event A basic fault event or failure of elementary part.

Undeveloped event A fault whose causes are not been fully developed.

OR gate Output fault occurs if one or more of the input faults
occur.

AND gate Output fault occurs if all of the input faults occur.

Transfer symbol Symbol is used to avoid repeating segments of fault tree
or if the fault tree is too big to one page.

With the help of FTA the critical parts of the system can be identified. The combinations of
faults are also taken into account. FTA includes procedures to calculate probabilities of the
certain failure events. Estimation of probabilities is carried out by using calculation rules of
Boolean algebra. FTA helps also to understand systems ability to tolerate certain failures.

(3]

Top faults of the previously described hydrostatic transmission can be for example like
“Machine will not move”, “Speed control inoperative”, “Inadequate pulling power” or
“Abnormal noise”. Determining the top fault is not necessarily very straightforward. For
example, it may be difficult to say if the problem is “Reduced power” or “Reduced
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maximum speed”. Recognizing the correct top fault requires knowledge and experiences of
the encountered problems in the past. Interviews of maintenance and service personnel are
of great help in this.

An example of usage of fault tree analysis is seen in the figure 3. In the example the top
fault is identified as “The machine will not move”.

Machine will
not Move

No adequate
torque from
hydraulic motor

Electronical
control system
inoperative,

No flow from
hydraulic
pump

Gearbox ‘demanding

breakdown,

Parking
Brake will not
release

Displacement

Increased Control is

mechanical inoperative (too
losses small

Increased
mechanical
losses

Piston ear in
shoe valve
tailure/ \ plate

Stuck
closed

No control
current

Clogged

orifices Leakage

‘Mechanical
breakdown),

Figure 3. An example of FTA “Machine will not move”.

In the example, the top fault “Machine will not move” can be caused from eight different
“high-level” reasons. Top fault is connected to sub faults with OR-gate. There are 5
diamonds to represents faults whose cases are not developed further. This is due to the fact
that analysis in this case focuses on faults especially in hydraulics of the machine. Anyway,
these are written in the analysis form that reader of the analysis form remembers other
possible failures. Other causes for top fault could be faults such as “Broken diesel engine”
or “Gearbox breakdown”.

Hydraulic related faults are located either in pump or in motor. In these cases the analysis is
developed into quite a deep level. Basic faults are very detailed or they are not possible to
be checked or repaired in field conditions. These are like “piston shoe failure” or
“contamination in orifice of the pump controller”.
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2.2.2 Discussion --- Fault Tree Analysis

The process of the fault tree analysis is started from the undesirable event. This is also the
situation from which maintenance personnel starts to locate the failure. FTA takes also the
combinations of faults into account. FTA does not define the troubleshooting order.
Analysis is typically carried out to too deep for troubleshooting point of view. Anyway, the
results of the fault tree analysis is a very effective starting point for composing more
practical troubleshooting charts. The FTA shows not only the critical failures but tells
system ability to tolerate certain failures.

3 TROUBLESHOOTING CHARTS

Logical troubleshooting charts are written to shorten the time used for locating the failures
in hydraulic systems. Just like the fault tree analysis, the troubleshooting charts presents
TOP-DOWN —construction. Locating the failure is started from the symptom noticed by the
operator e.g. “Machine will not move”. The troubleshooting chart is made keeping in mind
the reasonable in practice changeable or repairable assemblies or sub-assemblies. Very
small parts of components of mobile machine are not possible to be changed in the field
conditions. Even dismantling a component in harsh environmental circumstances may lead
to contamination of oil and hence to other problems. [2]

Charts are based on the results of both, the fault tree analysis and the failure mode-, effects-
and criticality analysis. Construction of the charts is adopted mainly from fault tree
analysis. The idea of TOP-DOWN thinking is present in both. In principle the difference
between these two types of methods is the analysis order and the analysis level. The results
acquired from FMECA are used for deciding the checking order and to give additional
information how to check the suspected component or specific fault.

The charts are composed so that diagnosing is started from the failure that is the easiest to
detect. There are a number of things which the operator can check even without leaving the
drivers seat. Usually the first thing to check is whether there are active alarms in the cabin.
Next targets are visual checks like external leaks, mechanical breakdowns etc.

There are many different initial failures which may cause symptoms seen in one top failure.
This may lead to the need for carrying out tests when locating the cause of the top failure.
The results from FMECA are of great aid when planning tests and reasonable targets to be
monitored to reveal the initial causes of the failures. For example, which would be the
signal which would reveal the failure in bearing seen in top fault “Speed control is working
improperly”?

The troubleshooting charts are confined to the detection of the failure in the field. So,
further analysis of alrecady replaced components can be made with the help of FMECA or
FTA. The troubleshooting charts are divided into top faults equally with the fault tree
analysis. In figures 4a and 4b is an example of the troubleshooting chart.



Experiences on combining fault tree analysis and failure mode 155

Machine Will Not
Move
Check that Driving | .
Direction is Active Not ACTIVE — Activate
[
OK!
¥
Check that Brakes Bl
Are not Active ACTIVE '
{
OK!
. Consult
Checg:t')?r:ms N L Alarms ACTIVE =|  Operators
Manual
[
NO alarms
Set-Up
Check parameters Not OK! parameters
I
OK!
Y
Check Diesel Use Diesel
Engine Not OK! Diagnostics
I
OK!
Y
; Leakages Locate and
Check Visual Leaks —— Visible | Repair
]

No Leaks!

Check the Check the Park
Operation of Park Not OK! and Work Brake
and Work Brakes Valves

OK!
\

Figure 4a. Example of troubleshooting chart “Machine will not move”.

In the example the top failure is “Machine will not move”. Locating the failure is started
from the cabin of the mobile machine. The first thing to do is to check if there are active
alarms and make sure that there is no misusage in the machine operation. After that if fault
is still active, troubleshooting is started by visual inspection for oil leaks and carried out
further following the arrows and ruling out the possible faults.
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OK
1]
1eCl
Hydraulic Pump
Check Control
Currents at Pump
Solenoids (leds or Check Plugs and
current [— Not OK—=1 Wiring
measurement)
ok
Y
See
Check Boost .
Pressure <30 bar—a D|afg|;am
T Boost Pressure
OK Check-up
]
Measure Pressure oK Check
in Main Lines FTESSH Hydraulic Motor
: ¥
Pressurevs too Low
Check Rotation of Breakdown in
Check Pressure " . Speedometer > 0 km/h ——| 3
Relief and Cut-off [—Settings too Low—{ Adjust opening the Shaft mechanical gearbox:
Valves T
. =0kmh
OK
Check Check Mot
Di o Not MAX Displacement | Not oK —{Check Plugs and
Check Pressure Motor (eg. From Control Current iring
Difference of __Pressure Replace Control control pressure) T
Control Cylinder too low Valve A OK
1ambers M*AX Y
o ? l Check D Pulling Power of 50 -Not OK—| IS
eck Drivin [ i eplace
C;K Conditions (terrgin) Too demanding-| Machine Insufficient Control Valve
T
. T oK
Mechanical oK [
CEEED (U ¥ Check Constant [~ Not OK—] é‘djulst @
‘ Pressure Valve Splace
Increased Losses of
T
OK
Replace Pump i [
Mechanical damage
in displacement
Replace Motor controlling parts
Replace Motor

Figure 4b. Example of troubleshooting chart “Machine will not move”.

If the fault is not detected after visual checks, control system parameters are correct and
others (diesel etc.) are diagnosed healthy, the fault needs to be searched in the hydraulic
system itself. At first, a simple check is carried out to ensure that the control solenoids can
get control current. Some systems have led lights for that in the control solenoid plugs.
However, measuring the control current to solenoids is more thorough way to check the
current in case of “control currents not ok™.

In order to correctly operate the pump and motor displacement control system need the
correct control pressure. In the pump, this pressure is produced by the boost pump. To
check the correct level of the boost pressure additional transducer is typically needed.

When going further in troubleshooting chart, more additional sensors are needed. For
example both line pressures need to be measured. This in conjunction with blocking the
power lines would reveal whether the failure is in the pump or in the motor. The
troubleshooting is continued depending on the level of main pressures.
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In field conditions, the smallest replaceable component is the controllers of the pump or the
motor. After couple of measurements, it should be clear if the fault is in the controllers of
either main unit or in other parts of them. In latter case, the whole component needs to be
replaced.

3.1 Experiences of using troubleshooting charts

In the following, experiences in using troubleshooting charts are dealt with. The diagnosed
top fault is “Machine will not move”. Troubleshooting is started with the chart seen in
figure 4a. After adding a pressure sensor in boost pressure line it was noticed that it was not
adequate enough. In figure 4b the troubleshooting is transferred to chart “Inadequate boost
pressure”. This chart is partly illustrated in figure 5.

[- o :I - """'"""""-""ifl L S

OK! ~.

-

v N .

Check Direction

Plug Motor Boost Pressure Failure in E
e o — ] Recognition Valve for f—Damaged—j» Replace
Main Lines 30 bar Hydraulic Motor Damage and Wear
' I
Boost Pressure
< 30 bar o
v ¥
Failure in Hydraulic Check Flushing Valve
Pump {PRV and rifices) | _omaged—»  Replace
U |
____________ OK!
g -—I ’’
~, s'ﬂ: Imp. + ‘ ./ .
S N Replace Motor! | . 4
. ~ -
0 P -

N i m == T

Figure 5. Part of troubleshooting chart “Inadequate boost pressure”.

Following the “Inadequate boost pressure” chart leads to diverge point where it is
determined whether the problem is located in the pump or in the motor. This is carried out
by blocking the lines from the pump to the motor. If the boost pressure is still decreased the
problem is located in the pump. Otherwise it is associated with the motor. In this case the
problem was found to be in the motor. After visual inspection of “Direction recognition
valve” and “Flushing valve” the pressure relief valve of flushing valve was found to be
stuck open and pressure from the return line was escaping through that. Flow from the
boost pressure pump was not adequate enough to compensate the extra leakage and so the
boost pressure was sunk. The controller of the pump uses the boost pressure for turning the
swashplate and without the control pressure pump remains at zero displacement. At zero
displacement the pump naturally produces no flow.

Instead of replacing the pump or/and the motor, replacing only the flushing valve solved
the problem with minor costs. Usually problems with the boost pressure are assumed to be
related with the pump but due to construction of the hydrostatic transmission system
pressure can escape also from the motor. This is a problem that is not usually diagnosable
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without blocking the lines to the motor. In the worst case the first component to be replaced
could have been the pump and because this would have not led to desirable result also the
motor would have been replaced.

For further analysis of the problem flushing valve the FMECA can be used (Table 4).

Table 4: FMECA of flushing valve package.

omponent Failure effect S| Possible failures Failure detection Df Cause of failure 0| SO|BestDf| Cause detection | Dc |BestDc| no.
name
PRV stucked closed Pressure measurement 2| Contaminated oil 2[ 4 2 22:5?;0:;“ 1 1 1
Inad te flushi 2
nadequate flushing Pressure selection valve |Pressure measurement 2| Contaminated oil 2[ 4 Oil particle 1 2
" stucked closed measurement
Flushing valve — - - -
PRV stucked open Spool position 1|Contaminated oil 2| 6 2|Qil particle 1 1 3
Execcive flushing measurement measurement
Pressure selection valve [Pressure measurement 2|Contaminated oil 2| 6 il particle 1 4
3]in wrong position measurement

From table 4 it can be seen that problems in the flushing valve are typically caused by
contaminated oil. Sticking of the pressure relief valve or pressure selection valve may be
noticed by pressure measurement. If this kind of fault occurs the condition of oil should
also be checked.

4 SUMMARY AND CONCLUSIONS

In this paper two analysis methods were presented. Failure mode-, effects and criticality
analysis —form was tailored to suit especially condition monitoring purposes. Fault tree
analysis was shortly presented and applied to a hydrostatic transmission system as an
example. Troubleshooting charts based on these two types of analysis were introduced.
Both FTA and troubleshooting charts represents TOP-DOWN construction where analysing
is started from a high level failure. The level of analysis in the charts is chosen so that they
reveal smallest replaceable component in field conditions. This helps to keep the charts as
simple as possible. Due to detectivity estimation, proposed FMECA —form gives great
value when deciding diagnosing order in troubleshooting charts. In addition, it is an
effective tool for further analysing of failed components along with FTA.

According to experiences from the field, it was noticed that with the help of
troubleshooting charts it is possible to locate failures quickly and they can prevent needless
component replacements.
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ABSTRACT

A prototype of a high-precision hydrostatic actuation system, referred to as the
ElectroHydraulic Actuator (EHA), has demonstrated an unprecedented level of accuracy for
large load manipulation. This prototype has been able to move an inertial load of 20 Kg with
an accuracy of 1 micron, and is currently being modified for sub-micron precision
operation. The aim of this paper is to characterize the EHA using an empirical model for
operation in the micron and sub-micron range. Previous experimental studies on the EHA
have indicated that the system is nonlinear, but can be characterized as piecewise linear. The
natural frequency and damping ratio of the EHA varies in a piecewise manner depending on
its operating range, which is largely determined by the magnitude of the input signal.
System characterization at input levels corresponding to micro-precision movements of the
load has not been previously reported and is investigated in this paper. Piecewise linear
empirical models are identified in view of implementing a nonlinear fuzzy control strategy.
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1. INTRODUCTION

A novel hydraulic actuation system referred to as the ElectroHydraulic Actuator (EHA) has
been developed to overcome the drawbacks of conventional hydrostatic systems while
providing high positional accuracy, as presented by Habibi and Goldenberg (2,3). The EHA
uses a bi-directional fixed-displacement pump powered by a variable-speed servomotor
(4,5,6,7,8). The actuator is directly connected to the pump as shown in Figure 1. The
pump’s speed and direction determine the fluid flow to and from the actuator and its
resulting displacement. A prototype of the EHA has demonstrated an excellent level of
performance. Using a nonlinear control approach, it has proved capable of moving a 20 kg
load with an accuracy of 1 micron and a critically damped rise time of 0.3 s. Earlier work
has demonstrated that the behavior of the EHA is both nonlinear and dependant on its input
voltage. In this paper the EHA system will be modeled for input voltages less than 1.0V, a
region where nonlinearities dominate and where precision operational control is most
influenced. Previous work (9) has modeled the system for input voltages greater than 1.0V.

2. EHA SYSTEM

A brief introduction to the EHA system is beneficial at this point. The EHA system consists
of the following components: Controller, Electric Motor, Bi-Directional Gear Pump,
Accumulator, Sensors (Pressure, Position and Speed), Crossover Relief Valve, Symmetrical
Actuator, and Load. A simplified schematic of the system is shown in Figure 1.

Accumulator
\ .
Controller Symmetrical
Cross- Actuator
Velocity Over
Feedback Rel1ef\.
Valve :
\ P—_—
Lol Sliding
Bidirectionall Mass
Electric Gear Differential
Motor Pump \ Pressure
\ Transducer
Check Valve
Position Feedback

Figure 1: Schematic of ElectroHydraulic Actuator system

The three-phase brushless AC electric motor directly drives the pump. The pump in turn
controls the flow of hydraulic oil to the two active chambers of the actuator. The pressure
differential between the actuator chambers, which is a result of the resistance of the external
load to motion, applies a net force on the load. In this case, the load is a 20 kg steel block
mounted on two linear rails which is displaced horizontally by the force exerted on it by the
actuator.
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The symmetrical linear actuator used in the prototype has a single rod and has been
designed expressly for the system, as described in (2,3). The actuator has two working
chambers C1and C2, illustrated in Figure 2. Chamber C1 is inside the hollow rod while
chamber C2 is between the outside of the rod and the inside of the cylinder. Hydraulic
fluid enters the two chambers of the actuator through ports Oland O2 . The working areas
of the chambers Al and A2 are made equal in area. This results in symmetrical flow, if
leakage L is neglected. There also exists a third working chamber C3, which can be
pressurized via port Q5 to provide a bias to counteract a constant external force. Finally,
ports O3 and O4 are provided to drain any actuator fluid leakage.

- O
TQI l 0]
Figure 2: Cross-section of the actuator

An accumulator is connected to the low-pressure case drain of the gear pump. It prevents
cavitation, and replaces fluid lost due to external leakage. The accumulator sets the
minimum system pressure and can be adjusted from 2.76-6.9 Bar (40-100 psi). The
crossover relief valve increases the safety of the system by preventing excessive pressure
build-up if the actuator reaches the end of its travel, or if a fault were to occur. Finally, a
position sensor measures the displacement of the load. The sensor, an optical linear
encoder, has a resolution of 1 micron.

3. EHA MODEL

A mathematical model of the EHA system was developed in (10). This model was expanded
by the author (11) to include the ability to simulate the effects of arbitrary time-varying
force disturbances and flow disturbances on the EHA system. Figure 3 shows a simplified

block diagram for the system showing the outer-loop position controller G (8), the inner-

loop electrical subsystem G, (§), and the hydraulic subsystem G, (s) .
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Figure 3: Simplified EHA block diagram

In (9), the transfer function of the electrical subsystem, G, (s) , was identified using a

constrained quadratic optimization technique. For a 5V sinusoidal input, the subsystem was
found to be second-order with a zero:

®,(s) 2.779%107 s +40.55
U(s)  5.780x107°s% +1.061x107s+1

(M

The analytical transfer function of the hydraulic subsystem, G,,(s), presented in (10) is
second-order Type 1:

284
X (s) My 7
_ ° - @)
O) L, B QDA 264 (QErL)BB
M, My, M,

Substituting known system parameters into this theoretical transfer function results in the
following hydraulic transfer function:

X(s) 29.42
@, (s) s> +39.04s5° +8.783x10%s

€)

Combining Equations 1 and 3, the theoretical open-loop EHA transfer function for a 5V
input is as follows, in pole-zero form:

X(s) 141400 (s+145.9)
U(s) s(s°+183.6s+ 1.73x10%) (s> + 39.04s + 8.783x10*)

“)
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4. EXPERIMENT SPECIFICATION

In order to obtain the dynamic characteristics of the system for inputs less than 1.0V, a PC
running MATLAB® Simulink and containing a 12-bit DAQ system was employed. The PC
was used to both generate the input signal to the external controller and record the position
of the load mass. The sampling time of the system was 0.001s.

The input signal was chosen to be a constant-magnitude discretely-swept sine wave. The
frequency content was 1Hz to SO0Hz in steps of 1 Hz. Each frequency was repeated for two
full cycles to allow for settling time. A total of 18 inputs with magnitudes of 1.0V RMS to
0.1V RMS in steps of 0.05V were used as inputs for the open-loop system identification
process.

The position signal was measured using a digital-output optical encoder with 1 micron
resolution. Recorded signals from a typical test with a 0.45V RMS input signal and
corresponding output position are shown in Figure 4. To eliminate the drift present in the
output position data, the recorded position was numerically differentiated to obtain the
output velocity, as shown in Figure 5. The output velocity was then used as the system
output for the identification process. Due to the resolution of the position sensor and the
sample time, the resolution of the velocity signal was 0.001m/s. Identification for input
voltages less than 0.1V was not feasible using the current position sensor, since the
differentiated velocity signal began to approach the resolution of the sensor.
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Figure 4: Output position and input voltage
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Figure 5: Output velocity and input voltage
5. INITIAL TESTS

The open-loop DC gain of the EHA system was determined for the input range -1.0V to
1.0V by setting the input to be a constant voltage, calculating the resulting load velocity and
then determining the ratio of velocity/voltage. It can be seen in Figure 6 that the gain
remains fixed at 0.0136m/s/V for the majority of the range tested, only changing as the input
approached OV. This demonstrates that the gain of the system was not significantly
operating-point dependant over the range of interest.
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Gain, m/s/V
4

0.005

0.000 + + + + + + + +
-1.0 -0.8 -06 -04 -02 00 02 04 06 08 1.0
Input, V

Figure 6: DC gain as a function of input voltage

To obtain the impulse response from the velocity data, a 100" order Finite Impulse
Response (FIR) model was estimated using the Auto-Regression (AR) model structure (12).
This produced the impulse response shown in Figure 7:
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Figure 7: Computed velocity impulse response (from AR model)

The first forty coefficients of the Auto-Regression (AR) model “B” polynomial were used to
construct a 20x20 Hankel matrix of Markov parameters. The singular values of the Markov
parameters were then determined and plotted, as shown below in Figure 8. From inspection
of this figure, it appears that the system is predominantly second order due to the
prominence of the first two singular values. However, the system also appears to have some
fourth order characteristics, as shown by the next two singular values being within a factor
of 100 of the dominant singular values.

4 Hankel singular values
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|
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Number

Figure 8: Hankel singular values of Markov parameters
6. DATA & PROCESSING

Once the form of the input signals was chosen and the initial tests completed, the working
and validation data was obtained from the system. The working data was that used in the
estimation process, while the validation data was reserved for verification of the
performance of the models. The input and output signals were recorded with the input
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voltage ranging from 0.1V RMS to 1.0V RMS in steps of 0.05V. The output velocity
response was obtained by differentiating the recorded position data.

Figure 10 shows the working data set in a frequency-domain form. The transfer function
magnitude as a function of frequency data was obtained using the Empirical Transfer
Function Estimation (ETFE) technique at 512 points from 0-500Hz with a Hamming
window of lag size 100 (12). Figure 10 shows the resulting Bode gain plot as a function of
input voltage. Noticeable is the consistent underdamped response in the region 0.35V to
1.0V, with a bandwidth of approximately 55 Hz. Below this voltage, the system becomes
overdamped and the bandwidth decreases significantly to approximately 8 Hz at 0.1V. The
gain of the system is consistent at -37 dB for the majority of the input range, decreasing to -
40 dB for the 0.1V input.

Gain, dB

Gain, dB

—100

120}

—140f

-160 : -
10° 10' 10? 10°

Frequency, Hz

Figure 10: Experimental Bode gain plot as function of input voltage
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7. MODEL IDENTIFICATION

The model identification process was performed using a frequency-domain identification
methodology employing the working data shown in Figure 10. Specifically, the MATLAB®
FREQID toolbox developed by de Callafon (13) was used to fit a linear time-invariant
model to the frequency data recorded for the input voltage range 0.1V to 1.0V. This toolbox
employs a least-squares curve fit attempting to minimize an arbitrarily weighted 2-norm
between the data and the frequency response of the model. The weighting function for each
of the inputs was specified in the frequency domain using the GUI tools available in the
toolbox.

The model order was chosen to be fourth-order with one zero, to match the order of the
theoretical system given in Eq. 4. After a model was predicted for each voltage input,
dynamically insignificant poles and zeroes were manually removed. This gave the transfer
functions shown in Table 1, listed in pole-zero form.

Table 1: Identified transfer functions

Input Voltage Transfer Function X(s)
Ul(s)
L0035 187200(s +262.3)
(s"+192.25 +3.815x10%) (s*+70.04s+ 9.532x10%)
0,30 242.0(s+87.55)
(s+51.77) (s°+117.65+3.364 x10%)
0.25 93760/[(s+141.3)(s*+136.5s + 5.815x10*)]
0.20 240.1(s+55.22)
(s+38.61) (s°+207.7s+3.009 x 10")
0.15 0.3948(s+374)/[(s+177.4) (s +78.55)]
0.10 0.4064(s+7)/[(s+37.91) (s +9.237)]

Figure 11 shows the computed Bode gain plot for the identified models over the range of
interest. In comparison with the experimental plot in Figure 10, it can be seen that the
0.35V to 1.0V range is matched quite well. Inspecting the experimental Bode plot shown
in Figure 10, it appears that the system’s output decreases, or rolls off, at approximately 80
dB/decade. As the input voltage decreases below the 0.35V level, the ability of the
identification method to match the roll off characteristic of the system becomes impaired.
This is likely due to an increase in the noise content of the data associated with the lower
input levels.
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Figure 11: Identified Bode gain plot as a function of input voltage

8. VALIDATION

Once models were identified for each input voltage, the response of the model to the input
data was simulated for validation purposes. The validation data set mentioned in the Data &
Processing section was plotted on the same graphs as the simulated response in order to
visually verify the validity of the models. Figures 12-15 show the simulated and
experimental response to the discrete swept sine wave from 1-500Hz. The 'envelope' of the
simulated response is overlaid on the experimental response as a black line in order to
facilitate comparison between the simulation and the experimental responses. The
agreement is generally very good up to a minimum of 10 Hz (in the 0.10V case) and to a
maximum of 50 Hz (in the 0.60V case). It can be seen in all cases that the fit is not exact at
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low frequencies. This is due to the optimization method employed in the FREQID toolbox,
which gives an equal weight to each data point. Alternatively, decreasing the weights
logarithmically as the frequency increases would compensate for the increasing number of
data points per decade, as is discussed in (12). Furthermore, the accuracy of the identified
models decreases noticeably as the input voltage decreases towards 0.1V. This may be due
to the resolution of the velocity signal, which is obtained by differentiating the position
signal. For example, the peak magnitude of the velocity signal for the 0.1V input is
approximately 0.002 m/s, which is comparable to the sensor resolution of 0.001 m/s.

Simulated Experimental

0 5 10 15
Time, s Time, s

Figure 12: Comparison of simulated and experimental response for 0.60V input (typical of 1.0V-

0.35V range)
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Figure 13: Comparison of simulated and experimental response for 0.30V input
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Figure 14: Comparison of simulated and experimental response for 0.20V input
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Figure 15: Comparison of simulated and experimental response for 0.10V input

Finally, Figure 16 shows the closed-loop experimental and simulated response to a 0.01m
step input. The model simulated in this case was the one identified for the 0.35V to 1.0V
range. In both cases, a proportional controller G, =K =585 as employed in (10) was
used. Excellent agreement between the simulated and experimental response is
demonstrated, neglecting the time delay of 0.04 seconds that was not included in the system
models.
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Figure 16: Simulated and experimental closed-loop step response

9. CONCLUDING STATEMENTS

The ElectroHydraulic Actuator (EHA) is a high-performance positioning system that
employs a novel symmetrical linear actuator. As such, it has unique characteristics which
were investigated in this paper for the input voltage range of 0.1V to 1.0V RMS. It has been
found that the system exhibits consistent performance in the 0.35V to 1.0V RMS input
range, with an underdamped response having a bandwidth of 55 Hz and a gain of -37 dB.
As the input voltage decreases, the bandwidth becomes significantly lower and system
becomes overdamped. At a 0.1V RMS input, the bandwidth has decreased to 8 Hz and the
gain to -40dB. As such, a linear controller will not be able to achieve optimal control over
the tested range, since the performance characteristics vary appreciably with the input
voltage. A control scheme which can reflect the nonlinear damping ratio, gain, and natural
frequency in the region of less than 1V input and can allow a smooth transition between the
identified regions is necessary for nanometer precision control. For this reason, nonlinear
control of the EHA system using a Fuzzy controller and other nonlinear controllers are now
being investigated.
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ABSTRACT

The numerical solution of fluid power circuit models, formulated as a set of ordinary differ-
ential equations, requires a numerical integrator able to deal with non-linearities, stiffness
and discontinuities. [n this paper a single-step second-order two-stage Rosenbrock formula
that shows good stability properties (L-stability) is presented. Despite the reduced linear
algebra of the formula itself, the numerical efficiency of the integrator (number of opera-
tions to advance through the integration) is further improved by reducing the computational
costs required to determine the Jacobian matrix of the system: Rather than deriving numeri-
cally the Jacobian matrix for every integration step, the code generates the Jacobian matrix
analytically (as a function of the state variables). Thus, only a few function evaluations are
required to determine the Jacobian at every time step of the integration. Finally, the paper
illustrates the advantages of using the analytical expression of the Jacobian in the integra-
tion formula and evaluates its costs.
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1 INTRODUCTION

There is no rule of thumb when choosing a numerical integrator intended for solving a sys-
tem of ODEs. Among the dozens of available codes targeted for solving systems of ODEs,
the user must take into account the characteristics of the system to be simulated. The set of
ordinary differential equations (ODEs) describing the dynamics of a fluid power circuit is
commonly characterized for its:

- Stiffness: Different sizes of compressible fluid volumes make the eigenvalues of the
Jacobian to be of greatly different magnitude. Large negative eigenvalues correspond
to fast-decaying transients. The presence of these small time constants makes the inte-
gration of such systems difficult. As a consequence the length of the integration step is
not dictated by accuracy requirements but by the boundary of the stability region.

- Discontinuities: Cushions, digital signals, sudden openings and closure of valves intro-
duce discontinuities in the state equations and in their solution. This causes difficulties
for achieving full accuracy of the solution and may also induce stability problems.

Hence, the numerical method for integrating the mathematical model of a fluid power cir-
cuit must guarantee at least two important properties in order to succeed with the solution:
stability and accuracy. Another important property that the numerical method must retain is
the computational efficiency, which can be quantified by the number of operations required
by the formula in order to advance one step in the integration. Computationally efficient
codes might be needed to run real-time simulations such us hardware-in-the-loop, teleop-
eration (man-in-the-loop) or in mobile-hydraulic simulators (forest machine simulator).

Numerical methods able to solve stiff systems of ODEs are implicit, meaning that the stages
or variables of the formula are defined by coupled sets of equations. An iteration scheme is
therefore needed, which requires the computation of the Jacobian of the system. Implicit
methods are, by far, less computational efficient than explicit methods. Nonetheless, the
main contribution of this paper is the reduction of computational expenses in the simulation
of fluid power circuits. This is achieved by presenting:
- A simple (to implement) and efficient implicit numerical method with remarkably
good stability properties (L-stable).
- A modelling scheme that allows the derivation of the analytical expression of the
Jacobian matrix. The instantaneous Jacobian matrix at every integration step is
then obtained by simply evaluating the stored analytical form.

2 MATHEMATICAL MODELLING OF COMMONLY USED FLUID POWER
COMPONENTS

The first part of this section illustrates the formulation describing the dynamic behaviour of
a few mostly used fluid power components and elements. Such models comprise: the pres-
sure generation in a fixed-size volume, pressure generation and flow dynamics in a short
pipe, dynamics of a cylinder actuator, a pressure relief valve, and an orifice flow formula.
More detailed information of the formulation of these component models and a two-phase
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fluid model can be found in Esqué & Ellman (1). Secondly, the section illustrates how a
network of FP components can be built by interconnecting the individual models.

The components are modelled as independent object-oriented entities with connection
ports. Each connection port transmits a two-way interaction (input and output variables) to
the adjacent component. According to their interaction, the components can be sorted in
two classes:

e  Pressure generators

e  Orifice-flow resistances (flow generators)

Pressure generators act as capacitances and include such elements of the hydraulics that
contain a significant volume of compressible fluid, such as volumes, pipes, actuators, etc.
Input variables of pressure generator models are the incoming and outgoing flows to and
from the component. The output variable is then the pressure(s) in the volume(s) of the
component. Table 1 shows schematics of the components and their mathematical formula-
tion as a set of ODEs.

Table 1. Pressure generator components.
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Formulation of the fixed-size volume and the hydraulic cylinder is well-known and it is
written in equations (1) and (3). The pipeline model in equation (2) is modelled as two
lumped volumes connected by a resistance, which takes into account the pressure losses
due to laminar flow between the ports of the pipe (according to Hagen-Poiseuille law) and
other energy losses caused by changes in the geometry of the pipe. Parameters K; and K7
quantifying such losses can be determined semi-empirically in equation (2) by measuring a
pair of pressure-flow points. Dynamics of the pipe are also accounted by considering the
inertial load of the circulating fluid.

The second type of component (orifice-flow resistances) is based on the flow-through-
orifice formula. Valves and restrictors are commonly modelled with this formula. Input
variables of orifice-flow elements are pressures and the output variable is the flow through
the orifice. Table 2 shows the schematic of the modelled elements (orifice and pressure
relief valve) together with their formulation.

The formulation of the flow through an orifice takes into account the laminar and turbulent
regimes of flow. The formula was derived by Ellman & Piché (2) and shows a smooth tran-
sition (continuous in q and in its first derivative) between laminar and turbulent regimes.
The formula replaces the infinitive derivative of the Jacobian in the turbulent flow when
pressure differences tend to zero.

The model of the pressure relief valve, Handroos & Vilenius (3), considers the dynamics of
the spool as a first order model. Parameters ¢, and ¢, describe the steady-state of the valve
and they are identified by means of pressure-flow pair measurements picked up at two dif-
ferent setting pressures. Parameter c; describes the dynamics of the valve.

Table 2. Orifice-flow resistance components.
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A network of FP components can be therefore assembled in a modular way by connecting
pressure generator models to orifice-flow resistance models, as Figure 1 shows. The state

equation of the system y=F ( y) is then formed by adding the individual state equations of
the pressure generation components. The state equation of the system described in Figure 1

is given by the equation (6), with the vector of state variables y = ( 2 N )'C)T .
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Figure 1. Schematic of a FP circuit built as a network of modular components.

3 NUMERICAL INTEGRATION FORMULA

In this section, a numerical method for the integration of fluid power circuits is presented.
The autonomous system of ordinary differential equations describing the circuit may be
written in matrix notation as

y=F(y), y(4) =y, (7)

Multi-step algorithms (formulas using previous calculated solutions in order to evolve the
solution) and single-step algorithms (only making use of the latest previous solution to cal-
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culate the next one) have been used in the numerical integration of fluid power system
equations. The advantages of single-step methods are their easy implementation, they show
better stability properties, and the accuracy near discontinuities is better realized than in
multi-step methods. The main disadvantage of single-step methods is, in general, that they
require more computational time than multi-step methods of comparable accuracy. How-
ever, the latest disadvantage could be questioned when integrating fluid power circuits. The
stiffness of its ODEs and the discontinuities present in fluid power circuits may weak the
computational performance of the multi-step methods.

Runge-Kutta (RK) formulas are the most popular codes within the single-step methods.
Most of the simpler algorithms that have been proposed belong to the family of semi-
implicit RK formulas with 4-stability properties. A-stable methods guarantee the numerical
stability of the formula for any value of the step size. However, for very stiff systems A-
stability is not sufficient. Piché & Ellman (4) analyse several two-stage semi-implicit RK
formulas proposed for fluid power circuits and show that A-stable methods require exces-
sively small time increment to avoid numerical oscillations in very stiff systems. A solution
to the problem would be to set the small volumes as incompressible. The resulting system
would be composed of algebraic differential equations, which would increase the complex-
ity of the models: for example, when formulating elements of variable volume sizes (as
actuators), where sometimes the fluid would be considered compressible and at other times
incompressible. Another solution to avoid the problem of numerical oscillations is to im-
plement an L-stable method, which can be defined as an A-stable method whose compo-
nents of the response associated with the highly stiff modes are extinguished immediately.
L-stable methods do not show the numerical oscillations observed in 4-stable methods. A
two-stage Rosenbrock formula (of the family of semi-implicit RK methods) with a reduced
linear algebra is presented. The formula is Z-stable and with second-order of accuracy.

A two-stage semi-implicit RK formula to integrate equation (7) from y, = y(to) to
y = y(l0 + h) is given by equation (8). The term semi-implicit indicates that the implicit

variables k; can be solved in order =1, 2... s (where s is the number of stages of the
method). The implicitness of such equations requires that for ecach stage i, k; is obtained by
solving » systems of non-linear equations sequentially by using some type of Newton itera-
tion.

k, :hF(y0 +a,,k1)
k, = hF(yo +a,k + azzkz) (3)
» =y, +bk +bk,

Rosenbrock methods belong to a large class, which try to avoid non-linear systems and
replace them by a sequence of linear systems (these formulas can be called also linearly-
implicit RK formulas). They can be interpreted as the application of a single Newton itera-
tion to each stage in the formula (8). The resulting Rosenbrock formulae are:
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(I—d, hJ )k, =hF(y,)
(1 -dy,hd )k, = hF (p,+ayk,) 9
=y, +bk +bk,

. . . OF,
where J is the Jacobian matrix, whose elements are defined as J, = —-
7 Y=¥y
Wolfbrandt (5) formulated a class of Rosenbrock methods named ROW-methods or modi-
fied Rosenbrock methods. They are a generalization of the Rosenbrock method showed in
(9). The s-stage modified Rosenbrock formula is given by

i-1 i
k, :F[yo +h2aykj]+hJZdijkf i=1,..,s
= = (10)
=y + hzbiki
i=1

Esqué et al (6) presented a two-stage L-stable order-2 formula based on the modified
Rosenbrock formula (11). A third-stage was added to the formula in order to obtain an error
predictor of the solution and for implementing an adaptive step size controller. The formula
was tested by integrating individual models (a double-acting hydraulic cylinder and a short
pipeline) and showed excellent stability properties. It also proved to detect and handle dis-
continuities by adapting the step size of integration.

Due to its simplicity, this paper is going to focus in the Rosenbrock formula. The value of
the five free-choice parameters (a,,,d,,,d,,,5,,b,) in the formula (9) will determine the

11°
accuracy, stability and the computational efficiency of the formula. Conditions on the accu-
racy of the system are obtained from Taylor series. They can be found tabulated in Hairer
10.1V.7 (7). Conditions on the stability can be derived by means of the stability func-

tion R(hA), which can be interpreted as the numerical solution, y, = R(hA)y,, of the
Dahlquist test equation y'= Ay, with y, =1. A method is L-stable if the solution behaves
maximally damped, ie.y,/y, >0, ashl—>ow. The latest condition is achieved
when R (oo) =0 . By imposing second-order accuracy and L-stability conditions to formula
(9), four equations are obtained to determine the five free parameters. As a fifth equation,
the equality d,, = d,, = d is imposed. By assigning d,, = d,, the matrices (I—d,hJ) of

formula (9) become identical. This allows solving the two linear systems by only using one
LU-decomposition. The value of the five free parameters are then determined and showed
in equation (11).

ay =——; d“ :d22 = bl :0; b2 =1 (11)
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This section concludes by summarizing the principal advantages of the presented Rosen-

brock formula:

- A single Newton iteration is used to solve the implicitness of the formula. This reduces
the linear algebra of the semi-implicit RK formula to the solution of two linear systems
and two function evaluations.

- Only one LU decomposition is needed to solve the system of equations for each k;.

- Rosenbrock methods need a full and accurate Jacobian to achieve the theoretical de-
gree of stability. Although the determination of the Jacobian is computationally expen-
sive, next section will show that the full Jacobian matrix can be obtained accurately in
every integration step by just performing a few function evaluations.

4 GENERATION OF THE ANALYTICAL JACOBIAN MATRIX

This section describes how the simulator can provide, to the numerical integrator, an ana-
lytical expression of the full Jacobian matrix of the system. By storing the analytical form
of the Jacobian, the integrator can calculate the Jacobian matrix at any integration point
», by simply evaluating its stored analytical expression. The next section will show the

advantages of this strategy versus obtaining the Jacobian matrix numerically by means of
iteration.

The fluid power circuit showed in Figure 1 is taken as an example in order to illustrate how
the analytical Jacobian matrix can be generated by a subroutine. First, the user must provide
a formal description of the fluid power system. An example of such description is given in
the following lines:

volume(l).in = ¢
volume(l).out =
volume(2).in = 1;
volume(2).out = 3, tank;
Cylinder_sa(l).in = 2;

(12)

where each pressure generator component (i.e. components contributing with state vari-
ables) has a structure assigned. From reading the provided description, the algorithm in-
dexes the vector of state variables of the system

(y=[» v, » v, ¥»s]"=[p, P, Ps x )'c]T ). Next, the algorithm determines how the

pressure generator components are interconnected. This is how the algorithm would inter-
pret the description in (12):

e Vvolume(1l).in = gp;
Incoming flow to volume#1 by the external variable qp
e Vvolume(l).out = 2, prv;
Outgoing flows from volume#1 are diverted to
a) volume associated to state variable y, (volume#2) via an orifice
b) atank through a pressure relief valve
e Volume(2).in = 1;
Incoming flow to volume#2 from volume associated to y; (volume#1) through an
orifice
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e Volume(2).out = 3, tank;
Outgoing flows from volume#2 are diverted to
a) volume associated to state variable y; (cylinder pressure) via an orifice
b) atank through an orifice
e Cylinder_sa(l).in = 2;
Incoming flow to cylinder from volume associated to y, (volume#2) through an ori-
fice.

The algorithm writing the elements of the Jacobian matrix related to volume components is
listed in Figure 2. The remaining part of the algorithm, which writes the elements of the
Jacobian related to cylinder and pipe components, is analogous to the one presented. It only
differs in that the code adds the partial derivatives of cylinder and pipe state equations with
respect to their state variables.

for i=1 to n % n=number of state variables
if i_belongs_to_voTlume

% ====== Writes the Off-diagonal terms of J =======
for j=1 to n
if(volume(i).in == j) > write(“3(i,j)=-vol(i).m*[dqdp_orif(j,i)]1”")
-> Tine_break
if(volume(i).out == j) > write(“1(i,j)=-vol (i) .mM*[dqdp_orif(i,jd]1”)
-> Tine_break
end for

% ====== Writes the diagonal terms of J =======

for j=1 to n
write(“3(i,i)=vol1(i).M*[")
if (volume(i).in == j) > write("1(i,j)=dgdp_orif(j,i)™")
if (volume(i).out == j) > write(“1(i,j)=dgdp_orif(i,j)™)
if (volume(i).out == tank) = write("3(i,j)=dqdp_orif(i,0)”)
if (volume(i).out == prv) > write(“31(i,j)=dgdp_prv(i,0)”)
write(“]™)
Tine_break

end if
if i_belongs_to_cyTlinder

if i_bel ongs_to_pipe
end for
Figure 2. Algorithm writing the Jacobian matrix elements related to volume
components

Functions dqdp orif and dqdp prv are part of the orifice and the pressure relief valve
model respectively. They contain the partial derivative of the flow equations (4) and (5)
with respect to the pressure. When called, they evaluate the partial derivatives at port pres-
sures.

ol s aani L. 8q oy
abdp_@r#(hJ)I-?%i- - dadp_pro(ig) =%
az =Y

Pr=Yy Pr=Y;

(13)
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Equation (14) shows the result of the algorithm after processing the description of the sys-
tem: the analytical expressions of the non-zeros elements of the Jacobian matrix.

J(1.1) = Vol (1).M x| +dgdp,, (3,.,)+dqdp,, (¥.,0) ]

J(1.2) = Vol (1).M x| ~dgdp,, (y,.,) | J(2.1)=Vol(2).M x| ~dqdp,,, (3.»,)]
J(2.2) = Vol (2).M x| dqdp,, (y,.3,)+ dadp,; (y>.:)+ dgep,, (5., ]

J(2,3)=Vol (2).M x| ~dgdp,,., (v,,,) | J(3.2) = Cyl(1).M (y,)x[ ~dgdlp,,; (¥,,¥:)]
J(3,3)= Oy (1).M (v,)x[ dadp,,,; (2.3, ]

J(3’4):8(Cyl(al (v, ))X[qur,-f(yz,y3)—Cyl(1).A><y5]

J(3,5 )=—Cyl()A4><Cyl(1).M(y4); J(4,5)=1

1 XBF (J’5)

J(5,3) = Gyl (1).4/ Cyl (1).m; J(5,5)=— i()m &

(14)

5 COMPUTATIONAL COSTS OF THE INTEGRATION

This section shows the advantages of using the analytical Jacobian in the integration for-
mula. Computational costs involved in the integration will be measured and compared for
two cases (integrator using analytical Jacobian and integrator using a numerically deter-
mined Jacobian). The second part of this section concerns the computational costs of the
solution of the linear system Wk, = F and the function evaluation F.

Four models of different sizes are created in order to run simulation tests. The models are

made of a network of volumes interconnected by orifices (in a random distribution). The

sizes of the models (number of volumes or pressure generators) are 5, 10, 15 and 20. For

every model the simulation is run twice. In the first test the integrator calculates the Jaco-

bian matrix using the approach 1) and in the second test, the approach 2) is used:

1) Analytical Jacobian: the integration formula (9) access the stored analytical expression
of the Jacobian matrix J and evaluates it at every time step as a function of the instan-
taneous values of the state variables y,

2) Numerical Jacobian: the integration formula uses an iterative method in order to nu-
merically determine the Jacobian matrix J. The Jacobian is approximated by finite dif-
ferences using the code ODENUMJAC. ODENUMJAC is an implementation of a ro-
bust scheme due to Salane (8) for the approximation of partial derivatives when inte-
grating systems of ODEs. MATLAB/Simulink™ makes use of this code in all its stiff
ODE solvers.
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Table 3 lists the CPU time required to run the four fluid power circuits. The last row of the
table corresponds to the simulation of hydraulic system composed of two double acting
cylinders, two 4/3 proportional valves, four pressure relief valves and seven volumes. The
table shows the relative CPU time required to solve 1000 integration steps in the two cases
mentioned above: 1) when using an analytical Jacobian and 2) when the Jacobian is deter-
mined numerically.

Table 3. Comparison times of numerical integrations.

State variables  Dimension of Density of CPU time " CPU time ? Ratio
(N) Jacobian Jacobian (Analyt. Jacob.) (Num. Jacob.)  (Num/Analyt)
5 25 0.50 1.0 2.1 2.1
10 100 0.30 2.1 6.4 3.0
15 225 0.21 3.6 13.6 3.8
20 400 0.16 5.0 23.6 4.8
15 225 0.20 6.9 30.5 4.4

Concerning the simulations of volume-orifice network, the cost of integration, when using
the analytical Jacobian, appears to be O(N ”’) , where o = 1.15. This indicates that the cost

of integration almost follows a linear relation with the size of the system N. The rightmost
column of the table lists the ratio between both CPU times. It shows that the larger the sys-
tem is the more advantageous the usage of the analytical Jacobian is. The last row of the
table illustrates that computational costs cannot be always estimated only from the size of
the system. More complex fluid power components, as hydraulic cylinders and pressure
relief valves, require more computational time. However, the ratio measuring the advantage
of the analytical Jacobian approach shows a ratio of 4.4, when the analogous (in size) ori-
fice-network integration showed a ratio of 3.8.

It is important to comment on the robustness that the analytical Jacobian confers to the in-
tegrator: The integration of the model composed of with two cylinders and four pressure
relief valves showed serious stability problems when the integrator was using the numerical
Jacobian approach. In order to solve those stability problems, integration step sizes of the
order of 0.1 ms had to be used. On the other hand, the simulation of the same system, when
the integrator used the analytical Jacobian approach, showed exceptionally good stability
properties even with step sizes of the order of 10 ms. This can be explained according to the
nature of Rosenbrock integration formulas. Since the Rosenbrock method only makes use
of a single Newton iteration to solve the implicit equations, a full and accurate Jacobian
matrix is needed in order to guarantee the stability of the integration. The analytical form of
the Jacobian matrix provides a fully accurate Jacobian.

When using the numerical approach to estimate the Jacobian, the integration required time
steps 4 smaller than 0.1 ms to avoid stability problems. However, when performing the
same integration but using the analytical Jacobian, the integration showed good stability for
step sizes of the order of 10 ms. This can be explained according to the nature of Rosen-
brock integration formulas. Since the Rosenbrock method only makes use of a single New-
ton iteration to solve the implicit equations, a full and accurate Jacobian matrix is needed in
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order to guarantee the stability of the integration. The calculation of the Jacobian matrix by
evaluating its analytical form makes it fully accurate.

As equation (15) shows, the numerical integration also requires the calculation of two func-
tion evaluations, F (y,) and F(y, +a,k, ), and the solution of two linear systems in order

to determine the stage variables k| and k,.

Wk, = hF (y,); with W =(I—-dhJ)

(15)
Wk, = hF (y, +ayk,)

For the relatively small linear systems found in the models of fluid power systems, the
Gaussian elimination assisted by an LU-decomposition of the matrix W provides good re-
sults. Other methods for solving linear systems have been tested (codes for sparse matrices,
banded matrices...) but the benefits were not significant, mainly due to high computational
cost of the Jacobian matrix and function evaluations versus the cost of solving a linear sys-
tem. Table 4 shows the relative cost of every task/operation involved in an integration step.
The measured tasks are listed as follows:

1. Determination of the Jacobian matrix by evaluating its stored analytical form.

2. Two function evaluations (F).

3. Performing an LU-decomposition of W and solving two linear systems.

4. Other: This term accounts for the time consumed in performing other operations
involved in the integration process, and it is calculated by subtracting the previous
tasks (1,2,3) from the total integration time displayed in Table 3..

Table 4. Percentage of CPU time distributed in
different tasks within the integration.

State variables Jacobian Functi‘on Solving linear Other
(N) (Analyt.) evaluations systems
5 43.8 48.4 1.3 6.5
10 46.7 45.6 0.8 6.9
15 43.9 40.9 0.7 14.5
20 43.6 40.7 0.6 15.1
15 39.0 47.3 0.4 13.4

Table 4 shows that function evaluations require approximately the same computational time
as the determination of the Jacobian. This fact emphasizes the cost reduction achieved in
calculating the Jacobian matrix, which independently of the size of the model, it is compa-
rable to the cost of the function evaluations.
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CONCLUSIONS

The calculation of the Jacobian matrix, by using an iterative method, is the bottleneck in
terms of computational costs of semi-implicit Runge-Kutta methods. In this paper it is pre-
sented a modelling scheme (for fluid power components) able to generate an analytical ex-
pression of the Jacobian matrix as a function of the state variables of the system. The calcu-
lation of the instantaneous Jacobian matrix can now be obtained by simply evaluating its
analytical form. Using this approach, the time required to compute the Jacobian matrix is
comparable to the time required to perform the two function evaluations involved in the
integration formula. Yet another advantage of this approach is that the Jacobian matrix is
determined fully accurately. Consequently the integration formula show better stability
properties in highly stiff or discontinuous systems.

An L-stable Rosenbrock integration formula from the family of semi-implicit Runge-Kutta
methods is also presented. The highlights of this formula are: easy implementation, good
stability properties and the reduced linear algebra (two function evaluations, one Jacobian
computation, one LU-decomposition and two linear systems), which guarantees highly
computational efficient integrations.
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ABSTRACT

In this paper the dynamic behaviour of a commercial pilot operated pressure relief valve is
studied. The mathematical model consists of four ordinary differential equations describing
the motion of the main spool and the pilot poppet valve. Forces on the spool valve are esti-
mated with the help of standard models described in the literature, while the fluid forces on
the poppet valve are computed using a CFD-code. Special emphasis is put on realistic param-
eter identification. The performance of the model is then tested in the computer simulation of
an existing experimental hydraulic linear actuator circuit, in the case of piston impingement
against the cylinder end stop.

1. INTRODUCTION

The pressure relief valve is an essential part of every hydraulic system, whose function is
to limit the maximum pressure in the system. According to the build-up of the valve, there
are two main types: direct operated and pilot operated pressure relief valve. In sophisticated
hydraulic systems, the pilot type is more frequently used due to its superior performance
compared to direct acting ones. However, in the pilot valve, the motions of the pilot and main
valve are coupled through the fluid and this makes the dynamic analysis highly nontrivial. Not
only it is difficult to describe the complex fluid-structure interactions (e.g. the flow forces on
a poppet valve) mathematically, but also parameter identification (e.g. orifice and damping
coefficients) is a challenging task.

In this paper we present a nonlinear mathematical model of a commercial pilot-operated pres-
sure relief valve, type Rexroth DB 10-1-10. The emphasis is not on giving general guidelines
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Figure 1: Rexroth DB pilot operated Figure 2: Simplified sketch of the valve
pressure relief valve. for mathematical modelling.

for modelling pilot-operated relief valves but to develope modelling equations for this partic-
ular valve with the help of the CFD technique. Based on the corresponding literature (e.g. [5],
[10] or [4]), the dynamic modelling of the main stage is a straightforward task. However, the
description of the pilot stage is challenging due to the relatively long seat of the poppet valve.
As pointed out by Urata [8] and Bergada & Watton [2], the pressure forces on the seat play a
decisive role. Also, it is well-known that such valves have a strong tendency to oscillate and
thus the damping forces are to be described carefully. In [2], the authors describe a new set of
equations giving insight into the flow and pressure distribution across a poppet valve at rest
with large cone-shaped seat. Based on their work, we present a relationship describing the
effect of wall shear in the case of moving valve body, which results in a nonlinear damping
force. The dynamic performance of the model is then tested in the computer simulation of a
hydraulic linear actuator circuit, in the case of piston impingement against the cylinder end
stop.

2. MATHEMATICAL MODELLING

The operation of the pilot operated pressure relief valve can be summarized as follows. Re-
ferring to Fig.2, the main stage of the valve consists of a spool valve and this main orifice is
held closed by a light seating spring. If the pilot valve is closed, the pressure inside the pres-
sure relief valve is balanced. Should the force due to the inlet pressure p;, exceed the force
of the hard spring of the poppet valve, the pilot stage opens permitting flow to the return line
and hence the pressure above the main spool drops and opens the main orifice. Flow is then
bypassed to the return line in such a manner that the input pressure is kept at a value set by
the pilot spring.

To be able to simulate the dynamic behaviour of the relief valve with high fidelity, the motion
of the main spool and the pilot stage poppet valve is to be computed. This suggests the need
of studying the relationship between the flow rates and pressures in different segments of
the valve and the forces on the valve bodies simultaneously. In the case of the main stage
spool valve, due to the simple geometry and the chamfered-type valve seat, the flow rate and
the forces are easily calculated with the help of standard relationships given in the literature,
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[5]. Contrary to this, there are several issues which make the study of the pilot poppet valve
challenging;

e the valve seat and the valve body forms a cone-shaped channel with varying flow-
through area and it is to be examined whether - in the operating range of the parameters
- the flow inside is laminar or turbulent,

o there is a fixed orifice (Orifice 2 in Fig.2) before the poppet valve whose influence is to
be studied and

e contrary to the main stage spool valve, where the fluid force acts mainly on the front of
the valve body where the upstream pressure distribution can be considered as uniform,
in the case of the poppet valve, the pressure distribution along the cone changes signif-
icantly. Hence, for a realistic force estimation, the pressure distribution along the cone
should be computed.

2.1 Pressures and flow rates

Referring again to Fig.2, we consider the fluid to be incompressible everywhere inside the
valve. The pressure losses are concentrated into the orifices as the cross-sectional areas of
Channel 1 and 2 are large enough to neglect the pressure loss inside. Because of the large
diameters, we also assume uniform pressure distribution in Channel 1 and 2.

The laminar or turbulent nature of the flow in an orifice influences the flow rate - pressure
drop relationship fundamentally; if the flow is laminar, the dependence of the flow rate on
the pressure difference is linear while if the flow is turbulent, we have Q « +/Ap. Orifice 1,
2 and 3 are short, sharp-edged orifices, which suggests turbulent flow. Similarly, due to the
sharp edges and the complex geometry, the flow through the main stage (spool valve) is also
turbulent, (see e.g. [4]). These volume flow rates are calculated by using the orifice equation:

0= Ca 141 \/%m g, Pin—p1, (D
0> = Ca 24> \/% Vr1—p2 o Ry V/p1—p2, 2
0= Cuds\[TVm-m Y RUp-p and &)
o= Caoudou(5sp) /2 /Puw=Pour L Rous 3/Pin— P )

Cq; represents the discharge coefficient, 4; is the flow-through area and 4/x represents the
signed square root function?. Orifice 1 and 3 are identical restriction elements. The flow-
through areas are fixed for Orifice 1-3, while for the main spool, we have

Ay = T Sin Gl (ds,, - ’% sin20tsp) , (5)

where dy, is the diameter of the spool, ¢, is the angle of the seat and x;, is the spool dis-
placement.

2 = sign(x) /Jx]
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In general, the discharge coefficient is difficult to compute but solutions have been made for
orifices with regular geometry and it was shown that for sharp-edged orifices with turbulent
flow the theoretical value of C; = n/(m+2) ~ 0.611 can be used, see [5]. For other cases,
Cy can be obtained by steady-state measurements as described in [7]. Orifice 1 and 3 are
with regular sharp-edged geometry, thus the theoretical value will be used; C;1 = 0.61. The
geometry of the main stage is also regular and the standard value of Cy s = 0.61 can be
employed. It is not trivial how to estimate the discharge coefficient for Orifice 2 as the inflow
side is a regular converging channel and the outflow is a sudden diameter step. The actual
values are computed using CFD technique and the process is described further on in this
section.

It has to be noted here that our aim is to model the flow in the valve under transient conditions,
which means that during an unsteady process, the flow presumably passes in and out of
laminar and turbulent regions. Thus, we need an orifice model which describes the laminar
and the turbulent part simultaneously. Such a model for the discharge coefficient is described
in [3] by Borutzky et al., where the equation

VRe
= C, b—
r V4 Re+ \V/ Ret

is proposed, with parameter values ¢y, = 0.61 and Re; = 9.33 (for sharp-edged orifices). The
Reynolds number is defined as Re = (Q/A4)D;,/v. (6) provides a linear flow rate - pressure
drop relation for small velocities while for turbulent flows, it matches the conventional square
root characteristics. The price for this is that the flow rate cannot be computed explicitly in
(1) - (4) and iteration is needed at every time step.

Cy (6)

Let us now turn to the orifice formed by the pilot valve and consider the narrow gap between
the cone body and the housing. As the valve seat has a considerable length (it is not of
chamfered type), laminar flow may occur even for large pressure differences. However, due
to the motion of the pilot valve, the flow through this orifice can either be laminar (small
openings or low upstream pressure) or turbulent (large valve displacement or large upstream
pressure). To decide which case occurs in the operating range of the parameters (notably in
terms of pressure differences and valve body displacements), a series of steady-state CFD
computations of the pilot stage was performed with the commercial CFD code CFX 5.7.
Valve displacements between 0.1mm and 0.5mm were set with pressure differences between
1bar and 40bar. The computational domain started at Channel 1 and ended at Channel 2, in
both cases 10mm after entrance, in order to be able to prescribe stable uniform pressure field.
The pressure at the inlet of Channel 1 was then systematically increased to 1bar, 2bar, Shar,
10bar and so on up to 40bar. The symmetry of the geometry was exploited; only one half of
the valve was built up and also the geometry was simplified: as under steady-state conditions
the main spool is at rest, Orifice 3 was omitted in these computations. The SST Reynolds
Stress model was used for turbulence modelling [1]. For a given pair of input pressure pi
and output pressure p,,;, the pressure before the pilot valve p,, the mass flow rate 7z and the
force components on the pilot poppet valve were extracted from the results. Plotting the flow
rate versus p| — p gives the Q(Ap) relationship of fixed Orifice 2, while plotting p2 — pou
vs. the flow rate gives flow-through relationship of the pilot valve.

Although the primary aim of the CFD computations was to study the flow through the poppet
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Figure 3: Discharge coefficient of Ori- Figure 4: Volume flow rate vs. pressure

fice 2 as a function of the Reynolds difference for Orifice 2. Points denote
number and the fitted Borutzky ap- CFD data, the dashed line represents
proximation (6), with ¢,,, = 0.86 and (2) with an average C; value while the
Re; = 30. solid line denotes (2) with (6).

valve, additional valuable information could be gained concerning to the behaviour of fixed
Orifice 2. Fig.3 depicts the discharge coefficient for Orifice 2 as a function of the Reynolds
number. It is clearly seen that the discharge coefficient varies significantly and that - after
curb and Re; were identified - the Borutzky formula (6) gives a satisfactory approximation.
The effect of constant and Re-dependent discharge coefficient is demonstrated in Fig.4, where
the dashed curve indicates (2) with C; = 0.78 (mean value of the CFD runs) and the solid
line denotes Borutzky’s formula. It is clearly shown that the dependence of the discharge co-
efficient on the Reynolds number should be taken into account in order to be able to compute
the flow rate through the orifice.

We turn now to the analysis of the flow through the pilot cone body. Before plunging into the
processing of the CFD results, let us consider some theoretical issues. For small poppet valve
displacements, the flow in the channel between the valve body and the seat is supposed to be
laminar. Thus, we can assume a Poiseuille velocity profile, and by integrating this along the
gap, one can compute the volume flow rate as a function of the pressure gradient along the
generatrix of the cone. By making use of the incompressibility, the flow rate can be explicitly
computed (details of the calculation are given in [2]):

4 H? sing
O=—(P2—Pou) ——F——> (7)
u 6 In (1 + 151_1101)
Fin,in

where H = x,,;sinat is the gap width and the mean inlet radius is 7,4 = 72,in — % cos o, with
half-cone angle o and ; ;, inlet outer radius (for details, see Fig.7).

Obviously, (7) omits several issues, e.g. the effect of the fluid jet leaving Orifice 2, the effect
of the contracting streamlines at the entrance of the conical channel or simply the deviation
from the laminar velocity profile. However, (7) gives the basic relationship between the
parameters, which can then be ’tuned’ to give more accurate results. Neglecting the material
properties and the geometric parameters (which are prescribed values) and keeping in mind
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that laminar flow was assumed (which means that the dependence on the pressure difference
has to be linear) we conclude that only the exponent of the valve displacement is a free
parameter to be adjusted to the CFD results. As a first step, we expand (7) into Taylor series
around x,; = 0, and introduce a new, dimensionless parameter e = x /72,n. This gives

. 3
sin*o Fa.in

0 n(1+Lme)

¥2.in

O~ g (92— Pou) S+0(d). (8)

Next, we want to find a new exponent for e, denoted by 3, which results in a better approx-
imation of the CFD results. We define a new function Z(e) containing only that part of (8)
which depends on e, i.e.

= def. Y
Z(e) 2 T — =éP (9)
sin“o__T%in

T
;(pz—pout) 6 1n<1+’5l")

"2.in

The unknown parameter [ can be identified by computing logZ and log e and then employing
linear regression, which gives B =2.8991. Finally we conclude that the flow through the pilot
valve can be computed as

T sin*a F%,-,, Xy 2.8991 def.
Qpl (xphpZ,Pout) == (Pz *pour) - ( & > - Rpl (Pz *pour)
u 6 1n(1+1r821_“m0t) 72,in

(10)
Fig.5 shows the actual values of logE(loge) computed from CFD results. Note that for every
valve displacements e, ten independent points are depicted corresponding to the ten different
pressure steps. It is clearly shown that the values are independent of the pressure. However,
for x,; = 0.2mm (e = 0.714) we have a slight deviation in the data points, which is probably
due to the insufficient error tolerance set in these CFD runs. In Fig.6, the volume flow rate
vs. the pressure difference is depicted, for the five valve displacements. Note that the flow is
clearly laminar. Again we see a deviation from the linear trend in the case of x,; = 0.2mm
and also, for the x,; = 0.4mm case, where there is an error of up to approx. 25%. For the
other three displacements, we observe a reasonable agreement between the theory and the
CFD results.

Having defined the relationships between volume flow rates and pressures, we turn now to
the actual computation issues. We have four unknown flow rates (Q1.3 and Q,;) and three
unknown pressures p1. 3. Beside the three orifice equations (1)-(3) and the pilot valve restric-
tion equation (10), we have the continuity equations due to the incompressibility 01 = Q> and
02 = Qp1 + O3, which means that one more equation is needed. This is simply O3 = A;pVsp,
(where vy, is the velocity of the spool body, obtained from the equation of motion) which is
again a continuity equation for the chamber above the main spool body. If we consider the
discharge coefficients to be constant, the system of equations can be explicitly solved, giving

1 \/1 + 4Ry6 (Aspvsp + Rpt (pin— Pour)) R4 RS2
Q: 5 Whel‘e o= 25 2 " (11)
2R, R1“R;
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(9)) as a function of dimensionless pilot pilot valve vs. pressure difference for
valve displacement e¢; CFD data points several valve displacements. CFD data
are denoted by crosses, the dashed line points are denoted by crosses, the lines
represents the theoretical result ¢’ and represent (10).

the solid line represents the tuned rela-

tionship ¢P, with B = 2.8991.

The rest of the unknowns can then be easily computed. However, if we take into account
the dependence of the discharge coefficients on the Reynolds number, the equations are cum-
bersome to solve analytically. Instead, we use the above formulae for function iteration, i.e.
given an initial set of flow rates and pressures, we compute the discharge coefficients, employ
the above equation, and compute new flow rates and pressures to start the process again. Nu-
merical experiments show that for reasonably good initial conditions, 3 or 4 iterations steps
are sufficient to achieve 0.1% accuracy in Q.

2.2 Fluid forces on the valve bodies In this section, we calculate the fluid forces needed for
the equations of motions. In the case of the main spool valve, due to the simple geometry, the
formulae available in the literature can directly be employed. In the case of the pilot stage,
the fluid forces are computed by integrating an estimated pressure and wall shear distribution
and the formulae obtained are compared to the CFD results.

The steady flow force acting on the main spool can be obtained with the help of the momen-
tum equation. One obtains

Ff,sp = pviznAin - pvguonut cos0 +pinAin - poutAouz cos0, (12)

where 0 is the jet angle, and 4, is given by (5). For sharp-edged valve and housing pairs
(typically in the case of servovalves), the jet angle depends strongly on the spool displace-
ment. However, in our case, due to the chamfered valve seat, we have 0 ~ 0.,,. The pressure
integral and the viscous forces along the chamfered part of the valve body can be neglected
due to the shortness of the seat. Exploiting the continuity equation v;,4;;, = Vo Aowr and (4),
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Figure 7: Geometry of the poppet valve. o =21 degrees, L = 3.21mm, ry i, = 2.8mm,
Flin = ¥2,in — H COS O 12 oyt = F2in + L SING, 7| oyt = 12,0 —H cOs 0L and H = x;sin ot

we arrive at

I cos6
Frsp = pindin — PowrAow + inur <_ - )

Ain Aout
A A A
_ pinAin |:1 +2C02[70u; Ao'ut ( Ao"'” — cos 0():| *pouerut |:1 +2C§,out ( Ao'ut — cos OL):| .
in in in
(13)

In the corresponding literature, it is often assumed that the momentum force can be neglected.
The terms in square brackets in the last row of (13) help us to decide whether this hold in our
case or not. By exploiting (5), we have Ao /Ain = 4x5p/dyp sino, which varies® in the range
of 0...0.435. Itis easy to calculate that as x;,, varies from Omm to 4mm, the factor of p;,4;,
varies from 1 to 0.907 and that of p,,A4,, from 0.472 to 0.797. Hence we conclude that the
momentum forces in the case of the main spool have to be taken into account.

Let us now calculate the fluid force acting on the pilot poppet valve. As it was already
stated in the previous section, the flow around the conical valve body is highly complex but
a reasonably accurate estimation for the flow rate and pressure distribution can be given by
assuming laminar velocity profile in the gap between the housing and the valve body. By
exploiting again the steady momentum equation, we have

Fypr = /A(VP) (vdA) + /Ap dA =S = Fy ptmom. + Ff.pl.pres. = Ff pl.visc.- (14)

The bold letters denote vector quantities. Taking a control volume which starts in front of the
valve body and ends far behind it, we have

1 1
F,,:/V vdA) = 2<— > 15
f,plmom A( p)( ) = pQ A0 Aoy (15)
where 4;, and A,,; are the cross-sectional areas of the chamber before and after the body
and we assumed a uniform mean velocity distribution through these surfaces. Let us assume
a large volume flow rate of 10//min across the pilot stage. (The actual size of the relief
valve is for 501/min. Note that in the case of pilot operated pressure relief valves, the flow

3>c_y,,‘,,m = 4mm, dyp = 26mm, o, = 45°
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through the main stage is dominant and the flow through the pilot stage is so small that it is
usually neglected in analytical calculations.) Then, by taking into account that actual values
are A, = 11.31mm?* and Ay = 19.6mm?, the momentum force is It plmom = 2.456N.

As the half-cone angle is small in our case (o = 21°), linear pressure distribution is assumed
along the cone seat. The pressure distribution before and after the cone seat are assumed to
be uniformly p»> and p,,,, respectively. Without performing here the actual computation, the

pressure force is
/ Ap 2 2 A (16)
P _ _z
Lint | P2 5 > P2 3 P )

where Ap is the pressure drop across the valve, ps — powe. The viscous force can be computed
as follows. Following [2] and assuming small valve opening (i.e. laminar flow), the Poiscuille
velocity profile across the gap is

2 2 :
Ff,pl,p;‘es. =TFlins P2 —Flout” WPour +2rnsino

d h
v(n,h) = —ilz]—y(y)h(H—h)—kvp;ﬁ. (17)

The wall shear is then

o) = 2

Hdp(y) H
== vy (18)
wn 2 dv TH

Here we assume again linear pressure distribution, i.e. dp/dy = py — Apy/l. With these
assumptions, the axial component of the viscous force can be evaluated as

dv(h
cos(x/ TdA = cosa/ U v(h)
coneseat coneseat dh

where Ap is the pressure drop across the valve, I = x,;sin o, is the gap width 7y ;, and r| g
are the inlet and outlet radii of the cone. The mean cone radius i8 1, = #1,in + % sina. (/ is
the seat length and o denotes the half cone angle), see Fig.7.

)
dA = ApH‘I'Cer—Vplznﬂﬁrl.ma (19)

h=0

Note that by assuming a linear pressure distribution along the seat violates the continuity
along the diverging cone channel. Normally, one would integrate (17) across the gap and
take into account that the volume flow rate is constant (Q = const = f(f[ v(y, )21 (v)dh).
The resulting differential equation can then be solved for p(y). Indeed, in [2] the authors
compute the pressure distribution in a similar manner. However, numerical experiments with
the resulting (cumbersome) equations show that for small cone angles, the error by assum-
ing linear pressure distribution is reasonably small (the authors of this paper experienced a
discrepancy below 8% for o0 = 219).

Fig.8 depicts the pressure forces on the cone body obtained by CFD calculations and ana-
lytical calculations, (16). Note that the data is plotted versus p1 — pyy rather than py — poys,
because the pressure force depends only slightly on the valve opening (at least for small open-
ings). This result is in accordance with the findings of Bergada and Watton [2]. Note that
the slightly negative value of the force for small pressure differences is due to the unbalanced
area of the valve on the upstream and downstream side. It is shown that the pressure forces on
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Figure 8: Pressure force on the cone Figure 9: Viscous force on the valve
body as a function of the overall pres- body for several pressure differences.
sure difference. CFD data points are CFD data points are denoted by
denoted by crosses, solid lines represent crosses, solid lines represent the theo-
the theoretical result given by (16). retical result given by (19).

the seat play a decisive role and they have to taken into account in order to gain a reasonably
accurate estimation. However, it is also shown that for small cone angles (0. = 20?) a linear
pressure drop can be assumed across the seat which simplifies the calculations significantly.

The force due to the viscous friction is depicted in Fig.9. For a meaningful comparison,
the velocity of the valve body was set to zero in (19) as the body was also at rest in the
CFD computations. In the CFD computations, a large number of cells are needed across the
gap in order to have an accurate wall shear distribution, which could not be guaranteed in
the case of x,; = 0.1mm displacement. Hence, these data points are not depicted in Fig.9.
We experience an increasing deviation from the computed values with increasing pressure
difference and gap width. This is probably due to that (a) for larger gap widths and pressure
differences, the flow might become turbulent and (b) the presence of secondary effects, e.g.
the contraction of streamlines at the inlet. However, note that the initial slopes of the CFD
computations and the theoretical curves agree very well. Furthermore, theory reveals that the
two components of the shear force behave counter wise as the gap width H changes (i.e. the
valve body moves); the pressure term Ap Hwr ,, is directly proportional to the gap width and
disappears if the valve closes while the velocity term v,/ 2mu % 1 m increases quickly as the
valve closes thus the velocity term represents a highly nonlinear damping force, which tends
(theoretically) to infinity as the valve body closes. This second fact might have a significant
influence on the dynamic behaviour of such valves.

2.3 Equations of motion By applying Newton’s 2"¢ law to the main spool valve, we have

mspXsp = Frsp+Fasp _pSASp — Ssp (x().sp +xsp) > (20)

where x;), is the displacement of the spool, my,, is the mass of the spool, F, represents the
fluid forces defined by (13) apart from the pressure force on the upper part of the spool, i.c.
Asps. Fy is the damping force (yet to de defined), s, is the spool spring constant and xq 5,
is the precompression of the spring. Assuming a perfectly centred spool in a bore [5] the
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damping force on the main spool reads

ndspL .
Lk < Koy, @D

Fa’,sp -
where d, is the diameter of the spool, Ly, is the total spool length in contact with the bore
and C, is the clearance between the spool and the bore.

The equation of motion for the pilot cone is

mpljépl - Fp,pl 7Fd.pl —Spi (xo,pl +xp1) ) (22)

where F), ,; stands for the pressure forces Fy ,; denotes the damping force, s, is the pilot
spring constant and xg ,; is its precompression.

Equations (21) and (22) do not take into account that negative displacement is not possible
due to the valve seats. In the numerical simulations, the valve seats are modelled as strong
springs and dampers only acting in the case of negative valve displacements. In such cases,
the flow rates are set to zero artificially.

In the numerical scheme, the input and output pressures p;, and p,,, are boundary conditions.
Once these values are given, knowing the valve displacements from the last step, the volume
flow rate can be calculated (with iteration) with the help of (11). Internal pressures pi 3 and
fluid forces then can be easily computed. Finally, the ordinary differential equations (21) and
(22) can be solved by any standard ODE solver algorithm.

3. EXPERIMENT AND SIMULATION

In order to verify the mathematical model developed in the previous sections, the dynamic
behaviour of a simple hydraulic linear actuator apparatus was predicted. Before presenting
the experimental results, the authors wish to note that only one representative measurement
is given here due to the space limitations. In the experimental work, first steady-state per-
formance curves were both measured and computed. Some parameters, which could not be
identified directly (or only an estimated value was known), were tuned based on these steady-
state measurements. Secondly, power spectra during seady-state operations were recorded to
identify typical frequencies needed for poppet valve instability studies. In the third step, the
valve model was built into a linear actuator circuit and several tests were profermed. The
authors are aware of the fact - and they also thank the reviewer for pointing it out - that by
testing the valve in a hydraulic circuit rather than separately, it is not possible to differentiate
between the adaquacies and inadaquacies of the circuit model and the valve model. Indeed,
the transmission line model, the piston friction law, the pump model, etc. influences the
results - notably the pressure histories - strongly.

A sketch of the test rig is shown in Fig.10. The pump was modelled as a constant flow
source, delivering oil at 20.1[I/min]. Transmission lines with indicated length were modelled
as lumped elements, i.e. continuity and momentum equations are solved with a FEM tech-
nique similar to that described in [6]. It should be noted here that variable time stepping in the
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L,=242m  p,.

Figure 10: Experimental linear actuator circuit and data acquisition.

fluid transmission lines is essential in order to obtain compatibility with the small time steps
required for ordinary differential equation (ODE) solvers used for solving the ODEs describ-
ing the dynamics of the piston and the pressure relief valve. The behaviour of the piston is
described by the standard model given in e.g. [5]; i.e. a Newtonian equation of motion for the
mass and two additional differential equations describing the pressure dynamics in the two
chambers. Transmission lines without indicated length and additional elements (directional
valves, filter, etc.) were modelled as concentrated losses.

Referring again to Fig.10, pressure histories close to the piston chambers and the displace-
ment of the weight were recorded. The sampling frequency was 1000Hz. Unfortunately,
there was no possibility to mount pressure transducers closer to the pressure relief valve. The
set pressure of the relief valve was 65bar.

The test case was the impingement of the piston against the cylinder end stop. As it is shown
in the topmost panel of Fig.11, initially the piston is at rest in some middle position. The
total stroke of the piston was 0.246m and x = 0 corresponds to the lower extreme position.
At t =~ 0.26s, the directional valve switches and the piston moves upwards until it hits the
cylinder end stop at # = 0.53s. As after the impingement the directional valve remains in
the same position, the pressure in the segment between the pump and the lower chamber of
piston increases rapidly until it reaches the set pressure of the relief valve. After the relief
valve opens, the flow is directed into the tank while the system pressure is kept constant.
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Figure 11: Results of experiment and simulation.

The first phenomena we observe is the insufficient damping in the transmission lines. Note
that although Zielke’s unsteady friction model [9] was employed, we experience significantly
higher ’first’ pressure peaks and several oscillations after that, although experiments show
that these oscillations die away quickly.

After the piston impingement, a large depression occurs in the upper chamber and the con-
nected transmission line. The simulation misses the reflection of this wave completely, which
is probably due to the occurring unmodeled cavitation.

Simulations also suggest that the pilot valve oscillates heavily even under steady-state con-
ditions with a frequency of 1350Hz, which is the eigenfrequency of the pilot valve (together
with the pilot spring). This was experimentally verified by using accelemeters and it was
found that there is indeed a peak in the spectra at approx. 1500Hz, which is present only if
the relief valve operates. When varying the set pressure and the delivered volume flow rate
(pump revolutionary speed), the location of this peak remained within a bound of +50Hz.
However, it is not clear at the moment that the mathematical model described previously
is adequate at such high frequency, notably whether it is correct to neglect the fluid inertia
effects.
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4. CONCLUSIONS AND OUTLOOK

A nonlinear mathematical model for a particular commercial pilot-operated pressure relief
valve was presented for hydraulic system simulation purposes. The key point of modelling
was that theoretical relationships were developed and then ’fine-tuned’ with CFD technique.
It was concluded that the pilot stage is poorly damped, which results in oscillations even
under steady-state operating conditions. At this stage, it is not clear whether these oscillations
have a fundamental effect on the overall performance of the relief valve as the main spool is
heavily damped. Nevertheless, efforts should be made to give guidelines to avoid this kind of
instability. Finally, it was also observed that the damping inside the transmission lines was
insufficient even in the case of employing the unsteady friction model of Zielke.

The authors wish to thank the valuable remarks and suggestions of the reviewer.
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ABSTRACT

In this paper a method for supporting conceptual design work of hydraulic components is
presented. It links together the graphical domain of sketches/drawings with the symbol
domain for reflecting the physical effects and the domain of mathematical models for their
quantification. The graphical domain is realised with a standard CAD program. The
designer specifies his/her concepts by drawings. The functional roles of drawing entities are
declared by predefined symbols associated to these entities. In this way, the designer
declares his/her physical understanding and generates automatically a mathematical
description. The mathematical model for each effect is stored in a database in a notation
used by the symbolic manipulation program Maple. The geometrical and material design
parameters of these individual effects can be linked to parameters given by some design
entities. The models of each effect are combined to a set of equations describing the whole
system.

Currently, the database symbols and the application are developed for hydraulic
components. To exemplify the method and the capacity of the software the conceptual
design of a fast hydraulic 2/2-way-switching valve with a positive feedback metering edge
is modelled.

1 INTRODUCTION

Developing a technical product means to define a problem, to find a solution for the
problem, to describe the solution, and to evaluate the solution with respect to the
requirements. In reality, design is not a sequential but an iterative and sometimes a
recursive process. This motivates computer support, because many iterations cost a lot of
time and money. According to [1] the computer supported design process for technical
products can be divided into 4 modelling levels which are shown in Figure 1.

— Specification modelling: Defines functional requirements and boundary conditions. The
form of description is verbal in form of requirement lists.
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— Functional modelling: Describes the functional interrelationships in the form of symbols
in structure charts. G. Pahl and W. Beitz [2] define a function for a system as an
interrelationship between Input and Output with the objective of fulfilling a
requirement.

— Principle modelling: Describes the working interrelationship with physical effects in
form of mathematical equations and material and geometrical parameters. Forms of
description are symbolic pictures, line drawings and commonly non scaled sketches.

— Shape modelling: Defines the concrete geometric body structure of the technical
product with the help of two or three dimensional single component drawings, assembly
drawings, part lists, etc.

find
solution

define
problem

estimate
solution

describe
solution

—

| | 1
functional modelling

modelling level

shape modelling

Figure 1 Design process with computer support [1]

Each modelling level of Figure 1 depends on its previous level. The high importance of a
good conceptual design asks for an efficient computer aid by a software tool for functional
and principle modelling. In the following, a computer based tool for principle modelling
will be described. It is realised as a customisation software for a common CAD package in
combination with a database. Functional modelling is not realised so far. Although it is
targeting valve design in its current versions, the underlying concept is rather general. A
fast 2/2 way switching valve with a positive feedback metering edge is used as a suitable
example to explain the principle and the programming aspects.

The developed software is not intended for practical use but is a study object to obtain
experiences for assessing the feasibility of the approach. It comprises a methodology for
documenting and assisting conceptual design and its realisation as an addendum to some
widespread CAD system.

2 COMPUTER ASSISTANCE IN CONCEPTUAL DESIGN

Computer assistance in conceptual design ideally should advise the design team to do its
work in a systematic manner, to support the designer with existing know-how and
references, to get an automatic documentation, to help in finding possible technical
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realizations, and to assist further detailed design. The software environment to perform this
assistance should fulfil the following demands:

— It should be easy to handle and should have a user friendly graphical interface.

— Standard and wide spread software packages should be used to the largest possible
extent.

— Principle solutions should be described by an easy to understand symbolic language.

— For documenting and further processing, principle solutions should be saved on a server
based database system.

Conceptual design finds solution principles, which are classes of technical solutions that
share the same underlying physical principles [3]. There are different approaches to find
and describe such principles if some inventive steps have to be taken. Work normally starts
in an inductive manner by sketching some solution principles. In a second step a functional
analysis of the problem might be carried out. This is normally a functional decomposition
[2][4], by which the required functionality is subdivided into several elementary functional
elements [3], which constitute elementary functional entities, and their interconnection —
the so called structure of the system. The functional decomposition is an abstract way for
describing solutions principles. It requires some physical insight because it breaks down the
system functionality into basic physical effects. The human cognition and an effective and
efficient design process need both, the sketching of ideas and the functional analysis.
Computer support of such design activity should be able to handle these two types of
design description. An algorithmic support for transferring one into the other would be of
great benefit.

The graphical user interface can be provided best by a standard CAD software package. A
graphical entity models a certain component geometrically. To attribute the physical or
technical purpose of a certain component or subsystem to the graphical entity, a declaration
must be made by the designer. In the sense of functional decomposition this purpose
constitutes a functional element. When doing the design work by hand, sketches are
typically made on a sheet of paper, whereas the functional meaning is stored in the
designer’s head. A different person, who uses a similar syntax to sketch such technical
solution ideas, often can estimate the functional concepts from the sketches. But this might
be ambiguous in details. The exact meaning of a certain functional element according to the
designer’s ideas can be declared best by mathematical models of the expected physical
behaviour. The authors are aware that this is not always possible. In hydraulics however,
well established models exist for most of the functionally essential physical effects. At this
stage of work design is foremost a synthetic process, not yet an evaluative. Thus, it is most
important to document the designer’s ideas and not to have already a sound model of the
real physical behaviour. Of course, it is desirable that the physical perception of the
designer is correct. But it is the designer’s responsibility to decide on modelling, no
automatism is intended.

Experience and routine are important success factors. Models for certain functional
elements are stored in the database. They can be used in later design work and are open to
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improvement. Designers with little or no expertise in modelling can make use of such
models. It is a matter of quality assurance in design to establish regulations which assure a
proper use of such models by non-experts and the handling of their maintenance. This is an
organisational problem and not discussed here, despite its importance for a successful use
of such a tool in practice.

There might be different models for the same functional element, representing different
levels of accuracy and complexity. Selecting the most appropriate is left to the designer. It
would be desirable to document the experiences made with some model, for instance the
comparison with experiments. But we don’t see any other method but the skilful judgement
by experts who document their decisions in a systematic manner.

2.1 Example 2/2-way-poppet valve with positive feedback metering edge — functional
analysis

zli[]w X
A
\ 4 é 3 PFME
O 1] )i
]
T 0
VR

Figure 2 2/2-way-poppet-valve with positive feedback metering edge [5]

The functional principle of the valve, which is shown in Figure 2 is similar to a piloted 2/2-
way-poppet-valve. A is the high pressure and T the tank pressure port. It consists of a main
valve (1) for a high nominal flow rate and a solenoid actuated, normally open 2/2-way pilot
valve (2), and is a modification of a 2/2-way-poppet-valve with an additional positive
feedback metering edge (PFME). The latter should have a short opening time as possible,
whereas the time for closing the valve is not reduced compared to the conventional design.
The idea to use an additional metering edge was already utilised in the Valvistor-concept
[6] and in a switching valve [7].

This valve exploits various elementary functional elements. The spool is a body that can
move linearly in the axial direction and forms a seat valve. It has a rotational degree of
freedom as well, but it is a dummy mode of motion which is not relevant. The seat valve
consists of two elementary functions, a mechanical contact and a valve function, which is a
variable flow passage area between the spool and the sleeve controlled by the axial motion
of the spool. This motion couples mechanically with the seat valve function via the contact
relation. The positive feedback metering function is composed of a conventional spool-
valve metering edge and proper hydraulic connections as shown in Figure 2. The valve has
several chambers with a hydraulic pressure which influence the motion of the spool like the
obligatory spring to assure a well defined initial position. Figure 5 shows a screenshot of a
CAD drawing of the valve supplemented with the symbols of the functional elements that
are attributed to the drawing entities.
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3 THE SOFTWARE TOOL FOR CONCEPTUAL DESIGN

3.1 The graphical user interface (GUI)

The GUI is provided by the common CAD package Pro/Engineer [8]. It offers a
customisation toolkit [9], called “Pro/Toolkit”, to develop auxiliary applications in C++.
The Pro/Engineer 2D Sketch environment is used to graphically define and represent the
symbols for the functional purpose of a certain design entity which is identical to its
property as a functional element. Some of these symbols and their meanings are shown in

Figure 3.
a p2 X,V
ID:2 l
Q
m ID:3 ZA |\ EZ b8 q,| v |,
Q 1 T T
© p2 — P ID-14
F A el
ond Newton Constant Pressure Flow rate of Orifice law Pressure
axiom pressure force a conical seat build up in a
source valve variable
volume
Figure 3 Some symbols for describing physical effects
S x|
Basic Parameter ]Advanced Parameter Basic Parameter Advanced Parameter ]
Physical effect. ~ Design P
’V IDriﬁce lawe | d[6] # diameter;
#N[B] # maximum valve opening
 Mathematical Equations

eq[1,6] := ON[E] = alpha[6]*aN*sqrt(2*pN[E)/tha_Oel);
q[2.6]:= Q[E] = zeta[B]ON[E]*san((p1-p2)/pN[E]):
eq[3.6):= AN= d[B]PiN[B); R B
eq[4,6) := zeta[B] = x[6])/=N[6];
q[5.,6]:= AN = d[B]"2"Pi/4;

_ Constant:
alphal6] # flow coefficient; 0.60;

rtho_Oel # density; tho[1B];

pN[6] # nominal pressure; 860.0000 kg/m™3

Interm Link

~ Input Variable: s 5
~ Output Variabl State Variable:
#[6] # position; #10t);
p1 # high pressure; pl15];
p2 # low pressure; pl2):

Q[E] # flow rate;

I | Cancel | [ cancel

Figure 4 Screenshot of the symbol properties dialog box

Each graphical symbol is linked to a dataset in a database. A symbol properties dialog box
allows defining, viewing, and altering all data from the database. Figure 4 shows the dialog
box for a conical seat valve symbol. Typically, several of these functional elements are
coupling functionally with other elements. This coupling is the so called structure of a
certain solution principle [3] and corresponds to a network with quadripoles and nodes. The
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different functional elements are linked at global nodes. In the current version of the
software the user has to specify this structure by associating certain global names to certain
symbol propertics. Different kinds of data must be defined to specify a certain functional
element:

— Input variables: they must be linked to output variables of another symbol. In Figure 4,
for instance, the local pressure pl (it is one port of the functional element orifice) is
linked to p[15], which is a constant pressure source.

— Design parameters can be linked to a numerical value, to a feature value of a three
dimensional object (typically geometric dimensions or inertia data) or to a design
parameter of another functional element.

— The parameters in the constants box must be linked to a numeric value or to a constant
parameter of another functional element.

3.1.1 Symbolic description of the 2/2-way-poppet valve

)

IR
P X K2 Dokulox

o POPPET warde gespechert.
IV Concept/Dasianer (c) 2004 Berrhard Steiner |

Figure 5 Pro/Engineer screenshot of the valve with symbolic description

Figure 5 shows the principle drawing of the 2/2-way poppet valve with positive feedback
metering edge and the description of the essential physical effects by symbols. This way of
description documents the designer’s physical understanding. For example, symbol, 10, 11
and 12 represent leakage across a sealing gap. If the designer considers that leakage might
be an important problem he/she declares this by putting the corresponding symbol on the
drawing. Each symbol is clearly defined by its ID. The used symbols with their
mathematical equations for the mechanical motion are:
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The general equation for the flow rate of symbol 6, 7 and 8 is
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9
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p t dt
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2
4 = d° &
14 4
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3.2 Database environment

With the C++ interface MySQL++ [10] a MySQL database [11] can be linked to the
graphical user interface. A database of functional elements for the purpose of valve design

has been created. It consists of four table classes:

— The table of physical effects.

— Tables of elementary technical working principles: Uses one or several physical effects
in combination with some geometry, kinematics, specific material properties to achieve

an intended technical function.

— Table of sources: These are, e.g. pressure definitions, pressure sources, volume flow

sources, etc. The structure is similar to the technical working principles table.

— Tables of derived technical functions: Describes principle models of technical products

which are composed of elementary technical working principles.

Each table consists of Maple equations and parameter definitions, as shown in Table 1.

Table 1 Example of a physical effect

No | Name

Maple_Equation

Maple_Parameter

1 | Pressure
build up

eq[1,ID]:= V[ID)/E_Oel*
Diff(p[ID](t),t)}=Q_In-Q_Out;

V[ID] # volume;

E_Oel # elasticity modulus;
p[ID] # pressure;

Q_In # inflow flow rate;
Q_Out # outflow flow rate;

Elementary technical working principles and the source table are the heart of the database.
The designer uses these datasets for describing technical products in form of mathematical
equations in combination with graphical symbols. An example of an elementary technical

working principle is given in Table 2.

Table 2 Example of an elementary technical working principle

volume with
motion

No | Name Symbol_Filename Description Physical_Effect
1 | Variable | variable_volume.sym | Pressure build | basic_principles_energy:1;
volume up in a variable
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. s| Bl eg| 8|5
Maple_ Equation Maple_Parameter S| 5 S z @
1o |78 A
@)
eq[2,ID]:=V[ID]=VO[ID]- | VO[ID] # volume; 0:2; | 1:3; | 1:3; | 1:2; ] 0:1;
x1*A[ID]; x1 # position; 0:5; 0:6;
eq[3,ID]:=Q_In=Q_InO[ID] | A[ID] # area; 0:4;
+v1*A[ID]; Q_InO[ID] # inflow rate; | 1:5;
eq[4,ID]:=A[ID]=d[ID]"2* | v1 # velocity;
Pi/4; d[ID] # diameter;

In the datasets the name and a short description for the elementary technical working
principle and a link to a drawing symbol for visualisation are stored in columns one to
three. A link to a physical effect is given in the fourth column. In the next two columns the
mathematical equations of the underlying physical effect are described. In the last five
columns the input, output, state, constant and design variables and parameters respectively
are defined. This is done by referencing to the corresponding variable and parameter names
in Maple_Parameter column of the physical effects and technical working principles tables.
The user does not type these data, he/she even can’t see these last five columns, but
establishes these relations by a click onto symbols in the symbol property window.

Table 3 The description of the derived technical function of the 2/2 way valve

. Input Constant Design
No Children Connection | Connection | Connection
1 l:active_principles_mechanic,1; | 1:1->3:1; 8:1->0.60; |1:1->0.05;
2:sources, 1; 1:1->5:1; 7:1->0.60; |10:2->7:2;
3:sources,3; 1:1->4:1; 5:1->10.00; | 11:2->7:2;
4:sources,3; 8:2->14:1; [9:2->5.00; |12:2->7:2;
5:active_principles_mechanic,3; | 6:1->1:1; 11:1->16:2; | 11:3->10:3;

The result of a definition of a system is a derived technical function. It is described by a
table as shown for the example valve in Table 3. The first part of the table equals Table 2.
In the last part links to elementary technical working principles and some connections to
other elements or values of input, constants and design parameters are stored.

3.3 Maple interface

From the description of the system in the database a Maple input file can be generated
automatically. All identification numbers in the equations (called [ID]) and parameters will
be replaced by the global TD numbers of the specific functional element (this corresponds to
the symbol ID). All local parameter names will be replaced by linked parameters or
numerical values according to the declarations of the designer in the design phase. A
fragmented listing of the example from Figure 5 is shown below.



218  Power Transmission and Motion Control 2005

# ______________________________
# Equation of motion for one degree of freedom

eq[l,1] := v[1]l(t) = Diff(x[1l]1(t),t);

eql2,1] := m[1]*Diff(v[1](t),t) = (F[3]1-F[5]-F[4]-F[17]);

From such equations, in principle the system can be investigated qualitatively and
quantitatively. According to [4] an important part of such investigations are the relations
between the design parameters and the functional requirements. This is an upcoming
subject in systematic design theory (e. g. [12]) and is not discussed here. Symbolic
manipulation programs such as Maple [13] offer powerful methods to assist or even
automate such investigations.

4 DESIGN EVALUATION OF THE 2/2-WAY-POPPET VALVE

The valve has to fulfil two main requirements: achievement of certain nominal flow rate
and opening time. The nominal flow rate is explicitly given by the respective orifice
equation (5, 6) which constitutes a simple design rule for the main diameter ds and the
opening stroke xNg. For the latter a reasonable limit is d4 /4 because for larger strokes the
cylindrical flow passage exceeds the cross section of the intake bore. Based on the
specifications of Table 4 the results are: ds = 12 mm; xNs; = 3 mm. With these two
parameters a first design of the poppet as shown in Figure 6 can be made. An other
important parameter of the valve is the diameter ratio P=d,/d;. A larger [ increases the
nominal flow rate of the positive feedback metering edge, which speeds up the valve, but
enlarges also the mass of the spool and the volume V0,4, which make the valve slower.

»| Fa+Fs+Fy7

¢ — V0i4 i P1a . Z

2 NN
;ﬁ;\% "

he=dg +XxNg

d,/4
||
3

7

Figure 6 Mechanical model with main dimensions of the valve

The mass of the spool and the volume V04 can be estimated by the geometric dimensions
shown in Figure 6. To evaluate the opening time of the valve the equation of motion and
the pressure build-up equation according to equation (1) — (12) in nondimensional form are
used.



A computer aided conceptual design method for hydraulic components 219

dg (1) _
dT - 52 (T)

EO e -E@-Eovs, 13
dy(r) _ E@a, W@ +{a, W@ —a,1-y(@) - & (@b
dr (b (n-1)

The nondimensional parameters are:
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Dimensionless equations mostly reduce the number of parameters in the equations which
gives a better view on their role for the system performance. Their derivation can be
supported by a symbolic manipulation language. To clarify the role of the diameter ratio 4
its influence on the opening time, that is the time T needed for &, :0—1, is computed.
Results obtained by a numerical integration of (13) for the parameter set according to
Table 4 are shown in Figure 7.

0.086

0.084

0.082

+0.080 \ P

0.078

0.076

0.074 -
1 1.02 1.04 1.06 1.08 1.1 112 114 116 1.18 1.2

I¢]

Figure 7 Nondimensional opening time versus diameter ratio 3
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Table 4 Parameter set

Parameter Symbol value unit
pressure at high pressure port Pis 200 [bar]
pressure at tank port o) 0 [bar]
nominal flow rate over main edge QNg 150 [/min]
nominal flow rate over orifice QNg 0.5 [V/min]
nominal flow rate over pre valve QN 2 [Vmin]
nominal differential pressure pNeg, pN7, pNg, pNy |5 [bar]
effective bulk modulus of compressibility | E¢ 16000 | [bar]
oil density P16 860 [kg/m?]
steel density PrFe 7850 | [kg/m?]
spring preload force FO; 10 [N]
spring rate Cs 2 [N/mm]
discharge coefficient Olg, Oy 0.6 -

5 CONCLUSION AND OUTLOOK

A substantial computer support in the conceptual design phase in form of an auxiliary
software add-on to common CAD programs is a promising approach. The two objectives, 1)
a clear documentation of the designer’s ideas and physical understanding of his/her concept
and 1ii) a support of the evaluation by some automatic generation of mathematical models
have been achieved. Underlying physical effects and technical working principles are
stored in a mathematical notation in a database and can be combined to form new, more
complex systems. They are represented by graphical symbols in the drawings. The
symbolic notation enables an immediate treatment of the mathematical models in a
symbolic manipulation language for qualitative investigations, closed form solutions, where
possible, or for transfer to a numerical simulation package. The computer supported
evaluation of the design parameter functional requirement relation will be a next step in the
research.

ACKNOWLEDGEMENT
The authors gratefully acknowledge the sponsoring of this work by the 'Linz Center of
Competence in Mechatronics' in the framework of the Kplus program of the Austrian

government. This program is funded by the Austrian government, the province Upper
Austria and the Johannes Kepler University Linz.

REFERENCES

[1] VDI RICHTLINIE 2249: CAD-Benutzungsfunktionen. April 1999.



[7]

(8]

191

[10]

[11]

[12]

[13]

A computer aided conceptual design method for hydraulic components 221

Pahl G. and Beitz W., Konstruktionslehre. 2. Auflage. Berlin Heidelberg New York:
Springer-Verlag, 1986.

Scheidl R., Dierneder S., Computerunterstiitztes Konzipieren auf Basis einer

»Funktionalen Zergliederung®. Konstruktion 7/8, 2000, pp. 51-55.
Suh Nam P., The Principles of Design, Oxford University Press, 1990.

Steiner B., Scheidl R. and Hametner G., Development of an ultra fast emergency stop
valve. In Proceedings of the 18" International Conference on Hydraulics and

Pneumatics, Prague, Czech Republic, 2003.

Anderson Bo R., On the Valvistor, a Proportionally Controlled Seat Valve. PhD
thesis, Linkdping, Schweden: Department of Mechanical Engineering, 1984, 192 p.

Achten, P. A. J,, Van den Oever, J. P. J., Potma, J., Vael, G. E. M., Horsepower With
Brains: the Design of the Chiron Free Piston Engine. In SAE Technical Papers 2000-
01-2545, In Proceedings of the International Off-Highway & Powerplant Congress &
Exposition, Milwaukee, W1, USA, September 2000.

Parametric Technology Corporation, Pro Engineer Wildfire M210, Parametric

3D-CAD Software.

Parametric Technology Corporation, Pro/Toolkit User’s Guide, 2002.
Atkinson K., MySQL++ A C++ API for MySQL ver 1.7.9, May 2001.
MySQL AB., MySQL database server, Version 4.0.18.

Summers J. D., Bettig B., Shah J. J., The Design Exemplar: A New Data Structure for
Embodiment Design Automation. In Journal of Mechanical Design, Vol. 126(2004),
pp. 775-787.

Waterloo Maple Inc., Maple 9.01, Computer Algebra System.






R

Quit

Determining the Steady State Flow Forces
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ABSTRACT

Hydraulic spool valves are found in most hydraulic circuits in which flow is to be
modulated. Therefore their dynamic performance is critical to the overall performance of
the circuit. Fundamental to this performance is the presence of flow reaction forces which
act on the spool. These forces can result in the necessity of using two stage devices to drive
the spool and in some cases have been directly linked to valve and circuit instabilities. As
such, a great deal of research and design has concentrated on ways to reduce or compensate
for flow forces. In one particular series of studies conducted on flow divider valves, it was
established that a rim machined into the land of the spool reduced the flow dividing error by
approximately 70-80%, and it was deduced that the main contribution to this error was flow
forces. Direct verification of the claim regarding flow force reduction was not achieved and
hence was the motivation for this particular study.

This paper will consider the reaction (flow) associated with a conventional spool land and
one with a rim machined into it. Computational Fluid Dynamics (CFD) analysis was used
to elucidate the fluid mechanics associated with the steady state flow forces as it provided a
detailed structure of the flow through the valve. The prediction of the steady state flow force
on the rim spool was investigated and the results from the CFD analysis indicated a
reduction by approximately 70% in a flow divider valve configuration.

1. NOMENCLATURE:

ul’ fluctuating velocity component in the X, direction (m/s)
. . (o]

o, discharge angle at port i ( )

u; fluctuating velocity component in the X ; direction (m/s)

51.]. Kronecker delta

a, a constant

n a switching function (1 or 0)
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Yol fluid density (Kg/m®)
P mean pressure (Pa)
U, mean velocity component in the X; direction; (m/s)
AP pressure drop across the orifice (CFD model) (Pa)
Q the absolute value of the vorticity
w the inverse of the turbulence time scale, (s")
k=(1/2)uju’  the turbulence kinetic energy (m%s?)
v o | A
5 - velocity gradient of V, in the y direction (s™)
V
pullu; Reynolds stress tensor (kg/m.s”)
U, turbulent viscosity (Pa.s)
7 viscosity of the fluid; (Pa.s)
A area of the sleeve (m°)
Ay the spool area of surface i (m?)
A, flow divider variable orifice i (m?)
Ao area of the orifice (CFD model) (m®)
B flow divider spool damping coefficient. (N.s/m)
Cd discharge coefficient (assume constant in this study)
spool steady state reaction force on the spool (N)
Fj the flow reaction force on flow divider surface i (N)
F, the frictional force (N)
K; the flow divider orifice i valve coefficient (m*/kg)"
m the mass of the flow divider spool (kg)
Py the pressure acting on flow divider land surface i (Pa)
P, the load port pressure at port i for the flow divider valve (Pa)
P, the supply pressure (constant) (Pa)
O the flow through orifice i on the flow divider valve. (m’/s)
t the rim thickness
d the rim depth
w the area gradient for the flow divider valve (width of flow  domain) (m)
x the spool displacement from centre for the flow dividing valve (m)
Xy the opening displacement of orifice i for the flow divider valve (m)
/ the length of valve chamber (i.e. control volume) (m)
, the length within the chamber in which flow is significant (m)
F, the flow divider error (%)
X the velocity of the spool (m/s)
X the acceleration of the spool (m/s”)
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2. INTRODUCTION

Hydraulic valves are a major component of hydraulic systems. The primary functions of
these valves are to control the rate of flow, the direction of flow and the pressure in
hydraulic systems; further, their dynamic performance can directly affect the overall
stability and transient response of the system in which they operate.

Fundamental to all valve operation are the flow forces. These forces can be described as the
effect of momentum changes as oil flows through the valve. The flow force has both steady
and transient components but the steady flow force is the most dominant. The transient flow
force, although very important for stability, is not considered in this study. The inherent
steady state flow forces act in a direction so as to close the valve and hence act as a
nonlinear spring. The forces so produced can affect the metering accuracy of the valve.
Since flow forces are a function of the product of pressure drop and orifice opening, the
non-linearity can be a potential source of instability in the valve operation. In addition, for
high bandwidth and flow rate applications, these forces become significant in which case a
larger external force is needed to actuate the spool.

Many attempts have been made to compensate for flow forces by the use of one or more
pilot stage valves or by using larger solenoids. The problem with these approaches is that
higher order dynamics are introduced into the valve operation (which makes control design
more challenging); in addition, larger solenoid actuators are usually expensive and have
distinct force limitations and can limit single stage electro-hydraulic servo-valves to low
performance applications, Merritt (1).

There have been some interesting approaches forwarded to reduce flow reaction forces.
Merritt (1) prescribed the placement of many small holes symmetrically around the valve
sleeve so that the angle at which the fluid leaves the metering orifice reaches 90° when the
hole is completely uncovered. He also proposed a method of compensation to increase the
shank diameter at both ends. Borghi et al (2), Bao et al (3), and very recently, Jyh et al (4)
have compensated for the flow forces by modifying the spool geometry. Finke et al, (5)
compensated for flow forces by adding a compensation cone to the spool and a full angular
scallop to the body. In Finke’s design study, the flow forces were reduced from 25 N to 9 N
at a pressure drop of 320 bar.

Chan et al (6) and Burton et el (7 and 8) utilized a spool with a rim machined into the lands
to reduce the flow division error in a flow divider valve. Chan surmised that since friction
and flow forces were the major contributor to the flow division error, any reduction was
primarily a consequence of reduced flow forces; thus they concluded that the rimmed
configuration did contribute to this reduction. The authors were not able to directly measure
flow forces on the particular spool arrangement that was used in their study. Thus their
conclusions were based solely on indirect information such as the observed reduction in
flow dividing error in the valve using the rim.

The challenge of verifying that flow reactions forces were, indeed, reduced was part of the
motivation for this research. In addition, since Chan had demonstrated the difficulties in
experimentally verifying their claim, it was decided that another approach using
Computational Fluid Dynamics (CFD) could be a viable alternative to address the problem.
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In the past decade significant advances to CFD and Particle Image Velocimetry (PIV)
approaches have been made and applied to numerous fluid dynamics problems and more
recently, hydraulic components. Wang et al (9) used Particle Image Velocimetry (PIV) to
acquire data in simplified valve geometry. They measured the velocity and pressure fields in
a spool valve based on two-dimensional PIV. Their results showed PIV to be an effective
method to map the flow field in spool valve. Similarly, Gao (10) investigated the flow
structure inside a spool valve by numerical simulation based on the Finite Element Method
(FEM) and tried to validate his results by PIV experiments. Both visualization results
indicated a similar flow structure but the data acquired from both methods did not agree
well. Since valve geometry is extremely complex, Borghi et al (2) showed how the flow
characteristics of complex geometry can be dramatically simplified using axis-symmetric
approaches. This allowed for a reduction in the time needed to solve the governing
equations.

Bao (3) investigated the flow behavior inside a hydraulic spool valve using CFD methods.
He analyzed the relationship between flow rate, geometry and pressure losses by comparing
the computed pressure loss for different flow rate and chamber structures. His results show
that the changes in flow rate and in geometry decreased the pressure drop significantly in the
valve, but modifications to the valve’s spool geometry resulted in little improvement. Linda
et al (11) utilized CFD as a tool to improve a valve design. With CFD, the authors predicted
the primary source of pressure losses in the existing valve and then modified the valve
features to minimize those losses. Vescovo and Lipolis (12, 13) provided a detailed study of
flow forces in traditional and proportional directional valves using a CFD commercial code.
In particular, a complete three dimensional analysis of both types of valves was
demonstrated and the dependence of flow forces on pressure drop and on the spool opening
analyzed.

Another school of thought proposed utilizing flow forces advantageously instead of
eliminating them. Yuan et al (14 and 15) used fundamental momentum analysis, CFD
analysis and experimental studies to examine how transient and steady flow forces can be
manipulated to improve spool agility (dynamic response) in a single stage valve. The
authors proposed that spool agility can be improved by inducing unstable transient flow
forces, that is, by configuring the valve to have a negative damping length, and the unstable
valves could be stabilized via closed-loop feedback. Also in this work, it was found that two
previously ignored components, i.e. viscosity effects and non — orifice momentum fluxes,
have strong influence on steady flow forces.

Based on the success that these researchers (and many others) have had in using CFD to
analyze flow forces and to assist in flow visualization in valves and other hydraulic
components, it was decided to use CFD as a means of establishing that the rim effect of
Chan’s design was indeed able to reduce the flow reaction forces. The rim effect was most
interesting in that the fabrication was very straight forward compared to the valve
contouring that alternate approaches utilized. Thus the objective of this study was to apply
CFD to a basic 2D spool configuration to establish that flow forces using a rimmed spool
were indeed reduced. A schematic of the basic spool with and without the rim machined into
the land is illustrated in Figure 1. In section 3, the basic equations for force forces are
presented. In section 4, the implementation of the CFD code and the boundary conditions
are listed. In section 5, the results of the numerical simulation for various valve
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configurations are presented. In section 6, the CFD approach is combined with a dynamic
simulation of Chan’s flow divider valve utilizing an iterative approach. In section 7, the
results are discussed and conclusions presented.

(a) Standard spool (b) Rimmed spool

Figure 1: Standard spool and land arrangement with and without rim.

3. STEADY STATE FLOW FORCES EQUATIONS

The focus of this section is to present models for steady state flow forces. The effect of
viscosity and the inlet momentum flux (non - orifice inlet) on steady state flow forces was
studied by Yuan and Li, (15). Yuan expressed the momentum flux at the inlet to be
proportional to the square of the flow rate and used the assumption of a laminar and
Newtonian fluid to model the shearing forces that act on the spool rod and valve sleeve. In
this work however, only the viscous contribution to steady state flow forces is examined.

In the first model, the classical flow reaction forces, Merritt (1) are considered. The valve
configuration and nomenclature are provided in Figure 2. The development of the classical
model of flow reaction forces is relatively straight forward and will not be repeated here.
Applying appropriate assumptions (1), and using the nomenclature of Figure 1, it can be
shown that:

IV,

F

oot = | 2CpA,APcosB+1 ” U—=dA (1)

A(sleeve)

When viscous effects are neglected, 77 = 0, Merritt (1) ; if they are included, then 77 =1,

Yuan and Li (15).

The second model was that used for CFD analysis, and was based on the Reynolds —
Averaged Navier — Stokes (RANS) equations. A CFD software package called CFX-5.6
(ANSYS) was used to solve the RANS equations. For steady flow with constant fluid
properties, the transport equations representing conservation of mass and momentum take
the following form:
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The Reynolds stress tensor represents an effective fluid stress due to turbulence, and is
dominant in most of the flow.
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Figure 2: Control volume and nomenclature for the valve studied.

In order to close the RANS equations, a turbulence model must be implemented for the
Reynolds stress tensor. One of the most popular turbulence models is the so called eddy
viscosity model, which relates the turbulent stress to the mean strain rate as follows:
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o0, , 90,
dx;  ox,
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k=(1/ Z)M;u' is the turbulence kinetic energy associated with the fluctuations of the

velocity field. Note that unlike the dynamic viscosity, the turbulent viscosity is not a fluid
property but a function of the local flow field. In this case, it is solved using the so called
Shear Stress Transport (SST) turbulence model available in the code CFX-5. The local

value of {4, is calculated using the following relation:

pa,k

= Lt S 5
H max (a, @) ©

In order to calculate 4, , two additional transport equations are solved for k andw. The

specific form of the transport equations is described in the documentation for CFX-5, and
their derivation is given in Menter F. R (16). One important aspect of this two-equation
closure is that it is a low Reynolds number formulation that remains valid in the immediate
vicinity of the wall, where typically the turbulence is strongly damped and viscous forces
are dominant. It requires a sufficiently fine grid near the wall, but when correctly
implemented can accurately resolve the local wall shear stress, 7y, , which can then be used

to calculate the viscous friction force acting on the surface.

The flow forces are then evaluated by integrating the pressure profiles along surfaces of the
two lands and integrating the shear stresses on the rod and piston face.

4. GEOMETRY AND BOUNDARY CONDITIONS

For this initial study, only a two dimensional model was examined. This was considered to
be important because it would allow a more visual classical representation of flow through
the valve which facilitates a physical explanation of flow force reduction. In reality, the
CFD package used in this study used a 3 D model of the valve but with a width of 1 mesh
unit. The meshes used are hexahedral in shape.

The computational model of the valve is shown in Figure 3 and includes the valve chamber
and the entry and exit port. The width of the domains are taken as 7z, where D is the
diameter of the spool. In Figure 3, a label is used to represent each boundary. The spool
comprises of boundary j, k and /; the sleeve, a and e; and the inlet and outlet, ¢ and g,
respectively. Because the model is actually 3D, the “front” and “back” surfaces are
separated by 1 mesh unit. The front and back boundaries which cap the computational
volume are considered as symmetry boundaries. Apart from the inlet (¢), outlet (g), and the
symmetry boundaries, all other surfaces are classified as no — slip boundaries. The no — slip
boundary condition implies that the tangential velocity on each wall is zero due to friction.
The inlet and outlet are strictly one way flow boundary conditions. For the inlet, the flow is
directed into the flow domain, and at an outlet boundary, it is directed out of the domain.
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The symmetry boundary condition implies that there is no change in the flow variables in
that direction. The inflow boundary for the model shown in Figure 3 was a pressure
boundary equal to 21.4 bar. The outflow was also a pressure boundary equal to 3.4 bar. All
walls were considered to be thermally inactive and hydraulically smoothed.

18

1.8 6.8 1.8

3.2

11.15

Figure 3: Computational model of the valve geometry

The 2D geometries were created and meshed using CFX 5.6 numerical software. The exit
ports were extended adequately in order to achieve a fully developed flow at the outlet. The
entire mesh elements used were hexahedral and fit the geometry of the problems. The exit
ports and the flow restriction region were meshed more finely than at the entry port as flow
variables were considered to vary more in these regions. The mesh was proven to yield
solutions which were insensitive to further refinement. The inlet and outlet mesh are
illustrated in Figure 4.

The physical property of the fluid was set as 871kg/m’ for the fluid density and
0.0375kg/m.s (40°C) for the dynamic viscosity. This corresponded to a kinematic viscosity
of 43 centistokes.



Determining the steady state flow forces in a rim spool valve using CFD analysis 231

Inlet port mesh Outlet port mesh

Figure 4: Inlet port mesh and Outlet port mesh at the orifice

5. SIMULATION RESULTS

Simulations were performed for different openings of the spool. The flow was modeled in
CFX 5.6 (17) as Newtonian, turbulent, steady and incompressible. The CFX 5.6 code uses
the finite-volume method to discretise the RANS equations. A second order differencing
scheme was used to model the convective-diffusive transport. The SIMPLE algorithm was
used for solving the mean pressure field. The approximations associated with the turbulence
model represent an additional source of error. However, as mentioned in section 2, the
Shear Stress Transport (SST) turbulence model which was adopted has been validated for a
wide variety of flows. Grid refinement was used to ensure that the numerical errors were
sufficiently small on the final mesh to enable meaningful conclusions to be drawn from the
simulation results. For a given problem, the solver typically ran for 2 1/2 hours, and
convergence of the solution was achieved after approximately 1000 iterations. The final
values of the residuals for the continuity (pressure) and the two momentum equations (u and
v) were below 1 x 10°.

Figures 5 and 6 show the CFD results in terms of the velocity vector plots for the standard
reference and the rim spool valve configurations. The angle of the jet of fluid exiting the
orifice is evident. A control volume analysis indicated that the steeper the angle, the lower
the steady state flow force, and this was substantiated using the rim geometry
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Figure 5 (a): Velocity vector plot for the conventional (non-rimmed) spool
configuration (x, = 0.5mm).
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Figure S (b): Pressure plot for the conventional (non-rimmed) spool configuration (x, =
0.5 mm). The estimated jet angle and steady state flow forces from the CFD analysis
are 65.54° and 6.31 N.
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Figure 6 (a): Velocity vector plot for the rim spool valve configuration (t = 0.8 mm
and x,= 0.5mm)
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Figure 6 (b): Pressure plot for the rim spool valve configuration (t = 0.8 mm and x, =
0.5mm). The estimated jet angle and steady state flow forces from the CFD analysis
are 66.46° and 4.82N, respectively.

These simulations were repeated for various valve opening and the results summarized in
Table 1.
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Table 1: The estimated jet angle and steady state flow forces from CFD analysis for
standard spool land and rimmed land (rim thickness t = 0.8mm)

Steady  Flow Force(N) Jet Angles  (degrees)

XV %
(mm) | Standard Rim reduction Standard Rim

0 0 0 0 0
0.375 4.68 4.46 4.7 65.34 65.85
0.5 6.31 4.82 23.6 65.54 66.46
0.75 9.76 7.06 277 66.21 71.62
1.05 13.67 9.64 295 69.25 73.49

For a constant rim thickness, the flow forces are reduced by approximately 25% for spool
positions greater than 0.5 mm. The jet stream angle also increases for the rimmed land. For
very small displacements, the pressure gradient is localized around the opening and rim area
whereas for larger openings, the pressure distribution is more distributed.

A comparison of the steady state flow force for the standard spool land using a CFD
approach versus the standard classical flow reaction force calculation of equation (1) is
demonstrated in Table 2. It should be noted that the classical force equation uses an assumed
angle of 69 degrees, in order to provide a common basis for comparison. It is clear that the
flow reaction forces for the outflow condition were under-estimated using the classical
steady state equations. This is primarily because the frictional effects have been ignored in
the classical equation. The opposite is true for the inflow conditions because viscous effects
are subtractive.

Table 2: A comparison of steady state flow reaction forces using CFD versus that
obtained from equation (1)

CFD Classical
Spool opening Standard spool Standard spool
X, (mm) SSFF (N) 9(0) SSFF (N) 9(0>
0.375 4.68 65.34 2.95 69
0.5 6.31 65.54 3.93 69
0.75 9.76 66.21 5.30 69
1.05 13.67 69.25 8.25 69

It was of interest to demonstrate how the rimmed lands performed when the thickness was
increased. The results are summarized in Table 3 and it is evident that there is very little
flow force reduction at this thickness and the result is consistent with that predicted by Chan
et al (6).
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Table3: The estimated flow forces using the CFD approach for a rimmed land at a
thickness of (t = 1.0mm).

CFD
Spool opening Standard spool Rim spool
X, (mm) SSFF (N) 9(0) SSEF (N) 9(0)
0.375 4.68 65.34 4.64 65.85
0.5 6.31 65.54 6.26 66.46
0.75 9.76 66.21 9.29 71.62
1.05 13.67 69.25 12.28 7349

6. APPLICATION TO THE RIMMED FLOW DIVIDER

It was of interest to apply the CFD approach to the actual valve configuration of Chan’s
rimmed flow divider valve. This required an iterative approach because the actual spool
displacement in the valve depended on the calculated flow reaction forces, which in turn
depended on the spool position. The model of the flow divider valve and the describing
equations are presented in Appendix A for completeness. The dynamic equations were
solved using Matlab/Simulink® (18). For an initial spool displacement from the centre, the
flow reaction forces were estimated using the classical steady state flow force equation.
Using the dynamic simulation a new steady state spool position was determined. CFX was
applied to the new spool position model and a new flow force estimated. This value was
then substituted back into the dynamic simulation and a new position calculated. This
procedure was repeated until the spool position reached a steady state point at which the
process was stopped.

Figures 7 and 8 shows typical velocity and pressure profiles for the rimmed and non-rimmed
lands. The flow forces for the two cases are compared in Table 4. The results are presented
for a pressure drop of 12 bar across the load ports. At steady state conditions, the percentage
reduction in flow reaction forces are calculated to be approximately 80%. These results are
consistent with the trends obtained experimentally with Chan’s work (6).

Table 4: Flow forces and jet stream angle for the flow divider valve (Pressure
differential across the ports of 12 bars and a rim thickness of .16mm)

x(em)* | x, (ecm) | x,(cm) | 6,(°) | 6,(°) | F,() | Condition

0.06 0.14 0.26 88.1 87.3 3.925 Without Rim

0.01 0.19 0.21 89.2 87.9 0.747 With Rim

*In this table, x is the actual displacement of the divider spool and x,; and x,, are the relative
displacement of the spool with respect to the initial centre position.
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Figure 7 (a) Velocity plot (x,, = 0.14 cm; x,, = 0.26 cm)
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Figure 7(b) Pressure plot (x, = 0.14 cm; x_, = 0.26 cm)



Determining the steady state flow forces in a rim spool valve using CFD analysis 237

Velocity
{Contour 1)

83.10
57.84
52.58
~47.32
:'42.07
—36.81
F’31.55
~26.29
—21.03
—15.77
‘ 10.52
5.26
@.00

Figure 8(a) Velocity plot (x, =0.19 cm; x,, = 0.21 cm)
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7. DISCUSSION AND CONCLUSIONS

The object of this paper was to present the results of a CFD study on flow reaction forces on
a conventional and rimmed spool valve. The same CFD approach was then applied to the
flow divider valve configuration of Chan et. al. and the same trends were observed. In all
cases, the rim resulted in the jet efflux angle increasing as the reaction forces decreased It is
clear that the rim does indeed, reduce the reaction forces both for the conventional spool
configuration of Figure 1 and the special flow divider spool arrangement of Figure Al and is
consistent with the results of Chan.. However, the percentage reduction in the conventional
valve shown in Figure 1 was in the order of 30% whilst the reduction for Chan’s valve was
in the order of 80%. This is a bit deceiving because the flow reaction forces in Chan’s
device were based on the difference between two ports and hence the reduction reflects the
total reduction of the difference.

It was concluded than that the rim proposed by Chan did result in a reduction of the flow
reaction forces and that the presence of a rim in any valve, standard or otherwise, can be a
simple and effective way to reduce flow reaction forces. It should be noted that this study
has been extended to a new configuration in which the flow reaction forces are further
reduced for a single land to approximately 70% of the conventional land. This configuration
is now being considered for a patent and hence details cannot be presented here. It is
however, important to note that the CFD approach can be extremely useful as a simulation
and design tool for hydraulic systems.
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APPENDIX 1

Using the flow dividing system illustrated in Figure A.1, the describing equations are given

as:

£,

£,

) 0,
. s I
‘xvl xv2

v

2

Figure A.1: Schematic of a Flow Divider Valve with the rim (Chan et al)

The following equations describe the operation of a flow divider valve. These equations
were implemented on Matlab/Simulink ® (18). Details of this material can be found in

Okungbowa (19).

ByAy +Fp —PyA,, —F, =mi+Bx+F,
Fy =2Cy44, (Pn —P11)90591
Fyy = 2C44,, (sz - P )COS 6,

Avl =Xpw > AvZ =XpoW
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X, =X +0.002 5 X,y = 0.002 —x R X, + X,y = 0.004 (A5)
O =4K, (Pv _Pﬂ) (A.6)
O =4,k \/(Pn _Pm) (A7)
0, = 4K, (Pq _Pi2) (A.8)
0, =4,K, (Pi2 _PL2) (A.9)
=k C"\E (A.10)
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Design of valve solenoids using the
method of finite elements
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ABSTRACT

The Method of Finite Elements (FE) is used in the design of valve solenoids to simulate the
stationary as well as the transient magnetic field behaviour and predict the static and
dynamic properties of the actuator. The intended paper shows how to apply FE simulation
properly in the cases of non-rotational geometries, proportional solenoids and high
excitations with possible eddy currents.

Many switching valves in pneumatics are driven by low-cost solenoids with a non-
rotational bracket instead of a cylindrical housing. A bracket solenoid is modelled with both
3D- and 2D-software and the simulation results are compared in precision and effort.

Proportional solenoids mostly show rotational design and hence can be simulated with 2D
tools. The challenge lies in the FE modelling of their cone and airgap, responsible for the
linear force characteristics. Former observations have shown that the perfect match of
simulation results with measurements is difficult [1]. Manual rectangular meshing in the
solenoid’s airgap is crucial. A detailed FE-analysis of the electromagnetic field in the airgap
brings better understanding of the regional flux densities and the resulting solenoid forces.

Transient FEM allows to determine the dynamic behaviour of solenoids. Eddy currents play
an important role in case of high excitations. The influencing parameters (specific electric
resistance and magnetic permeability) are considered in transient simulation and their
impact on the solenoid dynamics is visualised.

NOMENCLATURE
Latin Symbols U Voltage
A Surface vV Volume
B Magnetic flux density X Armature position
I’ Force
H Magnetic field strength Greek Symbols
I Current Uy =4mnE-7Vs A~ 'm™" Magnetic field constant
J  Current density U Relative magnetic permeability
M Material magnetization Theta Ampere-turns
N Turns of the coil Rho Specific electric resistance
P Maxwell’s surface tension
P Vector potential Subscripts
R Resistance ind induced
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1. INTRODUCTION

In former publications, the general possibilities of stationary as well as transient simulation
to predict the static and dynamic solenoid behaviour for valve operation have been shown
[1]. There are limitations though, that demand deeper insight into the application of the
method of finite elements.

After a brief summary about correct FE modelling of solenoid geometries, a detailed look
into three special cases is given.

2. FE MODELLING OF SOLENOIDS

The solenoid geometry is imported through a CAD interface. The meshing has to be done
manually in critical areas like air gaps and cones in order to obtain homogeneous elements.
The meshing between static (core) and moving part (armature) must adapt itself to the
movement without losing its homogeneity.

atifg

Core with outer cone Armature
Figure 1: Proportional solenoid meshed with finite elements

Former observations have shown that rectangular meshing inside the air gap between
armature and core is crucial for best force calculation [1], [2]. This is due to the higher
potential approximation on rectangles [3].

P :Py =0 2D (1)

P~ py+ pX+ p,y+ pixy rectangles (2)

P~ py+ px+p,y triangles 3)

B=rotP= aﬁ;—ai;o “)
y X

B~(p,+ psx;—p, — p,;0) rectangles (%)

B~(py—p;:0) triangles (6)



Design of valve solenoids using the method of finite elements 245

The linear approximation of the magnetic flux density B on rectangles (Eq.5) corresponds
better to reality than constant values on triangles (Eq.6). This positively affects the
precision in force calculation (Eq.7).

2 2,,2
. Ly )

24, 2

Once the meshing of the geometry is finished, material properties of the specific soft iron
used have to be assigned in the form of B/H curves. They represent the correlation between
the magnetic flux density B and the magnetic field strength H. Soft iron, commonly used
for solenoids, typically shows a small magnetic hysteresis and therefore low energy losses
when the magnetisation is changed (Figure 2a) [4].

.
TN i T, =N i
a) b)
n A
Hmax
L a
H

Figure 2: Hysteresis of magnetically soft (a) and hard (b) material, virgin curve (c)
and permeability (d)

With the first magnetisation of the virgin material, the flux density B rises proportionally to
H from the origin (Figure 2¢). The relative magnetic permeabilitiy p, describes the slope of
the curve (p,: magnetic field constant) (Eq.8), [4].

B=pit, H=p,H +M ®

As can be seen in Figure 2d, the relative permeability first increases to a maximum (typically
6000 to 10000), then the material reaches saturation. The increase of B with H is flattened and
the permeability decreases again. The slope of 1, is characteristical for the chosen material and
can be influenced by thermal treatment (annealing). The magnetic field strength H depends on
the ampere turns put into the coil, following Maxwell's first equation about magnetic penetration

(Eq.9).

o'[aAI:[od§:N~]:€<:>rotﬁ=j )
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If the ampeére turns are reduced, the flux density follows the upper branch of the hysteresis
loop back to the remanence By at field strength equal to zero (Figure 2c). The material
keeps a remaining magnetisation that only can be neutralised with the coercive field
strength of opposite polarity —H¢. Simulation tools normally use the virgin curve of the
material and hence don't consider magnetic hysteresis.

As the final step, the electric activation of the coil (N*U/R, high excitation, sinusoidal), the
physical parameters (Newton's equation of movement) as well as mathematical boundaries
(Dirichlet’s boundary condition) and the simulation parameters (range of armature stroke,
time discretization) have to be defined. Calculation of a stationary force vs. stroke
characteristic takes a few minutes, of a transient-dynamic shifting operation up to 45
minutes in 2D (PC Win2000 Pro, 512MB RAM, 2.4GHz).

3. NON-ROTATIONAL GEOMETRIES

Many on/off-valves in pneumatics are driven by solenoids in bracket design with a partly non-
rotational geometry. They basically demand 3D modelling and simulation. A standard on/off
solenoid from pneumatic applications was chosen to compare the possibilities of 2D and 3D.

The 3D model has to be created step by step. First the iron parts (armature, core and bracket)
are meshed. Then the coil is added (Figure 3). The most challenging part is the meshing of
the surrounding air, the primary air gap between armature and core and the secondary airgaps
in the junctions to the bracket. Automated algorithms tend to mesh complex parts of the
geometry with large numbers of elements disregarding their shape (hexahedrons best choice
for potential approximations, analogous to 2D rectangles). This unnecessarily increases the
simulation time and does not assure the best possible results. Thus all meshing is done better
manually in order to enable a coherent mesh and limit the size of the model and calculation time.

The material properties, electric activation, boundaries and simulation parameters are
assigned like in the 2D case. A professional user of the software needs about two days to
create a suitable 3D model of the regarded solenoid. The calculation time of one armature
position and a constant coil activation takes six to eight hours.

T
vormEE 5 A g0 S
A 1 or
s h 14:58:06

Figure 3: 3D model of a bracket solenoid



Design of valve solenoids using the method of finite elements 247

The static (core) and moving part (armature) of the solenoid are cylindrical, the bracket can
be approximated as a cylinder with smaller profile. Ideal air gap meshing with rectangles
easily is possible in 2D (Figure 4 right), the calculation error in stationary force calculation
remains below 10% (Figure 6).
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Figure 4: Approximated 2D model of the bracket solenoid
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Figure 5: Measured (solid) and simulated (dotted) stationary force vs. stroke and current

The dynamic behaviour of the solenoid can also be determined precisely in 2D simulation
(Figure 6). Thus, a 2D simulation delivers comprehensive results after a total of two to
three hours including modelling and parameter variation. 3D does not deliver better
precision.
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During operation the armature will be torn towards the bracket and leave the axially
symmetric trace assumed in 2D. This effect only can be considered in 3D simulation.
Another advantage of the third dimension is the visualisation of the spacial field
propagation (Figure 7).
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Figure 6: Measured (solid) and simulated (dotted) armature stroke and current vs. time

Figure 7: Vector grafic of 3D magnetic flux
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4. PROPORTIONAL SOLENOIDS

The outer cone responsible for the proportional solenoid force and ist resulting air gap
are difficult to model with finite elements. The forces at the cone can be separated into
an axial and a radial component, depending on the normal and tangential components
of the magnetic flux density B. The magnetic force as described in Equation 7 can be
analytically calculated on limited surfaces by integrating Maxwell's tension across the
regarded surface (Eq.10) [5].

f?n .......... B F= pdd (10)
pn oo V\l‘ :? », =2L(an _Bzz) (11)
: : ¥/
: 1
— 3 =—B B 12
df E pt pt ,U nt ( )

We now have to carefully distinguish between the normal tension component (Eq.11) and
the tangential tension component (Eq.12) on both axial and radial iron surfaces for different
air gaps.

In small air gaps, most flux lines (and hence flux densities) are normal to the surrounding
surfaces (Figure 8). This results in normal components (Eq.11) of Maxwell's tension on
axial (the measurable solenoid’s force) and radial surfaces (force neutralised by radial
symmetry). There are almost no tangential components (Eq.12) of tension and force due to
the minimum of diagonal flux lines.

I (N B

Figure 8: Flux lines and saturation at a proportional solenoid's cone with 0.2 mm air gap
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In mid-sized air gaps, the number of diagonal flux lines (and hence By) in the radial air gap
increases (Figure 9). The tension component normal (Eq.11) to the axial surfaces shrinks
and is replaced by the increasing tension component tangential (Eq.12) to the radial
surfaces. The components tangential to axial and normal to radial surfaces are again
neutralised by radial symmetry.
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Figure 9: Flux lines and saturation at a proportional solenoid's cone with 0.9 mm air gap

In large air gaps (Figure 10), there are many flux lines with components tangential to radial
surfaces and hence a strong tangential tension component (Eq.12). Together with the
remaining component normal (Eq.11) to the axial surfaces, it assures a quasi constant
solenoid force as long as the armature is overlapped by the cone's nose.

Certain FE tools allow the definition of local and open integration paths for the force
calculation. The solenoid force resulting from axial and radial surfaces at the cone can be
split up and quantified (Figure 11).

As shown before, only the normal tension component p, on axial surfaces and the
tangential component p, on radial surfaces contribute to the effective solenoid force.
With increasing air gap, the normal component of the flux density B, on axial
surfaces shrinks and so does the normal surface tension p, (Eq.11) as a consequence.
The tangential component on radial surfaces p; (Eq.12) rises with the tangential flux
density B, increasing faster than its normal component B, decreases. The latter can be
assumed because of the higher total density of flux lines along the cone in larger air
gaps and their diagonal orientation.
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So, for small air gaps the force mainly is generated in the axial air gap between
armature pole face and the core. For large air gaps, the force mainly is generated in the
radial air gap between the armature's periphery and the core's outer cone (Figure 11).
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Figure 11: Simulated solenoid forces split up into axial and radial component

The magnetic material curves have a strong influence on the results of the simulation.
Precision is low for the force calculation in small and large air gaps, the results
generally are too high for high ampére-turns. This indicates too high flux densities
assumed in simulation. A manual adaption of the material curve resulting in earlier
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saturation (Figure 12 left) leads to a good match of the real force in the range of the
working stroke (Figure 12 right).
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Figure 12: Magnetic curves and their impact on stationary force calculation

S. EDDY CURRENTS

The transient magnetic field induces a current into the electrically conducting iron armature
(specific electric resistance rhogopper = 1.7E-8 Qm, rhoye, = 1E-7 Qm) during the shifting
process of the solenoid. These so called eddy currents are swirling around the primary
magnetic field and create a secondary magnetic field themselves that counteract the original
field and its intrusion into the material following the rule of Lenz. The intrusion velocity
depends on the specific electric resistance of the material and its magnetic permeability.

I’B_paB P
x> u ot U

(13)

With higher resistance lower eddy currents are induced with less counteraction against the
original field, it then can intrude the material faster and vice versa.
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Figure 13: Dynamics of a bracket solenoid with and without eddy currents considered

Eddy currents play an important role in highly dynamic applications. A high specific
resistance and low permeability speeds up the field intrusion, but the later also reduces the
possible magnetic force (Eq.7). The specific electric resistance is considered as another
material parameter in the FE modell. It can be “switched off”, eddy currents then are not
taken into account in transient simulation.

As an example, the bracket solenoid from chapter 3 (Figure 3 to 7) is regarded. In the case
of over-excitation with 0.6A stationary in the coil, the measured shifting time of 2.4ms is
well matched by simulation with eddy currents. When they are “switched off”, the
calculated shifting time decreases to 2.1ms (12.5% error).

Thus FE simulation allows to visualize the influence of eddy currents on solenoid
dynamics. The effect of geometric, material and other changes on eddy currents and
solenoid dynamics can quickly be evaluated. This is comparable to the adaption of the
solenoid parameters to optimize the stationary force characteristics.

6. CONCLUSION
The method of finite elements is a suitable tool to speed up the design process of valve solenoids.

The additional effort in modelling and calculation time of threedimensional FE models can
be avoided for on/off-solenoids in bracket design. Their stationary force characteristics as
well as dynamic properties can be simulated in quick 2D models with an axially symmetric
approximation of the bracket frame. 3D simulation does not deliver better precision but
enables to show the influence of possible excentric armature movement and to visualize
spacial expansion of the magnetic field.

The force of proportional solenoids depends on the size of the air gap. For small strokes,
the force mainly is generated in the axial air gap between armature and core pole faces.
With increasing stroke, the tangential components of the magnetic flux inside the radial air
gap contribute stronger to the force generation and mainly assure it at maximum strokes. FE
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simulation can visualise the contribution of the different air gaps and geometric regions to
the propagation and saturation of the electromagnetic field and hence the generation of the
solenoid force. The impact of the magnetisation curves used is strong in case of
proportional solenoids. The precise determination of magnetic material behaviour in
machined solenoid parts is difficult. The interest of future works lies in the measurement
methods of magnetic flux densities and their limitations.

The specific electric resistance of iron material has to be considered if the effect of eddy
currents on the solenoid dynamics wants to be visualised in fast applications. Again
material and geometric changes can be evaluated in simulation already.
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Virtual design of high dynamic pneumatic
valves

M Fiedler, S Helduser, F Riidiger
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ABSTRACT

The paper deals with modelling and simulation of pneumatic servo valves. Main objective
of the project is to obtain a methodology to design control valves without preceding
experimental analysis at prototypes. A fundamental step to develop a virtual valve model is
to define the required parameters only by analysing geometrical and material data. The
simulation model consists of the mechanical subsystem, the pneumatic pilot and main stage
as well as the solenoid. For validation the simulated subsystems will be compared to
experimental results.

1 NOMENCLATURE

2

A mm cross section

b - critical pressure ratio

B T magnetic flux density
C dm’/(s - bar) pneumatic conductance
H A/m magnetic field intensity
F N force

g m/s* acceleration of gravity
1 A current

m kg mass

p bar pressure

T K temperature

U \% voltage

14 m’/s flow rate

X mm position

0] Wb magnetic flux

U - permeability
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2 INTRODUCTION

High performance applications in industrial pneumatic systems require high dynamic drives
(e.g. testing machines). To control such drive systems high dynamic servo valves are essential
to reach the required performance. The design of pneumatic valves is to a large extent still
based on the experience of the involved staff as well as on a time- and cost-intensive
development work that often produces a good solution only if iterations are performed.

The application of geometry based simulation models provides a lot of advantages that
allow to reduce development time as well as the number of prototypes. Due to such an
accurate simulation model the first prototype is changed from a physical to a virtual
version. This simulation model allows first performance studies in conjunction with other
systems (e.g. pneumatic cylinder) and optimizations of the complete system behaviour
already in the development process. To get a very detailed simulation model the
mechatronic system “servo pneumatic valve” is divided into subsystems like mechanics,
pneumatics, electronics and electromechanical actuator. These different systems are
simulated with the help of a multi domain simulator which allows to combine all
subsystems in one integrated simulation model with lumped parameters [1-3]. The
advantage of such a multi domain model is the calculation of interactions between the
several subsystems. The parameterisation of the entire simulation model is only done by
design data. Additional results of the Finite Element Method (FEM) and the Computational
Fluid Dynamic (CFD) are used to get parameters for the solenoid model or to include
special physical effects like transient flow forces [4].

The topic of this paper deals with the development of a new method for designing servo
pneumatic valves with nominal flow rates up to 2000 1/min at 120 Hz cut-off frequency
without preceding experimental tests. According to the presentation of the used pneumatic
valve the classification in mechatronic subsystems will be shown and some of those
subsystems are explained in detail. To validate the simulation results of the subsystems a
test rig will be presented and in conclusion the results of the simulation and measurement
will be compared.

3 PNEUMATIC SERVO-SOLENOID VALVE

The method for modelling a pneumatic valve will be developed on the specific valve of
type FESTO MPPES-3-1/8-10-010. In particular this is a proportional pressure control
valve. Fig. 1 shows the most important technical parameters.

L= m——

Pressure range: 0...10 bar
Nominal value: DCO...10V
" Rated flow Q, 6—5atp=10barat1: 630 1/min

Fig.1 Technical specifications of the MPPES-3-1/8-10-010 pneumatic valve
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The armature and the spool represent the moving parts of the mechanical system (see Fig. 2).
Depending on the reference pressure value w, the pressure at the working air connection
(p2) will be proportionally adjusted by the balance of power at armature and spool. There
are two application areas one to aerate and another to bleed at connection 2.

control range 2 (p,3) armature

,electronic control edge 2-3

sealing
Ug=24V

10
ba:L

compressed air
connection (p;)

servo-solenoid

F ¢

- exhaust

___ “connection (p)
a-

working air
connection (p,) spring

body —F%~

control edge 1-2
control range 1 (p;»)

Fig.2 Section of the MPPES-3-1/8-10-010 pneumatic servo-solenoid valve

To aerate

To increase the pressure at connection 2 the pressure reference value had to be advanced
and so the current at the solenoid changes. As a result of increasing the current at the
solenoid the magnetic force Fy is higher than the sum of the pressure /7, and spring force
Fs. The mechanical system is not in balance and the armature moves the spool down
(positive x-direction). The control edge 1-2 opens and a flow rate adjusts from connection
1 to connection 2. The pressure at connection 2 increases. By reaching the reference value
the pressure and the spring force are higher than the magnetic force. Therefore the spool
and the armature are moving up and the control edge 1-2 closes.

To bleed

If the magnetic force drops down the pressure force, the armature will move up and the
control edge 2-3 opens. The desired pressure at connection 2 adjusts with the help of the
flow rate by connection 3.

4 MODELLING OF THE SERVO-SOLENOID VALVE
4.1 SUBSYSTEM OVERVIEW
The mechatronic system consists of the following subsystems: mechanics, pneumatic

(valve, solenoid), magnetic, electric supply and control. The block diagram shown in Fig. 3
describes the relationship between the subsystems by exchanging variables.
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Fig. 3 Mechatronic System of the pneumatic servo-solenoid valve

The mechanical, the pneumatic and the solenoid subsystem will be more described below.

4.2 MECHANICAL SUBSYSTEM

The mechanical frequency response system consists of spring, damper (sealing, friction)
and the masses armature and spool. The parameterisation is realised with technical graphs
and material properties. Fig. 4 demonstrates the simulated mechanical equilibrium.

Fig. 4

Fum

v 9 i magnetic force
TXA weight force
Ma spring force
T ,— damping force
Fgi+F ..
sTiro Fm+Fga—(Fsi+Fp)=ma.Xxa
¥ x
mg s friction force
T pressure force
[ Fe ,— flow force
Fso+Fg+Fp Fs1+FD+ngs—(F52+FR+Fp+FF)=mS.5€3

Equilibrium of a two mass oscillating system (w/o end strokes contact force)
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Because of the vertical oriented spool and armature the weight force £, is included. For this
first basic simulation the friction in the solenoid is regarded by an absolute attenuation.

By integrating the acceleration terms, the spool (xs) and armature (x,) motion can be
calculated. At this point it is important to know the relative motion between these masses to
describe the flow characteristic and the actual state (to increase or to decrease the pressure
at connection 2) of the valve.

4.3 PNEUMATIC SUBSYSTEM

The pneumatic subsystem is simulated by one dimensional flow description. The valve
geometry is described with throttles and volumes arranged in flow direction (see Fig. 5).
Thereby the shape of the cross section (constriction or extension) determines the
characterisation of the different throttles. The parameters volume ¥V and pneumatic
conductance C are extracted from engineering drawings, parameter variation with precedent
appointing of target values or calculation. The critical pressure ratio b can be calculated by
equations or estimated by empirical experience. The most important target values are the
maximum cross section of control edge 1-2 (index /) and of control edge 2-3 (index /)
which are directly related to the maximum flow rate in the corresponding flow direction.

Cobn ~ Cpby
C|, b|
Ca, by Gy, by
= (O—= Xa P Vin
Cp, by e Ch, by,
-~ /\ U —
-O=0O1_ =~ _
PaVa PoVe| T U Tpg Vg Xs
~ [ ~—
/‘\ u —
Pe Ve
P Vi O /
Cy by ) (1)
|7

Fig. 5 Flow chart of the pneumatic model

The gateway to the mechanical system is the adjustment of the variable throttle that
depends on the motion of the spool xg or armature x,. That means that the flow
characteristic directly depends on the position of the masses.

44 MAGNETIC SUBSYSTEM

A mathematical description of the solenoid is realised with the help of a simplified solenoid
model. There the magnetic force will be calculated depending on air gap, current and voltage.
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|
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La— IXA

Fig. 6 Idealised solenoid model

Rmy_ (xa)

Fig. 6 illustrates the substituted electric and magnetic system of the solenoid. The electric
system consists of ohmic Rg, and inductive resistance in series and the magnetic voltage Uy
is separated at them (Kirchhoff's voltage law)

UM:RSP-JMJrUL. (1)

The magnetic current /y; generates a magnetomotive force ® which is the connection to the
substituted magnetic system consisting of ferrous Rmg and air gap resistance Rm, .

O=n-J, 2)
The reaction from magnetic to electric circuit is calculated with the law of induction.

do

In the magnetic circuit the sum of the magnetic voltage drops /m at the magnetic
resistances is identical to the magnetomotive force ®

O=Vm, +Vm,. 4)
To appoint the magnetic voltage drop the magnetic resistance Rm had to be calculated.

To reduce the size of the simulated model and to minimize calculating time the behaviour
of the solenoid will be described within a reluctance model. That means that areas with
constant magnetic flux are merged to a magnetic reluctance, the so-called “flux tube” (see
Fig. 7). The flux tube describes the correlation between magnetic flux @ and magnetic
voltage ’'m with constant cross sectional area 4 and length L.

Fig. 7 Flux tube with constant cross section
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Because of the continuity of the magnetic flux there are no flux losses and the magnetic
resistance Rm of this flux tube is

Rm=——. (%)

The magnetic voltage ¥m is the product of magnetic field intensity A and Length L of the
flux tube.

Vm=H-L Q)

With equation 5, 6 and the magnetic flux density B
B = lu . H = — (7)

the magnetic resistance in the iron circuit is calculated to

_ L
ﬂO.lLlr.A

Rm,

®

Because of the constant relative permeability and the length which depends linearly
on the distance between armature and core the magnetic resistance in the air gap can be
calculated to

Xy

Rm, =—*—.
' My~ A

®

The rapid changing of the relative permeability at the interface iron-air causes the magnet
force in the solenoid. That is why the highest magnetic energy density W, is in the air gap.

w =BH (10
m 2
The magnet force F}, in the ideal air gap can be calculated with the Maxwell formula
P2
P =— (11)
2-4,-A

By using this equation two facts are to consider:

1. the relative permeability of iron is greater than the air ones
2. the field lines leave the iron perpendicular by low saturation



262  Power Transmission and Motion Control 2005

The simplified signal flow chart of the solenoid is shown in Fig. 8. The most important
parameters for this model are:

e the characteristic of flux density and flux intensity

e the resistance and turns of the coil

e the flux cross section area and length
The difference (Us-Ug) is equivalent to the alternation of the magnetic flux. With the help
of this value the characteristic of the iron and the air gap can be specified and the magnetic
force will be calculated.

U L
5 - .
, descrlptlon_of iron Xa
_ and air resistance | ——
Ur

coil resistance [«

Fig. 8 Signal flow chart of the solenoid model

The appointment of the parameters crossing section area and length take place with
engineering drawings and FEM-Simulation. An example for the allocation of the magnetic
field lines is sketched in Fig. 9. This simulation was used to check the further found
parameters.

Fig. 9 Magnetic field lines at the solenoid

Special effects like eddy currents, transient magnetic effects (leakage flux) and hysteresis
are neglected in this phase of modelling.

5 EXPERIMENTAL INVESTIGATION AND RESULTS

At the experimental investigation the signals shown in Fig. 10 have been detected. The
current [y in the magnetic circuit is detected through a shunt resistor with resistance
Rs = 0,75 Q and the displacement of the spool (xs) is detected by a laserinterferometric
vibrometer. To minimize the impact of the flow the pressure in control range 1 would be
measured with a subminiature pressure transducer. The data acquisition is realised with the
National Instruments Software DasyLab.
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Fig. 10 Layout of the test rig

The results of measurement are compared with the results of the simulated subsystems
mechanics and pneumatic. The operating conditions for this measurement are

Pressure at connection 1: p1= 8 bar
Pressure at connection 2 and 3: pr=p3;=1bar
Operational voltage: Us=24V.

The initial condition in the volume at connection 1 is constant on a pressure level of 8 bar. The
control valve and the proportional pressure control valve (test object) are closed. After the direct
activation of the solenoid at t = 0,01 s (bypass the valve electronic), the magnetic force increases
and the armature and the spool move in positive x-direction till xs =~ 0,85 mm (see Fig. 11).

1
mim A -
0,64
0.4
0,2-

’

t

en

—A— Xs (Sim.)
0 — Xs (Meas.) =
-0,2

’

Displacem

0 003 006 009 s 015
Time

Fig. 11 Spool position (x;)

A volume flow adjusts from connection 1 to connection 2. By the time the pressure in the
volume (pp) falls and the pressure in the valve (p|,) accumulates at pj, = 7 bar (see Fig. 12).
At time t = 0,1 s the current at the solenoid will be turned off and the magnetic force drops
down. The control edge 1-2 closes and the volume flow decreases. Furthermore the
pressure in the valve falls and the total pressure in the volume arise in consequence of the
decreasing dynamic pressure.
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Fig. 12 a) pressure in volume (pg) b) pressure in control range 1 (p»)

The comparison of the results shows a good compliance although small deviations are to
register. The deviation in the spool position between measurement and simulation comes
from the damping elements at control edge 1-2 respectively control edge 23 (see Fig. 2).
The characterisation of the element sealing is actual incomplete in the simulation
model.

The initial condition of the spool position in the simulation is not directly comparable with
that in the measurement because of the deformation of the sealing. The boundary conditions
in the pneumatic model differ from the real measuring conditions. Consequently the
simulated pressure in the volume declines less than the measured pressure.

6 CONCLUSIONS

The first simulation results of the proposed procedure to simulate a mechatronic system
with lumped parameters in a system simulator without preceding experimental analysis are
promising. For good results it is essential to find accurate parameters for the separate
simulation subsystems. These take place with geometrical and material data and additional
with FEM simulation. So the mechanical and pneumatic subsystems are parameterised and
the motion and flow behaviour of the servo pneumatic valve can be reproduced. To analyse
the entire system behaviour the complete simulation model had to be built and validated in
consideration of all subsystems (see Fig.3).

Eminently special effects like eddy currents, material hysteresis and transient magnetic
effects in the proportional solenoid as well as transient flow effects in the pneumatic valve
have to be considered in the model. To improve the motion behaviour a co-simulation with
CFD would be used to assign the dynamic flow force. Also the influence of the resulting
pressure force by changing the volume in the solenoid in succession of moving the
armature had to be considered in the mechanic equilibrium.
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ABSTRACT

A Soft Robot inspired from natural systems is one of the main topics in robotic field.
Accordingly, artificial muscles were widely investigated due to their potentials in soft
robots. We propose here a novel micro artificial muscle actuator (< 1 c¢nr’) utilizing the
electro-conjugate fluid (ECF) generating powerful jet flow when subjected to a high
voltage (< 10 kV). The actuator mainly consists of a fiber-reinforced silicone rubber tube
and a micro pressure source using ECF. The tube contracts along the actuator axis with
increasing pressure by ECF jet. The experimental results confirm the effectiveness of the
proposed actuation technology.

1. INTRODUCTION

As robots are becoming widely used in many fields, a soft robot inspired from natural
systems becomes one of the main research topics in the field of robotics and mechatronics,
especially in the application requiring closer and safer interactions between humans and
machines. Hence, there have been reported many researches of soft structure, compliance
control, and artificial muscles for robots. The authors think the muscle of natural systems
which potentially has flexibility is worthy of note, and that to create a new type of artificial
muscle actuator might be a great topic for robotics and mechatronics field. As artificial
muscle actuators, for example, several types of actuators have been developed. The
artificial muscle actuator which has the longest history is a pneumatic actuator such as
Mckibben type actuator. The constructions, numerical models, and applications of
pneumatic actuators were widely studied (1)(2). It generates an extend-contract motion,
however, there needs a bulky pressure source outside the actuator. Shape memory alloys are
another example of artificial muscle (3)(4). They have great features as high power density,
however, they suffer from slow response and heat problems. Polymer materials (5)(6)
might be a recent research trend on artificial muscle actuator, however, they are still not
suitable for robotic application because they must be used in particular environments. A
most promising research of artificial muscle actuator in robotic field is electrically actuated
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dielectric elastomer films (7). Although there reported several types of actuators as
mentioned above, artificial muscle actuators are still being developed.

On the other hand, there is an interesting smart fluid or an electro-conjugate fluid (ECF) (8).
The fluid generates a powerful jet flow when subjected to a high voltage (~ kV). This kind
of phenomenon is known as an EHD (electrohydrodynamics) effect (9). In our previous
studies, the authors clarified the necessary condition for showing the effect, and the fluids
meeting the condition are called ECFs. Although the mechanism of the effect has not been
clarified yet, the ECFs are attractive for constructing new actuators. Hence, the authors
applied the ECF effect on micro motors (10-12) and micro manipulators (13). According to
our previous studies on the ECF, the jet flow becomes more powerful with smaller
electrode pair, which means, the ECF effect is much suitable for micro actuation. Therefore,
we propose a new type of micro artificial muscle actuator using the ECF in this study.

2. CONCEPT

Our previous studies proved the ECF eftect is suitable for micro actuation (10-13). Because
the powerful jet flow is generated by a tiny electrode pair, it is easy to construct a micro
pressure source using the ECF. Therefore, a new type of micro artificial muscle actuator
can be realized as shown in Fig. 1. As the inner pressure of a fiber-reinforced flexible tube
increases by a jet flow, which is generated at the pressure source using ECF, the tube
contracts along the actuator axis because the fiber cannot extend.

One of the main accomplishments of ' ECF jet
this research is the incorporation of

the pump (pressure source) in the ) P

actuator. This r.esults in a very S ichease
compact actuation system and —
therefore, we can place the actuator in N Fiber

an array just like natural muscles. This

kind of design solution cannot be 9

realized by pneumatic artificial Contraction
muscle actuators previously

developed because they need bulky Figure 1 Concept of ECF micro artificial muscle

pressure sources outside the actuator.

3. DESIGN AND MANUFACTURING

3.1 Fiber-reinforced silicone rubber tube

In the first step of our design procedure, we designed a fiber-reinforced flexible tube. In
order to realize the micro artificial muscle actuator smaller than 1 cm’, we designed the
fiber-reinforced flexible tube with 5 mm in diameter and with 10 mm in length. We used
the silicone rubber and fiber listed on Table 1 to produce the fiber-reinforced silicone
rubber tube. According to the number of fibers (4, 8 and 12 fibers) and the thickness of
silicone rubber tube (35 um and 45 pm), six types of tubes were produced. Fig. 2 shows the
produced silicone rubber tube reinforced by 8 aramid fibers. The reference frame in the



A micro artificial

muscle actuator using electro-conjugate fluid

Table 1 Materials used in this study

Manufacturer Product
Silicone rubber | Shin-etsu Chemical Co.,Ltd. | KE1316
Silicone solution | Shin-etsu Chemical Co.,Ltd. | CAT1316
Diluent Shin-etsu Chemical Co.,Ltd. | RTV thinner
Reinforce fiber | Teijin Ltd. Technora GNT220T

figure is common throughout the paper. Fig.
3 shows the relationship between the inner
pressure and contraction of each tube
measured  using the  hydro-column.
Following conclusions were derived from

Fiber
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Fig. 3 and observations during the
experiments; (a) Side view (b) Top view
(1) The displacement Figure 2 Silicone tube with 8 aramid fibers
in the z-direction became
smaller with fewer fibers in 025 | 94 fibers (45 um)
case of the tube with 35 ym o 8 fibers (45 pm)
in thickness, because the o 30 m 12 fibers (45 pm) °
silicone rubber tube % ’ O 4 fibers (35 pm) PY ..
extremely deformed like a £ 15 O 8 fibers B5um) | @ .QOOOO
bunch, g ' ® 12 fibers (35 uf) 58. 00
2 The displacement % 0.10 .. Oé goo .
in the z-direction also £ ) 80 goo_miE®
became smaller with too = 0.05 8,0 po0 E 2t mi
many fibers in case of the Hngg..O..E gam"
tube with 45 pm in 0.00 o ' ' '
thickness, because  the 00 20 40 60 80 100 120
relative stiffness of silicone
rubber between the fibers Pressure[cEa]
increased, Figure 3 Contraction characteristics of

. fiber-reinforced tubes
3) There is an

optimal relation of fiber

number and tube thickness for micro artificial muscle actuators.

As a result, the silicone rubber tube reinforced with 12 aramid fibers with thickness of 35
pm was found to be the most suitable for the micro artificial muscle actuator among the
tubes we produced. With inner pressure of 10 kPa, the silicone tube contracted around 20 %
of its initial length. The relationship between the inner pressure and normal force generated
was experimentally confirmed with the designed tube. Fig. 4 shows the experimental results.
The fiber-reinforced silicone rubber tube linearly generated the normal force along the z-
axis as the inner pressure increased. 0.17 N was obtained with the inner pressure of 8 kPa.
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Figure 4 Experimental results for normal force
of silicone tube with 12 fibers
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3.2 Micro pressure source

In order to control the inner pressure of the designed tube, we designed and produced a
micro pressure source using the ECF as shown in Fig. 5. The pressure source is basically
composed of a pair of needle- and ring-type electrodes, and an electrode spacer. The
needle-type electrode is made of tungsten. The mount for needle-type electrode and the
ring-type electrode are of brass, and the spacer is of polyetherimide resin (engineering
plastic). The diameter and length of needle-type electrode are 0.13 mm and 0.7 mm,
respectively. The inner diameter and thickness of ring-type electrode are 0.3 mm and 0.2
mm, respectively. The electrode spacer keeps the gap between electrodes to be 0.2 mm. A
powerful jet flow is generated from the needle- to the ring-type electrode with an applied
voltage of several kV ( “High” and “GND” are connected to the needle and the ring,
respectively). For the fiber-reinforced silicone rubber tube is placed at the downstream of
the jet flow, the inner pressure of tube can be increased. Using dibutyl decanedioate as ECF,
about 10 kPa was obtained at applied voltage of 5 kV as shown in Fig. 6.
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(a) Schematic illustration (b) Actual view
Figure 7 Prototype of micro artificial muscle actuator
3.3 Prototype

Here designs a prototype of novel micro artificial muscle actuator. Fig. 7 depicts the
schematic illustration and actual view of the prototype. It mainly consists of the fiber-
reinforced silicone rubber tube, the micro pressure source, and a flexible ECF tank. A bulky
external ECF tank was connected to the micro pressure source so that we could easily
regulate the pre-pressure of the tube. In case of practical use, the external ECF tank should
be removed (the actuator only needs the flexible ECF tank for drive). We used dibutyl
decanedioate as ECF.

4. EXPERIMENTS

4.1 Contraction characteristics

The contraction characteristics of the prototype were measured. Fig. 8 shows the
experimental result of static contraction with input voltages up to 6 kV. The contraction
rate showed a quadratic curve against the input voltage. The maximum contraction rate was
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0.16 at the input voltage of 6 kV.
From the maximum contraction rate,
the inner pressure of the actuator is
expected to be around 8 kPa (cf. Fig.
3).

Fig. 9 shows the experimental
results of dynamic contraction when
the step input of 5 kV was applied.
No overshoot was observed and the
rise time was around 7.9 s. The dead
region of 2 s shown in Fig. 9 is
caused by the following
phenomenon: The initial shape of
fiber-reinforced silicone rubber tube
had a hyperbolical cross-section,
which means, narrow in the middle,
because of the surface tension.
Consequently, the pressure increase
at the early phase was used to
deform the initial shape to be a
straight column.

4.2 Force characteristics

The normal force generated by the
prototype was measured. Fig. 10
shows the experimental result of
static normal force. The static force
measured here is that of so to say
isometric contraction of natural
muscle. The normal force showed a
quadratic curve as the contraction
rate did. This kind of characteristics
is caused by the pressure
characteristics shown in Fig. 6. The
maximum normal force obtained
was 0.18 N at the input voltage of 6
kV. The inner pressure of 9 kPa
might generate the normal force of
0.18 N as shown in Fig. 4, although
it is expected to be 8 kPa from the
contraction characteristic. Due to

Normalized contraction Normalized contraction
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Figure 8 Static contraction
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Figure 9 Step response of contraction
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Figure 10 Static normal force

Fig. 6, the pressure generated by the micro pressure source fluctuates a bit in each trial.
This may cause the difference of estimated inner pressures. The generative force of the
actuator may seem to be small, however, note that the actuator with pressure source is
extremely small. This means that higher actuation forces can easily be obtained by
arranging several artificial muscle actuators in parallel.
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Fig. 11 shows the experimental result 0.14
of dynamic normal force with the step 012 |
input of 5 kV. No overshoot was Z 010 1
observed and the rise time was around 8 °
7.5 s. The response of the micro & 0.08
artificial muscle actuator was not so ‘é’ 0.06 1
high, however, it can be improved by g 004}
placing several electrode pairs in 0.02 |
series-parallel. Note that, the electrode 0 ' ' .
pair required was extremely compact. 0 5 10 15 20
Time [s]

Finally, the normal force of so to say
isotonic contraction of natural muscle Figure 11 Step response of normal force
was measured when the input voltage
was 5 kV. Fig. 12 shows the 0.14 &
experimental result. The relation g
between normal force and contraction 5 012
rate showed non-linear characteristic g
as that of natural muscles do. S ool

Q

N

E 008
5. CONCLUSIONS 2

0.06 — —

A new type of micro artificial muscle 0 0.04 0.08 0.12 0.16
actuator using electro-conjugate fluid Normal force [N]
was developed in this study. The main
contribution of this research is the Figure 12 Isotonic normal force

incorporation of the pressure source in

the actuator, utilizing the ECF. This enables us to construct a compact artificial muscle
actuator, and then, it is easy to apply the actuator to autonomous systems or to micro
systems. Furthermore, we can arrange the artificial muscle actuators in an array just as
natural systems do.

Our future study focuses on controlling the micro artificial muscle actuator and compact the
design solution for practical use. Also, we will be focusing on applications.
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ABSTRACT

The paper presents a novel magneto-rheological (MR) valve-integrated cylinder and its
application to manipulators. The proposed MR cylinder has an electromagnet-mounted
piston whose differential pressure due to MR fluid flow and driving force can be controlled
by the applied current. Also, to reduce the pressure loss in pipelines, a novel low base
viscosity MR fluid using lightweight ferrite particles was developed. Based on
experimental results of an MR cylinder fabricated with a one-link manipulator, improved
MR cylinders were fabricated with a two-link manipulator and a part of the characteristics
and the feasibility were experimentally clarified.

1. INTRODUCTION

An MR fluid has micrometer-sized magnetizable particles dispersed in an oily fluid. With
applying magnetic field, the dispersed particles in the MR fluid form clusters and the
apparent viscosity increases. The flow characteristics are those of the Bingham fluid whose
yield stress increases with applied magnetic field. The controllable range of the yield stress
is larger than electro-rheological (ER) fluids". The MR fluids have been applied to
dampers, brakes(z)(3), seals(4)(5), actuators(é), and control valves”®. The MR dampers have
been used in practical automobiles®.

We have proposed and fabricated a control valve using the MR fluid called MR valve!” and
applied it to manipulators(g)(g). The hydraulic actuators controlled by the MR valve were
bellows actuators that have no sliding parts damaged by the dispersed particles in the MR
fluids. However, bellows actuators have a large diameter and a small stroke restricted by
the elastic limit.

In this paper, we propose and develop a novel MR valve-integrated cylinder called the MR
cylinder and apply it to manipulators. First, the MR cylinder is proposed. Second, a novel
low base viscosity MR fluid using lightweight ferrite particles is developed. Four samples
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are fabricated and evaluated experimentally. Third, a one-link manipulator using the MR
cylinder is fabricated and the characteristics are experimentally investigated. Finally, based
on the results, improved MR cylinders are fabricated and applied to a two-link manipulator.

2. PROPOSITION OF THE MR CYLINDER

Figure 1 shows the proposed MR cylinder. The MR cylinder has a piston that has an
electromagnet inside and a gap around it. An MR fluid flows through the gap being applied
magnetic field by the electromagnet, that is, an MR valve forms on the pair of piston and
cylinder. A restriction is attached to the inlet and constant pressure is supplied. With
applying current to the electromagnet, due to increase of the apparent viscosity of MR fluid,
the differential pressure AP between the upstream and downstream sides of the piston and
the extending force increase. For the retraction, an external return force source such as
return spring, counter MR cylinder, and so on is required. A rubber bellows is attached to
the output shaft to prevent the dispersed particles in the MR fluid from entering the linear
bearing. As the pressure around the rubber bellows is low, a flexible rubber bellows can be
used. The MR cylinder features simple and compact structure, long stroke, and robustness
against contamination, and so on. Furthermore, designing viscous term in differential
pressure AP to be small (see equation (1) in section 3.2), the extending force can be
controlled by the applied current. Hence, a fluid power system can be realized only by the
MR cylinders and hydraulic pump and the output force can be easily controlled.

MR valve - ttt__ ¥t
Constant pressure
from pump
N ——

Restriction > |l|:

Piston  Cylinder

Rubber bellows
Linear
bearing

Force

Y[C

Figure 1 Proposed MR cylinder

3. NOVEL MR FLUID USING FERRITE PARTICLES

3.1 Proposition and fabrication of MR fluids using ferrite particles
Most of conventional MR fluids use heavy soft iron particles and the base viscosities
without magnetic field are set to be high to decrease the sedimentation rates, which results

in high fluid power losses in pipelines. The typical base viscosities are 0.2~1.0Pa-s".

To decrease the base viscosity, in this study, a novel MR fluid using lightweight ferrite
particles was proposed, fabricated and tested. The densities of ferrite are 3.2~3.5x10°kg/m’
and are lower than 7.8x10°kg/m’ of soft iron.

By adjusting the viscosity of base fluid and the amount and composition of surfactants, four
stable MR fluids were fabricated. Table 1 shows the properties of the fabricated MR fluids.
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Table 1 Properties of fabricated MR fluids

Densities Particl Particle | Weight

MR fluids [x10° arieie | giameters percents
B materials .

kg/m’] [um] | of solids
MRF-AS7 1.9 Mn-Zn 2.7 70
MRF-AS8 2.5 Mn-Zn 2.7 80
MREF-BL7 1.8 Mn-Mg-Zn 4.1 70
MRF-BS7 1.8 Mn-Mg-Zn 2.8 70
MRF-132LD 3.1 Soft-iron alloy ~5 81

3.2 Experimental apparatus
Performances of MR fluids were measured and evaluated. The measured MR fluids were
the fabricated MR fluids shown in Table 1 and MRF-132LD that is a product of Lord Co.,
Ltd., USA and has dispersed particles made of soft iron alloy and the base viscosity
0.33Pas at a shear rate 80s™.

To evaluate the performances, a two-port MR valve shown in Fig. 2 was fabricated. The
electromagnet applies magnetic field to the MR fluid perpendicularly to the flow direction.
The flow control gap has width w=6.4mm, height #=3.0mm and length /=9.6mm. The
materials are silicon steel for the yokes and brass for the non-magnetic parts. The number
of turns of electromagnet is N=450 and electric resistance is 0.95Q.

_____ 1= oo
€ N
Al N
MR [\ @
fluid — <
w=6.4mm Electromagnet
/=9.6 mm N N=450

Figure 2 Fabricated two-port MR valve

The differential pressure AP of the two-port MR valve with magnetic flux density B and
(3).

flow rate Q can be modeled as follows"”:
12

1
whSQ M

AP = %1}-(3) +

where, 7,(B)=kB is a shear stress due to magnetic field, £ is an MR effect coefficient and u
is a base viscosity of the MR fluid.

As a fluid power source, a closed tank pressurized by an air compressor was used instead of
a hydraulic pump because of the small amount of fabricated MR fluids. Pressures were
measured by semiconductor type pressure transducers (Nagano Keiki Co., Ltd., KH-15)
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and the values were fetched by a personal computer through A-D converter with sampling
frequency 10kHz. For dynamic characteristics, an electric resistance was attached to reduce
the time constant of the electric circuit which is a ratio of inductance of the electromagnet
coil to resistance. The measured time constant of the magnetic flux density without MR
fluids was less than 4ms.

The base viscosities were measured using cylindrical chokes with Imm in diameter and
7.0~18mm in lengths. Based on the relation between differential pressure and flow rate of
the cylindrical choke, the base viscosities were calculated.

3.3 Experimental results of MR fluids

The measured base viscosities are shown in Table 2. The values of the fabricated MR fluids
are far smaller than the conventional MR fluid MRF-132LD.

Table 2 Measured parameters of the MR fluids

Base viscosities| MR effect Performance
MR fluids 4 [mPa's] coefficients &k | index (u/k 2)
(5000-10000s™")|  [kPa/T] [x107*T%s/Pa]

MRF-AS7 40 32 39
MRF-ASS8 60 41 36
MRF-BL7 42 16 160
MRF-BS7 43 12 300
MRF-132LD 280 110 23

Figure 3 shows the measured static characteristics of the two-port MR valve. The viscous
term in equation (1) is estimated to be less than 1kPa and is negligible small, which means
that the valve has low dependency on temperature because the magnetic force term in
equation (1) is thought to have low dependency on temperature in the actual temperature
condition. MRF-BL7 often choked due to the large particle diameter. Figure 4 shows the
measured relation between magnetic flux density and applied current. Based on the results
in Figs. 3 and 4, the MR effect coefficients £ were calculated and shown in Table 2.

= T T T T
£ sof o° ® MRF-AS7-
a OO O MRF-AS8
Tl o & MRF-BL7 |
9 60 o o®

2 ° e®® <& MRF-BS7
1%} [ ]

a7 e . .
g . o8 3880000

€ 20t Ce 680030 i
o 0% 086

£ o¢ Fluid temp.: 241 +1°C
£ W0 PudlempraieT

0.0 0.5 1.0 1.5 2.0
Applied current [A]

Figure 3 Measured static characteristics of the two-port MR valve using fabricated
MR fluids
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Figure 4 Relation between magnetic flux density and applied current of the two-port
MR valve

The required volume between magnetic poles is in proportion to a value of (z/ ryz)(l). With
the small volume, the cross sectional area or the gap length of the magnetic poles is small.
The former makes the cross sectional area of the magnet small, the latter makes
magnetomotive force of the magnet small and both make the MR device small. Hence, in
this study, a parameter (1/k°) that is corresponding to the above-mentioned parameter was
calculated as a performance index and shown in Table 2.

Based on Table 2, the following trends are found: 1) MR effect coefficient £ with Mn-Zn
ferrite is higher than that with Mn-Mg-Zn ferrite, 2) with large weight percent of solid, both
the MR effect coefficient k£ and base viscosity are large, and 3) with large particle diameter,
the MR effect coefficient & is large. As for the performance index (/k*), MRF-AS8 has the
smallest value. Hence, in this study, MRF-ASS is selected as a useful MR fluid.

4. FABRICATION OF ONE-LINK MANIPULATOR USING THE MR CYLINDER

4.1 Fabrication of one-link manipulator

An MR cylinder was fabricated and applied to a one-link manipulator with the arm length
0.5m and the joint angle range 60° as shown in Fig. 5. The specifications are the supply
pressure 1MPa, the maximum differential pressure AP, =0.6MPa and the maximum
extending force 1.6kN at the maximum applied current 1.5A. The piston made of soft
magnetic iron has 58mm in outer diameter and 136.5mm in length. The cylinder made of
low carbon steel has 60mm in inner diameter and 259mm in length. The gap between the
piston and cylinder is ~=1mm. The pressure loss due to the base viscosity in the MR valve
is designed to be sufficiently low to control the differential pressure AP irrespective of the
flow rate and temperature. To increase the magnetic flux under magnetic saturation in the
yokes, three electromagnets with 160turns coils locate in face to face. The chain and
sprocket transform linear motion of the MR cylinder with a counter spring (spring constant
65.1kN/m) to the arm rotation. The counter spring is also used to add a tension to the chain.
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AP=P,— P, Supply pressure: 1MPa

9 Cylinder — {674 Maximum force: TkN(1A)

~ Accumulator LN Stroke: 60mm

X Electromagnet N\ s i
Spri Diaphragm (160turns) - MR fluid
pring 211N Particle diameter: 2.7um
s Base viscosity: 60mPa-s
= Piston ;58 MR effect coefficient: 41kPa/T
(Soft magnetic iron) p = j
‘/ Restriction i i
Throttle valve MR fluid power source
(a) One-link manipulator using the MR cylinder (b) MR cylinder

Figure 5 Fabricated one-link manipulator using the MR cylinder

4.2 Static characteristics of one-link manipulator

Static characteristics of the fabricated one-link manipulator were measured. The
experimental apparatus shown in Fig. 5(a) has a diaphragm pump (Nikuni Co., Ltd.
25HYS-V, rated pressure 6.9MPa, rated flow rate 3000m3/s) without affection of the
dispersed particles in the MR fluid and two accumulators (bladder type 1000cm’ and in-line
type 30cm®). Applying sinusoidal waveform current of 0.01Hz to the MR cylinder, the
differential pressure AP and the joint angle were measured and fetched by a personal
computer through A-D conversion with the sampling frequency 1Hz. The joint angle was
measured counterclockwise from horizontal.

Figure 6 shows the measured results. The reproducibility of the differential pressure AP is
confirmed with some hystereses. However, the value of the differential pressure AP is 40%
of the designed value.

Differential pressure

Joint angle [°]

Temp.: 38—41[°]

0.0 0.5 1.0 1.5
Applied current [A]

Figure 6 Static characteristics of MR valve in the MR cylinder
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To investigate the reason, the characteristics of the MR fluid were measured before and
after use. Figure 7 shows the results. Difference of the magnetization characteristics is
small as shown in Fig. 7(a), however, the MR effect reduces after 2h due to the diameter
reduction of the dispersed particles as shown in Fig. 7(b). However, the MR effect after 6h
is in the same level for the one for 2h. Hence, the MR effect coefficient k& should be
modified after 2h use.
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Magentic flux density [T]
(b) MR effect

Figure 7 Static characteristics of MR valve in the MR cylinder

With considering the reduction of the MR effect coefficient £ and the slanted output shaft,
the differential pressure AP is still lower than the designed value. It is thought to be due to
eccentric and slant of the piston.

As for the joint angle, there are hystereses as shown in Fig. 6 due to friction. The joint
angle is unchanged with the applied current smaller than 0.15A due to a mechanical stopper.

4.3 Dynamic characteristics of one-link manipulator
Step responses of the fabricated one-link manipulator were measured with the experimental
apparatus shown in Fig. 5(a). The sampling frequency was S00Hz.

Figure 8 shows the step responses of the MR valve in the MR cylinder with fixed arm. The
rise times 7}, are the same as the previous results®™®®.



284  Power Transmission and Motion Control 2005

< 15

g

S B

o

°©

2

a

o

<

e

3

7]

%]

©

o

s

z

o

o -

£ o2 T,=0.04s
0.0

0.0 02 04 0.6 0.8 1.00.0 0.2 04 06 0.8 1.0
Time [s]

Figure 8 Step responses of MR valve in the MR cylinder

Figure 9 shows step responses of the joint angle without load. The response for step up is
far lower than the one for step down because of the difference of the driving mechanism;
for step up, the arm is pushed up by the MR cylinder with the supplied flow rate, for step
down on the other hand, the arm is fallen down with unlocked MR cylinder, the counter
spring and gravity. For step up, at the first stage, the joint does not rotate due to inertia and
friction and the differential pressure AP rises like the MR valve shown in Fig. 8. After
starting joint rotation, the differential pressure AP once decreases then increases. The joint
rotational velocities are saturated.

0.4 T,=0.40
7,=0.17s
0.3 7,=0.28s
7,=0.36
20 7,=0.19s
15 7,=0.22s
7,=0.14 ‘

00 02 04 06 0800 02 04 06 08
Time [s]

Differential pressure
Joint angle [©] AP [MPa] Applied current [A]

Figure 9 Step responses of the one-link manipulator

Figure 10 shows step responses of the joint angle with different supply pressures or supply
flow rates. The higher the supply flow rate is with higher supply pressure, the higher the
saturated joint rotational velocity is. The dotted lines in the figures show the values
estimated by the maximum flow rates at the upstream restriction. At the first stage, the
estimated rotational velocities agree well with the measured values. The upstream
restriction determines the saturation of the joint rotational velocities. Trade-off between the
response and the supply flow rate is required.
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Figure 10 Step responses of the one-link manipulator with different supply pressures

5. FABRICATION OF TWO-LINK MANIPULATOR USING IMPROVED MR
CYLINDER

5.1 Fabrication of two-link manipulator

Based on the afore-mentioned results, improved MR cylinders were designed, fabricated
and applied to a two-link manipulator as shown in Figs. 11 and 12. The specifications of the
two-link manipulator are the total arm length 1m, the payload 10kg, the supply pressure
1MPa, the joint angle range 100° for the first link, 110° for the second link. Each link has
two MR cylinders with gap between the piston and cylinder 2=0.75mm and the push-pull
linear motions are transformed to the joint rotation.
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(a) Two-link manipulator using the MR cylinders (b) Improved MR cylinders

Figure 11 Fabricated two-link manipulator using improved MR cylinders

Figure 12 Photocopy of the two-link manipulator using the MR cylinders
(top left: electromagnet-mounted pistons for the MR cylinders)

The design procedure of the MR cylinders is as follows: First, the maximum generated
torque is derived from the specifications. Assuming the diameter of piston D and the
number of electromagnets », the sizes of the pistons and the maximum extending force are
derived based on magnetic saturation of the yokes and the diameters of the sprockets are
determined, where the pressure loss due to the base viscosity is designed to be sufficiently
small. Then the strokes and length of the MR cylinders are determined from the maximum
joint angle range. As a result, the sizes and masses of the MR cylinders are determined. By
using the mass as the performance index to be minimized, D and » are determined. In the
procedure, the measured MR effect coefficient /=25kPa/T and the gap 4#=0.95mm in
consideration of the eccentric are used.

Figure 11(b) shows the improved MR cylinders. The designed maximum extending force,
stroke, and mass are 2.0kN, 120mm, and 10kg for the first link, and 1.3kN, 75mm and
3.7kg for the second link. The pistons are made of soft magnetic iron and the eccentrics are
less than 0.05mm with guides made of Teflon. The cylinders are made of carbon steel. The
number of electromagnets of each MR cylinder is »=2 and all the electromagnets have
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160turns coils. The total electric resistances are 2.0Q for the first link and 1.7€Q) for the
second link.

5.2 Characteristics of MR valve in the MR cylinder

Characteristics of the MR valve in the improved MR cylinder were measured with the arm
fixed. Figure 11(a) shows the experimental apparatus. The pump, accumulators and so on
were the same as the ones in the previous chapter. The MR valve was driven by a voice coil
motor driver (Servotechno Co., Ltd. VCM3AT) that produces output current in proportion
to the applied voltage. As the first link was damaged, characteristics of the MR valve for
the second link were investigated.

Figure 13 shows the measured static characteristics of the differential pressure AP, with the
sinusoidal waveform current of 0.01Hz and the sampling frequency 1Hz. The theoretical
value with #=0.8mm is also shown by the dotted line in the figure. It is ascertained that
though there are hystereses and saturations, the value with applied current smaller than
0.6A agrees well with the theoretical value. The saturation occurs in the yokes.

1.0 : —
o Theoretical =
;% 0.8 r (h=0.8mm) -
7] - M
EF 06f pd -
=
S 04r 1
2 Ps=0.9-1.1MPa
a 02 Temp.: 25-29°C
0.0 1 1
0.0 0.5 1.0 15

Applied current [A]

Figure 13 Static characteristics of MR valve in the MR cylinder for the second link

Figure 14 shows the step responses of the MR valve with the sampling frequency 500Hz.
The rise times 7, for step up are the same value as in Fig. 8. However, for step down, the
value is degraded. It is thought that the mechanisms are different for step up and down and
it may be affected by the saturation and residual magnetism of the yokes.
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Figure 14 Step responses of MR valve in the MR cylinder for the second link
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5.3 Characteristics of two-link manipulator

A PI control system was constructed as shown in Fig. 15. The output signal » of the PI
control element with the input controlled deviation e is applied to the MR cylinders 1 and 2
for the second link with bias current /,=0.075A to maintain positive tension of the chain.
The PI control system was constructed by software and the sampling frequency was 200Hz.

Iy .
h
lo —= MR cylinder 1
Reference o) u
jointangle p +& } + [Armwith Joint angl(;a
Oor 1 O_ p*'s — " |chain/sprocket 2
’2 . J
I .
| o MR cylinder 2
5 u
Potentiometer

Figure 15 Block diagram of the PI control system for the second link

Figure 16 shows the step responses of the joint angle & for the second link without load
under P control, whose gains are K,=2.9A/rad for proportional and K=0 for integral. The
transient responses are practical, though the joint rotational velocities are constant due to
saturation of the flow rate. The steady-state deviation is also a problem.

15 : —— : :
T,=0.43s Temp. 28-30°C |

Joint angle 6, [°]

155 a 5
Time [s]
Figure 16 Step responses of the second link using P control

Figure 17 shows the measured step responses of the joint angle & for the second link
without load under PI control. The proportional and integral gains of K,=1.7A/rad and
K=4.0A/(rad's) were determined with the measured step responses. With saturation of the
flow rate, the joint rotational velocities are constant at the first stage. With increasing the
step amplitudes, the rise times 7, increase and the overshoots increase with wind up. The
response for step down is higher than the ones for step up due to the affection of gravity.
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Figure 17 Step responses of the second link using PI control

6. CONCLUSIONS

The paper proposed and developed a novel MR cylinder using newly developed low base
viscosity MR fluid using ferrite particles and applied it to manipulators. The basic
characteristics of the MR cylinder were experimentally clarified with a one-link
manipulator. Also, a two-link manipulator with improved MR cylinders was fabricated and
a part of the characteristics and the feasibility were experimentally clarified.
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ABSTRACT

Magneto-rheological (MR) fluids are suspensions of micron-sized ferromagnetic particles
in a non-magnetic carrier fluid. The essential characteristic behaviour is the rapid and
reversible transition from the state of a Newtonian-like fluid to the behaviour of a stiff
semi-solid by applying a magnetic field of about 0.1-0.4 Tesla. This feature can be
understood from the fact that the particles form chain-like structures aligned in field
direction. The MR-fluid offers three modes of operation, namely the direct shear mode, the
valve mode and the squeeze mode. The latter is of particular interest due to its highly non-
linear behaviour, which is still not fully understood and therefore expected to give rise to
new industrial applications. A test rig for the exploration of the MR-fluid behaviour was
designed for experimental purposes. The present paper describes the results of
measurements under sinusoidal loading modes. Special emphasis was put on the
dependence of the MR-fluid response with respect to parameter variations of the applied
static magnetic field, the cyclic loading amplitude and frequency values. Cavitation effects
have been investigated and partially suppressed by pre-pressurising the MR-fluid, which
enables a more thorough insight into particle chain disruption and segregation effects. Well
pronounced hysteresis loops are observed and exhibit characteristic kinks, which cannot be
understood within the frame of elementary constitutive laws such as for Bingham fluids.
Therefore, highly sophisticated continuum mechanical theories or particle dynamics
simulations seem to be essential to recover the measurement curves in full detail.
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1 MR-FLUID CHARACTERISTICS

The essential characteristic of a Magneto-rheological (MR)-Fluid consisting of a
suspension of micron-sized ferromagnetic particles in a non-magnetic carrier fluid (e.g. oil
including special additives and antiwear agents) is the rapid and reversible transition from
the state of a Newtonian-like fluid to the behaviour of a stiff semi-solid by applying a
magnetic field of the order of about 0.1-0.4 Tesla. This feature, called the magneto-
rheological (MR)-effect, cf. Refs.(1)-(3) can be understood from the fact that, in the
presence of a magnetic field, the particles form chain-like structures aligned in field
direction. Therefore, the columnar microstructure drastically increases its resistance to an
applied shear strain. This behaviour has inspired the development and design of new
products and applications, such as semi-active vibration dampers, brakes and clutches.

2 MODES OF OPERATION OF MR-FLUID DEVICES

The MR-fluid offers three modes of operation, as depicted in Fig. 1, whereby only two of
them are used at present in the vast majority of commercial applications. The direct shear
mode is characterized by the relative motion of two magnetic poles separated by the MR-
fluid generating shear forces. In the valve-mode (or flow mode), the magneto-rheological
effect is used to throttle the flow through passages. The resulting pressure difference is used
for hydrostatic force generation. In the third mode of operation, the so called squeeze mode,
the MR-fluid is squeezed out of a narrowing gap, thereby building up high pressures, which
can be used to develop small devices capable of carrying high loads. However, particularly
due to a lack of understanding of the highly non-linear material behaviour, commercial
applications of the squeeze mode are up to now restricted to small amplitude vibration
damping.

Figure 1: MR-Modes of operation, Ref (1): a) Valve (Flow) Mode, b) Direct Shear
Mode, ¢) Squeeze-Mode

3 A TEST RIG FOR THE ANALYSIS OF THE SQUEEZE MODE BEHAVIOUR

To obtain a thorough understanding of the underlying material behaviour of the MR-fluid
in the squeeze mode, which is expected to give rise to a great variety of new and innovative
applications, a test rig for the exploration of the MR-fluid behaviour was developed, as
depicted in Fig. 2, Refs.(1), (2).



Systematic experimental studies and computational perspectives 293

piston (rotational degree of freedom)

coil
j_con

X

sealing

2%

|
<
i

air pressure
supply

.

AN

I
I ! I
/

| 7

B e e e e

T T T

connection to hydraulic drive /
(translational degree of freedom)

with integrated force & torque measurement

Figure 2: Experimental test-rig for the analysis of the squeeze mode

The design and optimization of the mechanical as well as the electromagnetic properties of
the test rig were performed by utilizing finite element analysis (Abaqus Ref. (5), Maxwell
2D Ref. (4)). The purpose of the test rig is the acquisition of measurement data from
experiments. While the basic task of squeezing the MR-fluid out of a narrowing gap can
easily be accomplished, the measurement of the distributions of the hydrostatic pressure
and of the shear stresses at the boundary of the MR-fluid turns out to be challenging. To
keep the geometry of the gap filled by the MR-fluid as simple as possible, a cylindrical
container is equipped with a coil for the generation of the magnetic field. The
axis -symmetric squeezing gap filled by the MR-fluid is formed by the bottom of the
container and a piston that dives into the MR-fluid. The container is attached to a servo-
hydraulic drive with an integrated absolute path measurement resolving 2 um, which
enables a controlled translatory motion in the vertical direction using a state control, while
the piston is attached to a shaft driven by an electrical servo motor for controlled rotary
motion. Due to the high degree of symmetry of the set-up, both the evaluation and
interpretation of integral measurement quantities, such as the reaction forces and torques
(e.g. integrated normal pressure on the gap boundary) are simplified. The measurement is
performed by a system of strain gauges, which also allows for the detection of the point of
attack of the equivalent vertical force corresponding to a potentially asymmetric behaviour
of the MR-fluid filled gap, e.g. due to an inhomogeneous distribution of magnetic particles
in the carrier fluid. A seal is used to close the annulus above the MR-Fluid so an air
pressure can be set up through the pressure supply for changing the pre-pressurising and
thus the cavitation boundaries of the MR-Fluid.
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4 EXPERIMENTAL PARAMETRIC STUDIES

To obtain a deeper insight into the MR-Fluid properties a systematic parametric study has
been performed to explore the behaviour and trends under certain operational conditions.
The load case used for the experimental parametric squeeze study was a gap of initial
thickness of 5 mm, varied sinusoidally with predefined amplitude, frequency, magnetic
field and air pressure (pre-pressurising) values. The parameter range for the amplitude
values was 0.025 mm up to 2 mm in adequate steps, the frequency values were varied from
0.2 to 1 Hz in 0.2 Hz steps, the magnetic field was varied from 0 mT to 400 mT in steps of
50 mT and the air pressure was modified in three steps from atmospheric pressure up to
about 2 bars. This led to more than 620 measurements. The essential results are presented
in selected diagrams of test series in this paper.

Considering the first test case, Fig. 3 demonstrates the sequence used for each measurement
of the parametric studies. Preceding each measurement a thorough mixing and
demagnetisation process has to be carried out to ensure well defined initial conditions. The
measurement starts with an initial gap thickness of 5 mm and an applied pre-pressurising
(in this case atmospheric pressure). First the magnetic field (here 300mT) was applied by
keeping the gap thickness constant (see Graphs A and C), resulting in a drag corresponding
to a negative force (see Graphs B and D). After a settling time of 3 sec. for the set up of the
target value for the magnetic flux density, the sinusoidal movement with predefined
amplitude and frequency values (in this case 0.2 mm and 0.2 Hz) started, as depicted in
Graph A. Thus the MR-Fluid is squeezed out of the narrowing gap, leading to the initial
curve in Graph D. Note the counter clockwise orientation of the hysteresis loop. At the
upper reversal point of the sinusoidal movement the maximum squeeze force (in this load
case of about 2000 N) is attained. Exceeding this point the dragging period follows,
extending the gap to its maximum value, resulting in tensile (i.e. negative) forces. The
subsequent squeezing part then completes the first load cycle, whereby the force in the MR-
Fluid increases again. In total 10 periods are recorded resulting into a steady state hysteresis
curve, as represented in Graph D (note that only the first three periods are depicted).
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Figure 3: Measurement sequence. Initial gap thickness 5 mm, Amplitude 0.2 mm,
Magnetic Filed B =300 mT, Frequency f= 0.2 Hz. Graph A: Gap thickness vs. Time,
Graph B: Force vs. Time, Graph C: Magnetic Field vs. Time, Graph D: Force vs. Gap
thickness.

The hysteresis curve in Fig. 3, Graph D exhibits the complex material behaviour of an MR-
Fluid with pronounced kinks in slope while squeezing and dragging. A variation of the
control parameters, namely amplitude, frequency, magnetic field and air pressure, leads to
modifications in the hysteresis behaviour, which will be discussed in the subsequent
sections. Fig. 4 shows the hysteresis curve of the MR-Fluid without applied magnetic field.
One obtains the shape of a typical viscoplastic material, as expected.
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Figure 4: Hysteresis curve of an MR-Fluid without a magnetic field. Initial gap
thickness 5 mm, Amplitude 0.2 mm, Frequency f=0.2 Hz.

4.1 Amplitude and Magnetic Field Dependence

A selection of measured hysteresis curves, as obtained by a systematic variation of the
amplitude and magnetic field values is depicted in Fig. 5. The resulting force values (in
Newton) are plotted as functions of the gap thickness (in millimetres). In each column of
the graph matrix same constant magnetic induction is applied with values of 200 mT,
300 mT and 400 mT, respectively. Every single row of the graph matrix represents a
particular amplitude value of the sinusoidal movement, starting with 2 mm down to
0.025 mm. For reasons of clarity the corresponding values are also given in each diagram.
The frequency of 0.2 Hz and a pre-pressurising with atmospheric pressure were kept
constant throughout the measurement series presented here.

For tiny amplitudes of 0.025 mm, pure elastic material effects are observed for magnetic
flux values beyond about 250 mT. Below this value increasing visco-elastoplastic
hysteresis effects up to pure viscoplastic behaviour in the limiting non-magnetic case occur.
With increasing amplitude and magnetic field values the initially increasing symmetric
hysteresis curves are become more and more distorted. This might be explained by the
occurrence of cavitation inside the MR-fluid. Fig. 6 exhibits the schematic simplified
normal pressure distributions acting inside the MR-fluid during the dragging period. The
maximum pressure drop is located near the centre of the piston and the normal pressure
increases in radial direction up to the pre-pressurising value prevailing in the annulus above
the MR-fluid filling level. Approaching the cavitation boundary of zero pressure will cause
cavitation inside the MR-fluid, starting spatially in the centre and extending to the boundary
regions.
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Figure 5: Measured hysteresis curves of the amplitude and magnetic field parameter
study
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Figure 6: Schematic simplified normal pressure distributions acting inside the MR-
fluid while dragging, showing cavitation area.

In the case of full cavitation the calculated dragging force can not exceed 1770 N for our
test rig. However, the maximum dragging (tensile) force in all cases considered is cut off at
about 2200 N. The difference of about 400 N results from the dragging force built up by the
magnetic field of 400 mT and has to be subtracted, which indicates that the MR-fluid is in a
pronounced cavitation mode.

In areas of cavitation a disruption of the chain like ferromagnetic particles takes place. This
may cause a serious segregation of the carrier fluid and the particles, due to the tendency
that the cavitation voids are filled successively with inflowing carrier fluid. This
segregation changes the material behaviour of the MR-fluid until a homogeneous
suspension is re-established in the ensuing squeeze cycle. This might explain the
phenomenon of the increasing force rising delay while squeezing. The larger the amplitude
and magnetic field values (and therefore, the cavitation area and time), the longer the time
period until the MR-fluid is homogeneous and recovering its original load carrying
capacity. This phenomenon is clearly visible in Fig. 5 whereas the initial curve immediately
builds up a significant squeeze force due to the initial mixing process.

4.2 Investigation of the Cavitation Effect

To analyse the cavitation effect, as described in the preceding section, in more detail, the
pressure in the annulus above the MR-fluid filling level was increased for pre-pressurising
the MR-fluid. Fig. 7 gives an overview of the measurement results. All graphs are recorded
with a magnetic induction of 400 mT. For all measurements in the left column of the graph
matrix an amplitude value of 0.2 mm was prescribed whereas the graphs in the right
column correspond to an amplitude value of 2 mm. Each row was recorded with different
pressure values spanning from atmospheric pressure (AP) up to AP+2 bars, as specified in
the figures.

Considering the hysteresis curves with 0.2 mm amplitude, the unsymmetrical curve
recorded at atmospheric pressure level tends to a fully symmetrical hysteresis curve due to
high pre-pressurising values. This shows that due to the pre-pressurising of the MR-fluid
the cavitation level is lowered and therefore the cavitation area located near the centre of
the MR-fluid decreases until cavitation is fully suppressed. At an amplitude value of 2 mm
the same effect can be observed in principle. However, the area of cavitation becomes
smaller with rising pressure, and therefore the disruption and segregation effects inside the
MR-fluid are less pronounced. This leads to an earlier build-up of the force during the
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squeezing period. In case of even higher pre-pressurising levels until no more cavitation
occurs, the hysteresis loop would also be symmetrical for this high amplitude case.
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Figure 7: Investigation of the cavitation effects by rising the pressure.

4.3 Frequency Dependence

The experimental results of the frequency parameter study of the sinusoidal movement,
reaching from 0.2 to 1 Hz in steps of 0.2 Hz, are summarised in Fig. 8. Here a magnetic
field of 300 mT was applied. Selected hysteresis curves with amplitude values of both
1.5 mm and 0.1 mm are depicted. In the left column of the graph matrix the initial loops are
depicted, whereas the right column represents one steady state cycle for each frequency.
These measurements show that the material behaviour of an MR-fluid is only slightly
frequency dependent, respectively rate dependent, and the effect becomes more pronounced
with higher amplitude values. Concerning the initial curve it is obvious that the slope
decreases at the beginning of the movement at higher frequencies. Moreover, the maximum
load carrying capacity reduces marginally.
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Figure 8: Frequency parameter study of the sinusoidal movement from 0.2 to 1 Hz in
steps of 0.2 Hz, showing initial curves and steady state curves.

5 OVERVIEW OF THEORETICAL MODELLING CONCEPTS AND
NUMERICAL INVESTIGATIONS

The most commonly used and simplest modelling approach is the assumption of a Bingham
medium. It behaves elastic up to the yield stress, which depends on the magnetic flux
density (called the “MR-effect”). Above the yield stress level the shear stress rises linearly
with the shear rate. The occurrence of a well pronounced shear yield stress, which can be
controlled by the applied magnetic field, can be understood by looking at the mesoscopic
structure of such MR-fluids. The iron particles form chains along the applied field and
interact between each other via the long-range two-particle magnetic dipole-dipole
interaction potential (3), which reads for point dipoles with magnetic dipole moment m

(&2 -2)m? _9U,(€)

o€

2

O]
I/12 = 3 5 5/2 UD EV_VIZ - Tf (8)
Az, 1y (5 +l) »

where 1 y denotes the relative permeability of the liquid part, 7, is the undisturbed

distance between two iron particles, and € designates the “effective” shear strain between
two adjacent iron particles of the chain (i.e. for one-dimensional shear with deflection in x-

direction £ = x/ r ). The interaction energy density U, is obtained by multiplication with
0
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the particle number density, given as the ratio of the particle volume fraction @ with the
particle volume Vp. Note that the mean magnetic polarisation per particle is given by

Jp =m/Vp . The induced shear stress is determined by the variation of the interaction

energy density U, with respect to the shear strain € . The corresponding shear yield stress

can be identified as the maximum shear stress value. However, such single chain modelling
approaches based on the magnetic dipole-dipole interaction merely give a very rough upper
bound estimate of the actual yield stress values. Therefore, more sophisticated models also
take into account the higher multipole contributions and the interactions between adjacent
iron particle chains (cf. reports about MR-fluid particle dynamics simulation approaches

(e.g. 12)).

Figure 9: von Mises stress distribution Figure 10: An adequate Femlab
in the MR-fluid at a step time of simulation model with an applied
0.45 sec. of the numerical simulation pressure of 10 bar to suppress
model in Abaqus, Ref. (5). cavitation.

The data obtained by the test-rig (cf. section 4) serve as valuable input for the development
and analysis of more adequate macroscopic material models for the squeeze mode
behaviour of MR-fluids. Previous numerical studies of single squeezing as well as cyclic
loading periods were performed by utilizing the commercial finite element packages
Deform (6), Abaqus (5) and Femlab (7). The underlying constitutive models were based on
elasto-viscoplastic assumptions with a Young’s modulus of £ = 1600 MPa and an effective
yield stress of & = 2.7 kPa , ascertained as a result of the previous Deform calculations (1).

Concerning strain-rate dependency, an overstress power law was employed. On the contact
surface between the MR-fluid and the repository a classical isotropic Coulomb friction law
with a friction coefficient of 1 =0.2 was applied modelling the contact shear forces. While

elastic effects occur merely for tiny displacements, plasticity and friction play the dominant
role for the appearance of the well pronounced hysteresis loops.

To obtain a more detailed insight into the underlying constitutive laws of the MR-fluid
behaviour in the squeeze-mode, including the electromagnetic coupling effects, leading to
the formation of iron-particle chains along the magnetic field lines, highly sophisticated
continuum models have to be applied in principle. Of particular interest is the influence of
the hydrostatic pressure on the yield strength and flow behaviour of the MR-fluid. From a
theoretical point of view, the rather complex and highly non-linear rheological behaviour of
MR-fluids in the squeeze mode can be treated to some extent by taking into account
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concepts developed originally for porous media (9-11), i.e. fluid-saturated or porous solid
materials. Many efforts have been made during the last decades to develop reliable and
praxis-relevant theories for such media models fulfilling the requirements of both their
theoretical accuracy and their applicability in engineering practice. The basis of the
description of porous media is the derivation of constitutive models for two-phase systems
on the basis of the fundamental equations of the mixture theory including the concept of
volume fractions. An extension of classical continuum mechanics toward the description of
multi-phase media is given by the theory of mixtures with both solids and (or) liquids as
constituents. For multi-phase continua, one additionally has to take care of structural
parameters such as volume fractions. Note that such macroscopic approaches are based on
the concept of constituents that are statistically distributed over the control space, i.e.
smeared over the total control space. Therefore, neither a geometrical interpretation of
detailed structure properties nor the exact localisation of the individual components is taken
into consideration. Within the framework of the porous media theory, beside the balance
equations of mass, momentum and energy and the concept of volume fractions, adequate
constitutive relations describing the frictional stress-strain (rate) relations have to be
postulated, which of course have to fulfil thermodynamic restrictions resulting from the
entropy inequality. The fundamental restrictions of mechanics and thermodynamics
principles can be summarised as follows: Determinism, equipresence (response functions
depend on a common set of variables), local action, material frame indifference
(objectivity) and dissipation (second law of thermodynamics). Therefore, the set of
independent constitutive equations can be interpreted as functions of a common set of time
dependent process variable field functions, e.g. partial densities, density gradients and
deformation gradients of the constituents. For the case of compressible constituents, both
the volume fractions and gradients cannot directly be determined by the partial densities
and have to be considered as additional variables of the deformation process.

Of utmost importance is the formulation of relatively simple and consistent constitutive
equations that predict the non-linear material response especially in the plastic range
sufficiently accurate and are still numerically tractable. It turned out that many aspects of
the non-linear MR-fluid behaviour in the squeeze-mode can already be understood to some
extent by utilizing much simpler “effective single-continuum” model approximations
(5, 11), which were originally developed for the description of porous metal plasticity
(metal containing a dilute concentration of voids) and models for granular and polymer
behaviour. All these constitutive models are essentially pressure-dependent plasticity
models, which are very popular and widespread especially in the geotechnical field. Some
of these models are extensions of the classical Drucker-Prager (1952) model (12) and
comprise curved yield surfaces in the meridional plane (p-q plane with p denoting the
hydrostatic pressure  p :—tr(é')/3 and ¢ designating the von Mises stress

q=0=,3/2tr(6:6") ), non-circular yield curves in the deviatoric stress plane.

Moreover, some model variants employ non-associated flow rules and can be extended to
include rate-dependency, hardening and creep effects. The main assumption for dealing
with metal porosity is the postulation of a curved yield surface in the meridional p-q plane,
which depends on the volume fraction of the voids in the material. In compression the
material hardens due to closing of the voids, and in tension it softens due to growth and
nucleation of the voids, where the nucleation rate of the voids is usually assumed to be
proportional to the plastic strain rate. It has to be emphasized that the adaptation of such
simplified single continuum approximations to MR-fluids leads to sophisticated parameter
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identification procedures, especially with respect to the dependence of some adaptation
parameters with respect to the magnetic flux density (B - field).

These modelling concepts, as outlined above, can (at least to some extent) be applied to
MR-fluid simulations, as our latest experimental investigations clearly pointed out. A
systematic variation of pre-pressurising values conjectures that especially for high metal
volume fractions and for low till moderate magnetic flux densities a non-negligible
dependence of the deviatoric stress from the hydrostatic pressure might occur, i.e. the
Mises-stress values increase with increasing pressure values. The accurate functional
dependence (linear, hyperbolic or exponential) including parameter adaptation is currently
under investigation. It is obvious that for too low pre-pressurising values cavitation effects
play a dominant role in the dragging part of the cyclic loading process. The lower the
absolute pressure, the more dominant cavitation will be, leading to a significant
amplification of material disruption and segregation effects, therefore delaying the building
up of shear stresses and associated normal contact pressures, as can be observed in the
experimental hysteresis loops. As for most practical applications cavitation should be
avoided, pre-pressurising turned out to be essential especially for cyclic loading scenarios
with high amplitudes.

It should be pointed out that “single-continuum approaches”, as mentioned above, are
spatially averaged and smoothed theories, and therefore not suited for the prediction of
mesoscopic structures, such as the dynamics of chain formation and disruption of single
iron particles. If one is interested in the microstructure evolution in MR-fluids, explicit
particle dynamics simulations have to be performed (13). The motion of the particles is
governed by magnetic, hydrodynamic and repulsive interactions. As is well known, the
fluid-particle interactions are accounted for by Stokes” drag with suitable (B-field
dependent) phenomenological expressions for the drag coefficient, expressing the viscous
force per unit volume due to a relative motion between the fluid and the solid phase. The
inter-particle repulsions have to be modelled by applying hard sphere repelling forces.
Further essential results attainable by such particle dynamics simulations comprise effective
magnetic permeabilities and estimates of response time-scales, which are often of crucial
importance in the design of MR fluids.

6 CONCLUSIONS AND OUTLOOK

To obtain a more thorough insight into the underlying process details, including the
formation of iron particle chains along the magnetic field lines, highly sophisticated
continuum mechanical theories or particle dynamics simulations have to be applied in
principle. To recover the measured hysteresis loops for cyclic loading periods at least in the
non-cavitating case (i.e. for sufficiently high pre-pressurising values), single continuum
mechanical concepts, which were originally developed for the description of porous metal
plasticity and for granular and polymer behaviour, seem to be promising. Systematic
rheological system identification procedures, incorporating the effects of the applied
magnetic field, as well as the elastic and cyclic hardening MR-fluid properties, based on
both measured and calculated data and enhanced numerical simulation concepts, are
currently under investigation and will lead to valuable information about the
phenomenological material and interaction parameters occurring in the underlying
constitutive laws and boundary conditions.
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An adaptable hydraulic system for tractors

T FEDDE, T LANG and H-H HARMS
Institute of Agricultural Machinery and Fluid Power, Technical University of
Brunswick, Germany

ABSTRACT

Hydraulic systems of modern tractors have to provide the energy supply of several
functions regarding comfort, general operation and working applications. Due to the
increasing variety of accessory equipment, the supplying hydraulic system of the tractor
has to fulfil several ambitious requirements.

Current tractor hydraulic systems are mostly implemented as Load Sensing systems. The
permanent increase in functional demands amplifies the conflict of the objectives dynamic
behaviour and efficiency of the Load Sensing system.

A new research project at the Institute of Agricultural Machinery and Fluid Power,
supported by the DFG (Deutsche Forschungsgemeinschaft), deals with the development
and investigation of an adaptable hydraulic system for tractors. The new system is based on
an electronically controlled variable displacement pump in combination with an
electronically activated proportional valve group. The system allows several strategies to
adapt to the special characteristics of the actuators and the demands of the process.

1. INTRODUCTION

The hydraulic system of tractors permits a wide variety of functions regarding comfort,
general operation and working applications, as shown in figure 1. The actual technical
standard of tractor hydraulics has been based on the propulsion system of the three-point-
hitch and the appropriate control system for over 70 years. Today a lot of additional
functions are introduced into agricultural machinery. Actual developments are mainly
enabled by the use of electronically activated valves.
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Active Seat
Suspension

Rear Working
Hydraulics

Front-end Working

Hydraulics Rear
Power Lift
Front-end
Power Lift Rear Power
Take Off Clutch
Front-end Power
Take Off Clutch Trailer
Gearchapging/ All-Wheel ~ Differential Brake
Front-end Suspension -shifting Clutch Lock

Figure 1: Functionality of a typical hydraulic system for tractors

The possibilities to control a drive system by electronically activated valves are the key for
the implementation of automated functions, e.g. a closed loop speed control for pneumatic
conveyors or other closed loop control systems. Load Sensing systems prevail as the
tractor’s hydraulic system. By realising automation with the aid of state-of the art electro-
hydraulic valve technology two main problems occur:

2.

When movements have to be fulfilled with high accelerations, the Load Sensing
system limits this due to the sensitivity of oscillations. It is possible to give the
conventional Load Sensing more speed, but by doing that a loss of damping has to be
accepted. As a consequence the system can become unstable, particularly when the
inertias of driven masses are large.

The Load Sensing principle relies on the control of the pressure drop at the metering
orifice, which is dedicated to the actuated consumer under highest load. Typical
pressure drops are in the range of 2 MPa. In relation to the nominal pressure of 20
MPa the system efficiency can not achieve more than 90 %. The pressure drop at the
normally used quick couplings decreases the efficiency again. This can cause
temperature problems when high duty cycles occur, e.g. at continuously activated
drives.

CLASSIFICATION OF TYPICAL HYDRAULIC CONSUMERS

In order to solve the present problems and to extend the functionality a systematic
consideration of the actual and future tasks of the working hydraulics of tractors has to

made. The actual situation and consequential trends concerning the working hydraulic of

the tractor can be described as follows:
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e Simple, manual controlled functions and partially switch on/off functions, e.g.
dumping or swinging out implements, are actually the most common hydraulic
functions. This will probably be one of the most common use in the future.

e Manually controlled accessory equipment for handling, e.g. front-end loaders for
forage and other material, are the most ambitious hydraulic consumers at present.
When joystick controlled actuators are used, the operator expects a high quality of the
drive system if fast as well as sensitive motions have to be carried out.

e The functionality of sensors and micro controllers, suitable for mobile hydraulics, gets
higher whereas prices are falling. This leads to an expanding use of automated
functions. For example, within the last few years GPS based automated steering
systems for agricultural vehicles captured the market. [1, 2].

e Tractors with multi-dimensionally handling systems for the accessory equipment have
been developed and investigated in the field of research. In particular the dynamic
behaviour of the Load Sensing system limits the performance of the systems [3, 4].

e Productivity and size of agricultural machinery are increasing. A better adaptation of
the processes to the process conditions, e.g. by speed regulations, can be useful [2].
For this electronically activated proportional valves are predestined, but the efficiency
of the Load Sensing is insufficient. Typical tractor hydraulic systems don’t have
enough capacity to ensure cooling for the total energy losses at continuous operation.

To realise an adaptable hydraulic system, a classification of the prospective hydraulic
consumers and their main requirements has to be carried out. Figure 2 shows a
classification of the hydraulic consumers and some typical examples. The main
requirements and the estimated power conditions are shown in the figure. Due to the
properties of the working process and the characteristic of the consumer (actuator) several
requirements are important.

It is evident, that different hydrostatic consumers introduce different demands on the tractor
hydraulic system.
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Consumer characteristics Main requirements Power conditions
v, Closed loop controlled | High dynamics . Three point hitch: light up
A intermittentantly used * Proportional behaviour to high power, up to 60
- actuators cycles per hour

¢
\f Source: John-Deere

Front-end Loader: medium up
to high power, about 45

Manual controlled Proportional behaviour

intermittentantly used * Sensitivity
cycles per hour
actuators * Smoothness
. « Tipping: Light up to high
Simple manual controlled Robustness power, seldom in use (about
intermittentantly used 15 cycles per hour)

actuators

Configuration as:

.

Medium up to high power,

Ordered pressure or flow constant flow, constant continuous at work, partly

input pressure or Load-Sensing stand-by on ride
p « Strictly no flow fluctuations * Medium up to high power,
N 8 s
5 Open or closed loop e.g. influence of hydraulic continuous at work, partly

controlled steadily used : .
A steering stand-by on ride
actuators

Source: Bosch Rexroth

Figure 2: Simple classification and estimated power conditions of the hydraulic
consumers

3. ADAPTIVE HYDRAULIC SYSTEM

The desired functionalities of the adaptation are the availability of high dynamics for automated
multi-dimensional handling systems and an optimal efficiency at continuous driven consumers.
The basic devices of the new system are an electro-proportional adjustable variable
displacement pump and electronically activated proportional valves. These components allow
the regulation of the pump corresponding to the summated flow demanded by the opening of
the proportional valves. Several publications have been published on this topic already, e.g. [5,
6 and 7].

The adaptive hydraulic system for tractors consists of four main parts:

e Variable displacement pump with a regulator for the electro-proportional adjustment
of the swash-plate angle and a pressure regulator, limiting the pump pressure up to 20
MPa. A conventionally flow controller is mounted additionally to the pump.

e  FElectronically actuated proportional valve group with primary arranged pressure
compensators.

e  Open-Center pressure compensator, acting as a bypass and regulating the pump
pressure according to the Load Sensing principle.

e  Consumers as single or double acting rotational and translational actuators
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Figure 3 shows a schematic hydraulic circuit of the system, equipped with two proportional
valves. The control strategy works with the flow commands of the operator (given by joystick
or software) and needs information on the pump speed, the pump pressure and the temperature
of the oil. The pump speed is required to calculate the swash plate angle for a flow summation
system. With the information of the pump pressure, a power- or torque-limitation of the system
is realised. This is useful for the integration into a tractor’s management system. In one
direction the hydraulic system can ask for a higher pump speed or enable a lower pump speed
and in the other direction it is possible to give the hydraulic system a limitation of the maximum
power or the maximum pump torque. The oil temperature control affects the system strategy
and can also limit the maximum output power of the hydraulic system in case of
overheating. A load-independent behaviour is fulfilled by individual pressure compensators. If
the pump shows saturation, the valve control can accordingly decrease the opening of the
activated valves, similarly for each valve or by a pre-defined priority of the consumer.

|
|
Y
|
|
|

()
Q,= Flow command p- = Pump pressure
Q. = Pump flow p. = Load pressure
Pump control Q.= Bypass flow n. = Pump speed

VC .
Valve group control V, = Displacement load J = Flow rate command

Figure 3: Hydraulic circuit of the adaptive hydraulic system

The system can be set up with the following strategies:
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Table 1: System strategies of the adaptive tractor hydraulic system

System strategy Valve Group Control Pump Control Bypass

Constant pressure | Direct actuation of single | hydraulic-mechanical Deactivated
valves pressure control device

Constant flow Direct actuation of single | Pump at maximum Pressure
valves displacement control

Flow summation Summation of flow rate Pump flow rate by valve Pressure
commands plus dynamic | group control control
overhead on demand

Load Sensing Deactivated Hydraulic-mechanical flow | Deactivated

rate control device

In flow summation mode it is possible to adjust an additional flow overhead. This overhead is
required for the bypass to control the pump pressure. If a valve is shutting down faster than the
pump displacement decreases, the bypass makes way for the temporary surplus pump flow. The
flow overhead also ensures the balancing of flow fluctuations, caused by inner leakages and the
valve actuations. Figure 4 shows a measured step response of the flow summation system with
a stand-by flow of 20 I/min and a flow overhead of about 10 /min. The cylinder velocity is
increasing very straight to the desired value within a time 300 ms after activation.

50

70 4 Spool Set Position
—<— Spool Paosition
% { —v— Cylinder Velocity L 1/min
mm/s |
Z 50 -
] 1 -30 &
2 40- o
c 1 2
S 30- -20 P
3
Q20 - —e— Bypass Flow Rate |
8 . —=— Pump Flow Rate 10
& 104
0~ T v T T T T T v 0
0,0 0,1 0,2 0,3 S 0,5
Time

Figure 4: Measured step response of the flow summation system
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If the flow overhead is set below zero, the effect of undersupplying the valve group can be used
for an increase of system efficiency. In this case the bypass closes because the pump pressure
decreases to the highest load pressure. This introduces a lower pressure drop at the valve with
the highest loaded consumer. If a single valve is activated, a significant increase in the system
efficiency is possible.

If a consumer is blocked, the pressure of the consumer increases. The bypass flow raises
the pump pressure until the pressure control device of the pump cuts the delivery flow of
the pump by reducing the swash plate angle. As a result the system changes to a constant
pressure system.

A conventional Load Sensing mode is also important because there are several implements

with closed-center Load Sensing valve groups on the market. It is essential that a new
tractor hydraulic system can deal with such machines.

4. EXPERIMENTAL PLANT

Table 2 shows the technical dada of the stationary experimental plant.

Component Technical data

Electrical drive 45 kW asynchronous motor, driven by frequency converter

Variable Brueninghaus A10 VNO45EK, Variable displacement pump, 45

displacement pump | cm’, equipped with sensors for pump speed and torque

Valve group e Sauer-Danfoss PVG 32, 100 l/min spools, electronically
activated

e Open-Center bypass with pressure compensator

Consumer e Stoll HD 40 front-end loader, & 80/56 mm lifting and &
80/50 mm tilting cylinders with integrated MTS position and
velocity sensors (magnetostrictive principle)

e 63 cm’ fixed displacement motor with mechanical load

Control dSPACE measurement and development package
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5. SIMULATION

The control strategies have been developed and investigated by simulations. Models of the
systems have been developed and investigated with the hydraulic simulation tool AMESim.
The components have been modelled with the following characteristics:

Variable displacement pump

¢  Swash plate adjusting piston with reduced swash plate inertia mass
e Reduced activation spring forces and internal reaction forces at swash plate
e  Hydraulic-mechanical and volumetric pump efficiency
o  Electro proportional swash plate control device
e  Pressure control device
¢ Flow control device
Valve group
e Electronically activated proportional valves (mechanical PT,-element and
linearised flow equation)
¢ Individual pressure compensators for every valve
e  Open-Center bypass

Connections
e  Pipes with compressibility and resistance
Load
e Translational and rotational hydraulic consumers

The simulations show problems with the system behaviour in relation to the individual
pressure compensators, which are optimally adjusted to the Load Sensing system.
Especially in constant pressure mode problems occur and the following section gives more
information about this. The investigations lead to the conclusion that an adaptation of the
valve parameters has to be made with consideration of the actual hydraulic system strategy.

6. RESULTS

Practical results of the system have been determined using a stationary test rig. Figure 5
shows the measured step response of the four systems and allows a direct comparison of
the various systems. The focus is on the dynamic behaviour of the systems. The measured
spool position of the activated proportional valve shows a switchover of the main spool 50 ms
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after the step is initiated at around 100 ms. The shown spool position is in constant
pressure mode. The delay of the CAN-Bus transmitted spool position is 20 ms. Obviously
the system is able to achieve the highest accelerations in constant pressure mode. But high
oscillations follow the phase of high acceleration, probably caused by the dynamic
behaviour of the pump and the pressure compensator. During the opening phase of the
main spool, the firstly opened pressure compensator is not able to close simultaneously and
thus the flow rate and the cylinder speed rises. This leads to a temporary decrease of the
pump pressure. The simulation confirms the interaction of the pump and the compensator.

The Load Sensing shows a lower dynamic behaviour, but here the typical oscillations of
the Load Sensing have to be recognized. By throttling the load pressure feedback the
damping of the system is increased, but this slows down the system behaviour as well.

In comparison the constant flow system and also the flow summation system show the best
system behaviour. The flow rate of the constant flow system is 60 I/min. The flow
summation system works with a minimum flow rate of about 15 I/min and a flow rate
overhead of 10 I/min.

The losses of the adjusted flow summation system are above the losses of the Load Sensing
but much lower than the losses of the simple constant flow system. In both systems (CF
and FS) the cylinder gets to the desired velocity with an harmonic characteristic.

70
70 1
- %
mm/s X
2 50 — Spool Set Position [ 20
3] o c
o) ] —=— CP Spool Position k)
) - — = - - = 40 =
> 40 - 3
= i o
q’ T —
2 30- 7308
5 8
© 50l —o— Constant Pressure (CP) 20
] —&— Load-Sensing (LS) I
10 4 Constant Flow (CF) L 10
| —e— Flow Summation (FS)
0 P T T T T T T T T T 0
0,0 0,1 0,2 0,3 0,4 S 0,6

Time

Figure 5: Measured step response of constant pressure, Load Sensing, constant flow and
flow summation system

Measurements with a zero flow overhead show lower dynamics. The bypass is adjusted to
regulate a pressure drop of 1,4 MPa between the load pressure and pump pressure. In
comparison to the Load Sensing system the system cfficiency is increased by 30%, if a Load
Sensing pressure difference of 2 MPa is assumed. If the flow summation system is working
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with a negative flow overhead, the pressure drop at the valve decreases and an additio-
nal increase of the system efficiency is achieved.

7. CONCLUSIONS AND OUTLOOK

The realised adaptable hydraulic system shows a significant improved dynamic behaviour
in comparison to conventional Load Sensing systems. It is also possible to increase the
system efficiency by the direct adjustment of the delivered pump flow. The system is
configurable towards high dynamics or towards low energy losses.

One approach is to develop an automatic control for the optimal adjustment for the several
hydraulic consumers. With the aid of intelligent electronics, the system makes the decision
on how the system has to be configured in an optimal way. Another challenge is to realise
the transitions of the system strategies. A context-sensitive help facility should allow the
system to be configured to the different applications and consumers.

The next stage is to transfer the system to a real tractor. Here the practicability of the
system and a user-friendly handling for the adaptive hydraulic system can be investigated.
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ABSTRACT

The development of hybrid vehicles is nowadays a new challenge for the automotive
industry since it appears a relevant solution to reach the next ten years pollution standards.
However several commercialized vehicles are yet available, the new advantages which
could be achieved by hybrid architectures of powertrains are generally difficult to study.
The purpose of this paper is to introduce an inverse approach that allows to define in a first
step the admissible architecture of the powertrain according to the objectives of the design,
and in a second step to compare different solutions using the same references in a multi-
objective context. The proposed approach is here detailed considering the study of the
requirements for the powertrain architecture of a hybrid vehicle in order to achieve some
consumption criteria on a standard road cycle.

Keywords: Hybrid vehicles, Bond Graph, Inverse method, Design, Power transmission,
Powertrain.

1 INTRODUCTION

Hybrid vehicle concepts allow completely new powertrain architectures to be imagined and
evaluated. Conventional powertrains have been extensively studied (1-5), and their
performances have been improved in many ways using new technologies and control
principles. However, these conventional architectures are limited due to the use of a single
energy source and motor. Each technology presents some advantages over the other ones,
but the requirements of the next generation vehicles such as autonomy, dynamic
performance, polluting particle emission, etc., seem difficult to reach using a single
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technology. Combining several energy sources and motors provides an interesting approach
for solving the complex compromise imposed to the automotive industry (6). In this
context, the global control strategy is obviously an essential aspect to be considered.
Furthermore, because of the number of possible hybrid architectures and their complexity,
it seems important to propose tools for rapidly analyzing, sizing and comparing the
different designs.

Since the initial data of a new design are the specifications and not a specific architecture of
the system, we develop here a set of tools based on inverse approaches for analyzing, sizing
and comparing the different solutions being given a set of design specifications. Contrary to
other methods such as simulation and optimization, for which an iterative procedure is
required in order to reach results approaching the design specifications, inverse methods
enable the final results to be obtained from a single computation or simulation.

In a first step, the proposed approach applies, at a functional system level, the concept of
power lines introduced by Wu and Youcef-Toumi (7) in a bond graph model (8). Since
each specifications expressing the different objectives on the system to design can be
related to energetic degrees of freedom in a elementary structure, it is possible to determine
an architecture for the powertrain, which should allow all the objectives to be achieved, by
defining a set of independent power lines. To reach this condition, we propose here to
modify the architecture by adding power modulating components or drives, or by enabling
the control of some components in the system. As the consistency of the objectives can also
be checked during the procedure, it constitutes a straightforward approach for new design
projects.

In a second step, when the architecture of the powertrain has been chosen, the bicausality
concept introduced by Gawthrop (9, 10) can be used to determine the inverse model and the
regularity required for the specifications. The inverse model is usually used to verify the
adequacy of a designed system to the desired objectives, to obtain new specifications for
some components in the system, and also to determine the open loop inputs (11, 12).
Another usefull application of inverse approaches consists in quickly comparing different
potential solutions. The advantage over other techniques such as optimization is that the
comparison references stay the same for all the potential solutions since the design
specifications, used as the inputs in the inverse model, are verified by definition. Here,
using the previously determined powertrain architecture, different control strategies for the
powertrain of an hybrid vehicle are compared in terms the required size for the engine and
an additional electrical drive (13).

Although the approach is here developed in the context of hybrid vehicles, the choice of the
right architecture and the comparison of different designs considering simultaneously
several objectives are common problems in power transmission and mechatronic systems.
Therefore, the inverse methodology proposed in this paper can be extended to many other
design problems.

2 POWER LINES AND THEIR USES IN DESIGN PROBLEM

Power lines are not especially a bond graph concept, as it defines the existence of a path to
provide energy from a power source to an output, but the bond graph representation is
interesting because these lines appear graphically on the model representation, where they
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are a set of consecutive power bonds between a source (or an energy storage element) and
an output. A system output being a function of the model independent state variables, the
previous definition can be expressed as the existence of a path to provide energy from a
power source to an independent energy variable related to the considered output.
Obviously, for changing the state of the system, it is necessary to change its energy state,
and consequently to modify the energy stored in at least one energy storage. Furthermore, a
necessary condition that enables the control of the power transfer from the source to the
storage element is the existence of modulated element in a sub-system connected to the
considered power line. These previous remarks lead to define a two types of power lines :
power supply lines and power modulation lines.

Definition 1 4 power supply line is a set of successive power bonds between a energy
source or an energy storage element and an energy storage element port corresponding fo
the energy variable associated to an output

Definition 2 4 power modulation line is a set of successive power bonds between a
modulated element and an energy storage element port corresponding to the energy
variable associated to an output

Proposition 1 4 necessary condition for controlling an output is the existence of a power
supply line and of a power modulation line converging towards the same energy storage
element port corresponding to the energy variable associated to the output.

Proposition 2 4 necessary condition for controlling a set of outputs is the existence of a set
of independent power modulation lines between the inputs and the outputs of the system,
each of them being associated to at least one power supply line.

Proof 1 R. Ngwompo et al. (14) have shown that a necessary condition for structural model
inversion is the existence of a set of independent input/output power lines. This means that
this condition is necessary to express the inputs as a functions of some states and of the
outputs and their derivatives. Obviously, this is the same as determining the open loop
control for given specifications on the outputs.

In the case of a multi-objective problem, it is now possible to extract structural rules in
order to achieve a design problem. Firstly, for each independent specification imposed by
the new system design, a power supply line and an associated power modulation line has to
be determined on the model. Secondly, the power modulation line has to be independent
from the other power modulation lines associated to the other specifications. At the first
design stage, it is then possible to use this condition as a design procedure and also, to keep
in mind this condition when the consistency of the final architecture of the system is
checked. Therefore, we propose here a procedure that aims at modifying the architecture by
adding power modulation components or by enabling the control of the transmitted power
in some components in order to define the power supply lines and of power modulation
lines required to verify the necessary inversion condition.

The procedure can be summarized by the following steps:

e associate each design specification to an energy variable in the system and identify
the corresponding ports of the energy storage element,
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e add power modulation elements or enable some components to be cobtrolled in
order to define one power modulation line for each specification,

e check the association of each power modulation line with at least one power
supply line,

e check the existence of a set of independent power modulation line in the
designed system.

Obviously, using the previous procedure, several system architectures can be determined
from the same design criteria. Each of them constitutes a potential solution structurally in
adequation with the design criteria. Then, in the next step, the sizing of each component in
the system, the designer is quite sure to study only the admissible architectures.

3 FUNCTIONPROACH OF A HYBRID VEHICLE DESIGN

The previous procedure is now applied to the design of a vehicle powertrain. For this
example, we assume that initial considerations have imposed the use of an engine, and have
defined the load to be driven, that is to say the vehicle. Let us apply the proposed procedure
to the design of a vehicle for which the design criteria is the following: the average fuel
consumption for the engine is fixed to xzcr (or xgypc) for the ECE' road cycle (or the
EUDC? road cycle). Firstly, since the criteria relies on a specific road cycle, the trajectory
of the vehicle is perfectly defines and consequently, the output corresponding to the
longitudinal velocity V.., of the vehicle is imposed. Secondly, in a first approach, it can be
assumed that the fuel consumption of the engine is a function of its speed W,,, and of the
delivered torque 7, according to equation (1).

xmg = .f(’,’xn (wung ’ ]::ng ) (1 )

If the average fuel consumption is fixed, this equation shows that the criteria introduces a
constraint between the speed and the delivered torque. It means that if the trajectory to be
followed by one of these variables is fixed, the other one will be a consequence of equation
(1). Then, it can be concluded that either the engine speed or the engine supplied torque
trajectory has to be defined in order to satisfy the consumption criteria. This first analysis of
the design criteria leads to the conclusio'n that three outputs have to be considered in the
system, each of them being associated to a trajectory imposed by the design criteria. These
outputs are the longitudinal velocity, which is associated to the road cycle trajectory, both
the speed and the supplied torque of the engine, which are associated to trajectories whose
definition requires additional information. These two last trajectories can be deduced from a
global control strategy of the powertrain for example.

It is interesting to remark that fractions of power lines can be define locally at the
component level. A fraction of power line is a set of successive power bond inside the
component connecting a power or control input bond and an output power bond, defining
therefore a fraction of a power supply line or a fraction of a power modulation line.
Furthermore, at a functional level, it is still possible to identify fractions of power lines in a

! Economic Commission for Europe
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component without the complete knowledge of the structure of the component. For example, if
we consider a gearbox (Fig. 1), it can be naturally assumed that this component presents at
least a fraction of a power supply line and a fraction of a power modulation line. The power
bonds linking the input and the output power bonds define a fraction of a power supply line,
and the power bonds linking the modulated transformer and the output power bond or the
input power bond define two distinct fraction of two distinct power modulation lines.

L Gearbox
Power modulation lines
u,

gear

Ugear

Power supplying line

Figure 1: Power lines in a gearbox

In order to define a correct architecture, it is then essential to identify the fraction of power
lines in the known parts of the system. Considering an elementary modelling approach, the
bond graph models of the components known in the system, that is to say the engine and
the vehicle, can be represented as shown on figure 2 and 3. The engine is represented by a
modulated source corresponding to the maximum delivered torque 7,,(u,) for a given
control input u,; a non linear dissipative element that characterizes the loss of torque
Toss(Weng) according to the engine speed, and a kinetic energy storage representing the
motor inertia J,,,. Since only a longitudinal displacements are considered in this case, the
vehicle is only represented here by its mass M,, and a dissipative phenomenon,
representing the aerodynamic and rolling drag. The outputs of interest in the problem are
represented by detectors. Figure 4 shows the word bond graph model, which is sufficient at
the first design stage.

I- Vehicle model

R: Faero( Vveh)

Vehicle /

@ = Ton 3 o0 oy Vv

> - __L s veh
S N

End of a Power supplying line
or of power modulation line do

Figure 2: Power lines inside system load (vehicle) and elementary bond graph model
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T \l \ modulation
csn( eng’ (l)eng) Dfse : Teng DeSf : Wgng line 2
Xeng fcsn(Tengr “’eng) —Xeng
Engine elementary model

Figure 3: Power lines inside engine and elementary bond graph model

The balance between inputs and outputs in the known parts of the system shows that there
are three specified outputs (Vyes, Weng» Teng) for only one control input (u,), and one power
supply line. According to proposition 2, a structural condition to achieve the design criteria
is the existence, in this case, of a set of three independent power modulation lines in the
system. The solution consists yet to add at least two components that enable the power
modulation and define two additional power modulation lines. If we consider the model of
the engine, it appears that one of the power line has necessarly to be considered inside this
component in order to verify the independency of the power lines (Fig.3). The two other
power lines have to be defined from the engine and the vehicle models towards the part of
the system to be designed as shown on figure 4.

Power supplying line

f o (Copats ® .
csn engv eng) Power modulation lines

Figure 4: Initially known parts of the system and introduction of the design criteria

Several solutions are then possible. For example, an hydraulic transmission including a
controlled displacement pump and a controlled displacement motor constitutes an
admissible solution (figure 5); an other solution may be the use of a gearbox and of an
electrical motor (figure 6). In both cases, due to the two additional control inputs, two
additional power lines are defined on the model.
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Ug Uhmot

IlEnginel

Figure 5: Solution to the design problem using an hydraulic transmission

In order to verify the structural conditions (Proposition 2), the independency of the three
power lines have now to be checked. Although parts of power lines can be defined in each
new components, this property can only be verified if the connection between the different
components is known, that is to say the architecture of the system. For example, several
architectures of the final system can be considered when a gearbox and an electrical motor
are added. Firstly, the gearbox can be placed up or down the connection of the electrical
motor on the powertrain (figure 6 and 7), but not between the junction J and the electrical
motor because the two power lines are dependent in this case. Secondly, the type of
connection (junction J) between the electrical motor and the powertrain can be essential in
order to verify the independency of the power lines. Indeed, two cases can be suggested: a
single axle hybrid vehicle (15) where the connection can be represented by a 1-junction
(common flow), and a double axle hybrid vehicle with a differential, that is to say a 0-
junction (common effort), connecting the electrical motor, the engine and the rest of the
powertrain. Although both solutions are acceptable for the studied problem, in some cases
this choice will directly allow to cancel the further study of one of the architecture.

Figure 6: Solution to the design problem using an electrical motor and a gearbox
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Ug
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Figure 7: Potential architectures of the solution to the design problem

This first part shows that, at the first design stage, the use of acausal properties such as
power lines presents advantages since it enables the architecture and the necessary
components to be selected according to the design criteria. Complex multi-objective criteria
may be applied, and only an elementary knowledge of the system model is required. This
procedure constitutes therefore a pertinent approach, which can help the engineer in the
early stages of any design project.

4 SIZING USING AN INVERSE MODEL

Following this first step, a second procedure that is still based on an inverse approach may
complete the proposed method in order to determine the correct sizing of the new
components in the designed system. An important part of the inversion problem has already
been achieved as Proposition 2 is directly derived from the necessary condition for the
existence of a structural inverse for a system modelled by bond graph. Indeed, using
acausal and causal considerations, the sufficient conditions for the structural inversion of a
system has been shown by Ngwompo et al. (11, 12, 14):

Proposition 3 The inverse of a system exists if there is a single set of independent inputs/
outputs power lines in the system.

However, if several sets of independent inputs/outputs power lines can be determined in the
system, a second condition is required:

Proposition 4 If several sets of independent inputs/outputs power lines can be determined

in the system, the inverse of a system exists if there is at least a set of disjoint
inputs/outputs causal paths.

In this last case, the set of shortest length has to be considered in order to obtain the
maximum order inverse model. Thus, the sizing problem will simply depends on the
knowledge of the data required for the simulation of the inverse model.
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According to equation (2}, a "direct" formulation requires the knowledge of the inputs and
of the initial conditions for system simulation. However, in an "inverse" formulation (eq.3),
it is necessary to provide the specifications associated to outputs, the initial conditions on the
remaining state variables in the model, and the imposed inputs. The successive derivatives
of the specifications, respectively of the remaining inputs, may also be needed until order p,
respectively 7.

d
— X = X u
= fos) @
y=g(xu)
— (r) (p)
E xinr - ﬁnv (xint >uspec Feeed uspec > yspec deeed ys;fec ) (3)

T _ (r) [02)]
[ydir ’ uinv ] - ginv (xint s uxpec Seeed uspec, yspec deeed yspec )

The inverse approach is a natural procedure in system design and sizing, but usually its use
is limited to a single objective criteria and to steady state considerations. It seems that there
are mainly two reasons to this: first, a problem related to the numerical aspect of inversion
since it introduces differentiations; second, a difficulty to manipulate the design criteria
since they are usually not given in a right format for an inverse approach or are more well-
suited for "direct" problems or optimization. The bond graph approach is here an interesting tool
as it allows the considerations about the design specifications and their correct formulation to be
taken into account without writing an equation. Furthermore, using causality and structural
properties of the bond graph, the symbolic manipulation of the model equations is easier
and leads to a minimum number of differentiations normally related to the outputs in a
design context. Therefore, the step following the functional design of the system (section 2
and 3) consists in analyzing the design criteria in order to introduce the right specifications
on the bond graph model according to the analysis the structural properties of the inverse
model (model order, number of output differentiations, number of initial conditions, etc.)

Due to the fuzziness of the design criteria or the lack of some information, the design
criteria usually have to be discussed, clarified, and completed. Several solutions are
available to complete the design criteria in order to obtain the adequate data for the
simulation of the inverse model:

adding new criteria (but this might require to modify the system architecture),
deducing new specifications from the design criteria,

choosing specifications and control inputs corresponding to critical behavior.
defining a control strategy in the system.

This is a very important step as the remaining inputs, the output specifications and the
remaining initial conditions have to be consistent. It can be noticed that this can constitutes
a problem by itself, especially for non linear model. It is essential to be careful when
choosing or deducing the missing specifications in order to keep the consistency of the
design problem. Finally, defining a control strategy in the system can appear a good
solution since the control law will couple the known specifications to the missing ones; this
is corresponding to integrate some part of the system global control in the design problem.
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If the consistency of the design specifications with the remaining inputs and initial
conditions has been achieved, the final inverse model of the system to be designed can be
deduced from bicausality and causality assignments as described in Ngwompo et al. (11,
12, 14). Then, the simulation of the inverse model enables the designer to determine the
missing open loop control variables and/or new specifications for the missing parts of the
system (power sources, actuators, power modulating devices, etc.), to make a validation of
the component choices taking into account the influence of the system dynamics and the
energetic aspects, or to compare straightforwardly design options such as control strategies,
component technologies, etc. An advantage of the inverse approach over other methods is
that the design specifications are here directly verified since they are the inputs of the
inverse model, therefore simplifying the comparison of the solutions, the choice and the
validation of the system components.

5 COMPARING CONTROL STRATEGY IN HYBRID VEHICLE

The design criteria of the example have already been analyzed, and it has been shown that
the formulation of the specifications presents some fuzzy points like the evolution of the engine
power variables (W, Teng). According to the previous section, one of these variables can
be specified considering for example the engine efficiency or a critical case, but it can also
be determined by using a control strategy that defines an assistance degree (or hybridization
degree) with regard to the additional actuator, that is to say the electrical motor.

The assistance degree (eq. 4) is usually defined as the ratio oy, of the torque T, supplied
by the additional actuator and the torque 7., applied to the load (the vehicle in this case),
then a complementary function o, can be determined relating the torque 7,,, supplied by
the engine and the torque 7., applied to the load, as expressed by equation (5).

O’Iassd = T;l/T:/eh (4)

aassmg = T;'ng /r/eh (5)
Tenq

ASS gy = T_L = f;zss (Vveh) = ]:’ng = f;zss (Vveh) ’ ]?;eh (6)

veh

In a global control strategy of a hybrid vehicle, it seems interesting to control this ratio
according to the vehicle velocity (eq.6) and acceleration in order to improve the vehicle
performances and polluting particle emission. Consequently, the engine torque 7, can be
deduced (eq. 6) at any time from the computation of the torque T, supplied to the vehicle
and the specification on the assistance ratio 0., according to the vehicle velocity V,ep.

7;ng = j;’ng (ud > wveh ) = ud = f;ir (T;ng > wveh) (7)

xeng = f;‘.ﬁ'n (mveh > YLng) = a)eng = f:i ('xeng > 71eng ) (8)

Assuming that the engine has been chosen and using its characteristics, it is possible in a
"direct" formulation to determine firstly the engine torque 7.,, as a function f,,, of the
engine speed W, and of the control input U; (eq. 7), and secondly, the fuel x.,,
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consumption as a function of the engine torque 7, and the engine speed W,,, (eq. 8). Then,
if the reciprocal function for f, exists, the engine speed W.,, may be deduced from the
engine torque T,,, and the specified consumption x.,, (eq. 8), and similarly, the engine
control from the engine speed W,,, and torque T, (eq. 7).

The design problem has now a complete formulation, two specifications being imposed
from the design criteria and the third one being deduced from the other ones and from a
power variable in the system. Since the functional design of the design (section 3) has
defined three power lines linking the inputs to the outputs and since it can be observed that
they are corresponding to the only set of independent power lines, the structural inversion is
verified. Considering for the model an ideal global transmission ratio including all the
movement transformations due to gears, differentials, wheels in the powertrain, it is
possible to associate this phenomena to the controlled gearbox and to represent the whole
transformation ratio by a modulated transformer. Because a manual or automatic gearbox
would introduce a discrete control law, it is necessary to consider here a CVT
(Continuously Variable Transmission).

Weng Teng electrical

engine gearbox ; Vehicle

i Ug— MR : Ryin(Ug,®eng) 1: Jeng! R I+ Myen i

T : R: Faéro(vveh) i

H Teng ! : P e=0 chcle (t):

DeDf: 214 0, g 1! Ot MTF" A]/\‘AMSeSF :
............. : Jp>d

e=0 (DengTeng f=0 TeIJ(weI ! ! R: Froul(vveh! *) :

MSeSf MSeSt ! DeDf iDe T, Df :Vyen %!

u motor

fesn(Teng, ©eng) ]
Ifass(Tveh,Teng) = (fassvvveh) |:_— Qgss

Xeng

Figure 8: Inverse bond graph model for the proposed design criteria

The inverse bond graph model (Fig. 8) is finally determined by substituting the detectors by
double sources and the sources by double detectors, assigning the bicausality along the
power lines from outputs to inputs, and finally completing the causal assignment by a
preferential integral causality. From this causal assignment and from the study of the causal
loops in the inverse model, several properties can be deduced:

o all the storage elements are in derivative causality, and accordingly, the inputs are
functions of the outputs and their successive derivative (this property is
corresponding to the flatness of the model),

e the orders of the causal paths are one and zero, and consequently the
specifications have to be at least once differentiable,
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e the inverse model presents an algebraic loop (implicit form), which has been
introduced by the control strategy,

e the inverse model is then a set of two algebraic and one implicit equations.

Using the ECE road cycle and fixing the fuel consumption to x.,, = 5/100 km, it is now
possible to compare different control strategies (Fig. 9).
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Figure 9: Design specifications: ECE road cycle, Engine characteristics and Control strategies

Figure 10 shows some results of the inverse model simulation. Firstly, the power which has to
be supplied respectively by the engine and by the electrical motor are computed in both cases.
It can be noticed that negative power are corresponding here to slowing down phases, and can
be considered as potentially retrievable energy. Therefore, if a reversible electrical motor is
used, the control strategy can be adjusted in order to balance the electrical motor energy
consumption on the studied road cycle. The power requirement for the electrical motor is near
to be twice for strategy 1 than the one for strategy 2. While strategy 1 is corresponding to a
constant assistance, strategy 2 tries to express that, for pollution reason, it is more efficient at
low vehicle speed to use the electrical motor than the engine. This implies naturally a smaller
sizing of the electrical drive (Stop & Go strategy).

The open loop control of the engine and of the CVT are also obtained from the simulation.
Here the global transmission ratio is given in an user friendly unit, which is the equivalent
vehicle speed for an engine speed of 1000 rpm’. By this way, the computed global
transmission ratio can be compared to any other vehicle transmission and especially to
manual gearbox (1%, 2™ and 3™ gears in this case). In both cases, the simulation of the
inverse model shows if the computed input variables are in physical limits. These results
can be used to check for example if the engine is not undersized for the design criteria. In
the case of strategy 2, it appears clearly that the maximum power (and torque) is reached
for the specified fuel consumption.

Although the considered model is corresponding to an elementary approach, the obtained
results are relevant in the early stages of the powertrain design. From a single simulation,
the minimum power of the electrical drive is determined whatever its control is (new
specifications for the electrical drive), the validation of the engine choice is realized, and
the open loop control laws for the engine and the CVT are obtained. Furthermore, if the
assistance strategy is changed, the comparison criteria (engine consumption and ECE road
cycle) are still exactly verified, which is generally not achievable with "direct" approaches
or optimization. The comparison is then very consistent.

31 kmh™ /1000 rpm is 2.652 107> ms™ /rads™"
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6 CONCLUSION

The proposed inverse approach gives another point of view and help concerning the
technical aspect of the design, however other aspects such as cost and reliability are
evidently essential in the new product design. It is primordial to note that the actual
development of the simulation tools are in agreement with the requirement of inverse
methodology since it aims at introducing robust numerical algebraic-differential solvers and
algorithms allowing symbolic manipulations of a model equations before the simulation.

In the paper, it has been shown in a first step how the inverse approach can be applied to
determine the correct architecture of a system according to the design criteria. A procedure
for the system architecture design has been proposed and illustrated in an example. In a
second step, the sizing of the designed system has been achieved still using the inverse
methodology. The advantages of this approach for the validation and the choice of
components, the specification of additional components, and the comparison of the
different solutions have been pointed out especially for multi-objective design problems.
The complete design of the powertrain for a hybrid vehicle has shown the potentiality of the
proposed approach in industrial applications, even if there are non linearity in the system.

In conclusion, it is essential to point out that the proposed inverse methodology constitutes
a complementary approach to "direct” model simulation and optimization at least in the
early stage of the system design, which can be efficiently applied to structure the design
thought process.

REFERENCES

(1) Karnopp, D.C., and Rosenberg, R.C.: Application of Bond Graph Techniques to the
study of vehicle dr ive line dynamics: Journal of Basic Engineering Transaction,
ASME, 1970, Vol. 92 n°2, 1991, pp. 355-362.

(2) Hrovat, D., Tobler, W.E., and Tsangarides, M.C.: Bond graph modeling of dominant
dynamics of automotive powertrains: ASME Winter Annual Meeting, Miami, USA,
nov. 1985, pp. 293-301.

(3) Hrovat, D. and Tobler, W.E.: Bond graph modeling of automotive powertrains:
Journal of the Franklin Institute, Vol. 328 n°5/6, 1991, pp. 623-662.

(4) Gillespie, T.D.: Fundamentals of vehicle dynamics: Society of Automotive
Engineering, Inc.: 1992, 495p.

(5) Eriksson, L.: Simulation of vehicle in longitudinal motion with clutch lock and clutch
release: IFAC Workshop Advances in Automotive Control: 2001, pp. 75-80.

(6) Roverta, G., and Ravello, V.: Scenario and trends on hybrid propulsion technologies:
International Conference "Spart Ignition Engine: CO* Challenge”: Venise, 2002,
pp. 78-89.



332  Power Transmission and Motion Control 2005

(7) Wu, S.-T., and Youcef-Toumi, K.: On relative degrees and zero dynamics from
physical system modeling: Journal of Dynamic Systems, Measurement, and control,
Vol. 117, june 1995, pp. 205-217.

(8) Karnopp, D.C., Margolis, D.L., and Rosenberg, R.C.: System Dynamics: A Unified
Approach: New York, John Wiley, 1990.

(9) Gawthrop P.J.: Bicausal bond graphs: International Conference on Bond Graph
Modeling and Simulation (ICBGM'95), Las Vegas, USA, jan. 95, pp. 83-88.

(10) Gawthrop, P.J.: Physical Interpretation of Inverse Dynamics Using Bicausal Bond
Graphs: Journal of The Franklin Institute, Vol. 337, 2000, pp. 743-769.

(11) Fotsu-Ngwompo, R., Scavarda, S., Thomasset, D.: Physical Model-based Inversion in
Control Systems Design Using Bond Graph Representation. Part 1: Theory:
Proceedings of the IMECHE Part 1, Journal of Systems and Control Engineering,
Vol. 215, n°2, 2001, pp. 95-103.

(12) Fotsu-Ngwompo, R., Scavarda, S., Thomasset, D.: Physical Model-based Inversion in
Control Systems Design Using Bond Graph Representation. Part 2: Applications:
Proceedings of the IMECHE Part 1, Journal of Systems and Control Engineering,
Vol. 215, n°2, 2001, pp. 105-112.

(13) Laffite, J., Bideaux, E., Scavarda, S., and Guillemard, F.: Electric motor sizing for an
automotive power train to reach thermal engine powered vehicles performance using
an inverse bond graph-based method: International Conference on Bond Graph
Modeling and Simulation (ICBGM'03): Orlando, USA, jan. 2003, pp. 283-289.

(14) Ngwompo, R.F., Bideaux, E., Scavarda: On the Role of Power Lines and Causal Paths
in Bond Graph based Model Inversion: International Conference on Bond Graph
Modeling and Simulation (ICBGM'05): New Orleans, USA, jan. 2005, pp. 5-10.

(15) Beretta, J.: New classification on electric-thermal hybrid vehicles, EVS15, Bruxelles,
Belgium, oct. 98, 12 p.



_Toc )
Quit

CPS Hybrid Vehicle with Flywheel for Energy
Storage

S.Lee', K.Ichiryu', K. Kawamura', S.lkeo?, K.Ito?, H.Shimoyama® and E.Koyabu®

1 Tokyo University of Technology
2 Sophia University
3 NISSAN MOTOR CO., LTD.

ABSTRACT

In the last two decades, we are facing air pollution problem and the green house effects
which are successive results of increase in CO,, Particulate Matter and so on. This leads to the
development of the hybrid vehicle and the fuel saving has been realized.

In this research, the hybrid vehicle using Constant Pressure System (CPS) is discussed.
CPS keeps the line pressure constant by regulating the output flow rate from energy storage
device according to the requirement of load. The vehicle is accelerated with energy fed from the
high-pressure line to the drive pump/motor while the kinetic energy of the vehicle is stored in
flywheel by working the drive pump/motor as a pump during the deceleration. In this paper,
first the driving principle of the vehicle used in this study is explained, and the flywheel system
is discussed. Then the vehicle speed control performance is examined on real machine and the
method for improving the fuel economy is also discussed.

NOMENCLATURE
b : Net specific fuel consumption 285 [g/kWh] For : Radius of wheel 0.28 [m]
D : Displacement [m*/rad] N : Distance [m]
Fy : Driving force [N] T.,4T : Rotating torque and torque loss of each P/M [Nm]
Gy : Fuel Economy [km/1] v : Vehicle speed [m/s]
i : Final reduction gear ratio 4:1 v, : Volume of hydraulic pipe 0.05 [m*]
Jhe : Flywheel moment of inertia 2.02 [kgm’] Wy : Net power of engine [W]
K, : Bulk modulus of elasticity 1320 [MPa] ] : Nondimensional displacement of pump/motor
M : Gross mass of vehicle 1860 [kg] AT, : Torque loss due to viscosity
n : Polytropic index AT, : Torque loss due to leakage
Py : Hydraulic linc pressure [MPa] AT; : Torque loss duc to compressibility
Pross : Gross loss of flywheel 250 [W] AQ, : Flow rate loss due to leakage
Q.,40 : Flow rate and loss flow rate of each PPM  AQ, : Flow rate loss due to compressibility
[m’/s]
R :Travel resistance including rotating, pr : Fuel density [kg/ m®]
® : Rotational speed [rad/s]

Power Transmission and Motion Control 2005 Edited by C. R. Burrows, K. A. Edge and D. N. Johnston
© With The Centre for Power Transmission and Motion Control
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Subscripts

dr : Driving unit g : Gas in accumulator

e : Engine unit 0 : Default of accumulator gas
fw : Flywheel unit

1. INTRODUCTION

Nowadays, we are facing problems that include the green house effect by increase of
CO or the air pollution. To cope with these problems, Kyoto Protocol was adopted in 1997 and
then more attention has been paid to the development of the hybrid vehicle, which is of
characteristics of low gas emission and energy savings'.

Even though the electrical hybrid vehicle has been developed and the fuel saving has
been realized, the cost for producing the high-energy battery and treatment of the wasted battery
still need to be reduced. On the other hand, the hydrostatic hybrid buses, which use the
accumulator as the energy storage device, have been also studied and developed. However, the
flywheel is more proper both in energy density and power density than the accumulator. With
the development of high-strength steel which can be used for higher speed rotation, it became
possible for a flywheel to be used as an energy storage device ?.

Moreover, Constant Pressure System (CPS), which keeps the pressure in
high-pressure-line constant by regulating the output flow rate from energy storage device
according to the requirement of load, is proposed. This system has the merits such as energy
savings, noise and shock reduction compared with the conventional hydraulic system. However,
neither is there enough study on development of the system in which a flywheel is combined
with a constant pressure system nor on development of its applications to the hybrid vehicle.

In this paper, we will focus on the application of the above mentioned system to a light
motor-truck whose payload is 1500[kg]. As the first step of research and development, the
flywheel for proper energy storage is discussed. Then the vehicle speed control performance
and the method for the test of fuel economy at the JAPAN 10 MODE will be shown (in Japan,
we usually adopt the JAPAN 10-15 MODE which is more complicated driving mode than that
of the JAPAN 10 MODE for measurement of the fuel economy). As the first step of the test, the
method for vehicle speed control is verified. The tested driving mode combines liner
acceleration, constant speed, and liner deceleration driving, where the acceleration and the
deceleration are the same absolute value as is used in JAPAN 10 MODE. Next we estimated the
fuel economy with simulation at the same driving mode as the former experiment, and
compared the results. After confirmation of the validity of the numerical simulation model, the
fuel economy in the JAPAN 10 MODE is estimated by numerical simulations. Finally, three
methods for improving the fuel economy are investigated by the simulation and the
effectiveness of CPS hybrid vehicle is discussed.

2. CONSTANT PRESSURE SYSTEM

CPS is the system which has an almost constant pressure hydraulic line and controls the
torque of hydraulic pump/motor by controlling displacement. Since the system pressure is held
constant, the torque of each actuator in multi-actuator drive system can be controlled without
coupling. The greatest advantage of the CPS is that it can recover and reuse the energy of
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load®.

The method of energy recovery is as follows: In Fig.1, the arrow is the symbol of
variable displacement of pump/motor. If it is directed to upbeat, this corresponds to positive
displacement of pump/motor, and vice versa. In the case of (a), since the rotational direction is
positive and the displacement is negative, the generated torque accelerates the inertial load. In
the case of (b), since both rotational direction and displacement are positive, the pump/motor
works as a pump, and it decelerates the inertial load. Therefore the energy beyond the setting
pressure is recovered in energy storage device (in this study, it is flywheel).

3. DRIVINGPRINCIPLE
Fig.2 shows the hydraulic circuit of CPS hybrid vehicle. Mainly, this system consists of

three units which are engine unit, flywheel unit and driving unit. Each unit has one or two
pump/motor.

/pump/motor is used pump/motor is used @ rotation direction ’ Run
as motor as pump
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Ll L
(a) Accelerating (b) Braking

Fig.1 Vehicle kinetic energy recovery
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Fig.2 Schematic diagram of cps hybrid vehicle
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Fig.3 Driving principle

The driving principle of CPS hybrid vehicle is as follows: the Internal-Combustion
Engine (ICE) starts up firstly, and when the line pressure reaches set value, flywheel as the
energy storage starts to rotate. If the rotational speed reaches upper limit, ICE stops and the
vehicle is driven only by hydraulic energy. The proportional controller maintains the hydraulic
pressure to set value by controlling the displacement of pump/motor in flywheel unit.

Since the system of the hybrid vehicle has no mechanical transmission and the
operation of ICE is independent on the driving condition, the ICE works at the optimal
operating point all the time. Energy storage flywheel stores the vehicle kinetic energy during
braking, and releases it during accelerating. If the flywheel rotational speed has decreased to the
lower limit by consuming the energy of the hydraulic line, ICE is restarted automatically. These
are shown in Fig.3. This implies that the ICE works intermittently.

4. FLYWHEELS FOR ENERGY STORAGE “®

Two kinds of flywheel device are examined: the normal type and the overdrived type.
Both are able to accumulate equal energy. The normal type flywheel is designed to be
layer-built and easy assemble; therefore, pump/motor is integrally constructed to be compact
sized. The maximum speed of the flywheel is 419[rad/s] (4000[rpm]), and the maximum
accumulation energy is 177[kJ], corresponds to the kinetic energy where the vehicle of
1800[kg] in mass runs 50[km/h] (14[m/s]).

The overdrived type flywheel is designed to be more compact and lighter, where
planetary gear is adopted between pump/motor and flywheel to increase the speed of the
pump/motor. In this research, the rotational speed of the overdrived type flywheel is designed to
be 3-times of the speed of hydraulic pump/motor by designing the planetary gear ratio.

4.1 Rotational duration test

In order to realize lighter and more compact flywheel the planetary gears is used
between the pump/motor and the flywheel for speed increasing in the overdrived type flywheel.
These planetary gears cause mechanical loss. The windage loss also increases with the
rotational speed. The performance of normal type and overdrived type flywheel are compared
by measuring the duration time of rotation. To keep the initial stored energy equal, the
rotational speed of the overdrived type flywheel is set to 9250[rpm] and that of the normal type
flywheel to 3000[rpm].

For estimation of the efficiency, the reference point for normal type flywheel is set to
1000[rpm] and the overdrived type flywheel to 3177[rpm], because it is impossible to measure
until O[rpm] accurately for the performance of the rotational sensor. From this result, it can be
observed that the efficiency of the overdrived type flywheel is decreased by 27.8[%] compared



CPS hybrid vehicle with flywheel for energy storage

Tab.1 Specification of flywheels

Normal type flywheel Onerdrive type flywheel
Flywheel diameter 500[mm] 280[mm]
Flywheel mass 55.03[kg] 21.6[kg]
Moment of inertia 2.02[kgm?] 0.2[kgm?]

Unit mass 100[kg] 70[kg]
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9000 — nomal type flywheel rpm
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2 \\
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8 4000
" 2000 ——— e
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Fig. 4 Comparison of revolution duration

Tab.2 Flywheel revolution duration

Rotation duration[s]

Normal type flywheel

90.7

Overdrived type flywheel

65.5

337

with normal type. Most of the loss is caused by pomp/motor torque loss for the friction, and
windage loss also decreases the efficiency.

4.2 Flywheel with clutch

In previous subsection, it was shown that the energy stored in flywheel had been
wasted in only few minutes. This is caused by driving loss of pump/motor, friction of bearing
and windage loss. To reduce these losses, the effectiveness of the clutch between flywheel and
the pump/motor (see Fig.5) is examined by measuring the duration time of flywheel speed.
Fig.6 shows the flywheel speed response where the initial speed is 2000[rpm]. It is obvious that
the clutch system can keep the flywheel speed and this data shows the effectiveness of the

clutch system.
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Fig.5 Cross section of flywheel with clutch Fig. 6 Comparison of flywheel speed

4.3 Regenerative braking test

In this subsection, the recovery of the braking energy is discussed. The flywheel is used
to drive the vehicle run and also to store the braking energy through the pump/motor. The ICE
drives the pump/motor as a motor and let the flywheel rotates until it reaches the maximum
speed of 3000[rpm] (9250[rpm]). If it once reached 3000[rpm] (9250[rpm]), then the ICE is
stopped and the vehicle is driven only by the energy of the flywheel. If the speed decreases to
1000[rpm] (3177[rpm]), pump/motor of the driving unit is driven as a pump; therefore the
braking torque can be stored as a rotational energy in the flywheel. In this paper, the energy
recovery rate is defined by:

1
. o 2 2
Energy Recovery Rate = Recovery Energy/Vehicle Kinetic Energy =—(J ;, / @y,)
2 Jw Jw
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Fig. 7 Energy recovery test with Fig. 8 Energy recovery test with
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With this definition, 73[%] of recovery rate was obtained with the normal type flywheel,
while 63[%] with the overdrived type flywheel. The recovery efficiency for a hybrid vehicle
with an accumulator, used as energy storage device, is known to be 67[%]. This implies that
the flywheel is more satisfactory in energy recovery performance than that of the conventional
accumulator system.

The efficiency of the overdrived type flywheel is lower than the normal type flywheel,
because the mechanical loss of the overdrived type flywheel is large. Therefore, in the
experiment, the normal type flywheel with clutch system is used to reduce the mechanical loss.

5. VEHICLE SPEED CONTROL

The block diagram of speed control method is shown in Fig.9. To control the vehicle
speed, the displacement of pump/motor at driving side is controlled using proportional control,
in other words, the torque of pump/motor is controlled.

In this section, the performance of the speed controller at constant speed driving test is
examined. In this test, the motor truck is driven at linear acceleration, constant speed (20[km/h]
and 40[knv/h]) and in linear deceleration mode. The experimental results are shown in Fig.10.
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Fig.9 Block diagram of speed control
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This shows that there is an error between the reference speed and the vehicle speed for simple
proportional control. In order to reduce this error, the PI controller was also examined. However,
this vehicle system was very sensitive to the integral gain and large integral wind-up occurred.
The speed tracking error is within 2[km/h] and it is enough to evaluate the fuel economy.

6. NUMERICAL SIMURATION FOR ESTIMATING THE FUEL ECONOMY

For evaluating the fuel economy of the CPS hybrid vehicle, we simulated it using
following models on simulation software (MATLAB/Simulink).

6.1 Simulation models”” ®*
Flywheel Unit
7 dwﬁv T AT P 1)
S = = — .,
Sw dt Jfw Jw loss fw
Hydraulic Line Pressure
V., dP, 2
0,20, +0, ~A0,+(0, ~40,)= 1%
K, dt
3
Mﬂ = Fdr —-R
dt
F, =T, —AT,)i, /T, @)

where, AT and 4Q were obtained from following equations.

AT = AT, + AT, + AT,

AT, =0.107(w/27)

AT, =0.198(w/27)+0.001025% (w/ 27)?
AT, =1.86x107P,

AQ=AQ, +AQ,
AQ, =1.68x107(w/27)+1.72x107" P,
AQ, =0.119%(w/27)q-1.307x10°5(w / 277)

These equations are obtained from experiments. Fig.11 shows an example of the
comparison between experimental data and calculated data.
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Fuel Economy
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Fig.11 The comparison between experimental data and calculated data
(Torque losses in different supply pressures)

where, S is driving distance. In this study, the displacement of engine pump/motor is fixed
and the line pressure is held constant, that is the load torque to the drive shaft of engine are
regarded as constant. Also the engine throttle is kept constant in the experiment. Therefore, the
wet specific fuel consumption b is treated as constant in equation (5).

Accumulator (for pulsation absorption)

Png" =PV (6)
@)

V, = J;dit

P =P (8)

6.2 Comparison between simulation and experimental results

For confirming the validity of simulation models, we compared the results of simulation
and experiment. Fig.12 shows the comparison of line pressure, engine speed, flywheel speed
and vehicle speed between the simulation and experimental results. Fig.13 shows the results for
different constant speed. Each result of simulations almost fit for the experimental result. For
the engine speed data shown in Fig.12, there are striking difference between simulation and
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experimental data, marked with “A”. In the experiment, the load torque of engine is small at
the instant of engine start due to the low line pressure. But the engine throttle is fixed. Therefore
the engine speed exceeds the set value. To cope with this overspeed, the throttle control should
be implemented. The simulation data on vehicle speed exhibited better results than the
experiment. This is because we failed to consider the effects of friction, marked with “B”.
Using line pressure, engine speed and vehicle speed data such as shown in Fig.12, we estimate
the fuel economy from equation (5), and show the result in Tab.3. Although the driving distance
is short, it can be seen from this result that the mathematical model is reasonable to estimate the
fuel economy.
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Tab. 3 Comparison the fuel economy between simulation and experiment

Fuel Economy [km/1]

Simulation

1.09

Experiment

1.01

6.3 Simulation at japan 10 mode

343

As we confirmed the validity of the simulation model, we simulated in JAPAN 10
MODE. The results are shown in Fig.14. In this simulation, the hydraulic line pressure is not
constant precisely, because the relief valve for safety is not considered in the mathematical
model. And then, we estimated the fuel economy using equation (5). The fuel economy
obtained from simulation was 8.7[km/1] (the value of conventional vehicle is about 8~9 [km/I]).

E 30 N T T T T T T ]
=
o 20
5
2 10| B
o
o 0 1 1 1 1 1 1
0 20 40 60 80 100 120 140
= T T T T T T
g_ 4000 B
=)
3
£ 2000 W
(%)
=
w 0 1 1 1 1 1 1
0 20 40 60 80 100 120 140
= 3000 T T T T T
a
5 2000 T
[
[
& 1000 B
(O]
w 0 1 1 1 1 1
. 0 20 40 60 80 100 120 140
<
E 40 L T T T T T T ]
T
[
2
n 20 [ /—\ -
o
[}
'.GE) 0 1 1 1 1 1
> 0 20 40 60 80 100 120 140
_ 1 : : : : . .
c
[
£
Q.
k2
a 4 1 1 1 1 1
0 20 40 60 80 100 120 140

Timel[s]

Fig.14 Simulation result at Japan 10 mode

6.4 Improvement of the fuel economy

Since this system is the series type hybrid vehicle, the efficiency of the system depends
on the efficiency of variable displacement of the pump/motor, therefore it is the key how to
control the pump/motor. We introduce the following methods:
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(1) ON-OFF Pressure Control
(2) 2-Phased Pressure Control
(3) ON-OFF Pressure Control with 2-Phased Pressure Control

Since the efficiency of pump/motor at higher displacement region is better than that of
lower displacement region, we tried to control the pressure almost constantly only by
controlling displacement of pump/motor around 100[%] or 0[%] in the method (1). During
idling or constant-speed driving, it is not necessary to keep the line pressure higher and

Displacement[%)] Displacement[%]
100 100
\
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Pnam Pnom
AP Psy AP Psy
Y
A
................ _1 00 _1 00
(a) Proportional type (b) On-off type

Fig.15 Control method of flywheel pump/motor displacement
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Fig.16 Simulation result at Japan 10 mode (method1)
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is the waste of the energy of flywheel. Therefore in the method (2), we invented reducing the
set-pressure during idling or constant-speed driving. Method (3) is using the ON-OFF pressure
control method (1) together with 2-phased pressure control method (2). Each simulated results
are shown in Fig. 16~18.

The obtained fuel economies from above mentioned simulation are shown in Tab.4. We
were able to achieve fuel economy almost identical to traditional vehicles by proportional
control. Because the pump/motor is used in the most efficient range in method (3), the fuel
economy is better than 3 times the proportional control.

In method (1) and (3), it is necessary to change the displacement of pump/motor so
quickly and is seemed to be difficult to implement. However, by selecting the larger pressure
deflection AP in Fig.15, these method will become realistic as shown by Yokota et al"'.

Tab. 4 Comparison of the simulated fuel economy

Fuel Economy[km/1]
Proportional Control 8.75
Method (1) 13.03
Method (2) 27.33
Method (3) 29.11
Conventional Vehicle 8~9

7. CONCLUSIONS

In this paper, we showed the principle of the CPS hybrid vehicle and investigated the
effectiveness of the vehicle.

From regenerative braking test, 73[%] of recovery rate was achieved and the clutch for
flywheel is effective to prevent energy loss, when the energy is not supplied in the flywheel.
Although the overdrived type flywheel has lower efficiency, it has the merits of weight and
space saving, if the efficiency is improved.

The vehicle speed controller was implemented and examined with full-scaled model.
The fuel economy was also estimated numerically and the validity of the simulation model was
also confirmed. Then we estimated the fuel economy at JAPAN 10 MODE by simulation, and
discuss 3 methods to improve the fuel economy. The best fuel economy obtained from above
mentioned simulations was 29.11[km/1] .

In the future, the full-scaled vehicle in JAPAN 10 MODE should be tested with and the
implementation for fuel economy introducing new control strategy will be examined.
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SYNOPSIS

Recently, the development of instruments for minimally invasive surgery has been required. In
this paper, we proposed a master-slave system for laparoscopic surgery, which can provide
force feedback to the surgeon without force sensors. First, we developed a forceps manipulator
that has 4-DOFs at its tip. Pneumatic cylinders were used as the actuators for them and the force
at its tip was estimated from the differential pressures of the cylinders. We designed a bilateral
dynamic control system using a neural network for acquisition of the inverse dynamics. The
obtained inverse dynamics was used for feedforward control and to estimate the external force.
Experimental results showed that the developed system successfully display the contact force
on the slave side to the operator on the master side.

1. INTRODUCTION

Recently, minimally invasive laparoscopic surgery has been widely performed. This surgical
procedure, as compared with traditional open surgery, enables a smaller incision, and this result in
less patient pain and shorter duration of hospital stays. While there are such advantages for
patients in laparoscopic surgery, it requires increased skill on the part of the surgeon. This is
because surgical instruments in laparoscopic surgery are restricted to the degrees of freedom
(DOFs) motion due to trocars, and surgeons have to handle the instruments at the opposite end to
the abdominal cavity with respect to the trocar point. This prevents surgeons operating intuitively.

To solve the above problems, robotic manipulators, which have multi-DOFs at their tip, have been
reported as alternative to conventional instruments [1]. These manipulators can be divided into
two approaches with regard to the operating method. One is the manipulator where some DOFs
are added to the tip of the conventional forceps [2], [3]. A system of this type is comparatively
small, and it is easy to introduce into surgery. However, the problem that the operation is not
intuitive still remains. The other is a master-slave type in which the operating portion for the
surgeon is separated as master from the forceps [4]. In this type, a surgeon is able to teleoperate
the forceps at the master side, as if he/she handles the forceps at the slave side in the abdominal
cavity. We, therefore, approve this master-slave type because of the intuitiveness. This system,
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however, has the problem that the sense of force is lost. Some studies have been made on the force
display in the master-slave surgery system [5], [6], in which the force sensor, that is almost strain
gauge, is attached into the tip of forceps manipulator. However, the scnsor at the cnd of
manipulator makes sterilizing and downsizing difficult.

In this research, we propose a master-slave system with multi-DOF forceps manipulators that is able
to provide a force display to surgeons without a force sensor. To achieve this, we use pneumatic
cylinders as the actuator, because they are effective for a haptic device due to the facility in
measurement and control of their driving force, and enable the estimation of the external force from
the driving force and the impedance. This paper is organized as follows. In Section 2, we describe
the mechanism of the newly developed manipulator and the configuration of the master-slave system
using it. In Section 3, the bilateral control with neural network is designed. Experimental results of
the system performance are shown in Section 4, and concluding remarks are given in Section 5.

2. 4-DOF MANIPULATOR WITH PNEUMATIC CYLINDERS

2.1 Structure of the Manipulator

Fig. 1 shows the developed forceps manipulator that has 4-DOFs, a roll, two bending joints and
a holder. Each joint in the manipulator is actuated by a pneumatic cylinder, which generates
torque using a rack and pinion. Fig.2 shows the tip part of the manipulator. The diameter of the
manipulator is 10mm that is useful for laparoscope surgery. The power for two bending joints at
the tip of the manipulator is transmitted by a wire rope as shown in Fig. 3.

100mm

Ferceps

Preumatic Cylinder —

Pressure Sensor

Rotary Encoder

Fig. 1 Developed forceps manipulator
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Jin (Bending and Gripper)

" Ji (Roll)

& (Bending)

Ja (Bending and Gripper)

Fig. 2 Configuration of tip of the forceps

Pneumatic
Cylinder

Bending

Joint Pinion Gear

Rotary
Encoder

Input Axis

Fig. 3 Mechanism for power transmission
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The cylinder made by Airpel was used because it uses a precision fit graphite piston which
slides freely - without lubrication - inside a pyrex glass cylinder. Therefore, the friction force is
negligible small. The size of the cylinder used is 9.3mm in diameter, 3.2mm in the piston rod
diameter and 25mm for the full stroke. The driving force of the cylinder F, is given as

F, = AAP (1

Where A4 and AP indicate the pressurized area and the differential pressure in the cylinder.

The supply pressure was set at 500kPa and a pressure sensor having a resolution of 20Pa was
used. Since the pressurized area is 60mm?, the maximum driving force becomes 30N which is
considered to be enough for driving the manipulator.

The cylinder was controlled by a five ports servo valve made by FESTO. The servo valve
receives the voltage signal and controls the flow rate to the cylinder. Pressures in the cylinder
are measured with semiconductor type sensors and are used to control the driving force.
Position is measured by an encoder having a resolution of 1000Pulse/Rev. We have confirmed
in the preliminary experiment that the position error of the cylinder is not more than 0.1 mm
using a PID controller. Also, we have confirmed that the force control could be achieved with
0.05N accuracy.

The displacement of the wire rope / shown in Fig. 3 is proportional to that of the cylinder X.

I=r,9=""X )
g

where @ is the rotation angle of the pinion gear and the pulley, r, is the pitch circle radius of the
pinion and r;, is the radius of the pulley. Then, the angle of bending 8 is given as

9 r;)ui rnutrg X R (3)
where r,,; is the radius of the small pulley at the bending joint. Thus, the angle of bending 8 is
linear to the displacement of corresponding cylinder. We designed that the wire rope for driving
the bending joint J5 passed through the center of the joint .J; to prevent interference between the
joints. Additionally, the relationship between the torque 7 for bending and the driving force of
the pneumatic cylinder F'is also linear and is given by

T=RF ).

Where R is an equivalent value to reduction ratio. To improve the resolution of the rotation
angle at the tip of the manipulator, R should be small. However, in contrast, to improve the
force sensitivity R should be large. In this prototype manipulator, we adopted 8 [mm] as R
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(rin = 6.5 mm, r, = 13 mm, r,, = 4 mm) to reasonably satisfy both of these conditions. As a
result, the resolution of the bending angle is considered to be 0.7 degree.

Fig.4 shows the configuration of the master slave system with the manipulator described above.
The manipulator whose structure is the same as that of the slave side is used as the master side
for simplification of control. Measured position and pressure signals are sent to a computer for
control, and the computed voltage signals are provided to the servo valves.

Manipulator

Sarve Valves

|

I

|

N

I'—I‘ for Sl *——- LA 4

Air namrn.‘ggn;i%:mw
Souroe r—————
I

| Servo Valves , __ A &

far Master : :

[

I

Master _ _Prassure Signals| |

|

Oporator Manipulatar Encoder Pulses |

—— -]

Fig.4 Configuration of master-slave system

3. BILATERAL CONTROL

3.1 Proposed control method

In this section, we describe the proposed method of bilateral control without force sensors in the
master-slave system. Although a bilateral control method called symmetric position servo type
needs no sensing of force, the performance is influenced by the dynamics of the manipulator.
Therefore, the dynamic control using the impedance and the external force that are estimated by
neural network as the driving force of the cylinders has been implemented. Since the linear
coordinate system of the cylinders and that of the joint rotation can be linearly transformed to
each other as shown in Eq. (2) and (3), the rotation angle 0 is used in the following discussion.

The ideal response of the master-slave system is that both the position and force response in the
master and slave side are identical with each other [7]. Consider a teleoperation system with
two 4-DOF master and slave manipulator, whose dynamics described as

Fi=7°(6",0 ,0°)+F, (5)
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Fp=2"(0"6".0")-F, 6)

where F,, F,,, F,, Z and 0 are translational vectors of the driving force of the pneumatic

cylinders, the force exerted by an operator on the master side, the force applied on the
environment, the impedance function of the manipulator and the bending angle of the joint
respectively, and subscript s and m denote slave and master side. The conditions of ideal
response in this system can be written as

g =6 @)

F, =F, (®).
To satisfy Eq.(8), the driving forces of cylinders should be

F; =Z'(0.0".6°)+F, 9)

Fyp=2"(0",0",0")-F, (10).
There are, however, disturbances due to the uncertainty of impedances, external forces
and so on. Therefore, position and velocity feedback has been added to restrain them as
follows:

Fy =Ky(0" —0)+K,(0"-0)+Z'(0",0°,0°)+F, (1)

Fd’: - KIT (93 _9m)+K(r;l(es_e/n)_'_zm(Gm)e/n'énx)_F;n (12)

where K, and K, are gain vectors. Substituting Eq. (11) and (12) to Eq. (5) and (6) yields

where
e= X"-X° (15)

Combining Eq.(13) and (14) yields the error equation:

(K;+1<;')e+(1<;+1<;)é=o (16)
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Hence, e converges asymptotically to zero with appropriate gains, and then from Eq.(13) or
(14), Eq.(8) is also satisfied. This means that the ideal response is realized. In practical control,
the position, velocity and acceleration of the other side were used as the input of the impedance
function as shown in Eq.(17) and (18) to improve the speed of response.

F; =Ky(0" —0)+K;(6"—6°)+Z°(8",0" .0")+F,, (17)

Fr=KINO 0"y + KO0 —0")+Z"(0°,0°,0°) - F,, (18).

Here Z° («9’",9'”,9’”) and Z"(¢°,0°,0°) behave as a feedforward controller having inverse

dynamics. The controller symmetrically sends the values of displacement and external force
to one another. This symmetrical system is able to change the roles of master and that of the
slave side.

3.2 Acquisition of inverse dynamics using a neural network

To implement Eq.(17) and (18), it turns out that the impedance function and the external
force must be given in addition to the position. Here, is should be noticed that the driving
force of pneumatic cylinder can be obtained from the differential pressure as shown in
Eq.(1). Therefore, if the values of the impedance are given, the external force F,,, is
given by

F,=F,-7(6,0,0) (19)

where F,,, denotes the vector of external force to the cylinder, which is F,, at the slave
side and —F,, at the master side. We can estimate the external force from Eq.(19) using a
disturbance observer. Therefore, it is significant to obtain the impedance of the
manipulator which is equivalent to the inverse dynamics problem. Thus, acquisition of
the inverse dynamics enables both estimation of the external force and feedforward
control.

Generally, the dynamics of a multi-DOF manipulator depends on its attitude, mainly
because of the influences of inertia and gravity vary with the position. The tip of the
forceps manipulator is small and light so that their effects are negligible. In the prototype
manipulator, there is, however, the dependence of dynamics due to the position. This is
because of the variation in friction caused by the wire rope. This friction characteristic
seems to have strong nonlinearity and is very difficult to model mathematically. Although
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friction model in a single pneumatic cylinder has been reported [8], the model is unable to
represent the dependence on the position.

For the reason mentioned above, a neural network is used to obtain the inverse dynamics of
the manipulator. We used a three-layered neural network in which there are twelve
displacement inputs (6,.6,,6,.6,,0,,0,.6,,.0,,.6.,,6,,.,6,,.6,,.,0,,,
impedance (Z,, Z,, Zsz, Z31). Fig. 5 shows the architecture used for training to obtain the
inverse dynamics of the manipulator. The network is trained offline with back-propagation
using the data collected through a closed-loop experiment in which the manipulator is assigned
random position trajectries and no external load. In no-load motion, the driving force
corresponds to the impedance from Eq.(19). After the training is finished, the network can be
used as a feedforward controller and disturbance observer. The detail of the master or slave
controller is represented as Fig.6. The controller has a major loop for position and a minor loop
for differential pressure which realize the desired driving force. The neural network is
incorporated as feedforward and disturbance observer. The measured position and estimated
external force are provided to the other side as an input.

) and four outputs of

2
o
Fdx e

Manipulator

Neural Network

Fig. 5 Training diagram with neural network
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4. EXPERIMENTAL RESULTS
4.1 Evaluation of the impedance estimated by neural network

At first, we made an experiment to examine accuracy of the impedance estimated the by neural
network. The number of neurons in the hidden layer was twenty which is considered to be
sufficient to represent the inverse model of the manipulator. A sigmoid function was selected as
the activation function for the hidden layer and a linear function was used for the output layer.
A PD controller was used to generate the teaching position signals. The teaching signals are
sinusoidal curves whose amplitudes and frequencies were obtained using random numbers. The
teaching cycle was a thousand steps.

Fig. 7 shows the experimental results in the estimation of inverse dynamics. As shown in Fig. 7,
the output of the neural network is in good agreement with the driving forces of the pneumatic
cylinders in no-load motion; this is equivalent to the actual impedance. Therefore, this neural
network is sufficiently effective to obtain the inverse model of the manipulator. This network
was used in the following experiments.
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4.2 Examination of Force Estimation

Some experiments were undertaken to verify the precision of the force estimation by the
disturbance observer. We placed a single axis load cell that is a force sensor as an object on the
slave side. Fig. 8 shows a photograph of the experimental apparatus. To compare the external
forces estimated by Eq.(19) with the output of the force sensor, we transformed them into
Cartesian coordinate system at the tip of the manipulator using a Jacobian matrix.

Fig. 9 shows the experimental results. It is clear from the results that the estimated force is slightly
larger than the output of the load cell especially at the maximum value. This is because the force at the
tip of the manipulator was not entirely transmitted to the cylinders due to mechanical flexure and the
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friction caused by the load. This could be improved by modifying the structure of the manipulator.
However, the estimated value corresponded well with the output of the load cell on the whole.

Fig. 8 Experimental view of force measurement
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Fig. 9 Experimental results of force measurement
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4.3 Bilateral Control Experiment

The performance of the master-slave system was examined with the proposed bilateral control
by use of the estimated inverse dynamics and external force. The neural networks in the master
and slave side were previously trained with the data in the no-load motion. The slave
manipulator was brought into contact with an object by the operator handling the master
manipulator.

The experimental results at joint J; and J, are shown in Fig. 11 and Fig. 12. The upper graphs
indicate the position of the cylinder. The lower graphs show the external forces at the master
and slave side. While there are some disagreement in the position, which is caused by the
mechanical flexure and friction under load, it can be seen that the force exerted by the operator
on the master side and the force applied on the environment correspond well. The effectiveness
of the proposed bilateral control method was therefore demonstrated.

Dh_iect S‘IE']VE'

Manipulator

Fig. 10 Photograph during experiment
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Fig. 11 Experimental results of bilateral control at Joint J;
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Fig. 12 Experimental results of bilateral control at Joint J,
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5. CONCLUSION

In this paper, a manipulator has been developed which has 4-DOFs actuated by pneumatic
cylinders. A master-slave system has been established with the manipulator for laparoscopic
surgery. Neural networks were applied to the controller for acquisition of the inverse dynamics
and the external force without using force sensors. The experimental results indicated that the
operator felt the force at the slave side to a satisfactory extent.
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ABSTRACT

This paper deals with the identification activity carried out on a pneumatic positioning
servo-system, which is composed by a linear cylinder with a double acting piston rod and a
five-way flow proportional valve. The experimental tests carried out in the time and
frequency domains are described with the aim to obtain the open-loop and closed-loop
frequency responses.

Beginning with the formulation of a non linear model of the pneumatic servo-system, a
linear model is formulated with the aim to show the significant gains of the servo-actuator.
Finally, the theoretical results of the model are compared with the experimental results.

NOMENCLATURE

A Actuator thrust section Vrgr  Voltage command signal of the

b* Critical pressure ratio valve

Frp  External force acting of the actuator x Displacement of the actuator rod
rod Xo Actuator half stroke

Fr Coulomb friction force ¥ Coefficient of viscous friction

G Air mass flow-rate ) Air density

Gc Compensator transfer function oy Actuator natural frequency

ko Linear actuator stiffness o, Valve natural frequency

Keer  Static ga@n of the system & Valve damping ratio

Kp Sta.tic gain of the pgsmon transducer Z, Actuator damping ratio

Korr  Gain of the force disturbance

Korr  Speed static gain .

Ky Static gain of the valve Subscripts

m Moving mass of the actuator r Reference value for linear model

n Polytropic exponent of air SET Reference input signal

P Absolute pressure inside the actuator 1 Rear actuator chamber
chambers 2 Front actuator chamber

Py Supply absolute pressure F/B  Feedback signal

Py Vent absolute pressure S Supply

R Thermodynamic constant of air D Discharge

T; Initial  actuator chamber air ANR air standard conditions
temperature amb air ambient conditions
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1 INTRODUCTION

Pneumatic servo-systems are used in industrial fields of process automation and
manipulation, or robotics in general, in biomedical fields, and for actuation devices of road
and rail vehicles. Typical applications including positioning servo-systems are reported in
(1) and (2), where a food packaging machine and a parallel manipulator have been
analyzed respectively. Other applications such as force control servo-actuators can be
found, for example, in suspensions devices of road and rail vehicles (3-4), or in the cam
mechanisms for high-speed engines (5). An example of the application of pneumatic servo-
systems in active orthosis was proposed in (6). Pneumatic drives exhibit several non linear
characteristics, which are mainly due to the compressibility of the air, the friction between
piston and cylinder tube, and between rod and covers. Moreover, the proportional valves,
which are used as operating device of the pneumatic servo-actuators, are characterized by
other non linearities according to their mechatronic design, as shown in (7). This non
linearity is more evident when the proportional valve is substituted by PWM modulated
on/off digital valves, as analyzed in (8). Other examples on the design and test of
positioning servo-systems are reported in (9-11), where the control strategy is also taken
into account. An open-loop force control system by means of PWM modulated on/off
digital valves was proposed in (12).

The present paper deals with the experimental identification and validation of a linearized
model of a pneumatic positioning servo-system. A suitable test-bed has been built for the
identification of the physical parameters of the model and for its experimental validation,
which has been carried out in the frequency and time domains by analysing the open-loop
and closed-loop frequency-responses. The linearized model of the positioning servo-system
has been validated as a first approximation by neglecting the effects of the friction forces in
the servo-actuator, which are more evident at low amplitudes of the sinusoidal input signal.

2 LAY-OUT OF BUILT TEST-BED
The lay-out of the built test-bed to carry out the experimental identification and validation
of the pneumatic positioning servo-system is sketched in Fig. 1.

Lab-View
Data-Acquisition-System

Fig. 1 Lay-out of built test-bed of the positioning servo-system
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In particular, this test-bed consisting: a pneumatic double-acting cylinder with double
piston rod of type Festo DNC-32-160-PPV-A-S2, a five-way flow proportional valve of
type Festo MPYE-5-1/8-HF-010 B, a linear position transducer of type Festo MLO-PO1-
225-TLF, a PLC (Programmable-Logic-Controller) of type Allen-Bradley Compact Logix,
which is provided with a suitable 12 bit A/D-D/A converter.

Moreover, two ISO pipes are connected to the ports of the cylinder in order to measure the
pressures P; and P, through two suitable pressure transducers with signal conditioning.
Thus, signals Vsgr, Ves, Vaer, P1 and P, are acquired through a Lab-View Data-
Acquisition-System using the electronic board NI AT MIO 16E2.

3 THE EXPERIMENTAL RESULTS

The experimental frequency response of the pneumatic positioning servo-system shown in
Fig. 1 has been detected using a Gain-Phase-Analyzer of type SI 1253, as shown in Figs. 2
and 3. In particular, the open-loop frequency response has been obtained between the
voltage feed-back signal Vjy;, which comes from the signal conditioning of the position
transducer, and the voltage signal Vygr, which is produced by the PLC and sent to the flow
proportional valve.

Amplitude [dB]

phase [deg]

frequency [Hz]

Fig. 2 Open-loop frequency response for different amplitudes of the Vg signal

Amplitude [dB]

phase [deg]

1071 100 10'
frequency [Hz]

Fig. 3 Closed-loop frequency response for different amplitudes of the Vg7 signal
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Four diagrams of the open-loop frequency response are shown in Fig. 2 in continuous,
dash-dotted, dashed and dotted lines, respectively. These diagrams have been obtained by
imposing a sinusoidal voltage signal Vszr with a constant off-set value of 5 V and
amplitudes of 0.7, 1, 1.4 and 2 V, respectively. The off-set value of 5 V corresponds to the
half-stroke position of the piston, where the overall stroke of the cylinder is equal to 160
mm. The closed-loop frequency response has been obtained between Vg and Vgr, which
is imposed through the Gain-Phase-Analyzer and sent to the PLC controller.

The non linearity of the pneumatic positioning servo-system of Fig. 1 is evident in both
frequency response diagrams of Figs. 2 and 3, because a simple changing of the amplitude
of the sinusoidal voltage signal Vgzr with a constant average value of 5 V, changes the
band-width of the servo-system. This non linear behaviour is mainly due to the effects of
the Coulomb friction between the piston and cylinder tube, and between the rod and covers,
due to the seals. This behaviour can be also observed in the diagrams of Figs.4 to 7, where
the signals Vsgr, Veer Vi, P1 and P, have been acquired versus time through the Lab-
View Data-Acquisition-System, and represented through a continuous, dashed, dotted,
dash-dotted and light continuous lines, respectively. In particular, observing the diagrams
of the feed-back signal Vpjp (dotted line) of Figs. 4 and 5, it is noteworthy that the
oscillation of the piston disappears when the frequency of the Vzr input signal is measured
from 6 Hz to 13 Hz at an amplitude of 0.7 V. However, this effect is more evident at low
amplitudes because, as also shown in the diagrams of Figs. 6 and 7, the servo-actuator
works at both frequencies of 6 Hz and 13 Hz for an amplitude of 1.4 V of the Vg7 signal.

7 ‘ ‘ ‘ ‘ 7
Weer 1 Veer! Ves |
@ @
© ©
c c
(®)] (=]
S S
(0] (0]
(o)) (o]
& £
S S
> >
time [s] time [s]

Fig. 4 Frequency response in the time  Fig. 5 Frequency response in the time

domain ( f=6 Hz and Amp.=0.7 V) domain ( f=13 Hz and Amp.=0.7V)
7 7
6 6/
é 5 g 5
% 4 % 4
[0] [
2 3 23
22 S2N
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0 0.1 0.2 0.3 0.4 0.5
time [s] time [s]

Fig. 6 Frequency response in the time  Fig. 7 Frequency response in the time
domain ( f=6 Hz and Amp.=1.4V) domain (f=13 Hz and Amp.=1.4V)
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4 NON-LINEAR DYNAMIC MODEL

The lay-out of the positioning servo-system is shown in Fig. 8. The input signal of the
servo-system is the reference signal Xsgr, which corresponds to the time position law of the
piston and is sent to the regulator as a voltage signal Vg7 through the static gain Kgzr. In
the closed-loop regulator, the Ver signal is compared with the feed-back signal Vi, which
comes from the signal conditioning of the position transducer that is connected to the
cylinder rod. Error e is compensated through the control law G¢. The output signal Vigrof
the regulator is the command signal of the five-way flow proportional valve. The Vigp
signal, which is related to the spool position of the valve, controls the opening of the
internal ways of the valve among the supply port at pressure Pg, the discharge port at
pressure Py and the outlet ports at pressures P; and P,. Consequently, the mass flow-rates
G, and G, are sent to both chambers of the double-acting cylinder with double piston rod
through the pneumatic pipes. Neglecting the static and dynamic effects of the pipes, the
outlet pressures P; and P, of the valve can be assumed to be equal to the pressures inside
the chambers of the cylinder. The regulation of the mass flow-rates G; and G, allows the
regulation of the pressures P; and P, because of the continuity of the fluid mass in the
chambers of the cylinder and, consequently, the motion law of the piston is also regulated.
The pneumatic positioning servo-system of Fig. 8 can be divided in four sub-systems,
which are: the regulator, the five-way flow proportional valve, the double-acting cylinder
with double piston rod and the position transducer. Moreover, the five-way valve can be
thought as composed by two three-way valves, where each of them controls the pressures
in the corresponding chambers of the cylinder. This is shown in Fig. 9, where the three-way
flow proportional valves ¥, and V5 are controlled through the reference signals Vizgr and
Vrer respectively, which are generated in the regulation block. Thus, the functional lay-out
of the servo-system becomes that shown in Fig. 10, where the input and output signals of
each block of the overall servo-system are shown in detail.

4.1 Regulation block
The command signal of the valve V| can be expressed as

Viger = Ge (VSET —Vir8) Vo (D

where Vorr is the offset that can be required to represent the valve static characteristic.

Xser

11 \

TIVITTTIVIT
v
Pve Pv

Ps

Fig. 8 Lay-out of the positioning servo-system
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Likewise, for the valve V5, one has

VREFZ = ClGC (VSET _VF/B)+VOFF2

2)

where the parameter « is assumed in relation to the condition of symmetry of the valve.
The order of the Egs.(1) and (2) depends by the transfer function G¢, which is assumed as

compensator.

4.2 Flow proportional valve block
Referring to the valve V| of Fig. 9 and supposing a bipolar reference signal Vggg, fluid
flow from the supply port at pressure Py to the outlet port at pressure P; can be assumed for
Veer > 0, while fluid flow from the outlet port to the discharge port at pressure Py can be
assumed for Vg <0.

X, X, X

P, Al

G1T

Vi

le,

Vo

nalFIp
Nir

v
Py

ML Lt

Ps® Py Vrers

Fig. 9 Lay-out of the positioning servo-system with two three-way valves
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Identifying the internal ways through the conductance C in agreement with the ISO 6358
and assuming a second order dynamic model, one has

d’c,
d*t

dcC
+2& 0, d—tl+ 0'31 C =K, o, Vi 3)

nl

where Ky = Cipax /Vzerimax 18 the static gain of the valve, o ,; and & are the natural
frequency and the damping ratio of the valve, respectively.

In the Eq.(3), the conductance is assumed with a sign, which is that of the Vzgr; control
signal. The mass flow-rate G, that is controlled by the valve V; with the hypothesis for
which the supply and discharge pressures are constant, is a non linear function of the
conductance C; and the downstream pressure P;. A typical diagram of the flow-rate
G= G, (Cy, Py) is shown in Fig. 11, which can be expressed analytically through ISO 6358.
Similar considerations can be done for the valve V5.

4.3 Cylinder block

The pneumatic actuator can be modeled through the continuity equations of the air mass
flowing to the rear and front chambers, which expresses the dynamic relation between the
input flow-rates and the pressures that are produced, and through the equation of the
dynamic equilibrium of the piston. For each chamber, the continuity equation is given by

d(pV) dv dp
ZGIN _ZGOUT: dr ZPE"'VE 4)

In the hypothesis the polytropic transformation of the air is represented by the exponent n,
giving

B A(PYdx Ax+x,+x)(P 7"0113I
s e - (5)
dt nRT,

G [kg/s]

g 5 5
C [m3/sPa ANR] 4, 8 P1 [Pa] x10

Fig. 11 Diagram of the mass flow-rate across a three-way proportional valve
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G- B A dx A+3, -9 R AR ©
RT, \ P, ) dt nRT, p, ) dt

2i

for the rear and front chambers, respectively. Referring to Fig. 9, the dynamic equilibrium

of the piston for cach position within the cylinder stroke with |x| < X, , is expressed by

dx
dzx B (Pl _Pamb)Al _(P2 _})amb)A2 _FE _7E_FF

de? M

(7

where the position x = 0 corresponds to half stroke of the piston.

4.4 Position transducer block

The position transducer can be assumed as a zero order system, which is characterized by
the static gain Kjp between the position x and the normalized voltage signal Vi, through
the expression

4 max
KTP — F/B (8)
X

max
where the subscript “max” indicates the maximum value.

5 LINEAR DYNAMIC MODEL
The pneumatic positioning servo-system shown in Fig. 9 is modelled through the following
8-order system of non-linear equations

a) Vieri () = f(Ge s Vgr Vi )

b) Viera ()= f(GC’VSET’VF/Bﬂa)

¢ CO=S Vi)

d) G () = f(VREFz)

e)  GO=/(C.h) €)
)  GO=r(C,P)

g  RO=/(G,x%x)

hy A =f(G,,%x)

i) x(t)=f (B, P, Fy, Fy)

In order to carry out a linear analysis with the aim to shown the static and dynamic
performances of the servo-system for design purposes, a linearization of some of the
equations (9) is necessary. In particular, Eqs.9a) and 9b) can be assumed linear when the
signals are lower than the saturation values of the hardware controller. Equations 9¢) and
9d) are linear already because the static gain Ky of the valves ¥ and ¥, has been expressed
from a linear regression. Moreover, supposing as a first approximation that the Coulomb
friction can be neglected (£ =~ 0), the motion law 91) can be considered linear.
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The considerations reported below are carried out for the valve ¥V, but they are also valid
for the valve V5. The linearization of the mass flow-rate G| requires that the surface shown
in Fig. 11 is approximated through a plane. At this supply condition ( Vzgr; > 0), a subsonic
flow from the supply port to the outlet port can be assumed, while in the discharge
condition

( Vrers < 0), a sonic flow from the outlet port to the discharge port can be also assumed.
These hypothesis limit the variation range of the downstream pressure P;, which can be
defined by the following inequalities

bP, <R <P (subsonic flow in supply) (10)
P, /b<P <o (sonic flow in discharge)  (11)

Thus, one has
max (B, /b,bP;)<P <P (12)

In the subsonic configuration ( Vggr> 0 ) with b < b < 1, linearization of the supply mass
flow-rate can be carried out through a secant line joining the points P; = Ps, G; = 0 and
Py =b"Pg, Gi = Ggonic. Thus, it yields

P
G =ﬁ(})s _Plr)cl -

Pac, Rafoe, b, (13)

where P;, and C), are the outlet pressure and the conductance of the linearization,
respectively. In the sonic configuration ( Vzgr; < 0 ), one has

GID = Panr Plr C] + Pavr G

1r

R —Panr C]r P]r (14)

where the conductance C; and the corresponding linearized conductance Cj, are negative.
An arithmetic mean (13) of the Eqs.(13) and (14) gives the following expression

G, =K;e, C+Kpp B+ K, (15)
where

Kir= S (flow gain) (16)

Koo =P Cl(zl(fi;l;*) (flow/pressure gain) 17)

K, M (flow constant gain) (18)

ort = Panr 2a1 —b*)
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When the linearization range of the conductance Cj, is equal to zero, which corresponds to
the valve operating range of the central position of the valve 7}, the Eq.(15) takes the form

P.-b'P .
G =K, C = Py ;(17_[;‘) G (19)

Similar considerations can be done for the valve 7, and assuming that C,,= 0, one has

P -b'P,

G, =K, C, = Pawr W

c, (20)

where P,, is the pressure of linearization.

The linearization of the continuity Egs.(5) and (6), which are indicated with g) and h) in the
equations system (9), is carried out by choosing the linearization range : P, = Py,, P, = P,
X=X, ¥=% =0,P =P, =0,P, =P, =0, where the volumes corresponding to the dead

positions x,,; and x,, of the piston, are neglected. According to these hypothesis, the
Eqgs.(5) and (6) take the form

P, A .
G ="l g 21)
RT nRT
P 4, X, — X, -
G,=—""15%+4,> P 22
2 RT 2 I’lRT 2 ( )

The equations system (9), which involves the Egs.(15), (21) and (22), can be represented
through the block diagram of Fig.12, where both inputs Xsz7 and Ff, and the output x of the
piston position, are shown. In the hypothesis of identical valves V7 and 7, (K)y = K» = K,
O =0p=0,¢1=E,=¢ a=—1), the block diagram of Fig. 13 can be obtained from
that of Fig.12, in order to achieve the Laplace transfer function of the output displacement
¥ versus both inputs X, and F, . Thus, it yields

2 2
GC KOLV O-n O-AKSET

E =
s(s*+280,s+ 0 )s* +2&,0,8+0)+G. Ky, 0 07K

Xegr T

(23)
s(s>+20,s+0)K,, .00 =

- E
s(s*+280,s+o (s +2E,0,5+03)+G. K, , 00 05K,

According to the linearization hypothesis assumed above, the characteristic parameters of
the servo-system are

_h _ Bt (uncompensated static
K,, = 'DANRRZ; &(2R OB (= %) =bh, (L, /% )j gain in open-loop  (24)
2(1_b ) A B, (1=x, /x,)+(4/4) B, (1+x,/x,) or speed gain)
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k, = £ _n4 Ut (l—x,/xo) (4/A) P (1, /%)) (linear actuator stiffness) (25)
Ax xo - ('xr /xf) )
1- 4 1
o, = A _ \/ﬂ b (Lo /) + (A A) P (L, /) (cylinder natural (26)
m A\ mx, 1= (%, /%) frequency)
7 . .
Sy = = (cylinder damping  (27)
17 k,m 5 mnd, F, (1 x/xo) ( 2/A) (1+x /xo) ratio)
)CO 1 ('xr /x() )

I x _( X, /% )2

1
Tk fi t 28
o k() nA] 1)1/‘ (1_xr/x0)+( Z/A ) (1+x /x()) ( orce cons ant) ( )

Referring to the experimental set-up of Fig.1, the constant values of the Eqs.(24-28) and
the other parameters indicated above, are reported in Table 1.

Referring to the linearized block diagram of Fig 13 and to the Eq (23), the diagrams of the
frequency response of the transfer functions ¥,,,/e and V,,,/V,, . in open-loop and

closed-loop, respectively, are reported in Figs.14 and 15, along with the experimental
results for a Vgzr amplitude signal of 2 V (40% of the maximum Vzr value). For the open-
loop frequency response of Fig.14, a good agreement between the theoretical results of the
linearized model and the experimental results can be observed on the phase diagram and in
the value of the natural frequency of the servo-actuator (o, = 16.4 Hz), while a relevant
difference between the slopes of the amplitude curves is evident, mainly at low frequencies.
At difference of the linearized model, which gives a slope of — 20 dB/dec of the amplitude
curve at frequencies lower than 5 Hz, the slope of the experimental curve is about the half
of this theoretical value. This behavior is due to the significant Coulomb friction between
piston and cylinder tube, and between rod and covers, as already shown in the time
sinusoidal responses of Figs.4-7. The closed-loop frequency response confirms the good
prediction of the band-width for an amplitude of 40% of the Vzr signal.

Table 1 Numerical values of the physical parameters of the servo-system

A1=4, 6.91%¥10 *m’ Ps 6.5%10° Pa
b 0.65 R 287.1 J/JKgK
Ge 0.55 VIV T 293K
ko 8.64*10° N/m n 1
Korr 1.16¥10 * m/N X0 80 mm
Koy 0.832m/sV X, 0

Kpp 62.5 Vim ¥ 50 N s/m
Kser 62.5 V/m £ 0.6

Ky 6.2%10 *m’/sPaV & 0.3

m 0.8 Kg oy 103 rad/s
Py, 5%10° Pa o, 600 rad/s
P, 5%10° Pa LANR 1.188 Kg/m®
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Fig. 13 Block diagram of the linearized model of the pneumatic servo-system

The linearized model is not able to give useful results in open-loop and closed-loop, when
the amplitude of the sinusoidal Vgzr signal is lower than 2 V, as shown by comparing the
results of Figs. 14 and 15 with the experimental results of Figs. 2 and 3, respectively.
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Fig. 14 Theoretical and experimental open-loop frequency responses
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Fig. 15 Theoretical and experimental closed-loop frequency responses



378 Power Transmission and Motion Control 2005

6 CONCLUSIONS

The proposed analysis of a typical pneumatic positioning servo-actuator has allowed the
validation of the linear model presented. This experimental validation is good in the case of
high amplitudes of the input control signal, in order to overcome the significant effects of
the Coulomb friction inside the cylinder, which is increased by the double rod piston. In
this conditions, the proposed model allows the characteristic parameters of the servo-
actuator to be shown by varying the pressures and position, which are chosen in the
linearization range.
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Performances of cam-follower systems
with pneumatic return spring

S. Pastorelli, A. Almondo and M. Sorli
Department of Mechanics, Politecnico di Torino, ltaly

ABSTRACT

The paper deals with the dynamic analysis of a cam-follower transmission system with
particular attention to the elastic return device, which is required to guarantee the
maintenance of the contact between the cam and the follower. Traditional mechanical
springs and innovative pneumatic springs are analysed and compared in terms of dynamic
stiffness of the mechanism. A combined lumped-distributed parameters model, capable of
predicting the effects of the higher harmonics of the cam lift profile on system
performances, is presented. The advantages of the pneumatic spring solution are discussed
and a pressure control circuit is proposed.

1. INTRODUCTION

The cam-follower mechanism is used by designers to obtain a particular output motion,
with precise positioning and phase synchronization. This work is focused on the dynamic
analysis of this transmission system, with particular attention to the elastic return device,
which is required to guarantee the maintenance of the contact between the cam and the
follower.

One factor of particular concern is the proper choice of stiffness and preload of the return
spring. Inadequate amount of the latter results in follower jump at high rotation speeds.
Excessive return spring force, on the other hand, is also undesirable due to increased
contact forces between the cam and the follower, resulting in greater surface stresses and
shorter life as well as increased power requirements. Other problems, such as collision
between spring coils and vibrations can be caused by the undesirable response of the spring
under displacement excitation.

An analytical model of a cam-follower system based on distributed parameters description
of the spring was proposed by Pisano and Freudenstein [1] providing a comparison
between model prediction and experimental results. The model was capable of accurately
predicting both normal system response as well as pathological behaviour associated with
the onset of toss, bounce and spring surge. Tiimer and Unliisoy [2, 3] analysed the dynamic
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stiffness of force-closed cam mechanism obtaining results about the time history of the
contact force too. Their parametric approach highlighted that the operating limit conditions
of the follower jump depend on the spectral power of the follower displacement, which is
function of the cam profile and rotational speed, on the follower mass, on the resonances of
the return spring and on the internal damping of the system.

In this work, the same approach will be applied to compare the dynamic behaviour of a
traditional cam-follower system with the behaviour of an innovative system with pneumatic
return spring. The presented analysis is based on a linear model for the simulation of the
transmission system dynamics in frequency and time domain, assuming the follower to be a
rigid body, with defined mass and displacement imposed by the cam profile, and adopting a
continuous model of the return spring. The model proposed is valid within the hypothesis
of continuous contact between cam, follower and spring and is able to evaluate the contact
forces for different working conditions. The pneumatic spring will be analysed both as a
closed volume and connected to a suitable pressure control device. Pneumatic springs are
commonly applied in vehicular air suspension devices [4]; at present gas return spring
solutions are earning great interest for those applications where high operation speeds of
the cam-shaft require high dynamic performances of the system, i.e. for automotive racing
engines.

The advantages of a pneumatic spring, compared with a mechanical one, will be discussed:
the regulation of the internal pressure enables tuning of the preload, in order to suitably
control the contact force between the cam and the follower when the speed of the camshaft
changes; besides, higher values of spring resonances enable to avoid follower jump with
high operating speeds or with severe acceleration cam profiles.

In conclusion, a design solutions of a pneumatic return spring and control circuit for a cam-
follower mechanism is proposed and analysed.

2. CAM-FOLLOWER SYSTEM

Figure la shows a schematic drawing of the cam-follower system. It is assembled from a
overhead cam, a direct-acting sliding inverted bucket follower and the return spring.

Figure 1 Cam-follower system
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By considering the forces acting in axial direction on the follower (figure 1b), that are the
contact force with the cam F,, the elastic force of the spring Fg;, the inertia force
proportional to the follower mass M and the damping force due to an equivalent viscous
damping c, the equilibrium equation can be written:

F,—Fg —Mii—cii=0 (1)

The follower motion is related to the cam lift history. This can be described approximating
the cam profile h(z?) with a finite Fourier series, writing:

N
W)= a, + Z a, cos(rv+¢,) (2)

r=1

where a, and ¢, are the amplitude and phase angle of each harmonic component of the
profile. For a constant speed of rotation @, of the camshaft, ¢ = .7 and the cam lift time

history can be obtained as:

N
h(t)=a, + Zar cos(rawt+¢,) 3)

=1

As an example, in figure 2a the profile of an automotive cam, that will serve as a basis for
the study, is shown. In figure 2b the amplitudes of the first 50 Fourier profile components
are diagrammed.
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Figure 2 Cam profile (a) and Fourier components amplitudes (b)

With the contact hypothesis, the displacement imposed to the spring-follower system is
coincident with the cam lift h(t)= u(z); the force between the cam and the follower can be

computed starting from the cam harmonic content and from the expression of the system
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dynamic stiffness.

For the generic harmonic component u(t)=z7 cos(a)t) , from equation (1), it is possible to
express the dynamic stiffness of the spring-follower system as a function of the frequency
w:

(a)):@(a))+ja)~c—Ma)2 (4)
u

k gy (a)) =

Sl

Then the contact force can be computed, as a superposition of the effects of each Fourier
component of the cam lift A(r)=u(r):

N
F.(t)= Fy +kgay + Z‘kdyn (roo, )( -a, cos(ra,t + ¢, +p(rw,)) %)

r=1

where ’kdyn (ra)c)( and ¢(rw,) are the magnitude and phase of the dynamic stiffness

function for w=rw,, F, is the value of the preload on the spring and kg is the spring

static stiffness. The preload must be opportunely chosen to guarantee a positive value of
the contact force F, in each working condition. To efficiently set the preload value it is

necessary to analyse the system stiffness function kg, (a)), that relates the displacement
history to the contact force in each time instant. To analyse the system stiffness it is

Fs

necessary to study the dependence of the spring stiffness on the frequency of

u
excitation. In the following part of the paper this stiffness is determined in the cases of
mechanical and pneumatic spring.

l Fsq l Fsq

uq -
l l Q; Pr uy
lSm ISp
19 p
T l Uz T up
(a) Fgo (b) Fso

Figure 3 Mechanical (a) and pneumatic (b) spring

2.1 Mechanical spring

Considering a coil spring, schematically represented in figure 3a, described as a continuous
system and subject to a sinusoidal axial stress with frequency @, it is possible to write the
translation equilibrium equation and the equation describing the longitudinal elastic
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deformations:
) M rziz)=o ©)
dZ lSm
F(Z) = kSm ZSm @ (7)
Iz

These equations form a system of differential equations, that relates the amplitude of time
variation of force F(z) and displacement in axial direction #(z), as a function of the axial

coordinate z, of spring mass my,, , length /g, and static stiffness kg, and of the vibration

frequency .

From this system it is possible to obtain a wave propagation equation, from which a
transfer matrix formulation can be write, relating force and axial displacement values at the
ends of the spring, following the conventions shown in figure 3a:

u | cos(w/ wy,, ) 1/ kg, - (@, /0) sin(lo/ v, )] [ @, ®)
Fg | |—kg, (@/w,) sin(o/ag,) cos(@/ wy,, ) Fs,
being:
k
M gy,

By imposing the boundary conditions, i.e. the null displacement at the fixed end of the

F
spring (u, =0 ), the dynamic stiffness % can be found, as a function of the vibration
u
frequency:
F, ® 1
ksna (@)= —=H (@) = kg — (10)
U ws, tan(w/os,)

Besides, in a mechanical spring the preload can be set by imposing a constant compression
d, , obtaining a preload force Fj,, proportional to the static stiffness:

Fom = ksmbo (1

2.2 Pneumatic spring
A schematic representation of a closed volume pneumatic spring is given in figure 3b. It
can be considered as a closed cylinder with a piston, connected to the follower. The piston
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displacement determines a compression or an expansion of the contained gas, varying its
pressure and causing an elastic effect on the follower.

To evaluate its dynamic behaviour with a linear model, the pneumatic spring has been
modeled as a short fluid transmission line. The relation between flow rate Q and pressure p
can be expressed through the continuity and equilibrium equations:

D) ___L jo50) (12
dz ¢ Z,
d’z(z) % oD (2) Njo) (13)
Z C

where N ( ja)) is the viscous friction factor, proportional to the dynamic viscosity f, c is
the speed of sound, function of the polytropic exponent # and of the mean pressure p, and

density p,:

c= |20 (14)

Po

and I' and Z, are the wave propagation constant and the characteristic impedance for a

line of length /g, and transverse area Ag,
-1
=2 [Go): z.=2%N(o) (15)
c S

Starting from equations (12) and (13), the four pole equation can be obtained [5]
expressing the relationship among the upstream and downstream pressure and volume flow

rate amplitudes:
O, | | coshT' 1/Z sinhT'| O, 16)
2 | Zsinh['  coshT’ 2

By imposing as a boundary condition a null value of flow at the fixed spring end (Q, =0),
the dynamic relation between pressure and flow rate at the spring piston can be written:
p z
D)= (17
o) tanh "

and using the relations between the pressure and force and between flow rate and speed at
the piston surface:
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0, = Ag,V, = 4, jo- 1, (18)
_F
p=—L (19)
ASP

the dynamic stiffness % of the pneumatic spring can be found as a function of the

u
vibration frequency:

F
kspal@)=—(w)= 45, jo—= (20)
u tanhT”

The pneumatic spring static stiffness can be obtained by computing the limit for @ — 0 of
equation (20), showing its relation with the gas compressibility, the spring transversal area
and length:

npyA
ks, _Polsp 1)
lg,

Besides, in a pneumatic spring the preload is determined by the effect of the internal
pressure on the piston surface:

Fop = pOASp (22)

It can be observed that, while in a mechanical spring the preload F;,, and static stiffness
ks

.. can be chosen independently, this can not be done in a pneumatic spring with given

geometry, where the variation of internal pressure affects both the static stiffness kg, and

preload value Fy, .

3. DYNAMIC STIFFNESS OF THE CAM-FOLLOWER SYSTEM

The comparison between the dynamic stiffness of mechanical and pneumatic spring has
been done by choosing a particular mechanism. In this case a valve train of an automotive
engine has been considered, with follower and mechanical spring data listed in Table 1.
The related cam profile has been previously presented in figure 2. The characteristics of a
pneumatic spring, with a geometry compatible with that of the mechanical one, are
presented in the table too. A complex value has been used for the mechanical spring static
stiffness, to take into account the effect of the internal damping. For the pneumatic spring,

a mean pressure value p, = 10° Pa has been chosen.
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The absolute value of the spring-follower dynamic stiffness as a function of the vibration
frequency in the range between 0 and 1500 Hz is shown in figure 4, both for mechanical
and pneumatic spring systems. The stiffness is obtained from equation (4) in which
expression (10) or (20) is introduced, assuming the contact between follower and spring

(u=uy).

Table 1

Follower Mechanical spring Pneumatic spring

M =0.140kg | kg, =55-10"-(1+0.02/))N/m | Ag, =7-0.015> =7.07-10~* m?
c=10N-s/m |, =0.050m lg, =0.025m

myg,, =0.050kg Py =10° Pa

Lo :12.7kg/m3

U, =1.82-10" Pa-s

n=1.2

ks, =npoAs, /15, =3.4-10* N/m

10

10" N

—_ A
g l / v
Z | Bl
& 10°L s .
~ \/
@ // )
[0}
£ pa
g i E
N
= W
1
ot Y
ooy
! —— mechanical spring
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103 1 l
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Figure 4 Variation of dynamic stiffness with vibration frequency for mechanical
and pneumatic spring

In both cases a minimum stiffness can be observed around a frequency value equal to
1/27 - \Jkg,, /M =100Hz and 1/27x-Jks, /M =78Hz respectively for mechanical and

pneumatic spring systems. These values represent the first resonance of the spring-follower
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system. The absolute stiffness values in this conditions are determined by the viscous
damping coefficient ¢. For vibration frequencies lower than the first resonance the dynamic
stiffness is mainly determined by the static stiffness kg, or kg,, on the other hand, for

frequencies higher than the first resonance, the behaviour of both systems is determined by

the follower inertial effect, proportional to M@?. Moreover, in the case of mechanical
spring, two dynamic stiffness peaks can be observed, for frequency values of about
iwg, /2 (i=1,2), related to the period of the tangent function in equation (10). The

physical meaning of these local stiffness maxima is the presence of internal resonances of
the spring coils in axial movement. In the case of pneumatic spring model an analogous
internal resonance can be observed only for frequencies higher than 5000 Hz, and its effect
is small if compared with the predominant inertial term at that frequency.

The effect of the internal resonances can be seen analysing equation (5). If the follower
displacement has a significant sinusoidal component with a frequency round the resonance
frequency, the contact force F,. can have high oscillation amplitudes and so an higher
preload must be imposed to prevent the cam follower separation.

4. CAM-FOLLOWER CONTACT FORCE EVALUATION
AND PRELOAD DESIGN

Knowing the cam profile Fourier decomposition, the cam rotation speed and the system
dynamic stiffness, from equation (5) the time variation of the contact force between the
cam and the follower can be obtained.

For example, in figure 5 the follower displacement and the time history of the contact force
for a cam rotation frequency f, =50Hz (@, =2xf.) are shown, obtained for the systems

with mechanical and pneumatic spring, described in table 1. The force has been evaluated
without preload effects. Both figures show two contact force peaks at the beginning and
ending of the follower lift, caused by positive peak acceleration imposed by the cam
profile. Different behaviour can be observed close to the maximum follower lift. For the
mechanical spring system (figure Sa) the oscillations of the force due to the first internal
resonance can be seen, with a frequency of about 500 Hz, related to the stiffening effect
previously shown in figure 4. In the case of pneumatic spring (figure 5b), three different
values of mean internal pressure have been considered. It can be observed that no
resonance effects are present, while a sensible dependence of the contact force from the
internal pressure is shown. The minimum negative value of the contact force decreases
when internal pressure is reduced. In the force computation, the first 40 harmonic
components of the cam profile have been considered; the neglected components have an
amplitude four orders of magnitude lower than the first harmonic component, as can be
seen in figure 2b. Some high frequency oscillations can be seen in both pneumatic and
mechanic spring system simulations. These are due to the non uniform convergence in cam
profile harmonic reconstruction, known as Gibbs phenomenon, but they do not influence
the model capability of predicting the main behaviour of the contact force history, as
observed by Tiimer and Unliisoy in [2].
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Figure 5 Contact force I, profile for f, =50Hz : a) mechanical spring system;

b) pneumatic spring system with different values of mean air pressure
(po; =1x10° Pa, py, =8x10° Pa, py; =15x10° Pa)
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Figure 6 Minimum preload required to maintain the contact between the cam and
the follower, for mechanical and pneumatic ( p, =1x 10° Pa) spring

A negative value of the contact force is not physically possible and indicates a violation of
the contact hypothesis, i.e. a separation between the cam and the follower. So, to prevent
this separation, a preload must be imposed to the spring, to compensate for the minimum
negative force value obtained from the model. A different value of the required preload can
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be found for each camshaft rotation speed. In figure 6 the preload force values obtained
from the contact force simulation for cam rotation frequency varying between 0 and 100
Hz, are shown. This camshaft rotation speed range (0+6000 rpm) corresponds, in a four-
stroke engine, to a crankshaft speed from 0 up to 12000 rpm, thus considering the cam-
follower behaviour of an high-speed engine. In pneumatic spring simulation, an internal

pressure of 1x10° Pa has been used, obtaining the lower value of static stiffness and so
overestimating the required preload.

As previously analysed in figure 4, at frequencies higher than the first resonance, the
behaviour of the spring-follower system is mainly determined by the inertial effects. The
simulation for cam rotation frequency range 0+100 Hz, with 40 components of the cam
profile considered, involves an harmonic contribute from ¢ Hz up to 4000 Hz. Thus, having
an important high frequency content, the time history of the contact force has an high
inertia contribute, proportional to the acceleration of the follower. The spring preload has
to be set in order to overcome the effect of the higher negative acceleration, that tends to
separate the cam follower contact, and, with a given cam profile, is proportional to the
square of the rotation speed.

The previous considerations are directly applicable to the pneumatic spring system, whose
internal resonances occur for frequencies higher than 5000 Hz and thus are not significantly
excited. In the case of the mechanical spring, the dynamic stiffness peaks effects are
superimposed to the inertial behaviour of the system, as already described in figure Sa.
When a component of the excitation is close to an internal resonance frequency of the
spring, an increasing of the amplitude of the oscillation of the contact force is determined
and higher values of the preload can be required.

For example, for a cam rotation frequency equal to 87 Hz, the 6™ harmonic component of
the profile excites the frequency 6x87=522 Hz, which is close to the first internal resonance
peak of the dynamic stiffness, with maximum at 523 Hz, as can be seen in figure 4.
Analogously, the peak of the required preload in figure 6 at 75 Hz is the consequence of the
7™ harmonic component.

Moreover, it can be observed as the required preload is lower for the mechanical spring
than for the pneumatic spring system, except for the frequencies in which the mechanical
spring presents the preload peaks. On the other hand it should be considered that the
preload of the mechanical spring is fixed by its mounting condition, while the preload of
the pneumatic spring can be changed varying the internal pressure. So, for the mechanical
spring the preload is a consequence of the worst condition in the range of cam rotation and
it is maintained for all rotation speeds, while the preload in a pneumatic spring can be
changed as a function of the rotation speed, thus minimising in each condition the contact
force between the cam and the follower.

As seen, in a pneumatic spring the variation of the internal pressure determines a variation
of the preload, but also of the spring static stiffness. The diagram of figure 6, has been

obtained with the static stiffness effect correspondent to a pressure p, =1x10° Pa;
actually, the preload increase can be given only increasing the internal pressure and so
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changing the stiffness contribution.

To evaluate the effect of a pressure increase on the contact force history and so on the
required preload and to better determine a pressure control strategy, a different approach
can be proposed. The minimum value of the contact force for the pneumatic spring system
is computed for the frequency range of interest, as in figure 6, for different internal
pressure values. Thus a map of the minimum required preload can be obtained as a function
of the frequency f. and the mean pressure p,, as reported in figure 7 with the thin lines

and the right axis. Successively, on the left axis the internal pressure p,. = Fp, /4y, ,

necessary to provide each value of the required preload, is represented. At the end, the
point in which each curve of the map with constant p, assumes a value p, = p,,

represents a real working condition. In fact in that point the required internal pressure is
equal to the pressure considered in evaluating the spring stiffness. Linking these points
with a line, an evaluation of the strategy of variation of the internal pressure can be
obtained. This method, taking into account the spring stiffness variation, permits to
optimise the internal pressure at each rotation frequency and so to minimise the cam-
follower contact force.

It can be observed that the preload demand obtained with this approach is lower than the
one obtained with the hypothesis of ambient pressure in the spring (upper thin line,

Po = 1x10° Pa), with a preload saving, especially at high rotation frequencies.

15 ' 1050

0 i i i i 0
0 20 40 60 80 100

f, [Hz]

required preload FOp [N]

o
w
a1
o

required pressure Por [Pa]

Figure 7 Pneumatic spring preload map as a function of the internal pressure
(thin lines) and pressure control strategy (thick line)
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5. PNEUMATIC SPRING PRESSURE CONTROL CIRCUIT

To control the internal pressure of the pneumatic spring, a pneumatic circuit can be
developed. This circuit is composed by two modulated digital valves, a reservoir, a
pneumatic line and an orifice connected to the spring chamber. A schematic representation
of the system is given in figure 7. In particular, the pneumatic spring is a piston, provided
with sliding seals, fixed to the follower. Seals between follower and spring case are
adopted too. The volume is required in order to reduce the effects of gas loss through the
seals and to improve the digital control performance. The pneumatic line is necessary to
adapt the circuit geometry, and the orifice partially decouples the spring from the control
system dynamic, as successively analysed.

pneumatic
spring
pneumatic line digital
valves
vV, reservoir
| Ro "
foIIower/— orifice

Figure 8 Pneumatic spring with pressure control circuit

The presence of the control circuit can vary the system dynamics and give results that are
different from those obtained with the closed volume pneumatic spring. In order to analyse
its dynamic behaviour, a dynamic model of the control circuit can be developed,
introducing the dynamic effect of each component. In this study the control valves will be
considered in their closed condition, analysing the system behaviour when a constant mean
pressure has been imposed.

Representing the spring with the quadrupole model of equation (16), the orifice with a
lumped resistance model, the pneumatic line with a distributed parameters transmission line
model in form of equation (16) and the reservoir with a lumped capacitance, the transfer
matrix model of the spring with control system can be obtained [6], relating the flow rate

Q and the pressure p; at the spring piston surface with the flow rate @5 and the pressure

Ds at the connection of the reservoir with the valves:

{Q}_{ coshT, 1/Z,, sinhl"s} {1 o} { coshl; 1/Z, sinhl",}
- 1= 1| .

2 Z,sinh[ coshl 1| |Z,sinhT; coshT;
0 1 Ps| LToi Tl [ps

being C, the capacity of a reservoir with volume V, :

(23)
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Ve (24)

o

C. =

»

and R, the orifice resistance, obtained from linearization of the equation expressing the

volume flow rate in subsonic conditions (ISO 6358), as a function of the orifice
conductance C, of the critical pressure ratio b and of ratios of the mean values and ambient
condition values of fluid density and temperature:

_1=b py Ty

R, (25)

C pang \ Tang

The dynamic stiffness kg,. of the pneumatic spring with control circuit can be obtained in

analogy with the stiffness of the simple closed volume pneumatic spring, by imposing in
equation (23) as a boundary condition a null value of the flow rate through the control
valves OJ; =0:

T
L'I'le

. Z
kSpc (Ct)) = Agp]w ' TL (26)
21 + T22
L

It can be seen that the dynamic stiffness function depends on the geometry of the system,
on the mean pressure p, , on the orifice resistance R, and on the reservoir volume V, .

In figure 9a the dependence of the absolute value of the spring-follower system dynamic

m°]
~. /
®[m \\ /
N 7
e 3 N\ /
m~] N\ v/
N
closed pneumatic spring ot
20 40 fc [Hz] 60 80 100

(@) (b)

Figure 9 Spring-follower stiffness for pressure controlled pneumatic spring: a)
influence of the orifice resistance; b) influence of the reservoir volume
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stiffness from the orifice resistance is shown. A mean pressure p, =10" Pa, as in the
analysis of the closed volume spring dynamics, has been assumed, with a reservoir volume
of 107 m®. The effect of a 0.2 m long pipe with a 4 mm internal diameter has been

introduced with the distributed parameters line model. In all the simulations an ambient
temperature of 20 °C has been hypothesised. The dashed line represents the dynamic
stiffness value obtained with the closed volume spring model, as in previous figure 4. It can

be seen that for low values of the orifice resistance (10° Pa-s/m’ ), of the same order of

the pipe resistance, the system presents a local stiffness maximum. This is due to a
resonance of the spring-line-reservoir system and it can have effects on the cam-follower
contact force analogous to what has been seen for mechanical spring. Increasing the orifice
resistance, this internal resonance can be avoided The resistance in fact decouples the
spring dynamics from the line-reservoir dynamics for frequency values inversely
proportional to its value. For an infinite resistance, the spring would be fully decoupled
from the control system and the dynamic stiffness would be coincident with the stiffness of
the closed volume spring.

In the static condition ( f, =0 ), a very low stiffness value can be observed, being inversely

proportional to the fluid system capacitance, that includes the line and reservoir fluid
volume. For high frequencies, the dynamic stiffness coincide with the values obtained for
the closed volume spring, being the spring dynamics decoupled from the control circuit.
The point of transition between the low stiffness to the high stiffness behaviour is
determined by the orifice resistance value.

In figure 9b the influence of the reservoir volume on the spring-follower system stiffness is

analysed. The mean pressure has been maintained equal to p, =10° Pa and an orifice

3

resistance R, =4x10° Pa-s/m> has been assumed. This value corresponds in a first

approximation to a 1 mm diameter orifice and gives a good decoupling between spring and
control system fluid dynamics for frequencies higher than 10 Hz. So, the reservoir volume
has an influence only in the low range of frequencies, varying the quasi-static spring
stiffness. In figure 9b the effect of the volume variation on the static stiffness can be seen
and the similitude with the closed volume spring behaviour for frequencies higher than 10
Hz is evidenced. Moreover, an added damping can be seen on the spring-follower
resonance, due to the orifice-line dynamic effect and almost independent from the reservoir
volume.

6. CONCLUSIONS

A model and an analytical methodology for the study of the dynamic behaviour of cam-
follower system has been presented. In particular, a spring distributed model has been
considered in predicting the cam follower contact force evaluating internal spring
resonances. Working limits of the mechanical spring solution are imposed by the internal
resonances which can be excited by high speed cam revolution. They induce wide
oscillations of the contact force between the cam and the follower, which could bring to
contact loss, unless an excessive preload is applied.
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A comparison between mechanical and pneumatic return spring has revealed that the
pneumatic design solution, although being characterised by a lower static stiffness when an
equal preload is given, presents values of internal resonance frequencies an order of
magnitude higher than mechanical one and avoid follower jump with high operating speeds
or with severe acceleration profile of the cam. Moreover, the pneumatic spring has the
advantage of preload tuning availability as a function of the cam rotation speed. This can
be done setting the internal pressure by means of a suitable control circuit.

An optimisation methodology of the pressure control law has been proposed in the paper,
as well as some design consideration are given analysing the influence of the control circuit
parameters on the pneumatic spring dynamic behaviour. Further research activities will be
devoted to the study of the effects of the circuit parameters on the dynamic performances of
the pressure control.
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ABSTRACT

The paper presents the research activity on the design and realisation of a spatial motion
simulator with 3 degrees of freedom. At first the complete motion simulator apparatus is
described, in particular dealing with the geometry of the parallel architecture, the inverse
kinematics algorithm and the related position control loops of the three servo-axes.
Moreover, the practical solutions adopted during the construction of the device are
described, as well as the control hardware and the control strategies to manage the
simulator. Besides preliminary actuation tests carried out on the simulator both in time and
frequency domain, with different motion amplitudes and payloads, are presented. The
experimental results are compared with the performances evaluated by means of a
numerical simulator of the device implemented in Matlab/Simulink environment. Finally
future developments of the research are discussed.

1. INTRODUCTION

A motion simulator interacting with a person is a device which allows to reproduce the
sensations developed by a vehicle movement on the driver, the passengers or generally on
the carried components. Possible applications involve vehicles user training and test on
physical systems or devices. When the simulation is finalised to create a virtual reality
environment it must properly supply stimuli to all the perception organs involved: eyes,
human vestibular system and human senses. Thus a simulator has to consist of a
mechanical structure, able to move the user who experiences the simulated movement, and
an environment which reproduces in a consistent manner visual feelings, re-creating the
simulated scenery. Finally, when the driven situation of a specific vehicle has to be re-
created, the driven position and the management and command devices are to be likely
built in a real or virtual manner. Typical applications of the motion simulators interacting
with the users are flight simulators, widely and efficaciously adopted both for training and
tests of technical skills of professional pilots. Usually, for flight simulators the platform
that drives the 6 degrees of freedom of the cockpit is conceived as a Stewart Platform
parallel architecture actuated by linear hydraulic servo-actuators.
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The platform forms the mechanical component which is the basis of a motion simulator
system. It consists of three logical main blocks: 7) the mechatronic hardware; i7) the motion
control software, which is divided in the algorithms to evaluate the reference signals for the
servo-actuators in order to realize a defined trajectory and in the local servo-axes controls;
iii) the program module needed to plan the desired trajectory as a function of the dynamic
behaviour of the simulated aircraft, of the motion detection capabilities of the pilot
vestibular system and of the static and dynamic performances of the motion simulator,
according to suitable washout filters and motion cueing algorithms.

The research whom this paper refers to concerns the design of parallel platforms for single
user motion simulation in domestic or associative environment, for professional or sporting
training or recreational entertainment. Key factor in designing these devices is the
availability of low-cost virtual environment and actuations characterised by high degree of
integration and flexibility. Previous studies has revealed that to reproduce the suitable
motion sensation, filtered by the user by means of his human vestibular perceptive system,
only 3 d.o.f. devices are sufficient, if low-frequency motions typical of commercial
airliners are considered [1]. With reference to payloads and workspace requirements of
these applications the motion simulator here presented has been built.

In previous researches, the authors analysed the performances of parallel architecture with
several degrees of freedom with electrical actuation. Starting with [2] at the Department of
Mechanics of the Politecnico of Turin, a research has been managed for several years
dealing with the realization of parallel robot with 6 d.o.f. for industrial applications of
robots co-operation as work pieces support during process operations, as deburring, milling
and so forth. [3-5]. Moreover, new class of parallel structure, in particular as concerning
the actuation devices realised by means of wire actuator, are under study in order to
identify appropriate analysis and design criteria for the development of devices devoted to
manipulation and sensed teleoperation [6].

In the research here presented a pneumatic actuation system has been foreseen in order to
guarantee human compatibility in terms of structure compliance, in particular for wrong
functioning conditions. In comparison with these advantages, typical of a pneumatic
actuation system, usually it performs low bandwidth, as the pneumatic stiffness of the
servo-actuators is small and the damping properties are reduced. In order to reach sufficient
stability margins and acceptable static and dynamic accuracy required for the envisaged
application, it is determinant to evaluate at first the effects of the sizes of the system
components and of the working conditions [7], and successively to optimise the control
loops of the servo-system [8, 9]. Supporting these analysis, the evaluation of the gains of
the linear model of the pneumatic servo-system with position control loop could be
necessary [10], as carried out in [11] for a preliminary study on the examined motion
simulator.

2. GEOMETRY OF THE MOTION SIMULATOR ARCHITECTURE

The kinematic architecture assumed for the dynamic flight simulator is shown in figure 1.
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This platform is identified with the notation HPR, from the degrees of freedom that it
performs: translation along vertical axis (heave) and rotations about two horizontal axes
(pitch and roll). With respect to the Stewart Platform with 6 d.o.f. this architecture doesn’t
allow degrees of movement of rotation about vertical axis (yaw) and translations along
horizontal axes. The choice of this architecture has been defined in accordance with the
results presented in [1], where the authors compared two different 3 d.o.f. parallel
architecture (HPR and a spherical mechanism) with a Stewart Platform. They verified that
the HPR architecture performed well enough in simulation realism and might be
appropriate for low-cost procedure training simulators.

joint Jm3

moving platform

z g R % joint Jm2

limb L2

joint Jf2

fixed base

joint Jm1

fimb L1 joint JH

Figure 1 Scheme of the parallel architecture of the motion simulator

With reference to figure 1, the mechanics architecture consists of a moving platform
connected to a fixed base by three extensible limbs L7, L2, L3. Limbs L/ and L2 are made
up of linear servo-actuators provided with moving spherical joints Jmi, Jm2 and fixed
universal joints Jf7, Jf2. Limb L3 is a linear servo-actuator mounted at the base with a fixed
joint Jf3 and connected to the platform by a moving universal joint Jm3. Controlling the
limbs’ lengths the platform can be moved in the operational workspace with three degrees
of freedom z W and 7, respectively heave translation, pitch and roll rotations. The
simulator working space guarantees a heave range equal to 300 mm and pitch and roll
angles equals to £30°, with pneumatic cylinders having 50 mm bore diameter and strokes
equals to 300 mm (L3) and 450 mm (L7 and L2) in length.

Assumed the reference values of the degrees of freedom of the platform in the operational
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workspace [z v y], the length of the limbs L1, L2, L3, defined as the distance between
fixed joint and moving joint centres of each limb, corresponding to the reference input of
the position control loop of each servo-actuator, can be evaluated by mean of the inverse
kinematics algorithm. Referring to notations of figure 1, a fixed frame x; ), z, and a mobile
frame x,, v, z,, linked to the platform are recognised; the homogeneous transformation
matrix from moving to fixed co-ordinate axes is:

—cosysinyy sinysiny cosy 0
i - 0 0
4 = s1n,}.,/ . cos ¥ . )
cosysiny —sinycosy siny z
0 0 0 1

The position vectors of the points FPi (i = 1+3), centres of the fixed joints Jfi (i = 1+3), and
of the points MPi (i = 1+3), centres of the mobile joints Jmi (i = 1+3), with respect to the
fixed frame are:

FPI = [rcos?] —rsinn 0 I]T
FP2 = [rcos?] rsing 0 1]T 2)
FP3=[0 0 o 1]

MPI = 0Am[0 psind  pcos?? l]T
MP2 = %4, [0 —psing pcosty 1] (3)
MP3 ="4,0 0 o 1]

Finally, the vectors Li (i = 1+3), representing the length of each servo-actuator, can be
obtained:

Li = MPi — FPi (4)

3. ACTUATION DEVICES OF THE MOTION SIMULATOR

The layout of the circuits of the motion simulator actuation devices, with the control and
sensorisation hardware included, is shown in figure 2. With reference to the demanded
motion law of the platform [z ¥ ¥/ser, the reference lengths of the three limbs are
calculated using inverse kinematics of the mechanism. Successively, considering the offset
lengths corresponding to the “zero position™ of the simulator, the displacement reference
XsgTi» Xser2s Xsprs Of each cylinder are generated.

A schematic representation of each servo-actuator operating in closed loop position control
is shown in Figure 2. The pneumatic double acting single ended actuator is managed by
flow-proportional 4-ways servo-valve which controls the air mass flows G, and G, entering
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the thrust chambers 1 and 2, at pressures P; and P,. The position set xgz7, and in particular
the corresponding voltage signal Vsgr, is compared with the feedback signal Vi of the
actual position xr, measured by a position transducer, and the error is compensated in a
control regulator and valve driver, which produces the voltage signal Vzgr;. On the rod of
the actuator the force disturbance F is exerted.

[zyyl
X3
X2 ,__F_Efi____
XSET3 « E
[zyylser | Inverse XSET2 ! ";:'E'z“":
> E1_ |
== H
Kinematics | XSET ¥
A
/ Y \
yd Y N\
4 - R
. N
G ||
v, P,
> X4
Pvg_ 5+ J
D— HH
Ps
=]
P 1
VseT e o
ser X — 1
XseTe VRer G_' T
VFB1T ! Kqp |81 T
TP
- J X4

Figure 2 Working scheme of the motion simulator servo-system

The actual position x; is determined by the dynamic equilibrium of the mass moved with
the rod actuator 1, on which forces due to pressures P, and P,, disturbance force Fj; and
internal friction and damping actions are exerted. Pressures P; and P, are determined by the
integration of the mass continuity of the air inside the cylinder chambers caused by the
piston motion and by the air flows G; and G, introduced through valve V7 according to the
command signal Vzgr;, supply and exhaust pressures and P; and P, themselves. Similar
considerations may be done to determine positions x, and x;. Then, the actual limbs lengths
impose the real motion law of the platform [z ¥}/, according to the direct kinematics
scheme that the parallel mechanism actually performs. At last, subsequently to the platform
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movement which is subjected to the dynamic and static loads of the own weight and of the
payload, the constrain reactions in each mobile joint, which represents the forces
disturbance F;, Fi, Fi; acting on each servo-actuator, are produced.

The devices adopted to realise the simulator are reported in Table 1. In Figure 3 three
photographs of different configurations of the simulator displaced in its operational

heave middle height heave middle height heave middle height
& pitch —30° & roll +30°

Figure 3 Examples of different position configurations of the motion simulator

Table 1
Control HW: PC Pentium III 650 MHz + boards National
Instruments PCI-6052E and Lab-PC-1200
SW: MathWorks Simulink + Real-Time Windows
Target

Servo-actuator 1 | cylinder: Metal Work CIL 124 050 0450 CP ISO 6431
valve: Schneider PVM 065-020-1111-0A
transducer:  Penny & Giles SLS 190 stroke 325 mm

Servo-actuator 2 | cylinder: Metal Work CIL 124 050 0450 CP ISO 6431
valve: Schneider PVM 065-020-1191-0A
transducer:  Penny & Giles SLS 320 stroke 500 mm

Servo-actuator 3 | cylinder: Metal Work CIL 124 050 0300 CP ISO 6431
valve: Schneider PVM 065-020-1141-0A
transducer: Penny & Giles SLS 320 stroke 500 mm
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working space are presented, in particular middle height position and minimum pitch and
maximum roll rotations respectively are shown. Platform rotation limits are imposed via
oftware within the angular range of the moving spherical joints.

Details of the Hardware-in-the-Loop Management System of the motion simulator are
depicted in figure 4. At the present, the parallel architecture is not yet integrated with the
simulator virtual environment, thus it is managed as a slave robot controlled by means of a
Command Console by an operator, without direct detection of the platform configuration in
the workspace. The console consists of a joystick with 2 d.o.f. and a knob linked
respectively to the platform rotations and heave motion, as well as digital selectors to reset
platform position and to manage emergency. The Control Hardware performs the closed
loop position control of each servo-actuator, as previously described, and the management

visually acquired platform position

Verk
6 Control Hardware\
Em.sign. Emergency Joints
> Safety
Management Algorithm
required Ve VYser ﬁ XSET1 G
—\ —| > c
platform Position Inverse :
position | @ ‘o " # ———4 aE
= SET SET2
Zc Management Kinematics A
Command °°0 ZseT XSETS > G
Console i M

[ Ly T [
Pos.sign. - <})

Figure 4 Hardware-in-the-Loop Management System of the motion simulator
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of some auxiliary functions. At starting and ending phases of the motion, some
predetermined movements of the platform are activated with the Pos.sign. signals in order
to reach the “zero position”. Successively, the operator watches the platform movement and
he adjusts the input commands to reach the required position. The reachable workspace of
the platform is not previously mapped in terms of platform /z y;y/ d.o.f., thus safety
management is needed. Simultaneously with the Inverse Kinematics block the Joints Safety
Algorithm evaluates the angles performed in each mechanism joints and set a suitable
saturation threshold to the values of xgz7; (i = 1+3) in order to limits the angles to safety
maximum values. Moreover, when a dangerous situation happens the operator can activate
the Emergency Management block with the Em.sign. signal: as a consequence the console
is disabled, the references /z, i, ¥/ser are frozen and the cylinder are blocked by means of
three pneumatic brakes activated by the VB, (i = 1+3) valves.

4. ACTUAL PERFORMANCES OF THE PNEUMATIC SERVO-ACTUATOR L3

Two different user location could be expected, hypothesising that a pilot seat is carried by
the moving platform of the parallel structure shown in figure 1, taken into account the
longitudinal symmetry about axis z,,, as depicted in figure 5. The front of the pilot could be
turned toward the single vertical actuator (figure 5a) or, vice versa, toward the couple of
inclined actuators (figure 5b). A study of the platform equilibrium for different
displacement within the workspace has led to observe that the first configuration (5a)
carried to an increasing of the load applied to the vertical limb and to a reduced loads on
the inclined limbs, in comparison to the forces involved by the second configuration (5b)
for each limb at equal platform displacements. Thus the first seat solution has been
developed in order to limit the magnitude of force disturbances on rear limbs, allowing
better dynamic performances of these servo-actuators, mainly involved in platform
rotations, which are the fundamental movements to reproduce a motion sensation to the
user.

(b)
Figure 5 Pilot seat location on the motion simulator

For the seat configuration assumed the most loaded cylinder is the vertical L3, and thus on
this servo-actuator the dynamic analysis afterwards presented has been carried out. The
study is not only addressed to optimise the device performances, on this matter the research
is in progress, but also to validate nonlinear and linear models of the parallel mechanism,
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helpful to develop the whole motion simulator system. Characteristic parameters of the
servo-actuator L3 under test, as well as actuators L/ and L2 are reported in table 2.

Table 2
servo-actuator | servo-actuator | servo-actuator
1 2 3
servo- input signal [V] 10 +10 10
valve conductance [m”/sPasng] 3.5x10° 3.5x10° 0.8x10°
+ critical pressure ratio 0.4 0.4 0.4
pipe supply pressure [Pagp] 6.5x10° 6.5x10° 6.5x10°
natural frequency [rad/s] 200 200 200
damping 0.8 0.8 0.8
cylinder | (& bore [mm] 50 50 50
& rod [mm] 20 20 20
stroke [mm] 450 450 300
mass [kg] 8 + load 8 + load 6 + load
coulomb friction force [N] 30 30 30
viscous damping [Ns/m] 100 100 100
transducer | gain [V/m] 18.0 18.0 26.5
control proportional gain 5 5 3

voltage signal [V]

i LY
VpeeS

voltage signal [V]

rrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrr

i
i

Ve S-

time [s]

5 6 7

time [s]

Figure 6 Responses to sinusoidal reference signals without load (a)

and with load 30 kg (b)

Experimental tests have been carried out on the servo-actuator L3, disconnect from the
moving platform, without external load or with 10 kg and 30 kg mass-load on the rod, with
different input reference time laws. Results corresponding to sinusoidal reference signal
with amplitude AVgr = 1 V around middle stroke (Vgr = 5 V) and frequency 1.2 Hz,
without load and with 30 kg respectively, are shown in figure 6a and 6b.
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Input signal Vggr, feedback Vi, reference signal to the servo-valve Vg, with proportional
control gain G, = K, = 3 V/V are represented in figure 6. For the sake of comparison,
experimental signals Vi e. and Vzgr e. are superimposed with simulated values Vg 5. and
Vier s., obtained with a numerical simulator implemented in Matlab/Simulink environment,
whose block diagram is shown in figure 7.
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CONTROLLER
ACQ

F e 3
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Figure 7 Simulink model of a single servoactuator

A synthesis of the servo-actuator L3 performances is deduced from the Bode diagrams in
figures 8 and 9. In figure 8 experimental results and numerical results of the nonlinear
model for no-load tests are shown, respectively for the open loop frequency response
Vep/Vzer (figure 8a) and for the closed loop frequency response Viep/Vser (figure 8b).
Analogous results are presented in figure 9 for tests with load equals to 30 kg.
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Figure 8 Open (a) and closed (b) loop frequency responses without load
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Figure 9 Open (a) and closed (b) loop frequency responses with load 30 kg

The performances of the servo-actuator are at present not very satisfactory in terms of
bandwidth and gain margin and damping. Although, considering the numerous non-
linearities of the system, and the quite wide frequency range analysed, the authors think
that the model is validated and thus a software optimisation of the dynamic performances
of the actuator could be expected and an effective hardware improvement will be achieved.

5. CONCLUSIONS

The research project on the design and realisation of a motion device of a flight simulator
for domestic environment or professional applications in flight school has been presented.

The architecture of the simulator system has been described trying to define the main
functional interactions between different sub-systems and relating the adopted solutions.

The experimental tests and the numerical simulations carried out on the most loaded servo-
actuator has allowed to highlight the limits at the present and thus to define the developing
trends for the future. In particular The damping properties of the servo-actuator have to be
increased; at the present they are too small and they are not able to guarantee a sufficient
gain margin, unless a modest bandwidth frequency is accepted.

At the same time of the activities described in the paper, authors are working on the
interactions between the motion simulator, the flight control cockpit devices, the aircraft
simulator, the motion cueing algorithms. The interaction between these parts will provide
for the references of the degrees of freedom of the moving platform.
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ABSTRACT

This paper presents a semi-empirical analysis for elucidating the noise generation
mechanism arising from cavitation in a system comprised of an oil hydraulic valve and
downstream pipe. It is shown that the downstream pipe is excited principally at the natural
frequencies of both the bending and pipe ring vibration modes in response to the broad
band random pressure fluctuation that occurs during the collapse of cavitation bubbles. The
airborne noise is radiated from the pipe wall predominantly at these natural frequencies.
New knowledge obtained from this study arises from both a finite element method analysis
and an experimental modal analysis of the valve downstream pipe structure, combined with
measurements of narrow band frequency spectra of pressure fluctuation in the pipe, the
vibration acceleration of the piping structure and the nearby sound pressure of a pipe wall.
Key words: Cavitation, Turbulence, Noise, Valve, Orifice, Cavitating jet, Turbulent jet,
FEM

1. INTRODUCTION

Important noise generating mechanisms in pipeline systems are associated with cavitation
and turbulence. Cavitation in valves, in particular, is a major noise source. A great deal of
work has been performed on studying the effects of cavitation on valve performance and on
understanding the cavitation noise emitted by the valve orifice in perspective [1]. The
ability to predict structure borne and airborne noise is of great important to the users of
such valves and hence practical noise prevention measures have been a goal in many of the
fluid transportation industries. However, little work has been published on detailed
investigations of transforming mechanism of vibration energy from the hydrodynamic
sources associated with turbulence and/or cavitation within a valve to the air borne radiated
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noise from the downstream pipe structure. Baumann and Kiesbauer [2] have devised a
semi-empirical method to predict A-weighted sound levels by supposing that the sound
measured external to a piping system is a product of the internal sound pressure (pressure
fluctuation), occurring at or near the peak amplitude, and the transmission loss of the
downstream pipe. In their work, however, the transmission loss at the pipe ring vibration
mode frequency has only been considered. This is not appropriate for metal piping systems
in which the length/diameter ratio and thickness/diameter ratio are relatively large. This is
generally the case in oil hydraulic systems.

The ultimate goal of the research is to develop a numerical simulation technique capable of
predicting, with sufficient accuracy for practical usage, the noise that is generated inside a
valve and radiated from the adjacent piping, and thereby to find reasonable and practical
noise control techniques. Of these, this paper aims at elucidation of the generation
mechanism of the noise from a downstream pipe wall produced by hydrodynamic sources
associated with cavitation within a valve orifice in oil hydraulic piping systems. Firstly, the
characteristics and relationship between the narrow band frequency spectra of pressure
fluctuation in a pipe, the vibration acceleration of the pipe and the nearby sound pressure
are examined experimentally. Next, the vibration modes (mode shapes and natural
frequencies) of the downstream piping structure are examined by FEM analysis and
experimental modal analysis (EMA). Finally the contribution of each vibration mode of the
downstream pipe structure (i.e., bending, breathing, longitudinal and ring vibration modes)
to the frequency -characteristics of pipe vibration during cavitation occurrence is
investigated by a FEM forced vibration analysis.

2. EXPERIMENTAL SYSTEM AND MEASUREMENT PROCEDURES

A schematic diagram of the hydraulic test circuit, showing the location of the valve orifice
(flow restriction), downstream pipe (steel pipe and flexible hose) and instrumentation is
presented in Fig.1. The flow restriction is a simple cylindrical orifice (diameter: 2mm,
length: 8mm) mounted within a steel block. Two straight steel pipes (length: 0.5m and
1.0m, inner diameter: 19.6mm, outer diameter: 27.3mm) and one straight flexible hose
(length: 1.0m, inner diameter: 19.0mm, outer diameter: 29.4mm) were used in turn as the
downstream pipe; in each case, the pipe was supported rigidly at both ends by a massive
steel block. An oil hydraulic piston pump provided the necessary flow rate, with a pressure
relief valve used to control the upstream mean pressure of the orifice, p, , and a needle
valve used to control downstream pressure, p,. The upstream and downstream mean
pressures were measured with accurately calibrated Bourdon pressure gauges.

Fluid borne-, structure borne— and airborne noise measurements were made using flush
mounted piezo-electric pressure transducers at the inlet and outlet of the downstream pipe,
a piezo-electric accelerometer bonded to the pipe wall and a condenser microphone
positioned in close proximity to the pipe wall. The signals from the pressure transducers,
accelerometer and microphone are naturally dependent on their mounted location. All
acceleration and sound pressure measurements presented in this paper were carried out
100mm downstream from the leading edge (fixed end) of the downstream pipe, and the
pressure fluctuation was measured 12.5mm downstream of the restriction.
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Fig.1 Schematic of hydraulic test circuit and instrumentation

The dissolved air content of the oil, which is a potentially important factor in investigations
of this nature, was not precisely controlled during the test programme. However, because
the main purpose of this study is not to predict the cavitation noise quantitatively, but to
elucidate the generation mechanism of cavitation noise, the lack of control of air content is
not considered to be an issue. In order to gain a general impression of the nature of
cavitation in the test system photographic observations of the cavitation flow around the
emerging jet were made (Fig.2) together with measurements of pressure distributions along
the radial and axial directions in the cavitation region (Fig.3). For these initial
investigations the steel block was replaced with a perspex block with 12 holes along the
pipe axis for a static pressure measuring probe. It can be seen from the results of Fig.3 that
the cavitation that occurs in the test circuit is gaseous rather than vapourous because the
pressure inside the potential core of the emerging jet does not fall much below -0.07 MPa
(gauge) which is close to the air separation pressure.

After the initial testing, the steel block was substituted for the perspex block. Fig.4 shows
the narrow band frequency spectra of the pressure fluctuation downstream of the orifice, the
vibration acceleration of the downstream pipe wall and the nearby sound pressure for
frequencies up to 20kHz. It is noticeable that the pressure fluctuations occuring during the
collapse of cavitation bubbles are a very broad-band random phenomenon whilst the
spectra of the vibration acceleration and sound pressure are predominantly at a number of
discrete frequencies. There is a high degree of correlation between vibration acceleration
and sound pressure; the cavitation noise has a strong sound power up to the upper reaches
of the audible frequency range (around 18kHz).

Fig.5 shows the pressure fluctuations at the inlet and outlet of the downstream pipe (a) with
cavitation and (b) without cavitation, respectively. Pressure waves are greatly attenuated in
the course of propagation once cavitation occurs and the harmonic components of pressure
fluctuations over about 2kHz are barely transmitted to the downstream pipe. From these
experimental results and the knowledge that cavitation-induced noise is a by-product of
cavitation erosion, the impact forces (hydrodynamic sources) exciting the pipe solid surface



412  Power Transmission and Motion Control 2005

(c) pg=0.35Mpa (d) py= 0.45Mpa

Fig.2 Photographic observations of cavitation flow around emerging jet ( p, =8MPa)
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Fig.3 Measured pressure distributions for radial and axial

may be said to be concentrated in a narrow region around the emerging jet. The magnitude
(harmonic amplitude) and application point of the impact forces cannot be identified
correctly by the measurement of pressure fluctuations alone. It is inferred that in practice a
rather stronger impact than that predicted from the pressure fluctuations detected by the
pressure transducer is applied at some place locally (probably, at or near the position of
cavitation erosion occurrence). Further investigation of the impact exciting force is not
pursued here.

It has also been possible to establish through this study that the relation between the sound
pressure levels and the cavitation index showed the same trends as described in the
literature [1]. However, space constraints do not allow further discussion in this paper.
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Fig.5 Measured pressure fluctuations at the inlet and outlet of a downstream pipe
with and without cavitation ( p, = 8MPa)
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3. VIBRATION MODE ANALYSIS OF DOWNSTREAM PIPING STRUCTURE BY
FEM AND EMA

From the preliminary noise test results (Fig.4) that demonstrate that the spectra of
cavitation noise exhibit prominent components at several special discrete frequencies, it can
be inferred that the cavitation noise is affected significantly by the dynamics of the
downstream piping structure. Therefore, the vibration modes (natural frequencies and mode
shapes) of the downstream piping structure were examined using both FEM analysis and
EMA, with the mode shapes in the EMA only being analysed for the low-frequency modes.
Here, we used ANSYS Release.8.0 for the FEM modal analysis and ME'scopeVES for the
EMA. The FEM model assumed the downstream pipe was fixed at both ends and was built
using an eight-node solid element, containing 6048 nodes and 3000 elements for the 0.5m
length of steel pipe; 12048 nodes and 6000 elements for the 1.0m length of steel pipe; and
7760 nodes and 3860 elements for the 1.0m length of flexible hose. Fig.6 shows the FEM
model of the downstream piping structure.

Fig.6 FEM model of a downstream pipe (solid model) and an orthogonal
coordinate system

(a) Bending mode (B-3)

(b) Torsional mode (T-2)

(c) Longitudinal mode (L-2)

Fig.7 Examples of mode shapes (3rd bending mode, 2nd torsional mode and 2nd
longitudinal mode) of a straight steel pipe obtained by FEM analysis
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Table 1 Natural frequencies and mode shapes of downstream steel pipe obtained by EMA
and FEM for L,~1.0m and L,~0.5m

Natural Frequency[Hz]

Mode| Mode Ld:I .Om Ld:O.Sm
No. | Shape| EMA | FEM | EMA | FEM
1 B-1 97 151 387 592
2 B-2 373 413 1222 1571
3 B-3 726 799 2492 | 2944
4 B-4 1356 | 1299 | 3895 4624
5 B-5 1748 | 1905 | 5560 | 6542
6 B-6 | 2445 | 2606 | 7525 8638
7 B-7 3182 | 3392 | 8653 | 10869

8 B-8 | 3903 | 4253
9 B-9 | 4747 | 5180

10 | B-10 | 5767 | 6163
11 | B-11 ] 6831 | 7196
12 | B-12 | 7904 | 8272
13 | B-13 ] 9000 | 9384
14 T-1 1642 | 1594 | 2200 | 3187
15 T-2 | 3096 | 3187 | 5600 [ 6375
16 T-3 | 4982 | 4781 | 9512 | 9564
17 T-4 | 6930 | 6375
18 T-5 | 8477 | 7969

19 L-1 - 2562 - 5130
20 L-2 - 5124 - 10254
21 L-3 - 7684

B: Bending vibration mode

T: Torsional vibration mode

L: Longitudinal vibration mode
—: unobservable by EMA

Table 1 presents the mode shapes and natural frequencies obtained by FEM and EMA for
the straight steel pipes, for a frequency range up to around 10kHz. Here, ‘B’ relates to the
bending vibration mode, ‘T’ the torsional vibration mode and ‘L’ the longitudinal vibration
mode. A dash represents an unobservable mode in the EMA. Fig.7 shows examples of the
mode shapes in the frequency range up to around 10kHz for the straight steel pipe (3rd
bending mode, 2nd torsional mode and 2nd longitudinal mode). As can be seen from Fig.7
a radial deformation vibration mode is also induced, accompanying the occurrence of
torsional vibration. It was also found in this study that the results using a four-node shell
element agreed very closely with those using an eight-node solid element.

Table 1 shows that the natural frequencies and mode shapes predicted by the FEM correlate
relatively well with the results of the EMA for almost all vibration modes up to around
10kHz except for the 1st bending mode. The differences between the FEM analysis and the
EMA probably arise because the ideal boundary conditions in the model do not match those
in the real piping system in which the downstream pipe is coupled to the block by a screw
connection.
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It was also found from FEM modal analysis that ring vibration modes occurred in the very
high-frequency range above around 18kHz for the 1.0m length of steel pipe. These were
extremely strongly coupled at narrow frequency intervals of around 10~20Hz. Fig.8 shows
the mode shape and natural frequency of the Ist and 2nd pipe ring vibration. It can be
inferred from these analyses that the broad band resonances appearing around 14kHz in
Fig.4 are caused by these pipe ring vibration modes - although the natural frequencies
obtained from FEM modal analysis (around 18kHz) are around 30% higher than the
observed resonance frequencies. The differences between FEM analysis and the observed
result are likely to be due to the assumption of ideal boundary conditions (perfectly fixed
conditions) in the FEM model which do not match those in the real piping system. Indeed,
if some elasticity is considered at the boundaries the natural frequencies of pipe ring
vibration modes become considerably lower and approach the observed resonance
frequencies.

Table 2 presents the mode shapes and natural frequencies for a frequency range up to
around 4 kHz obtained by the FEM modal analysis for the straight flexible hose. Here, the
flexible hose was simply treated as an orthotropic elastic pipe (although a real hose has an
anisotropic visco-elastic wall). The elastic coefficients (£ =E, =10.1%X10° Pa, E.=2.6X
10° Pa, G,=2.0X 10° Pa and G,. =G, =14X 10° Pa) were determined experlmentally
using the approach described by Yu and Kojima [3]. It was found from the FEM modal

x-z plane x-yplane

(a) 1st mode (f=18351Hz)

x-z plane x-yplane

(b) 2nd mode (f=18367Hz)

Fig.8 1st and 2nd pipe ring vibration modes for the 1.0m length of steel pipe
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Table 2 Natural frequencies and mode shapes of downstream flexible hose estimated by
FEM analysis

Natural Natural
Mode | Mode | Frequency|| Mode | Mode | Frequency

No. | Shape [Hz] No. | Shape [Hz]
1 B-1 31 20 | B-20 3831
2 B-2 85 21 B-21 4111
3 B-3 164 22 T-1 370
4 B-4 268 23 T-2 741
5 B-5 394 24 T-3 1112
6 B-6 540 25 T-4 1482
7 B-7 705 26 T-5 1853
8 B-8 886 27 T-6 2224
9 B-9 1082 28 T-7 2595

10 | B-10 1291 29 T-8 2966
11 | B-11 1512 30 T-9 3337
12 | B-12 1743 31 T-10 3709
13 | B-13 1983 32 L-1 505
14 | B-14 2230 33 L-2 1010
15 | B-15 2484 34 L-3 1515
16 | B-16 2745 35 L-4 2020
17 | B-17 3010 36 L-5 2525
18 | B-18 3280 37 L-6 3031
19 | B-19 3554 38 L-7 3536

B: Bending vibration mode
T: Torsional vibration mode
L: Longitudinal vibration mode

analysis that the flexible hose also had the same vibration modes as those of the steel pipe,
including the ring vibration mode which appeared in the high-frequency range (above
around 6kHz).

Next, in order to investigate, in outline, the contribution of each of the vibration modes on
the cavitation noise, an FEM forced vibration analysis was carried out; from this the
frequency response functions of the displacement of the nth vibration mode, 5, , to the
reference force, F,, (the so called “receptance”, [ (w)) were evaluated for each mode
using the following equation [4,5]:

I
H(w)y="2=—_= @, (z,) (1)
FO (50;% _w2)+j2gnwnw

where ¢ (z) is the mass normalized eigenfunction (mode shape) of the nth vibration mode,
z, is the positional co-ordinate, in the z direction, of the displacement response; z, is the



418 Power Transmission and Motion Control 2005

2.275
0.9
0.9 0.9
0.8 0.8
0.8 0.8
0.8 0.8
0.7 0.7
0.7 0.7
0.6 0.6
06 g5 0.6
(a) distributed force model (b) lumped (single point) force model

Fig.9 FEM model of the cavitation-induced non-dimensional exciting force f;

positional co-ordinate, in the z direction, of the application of the distributed exciting force
F, 5 f; is the non-dimensional distributed exciting force; ¢, is the natural angular
frequency of the nth mode; @ is the angular frequency of the exciting force; ¢ is modal
damping ratio; and 7 is the total number of terms considered.

In this evaluation, the broad band random hydrodynamic sources associated with the
collapse of the cavitation bubbles were assumed to be able to be replaced with a harmonic
force Fe(= f,F,e’”). This force is applied at I grid points in the FEM model of the
downstream pipe, as shown in Fig.9(a) (/ =24 in this case) and accounts for the probable
non-uniform distribution of the cavitation intensity on the inner circumference of the pipe
that occurs in the real case.

Fig.10 shows an example of the receptance frequency response characteristics for each
mode calculated from Eq.(1) for the 1.0m length of steel pipe, with (a) z, =20mm and (b)
z,=40mm, respectively. Here, the response position z, was selected to be the position
where each vibration mode takes the maximum harmonic amplitude (i.e., the antinode of
the mode shape). Hence the vertical axis of Fig.10 represents the maximum harmonic
displacement amplitude per unit reference force (F,=1N) for each vibration mode under the
force distribution conditions shown in Fig.9 (a). It is notable that the results of the
simulation of the receptance frequency characteristics using the distributed exciting forces
(shown by Fig.9 (a)) and an equivalent exciting force applied at a single grid point (shown
by Fig.9 (b)) were in very close agreement, so far as the bending vibration modes were
concerned.

It can be seen from these receptance analyses that the maximum harmonic displacement
amplitude of the bending vibration mode is particularly large for all the harmonic
components compared to those of the other vibration modes. It should be noted here that
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Fig.10 Frequency response characteristics of the receptance for 1.0m length of
steel pipe

the maximum harmonic displacement amplitude of the longitudinal vibration mode is
around one fiftieth to one hundredth of that of the neighbouring-frequency bending
vibration mode; moreover, the vibration amplitude (receptance) of this mode is in the
direction of the pipe axis and hence scarcely influences the radiated sound pressure. It
should also be noted that the torsional vibration cannot be induced, basically because a
torsional moment is not applied in the case of Fig.9. However, if a torsional exciting
moment is applied in addition to an exciting force in the y direction, as shown in Fig.11,
then torsional vibration modes are induced and their harmonic displacement amplitude is,

in this instance, around the same order of that of the neighbouring-frequncy bending
vibration mode, as shown by Fig.12.

From a comparison of Fig.10(a) and 10(b) it can be seen that, as would be expected in
treating the pipe wall as a distributed parameter system, the closer the point of application
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1.0

Fig.11 FEM model of the cavitation-induced exciting force for the case of a torsional
moment being applied

of the exciting force, z,, gets to the node point of each mode shape (z=0), the smaller the
receptance becomes (and vice versa). The flexible hose had the same tendency,
qualitatively, as that of steel pipe in respect of the contribution of each vibration mode to
sound pressure.

4. STRUCTURE BORNE NOISE AND AIRBORNE NOISE EXPERIMENTS

Fig.13 shows the experimental frequency spectra of the vibration acceleration of
downstream pipe wall and nearby sound pressure up to 10kHz for the I1m length of steel
pipe with (a) p,=0.1MPa and (b) p,=0.2MPa, respectively. Acceleration was measured
100mm from pipe leading edge and sound pressure was measured 20mm from pipe wall (a

1077

1078

107°

[Hn () [m/N]

1010

107"
0

flkHz]

Fig.12 Frequency response characteristics of the receptance for 1.0m length of steel
pipe (z,=20mm)
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Fig.13 Measured narrow band frequency spectra of vibration acceleration of
downstream pipe wall and nearby sound pressure for 1.0m length of
steel pipe (p, =8MPa)
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Fig.14 Measured narrow band frequency spectra of vibration acceleration of
downstream pipe wall and nearby sound pressure for 0.5m length of
steel pipe (p, =8MPa)
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distance of 100mm from pipe leading edge) with a mean pressure in the orifice upstream
line of 8MPa and oil temperature being 40°C=2°C. Fig.14 shows the corresponding results
for the 0.5m length of steel pipe.

It can be seen from these experimental results that, of the three vibration modes, the
bending mode is exclusively excited by the broad band random pressure fluctuation created
by the collapse of cavitation bubbles, and only the sounds associated with these natural
frequencies are radiated predominantly from the pipe wall. Experimental results of pipe
vibration agree qualitatively well with the analytical results obtained for the receptance in
the previous section. These experimental facts agree with such results that the fundamental
mechanism for the generation of pipe wall vibration and subsequent external acoustic
radiation from pipes due to internal flow disturbances is the coincidence of internal higher
order acoustic modes with resonant bending modes in pipe wall, which was demonstrated
by Bull and Norton [6,7]. In addition, the following also can be seen: (i) the strong spectral
frequencies agree well with those shown in Table 1 obtained by the EMA; (ii) as the mean
pressure in the downstream pipe is reduced, the vibration acceleration (and hence sound
pressure) correspondingly increases; (iii) as the application position of the exciting force
moves closer to the antinode of the mode shape (in other words, as the pipe length becomes
shorter in the case of exciting position being fixed), the amplitude of the associated
vibration mode becomes larger (and vice versa).

Fig.15 shows the experimental results for the flexible hose. Mechanical vibration of the
hose wall and radiated noise from it are strongly correlated in the same manner as for the
steel pipe. But, because the resonance modes of a flexible hose are highly coupled, it is very
difficult to establish quantitatively the correspondence between the resonance modes in
Fig.15 and the vibration modes obtained by the FEM modal analysis shown in Table 2.
However, there is reasonable correlation between the number of resonance frequencies of
the bending vibration modes that appear in a certain frequency range. For example, in the
frequency range 2kHz to 4kHz there are 8 ~9 resonances, as shown by the ‘®’ symbols in
the acceleration spectra; 8§ are predicted by FEM (modes 14 to 21). In addition, broad band
vibration and noise due to the pipe ring vibration modes, which are heavily coupled, also
occur in the high frequency range above around 6 kHz. Hence it may be concluded that the
noise from the flexible hose is also generated by the same mechanism as that in a steel pipe.

Lastly, the harmonic amplitudes of the exciting force for the bending vibration during
cavitation conditions were roughly estimated by comparing the calculated vibration
amplitude from Eq.(1) with the experimental value measured at the middle of the pipe; the
hydrodynamic sources were again assumed to act at a single grid point at the position of
z, =40mm, as shown by Fig. 9(b). Fig.16 shows the experimental frequency spectra of
vibration amplitude for the Im length of steel pipe for the case of P, =8.0MPa and
P, =0.10Mpa. The normalized amplitude was obtained by dividing the measured
acceleration amplitude by (27 f)’. Table 3 presents the estimated harmonic amplitude of
the exciting force of the odd orders of the bending vibration modes for the case of
P, =8.0MPa with various downstream pressures, P,. The magnitudes of the virtual
exciting forces for the respective bending modes are considered to be reasonable,
considering the magnitude of pressure fluctuations around resonance frequencies in Fig.4.
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Fig.15 Measured narrow band frequency spectra of (a) orifice downstream pressure
fluctuation, (b) vibration acceleration of downstream pipe and (c) nearby
sound pressure [1.0m length of flexible hose (5 =8MPa, ; =0.25MPa)]
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Fig.16 Measured narrow band frequency spectra of vibration amplitude at the
middle of 1.0m steel pipe (5 =8MPa, 5 =0.1MPa)
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Table 3 Estimated harmonic amplitude of the exciting force of the odd order of
bending vibration modes ( » =8MPa, z,=40mm)

P, =0.10MPa| p;=020MPa| p,=030MPa| p,=040MPa| B, =0.50MPa

Halm] | Fi[IN] | o, [m] | Fi[N] | g [m] | Fi[N] |, [m] | Fi[N] | #,[m] | F;[N]
B-1 [2.02E-08] 0.1 |1.83E-08] 0. |2.00E-08] 0.1 |1.68E-08] 0.1 |1.53E-08] 0.1
B-3 |3.77E-08] 0.7 |3.81E-08] 0.8 |3.26E-08] 0.6 |3.08E-08] 0.6 [3.01E-08] 0.6
B-5 |5.98E-08] 2.9 |1.80E-08] 0.9 |1.07E-08] 0.5 |4.12E-09| 0.2 |4.03E-09| 02
B-7 |3.08E-08] 2.8 |225E-08] 2.1 |9.96E-09] 0.9 |547E-09] 0.5 |5.15E-09] 0.5
B-9 |1.50E-08] 2.3 [8.30E-09[ 1.3 [6.24E-09] 0.9 [582E-09] 0.9 [5.14E-09] 0.8
B-11|8.51E-09] 2.0 |5.05E-09] 1.2 |3.52E-09] 0.8 [3.16E-09] 0.7 [2.02E-09[ 0.5
B-13[2.46E-09] 0.9 [2.92E-09) 1.0 [2.74E-09] 1.0 [2.81E-09] 1.0 [2.09E-09] 0.7

5. CONCLUSIONS

A study has been undertaken to establish the noise generation mechanism from a
downstream pipe produced by hydrodynamic sources associated with cavitation within an
oil hydraulic valve orifice. The following conclusions are drawn:

(1) A steel pipe mounted downstream of a valve is excited principally at the natural
frequencies of both the bending vibration modes and pipe ring vibration modes by the broad
band random pressure fluctuation that occurs during the collapse of cavitation bubbles. The
airborne noise radiated from the pipe wall is generated predominantly at these natural
frequencies. This means that the sound pressure level of cavitation noise is also
significantly affected by the resonance of the bending and pipe-ring modes of the valve
downstream pipe, as well as the intensity of the hydrodynamic source (i.e., cavitation
intensity).

(2) The ring vibration modes have substantial effects on the noise levels in the very high
frequency regions, typically above around 15kHz for oil hydraulic steel piping systems.

(3) Cavitation noise radiated from a flexible hose has the same trends as for the case of the
steel pipe, although each mode is heavily coupled due to the soft elastic hose wall.

(4) The torsional vibration mode accompanying the radial deformation vibration mode of
the downstream pipe has practically no effect on the cavitation noise, because the torsional
excitation of the pipe is very small.

(5) The effects of the longitudinal vibration mode, which accompanies the bending
vibration, on cavitation noise can be ignored.

(6) The harmonic amplitude of the cavitation-induced exciting force can be roughly
estimated by comparing the measured value of vibration amplitude with the simulated value
from the FEM forced vibration analysis, so far as the bending vibration modes are
concerned

These conclusions are generally applicable to the sound produced by the hydrodynamic
sources associated with turbulence and/or cavitation within a valve in various kinds of
pipeline systems. In order to use FEM to predict, with reasonable accuracy, cavitation-
induced noise that is generated inside a valve orifice and radiated from the adjacent pipe,
further detailed work should be undertaken. This should include an examination of the
characteristics of the cavitation-induced exciting force (e.g. amplitude spectra, application
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point, etc.) and the frequency response characteristics of the acoustic radiation efficiency of
the pipe wall. Statistical energy analysis (SEA) may be appropriate for the prediction of the
noise levels caused by the pipe ring vibration modes in the high frequency regions, where
the modal densities are extremely high.
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Concentrated Flow Resistances
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ABSTRACT

Current developments in fuel injection, variable engine valve actuation systems, and related
fields of technology result in an increasing demand for accurate and fast simulation methods
for fluid flow in networks of small pipelines or bores within valve manifolds. Besides the
description of the flow in straight pipes, the understanding of the influence of elbow fittings,
branch connections, intersecting bores, and the like is crucial for an accurate prediction of
the dynamic behaviour. While there is a vast literature on the steady state pressure drop of
hydraulic components, the dynamic case is poorly understood even for pulsatile laminar flow.
The paper gives experimental results on the input output behaviour of test case including a
single pipeline with a concentrated flow resistance at the connection between the pipe and
a cavity of comparatively large diameter as well as minor concentrated losses due to the
mounting points of pressure sensor. Results are given in the form of frequency response
functions up to 2 kHz for the test case with a pipe length in the order of one metre.

NOMENCLATURE
a m/s? accelearation difference between piston and housing
co m/s speed of wave propagation
Do, P1, P2 Pa, bar pressure measurements
Do,1s P11, P12, P21 Pa, bar entry and exit pressures of the two pipe sections
s rad/s Laplace variable
t S time
A m? cross sectional area of the excitation piston
Dn - dissipation number
Eg N/m? modulus of compressibility of the hydraulic fluid
Jo, Jo - Bessel functions
L m transmission line length
Qo, Q1, Qs m3/s volumetric flow rates
R m transmission line internal radius
Ri, Ro kg/(m*s) concentrated flow resistance coefficients
Vv m? volume of the excitation chamber
Zy kg/(m*s)  characteristic impedance of the transmission line
Z(s) kg/(m*s) frequency-dependent hydraulic impedance
(o} - geometry parameter
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~(s) 1/m frequency dependent propagation coefficient
P kg/m? mass density of the hydraulic fluid
v m?/s kinematic viscosity of the hydraulic fluid

1 INTRODUCTION

Wave propagation in pipelines and hoses has long been studied with respect to the dynamic
characteristics of fluid power systems and for better understanding of the transmission of
fluid-borne noise. In the case of moderate line diameters and typical viscosity values of min-
eral oil, the majority of connections between fluid power components are operated under
laminar flow conditions for reasons of energy efficiency and noise mitigation. The geometric
shape of these connections is almost always dominated by long straight segments with con-
stant and circular cross section. This is why the well developed theory of laminar pipe flow
of a compressible Newtonian fluid has widely been used in the fluid power community.

In order to keep the focus on the influence of concentrated flow resistances, the phe-
nomenon of cavitation or column seperation is omitted in this paper. Furthermore, the
pipelines are assumed to be mounted rigidly to a supporting structure allowing only radial
deflection of the elastic pipe wall. The influence of the radial deflection on the wave propa-
gation in the fluid is assumed to be treatable by an effective bulk modulus of compressibility
somewhat lower than the value suggested by the fluids properties. This restriction allows
to treat the pipe flow problem without coupling to the structural dynamics of the pipework.
In the case of internal connections within hydraulic manifolds this assumption holds quite
generally. An important application area of such internal connection pipe networks arises in
the technology of hydraulically operated variable valve train systems where a set of small
bores within a cylinder head establishes the supply connections for the small hydraulic drives
operating the engine valves.

The so-called ’frequency-dependent’ friction theory of axisymmetric flow [1] describes
the input-output behaviour of fluid power pipelines with rigid walls very well under the fol-
lowing assumptions:

1. The ratio between the operating pressure and the bulk modulus of compressibility is
small compared to one. In this case a scaling of the equations using dimensionless vari-
ables for pressure, flow rate, and time shows that the convective terms are negligible.

2. Fluid properties can be regarded as independent of pressure and temperature

3. The geometry of the pipeline system is dominated by sections of cylindrical shape with
a length much bigger than the diameter.

4. Any change of direction of the pipeline appears smoothly with a radius of curvature
considerably larger than the radius of the circular cross section.

5. Steps in the pipeline diameter are small.

6. If three or more pipes join in a node, the nodal volume can be neglected and all
pipelines face a pressure boundary condition computable from a Kirchhoff-type nodal
equation.
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The first assumption is normally met for both oil and water hydraulic systems because of
the high modulus of compressibility. The second assumption may be violated if a pipeline
operates in a wide pressure or temperature range. While this is a problem with respect to
modal approximation methods, the resulting nonlinearities can be treated in simulation codes
built on a spatial discretization of the pipeline like finite element methods.

A number of open questions exists about the necessary degree of fulfillment of the re-
maining assumptions. While there is abundant literature about pressure drops in stationary
flow [5], the information about the instationary case is sparse. For a theoretical treatment of
pipe wall discontinuities see, for instance [6]. The gap between highly sophisticated compu-
tational fluid dynamics approaches and the low order models needed for system design and
control is large. While special applications have already been treated in the fluid mechanics
literature [7], the fluid power community has long concentrated on transmission line mod-
eling under ideal conditions. However, the effect of sharp pipe curvatures, T-joints and the
like becomes more important due to the high operating frequencies and short pipe lengths
involved in fuel injection, variable valve actuation, and other non-classical fluid power sys-
tems.

This paper describes the first experimental results of a project aimed towards the clarifi-
cation of the influence of non-ideal geometries such as large steps in pipe diameter or sharp
elbow bends on the dynamical behaviour of fluid transmission lines.

2 EXPERIMENTAL SETUP

e, AV 7
i )

P iz
lower chamber upper chamber & pipe

T T pressure pressure T
|><‘ I H control control ; o

m

7 PZT actuator

Figure 1: Experimental setup.

Because of the high eigenfrequencies of pipe networks with characteristic lengths in the
order of one meter, both the excitation and the measurement devices need to be capable of
dealing with frequencies up to several thousand Hertz. If fast hydraulic servo-valves are
operated at small amplitudes like 1 to 5 % of full scale, frequencies up to 1000 Hz can be
generated. However, this is still too low for the application at hand. Some authors have used
fast cutoff devices and generated high frequency excitation by closing a valve so fast that
the closing time is small against the inherent time constants of the pipe system. A classical
experiment in this area was done by Holmboe and Rouleau [3] in 1967.
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The approach presented in this paper uses a piezo-electric stack translator as excitation
source.

Table 2: Experimental equipment.

PZT actuator Physik Instrumente P 245.70
piezo electric pressure gauges Kistler 6005
piezo-resistive pressure gauges GE Druck PDCR 4060
accelerometers Kistler 8202A10
lower chamber pressure control valve Moog D633

upper chamber & pipe pressure control valve  Moog D760-995A

A simplified sketch of the excitation device is given in Fig. 1. The device features a
piston loaded by a piezo-electric stack actuator and two cylinder chambers. The pressure in
the lower chamber is maintained by a servo-hydraulic pressure control loop with an absolute
pressure gauge and a directional control valve. The pressure at the end of the pipeline under
test is again stabilized by a servo-hydraulic control loop. The voltage at the piezo-electric
actuator is controlled by a power amplifier. The volumetric flow rate injected into the system
by the movement of the excitation piston is captured by two accelerometers attached to the
piston and the housing, respectively. This allows for the computation of the acceleration
difference between piston and housing.

The pressure values for the control of the mean pressure levels both in the lower chamber
and at the end of the pipe system under test are measured by piezo-resistive transducers giving
absolute pressure values.

2 A FIRST TEST CASE

Table 3: Parameter values for the first test case.

pipe section length L 1321 mm
inner pipe radius R 4mm
geometry parameter a 173

mean pressure in the pipe section 60 bar

kinematic viscosity of the hydraulic fluid » 90 ¢St @ 20°C
cross sectional are of the excitation piston A 754 mm?
excitation chamber volume vV A-25mm3

The sketch of the experimental setup in Fig. 1 already contains the first test case. A
straight pipe section is attached to the excitation device. A first piezo-electric pressure gauge
measures the pressure in the upper chamber of the excitation device, a second one at a distance
of L/3 and a third one at a distance L measured from the start of the pipe section at the inner
wall of the upper cylinder chamber. The details of the pressure sensors mounted within the
pipeline are given in Fig. 2.



An experimental result on the measurement of concentrated flow resistances 431

Figure 2: Kistler type 6005 sensor mounted in a steel pipe.

A simplified equivalent circuit diagram of the experimental setup is given in Fig. 3. Two
sections of a straight pipeline with lengths oL and (1 — «) L are mathematically represented
by their transfer function matrices

(la)

(s)
] [ o, D | [0

Z
where the propagation coefficent v and the hydraulic impedance Z are defined as

P11 (s) B cosh (yaL)  —Zsinh (yal) Po,1 (s)
| —%sinh(yaL)  cosh(yal)

Jo ( Jo (
A s (

with the speed of wave propagation ¢y and the characteristic impedance 7, given by

Y=

R)

Efl
— d Zy=
P an 0 R271’

Leakage flow over the gap between cylinder and piston in the excitation device is neglected
and the differential acceleration measurement is assumed to be ideal, i.e. the integral of the
acceleration with respect to time multiplied with the piston area is assumed to give the flow
rate injected into the chamber connected to the first section of the pipeline. The pressure
within this chamber will then obey the equation

= spo(s) = 42— 3y (). @)
i

Concentrated flow resistances are supposed to be present at the attachment of the pipeline to
the excitation chamber and at the points where the mounting of pressure sensors within the
pipe disturbs the cylindrical geometry of the inner pipe wall. The resistances are modelled as
linear relationships between flow rate and pressure drop resulting in
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Do (s) —po,1(s) = R1Qo (s), (3a)
Pra(s)—pi(s) = RaQi(s), (3b)
Pr(s) —prals) = RaQi(s), (3¢)
Paa(s) —p2(s) = RaQa(s) (3d)

A number of assumptions have been made in order to arrive at the equivalent circuit diagram
of Fig. 3 and the mathematical equation system (1-3):

o Nonlinear effects such as the convective terms in the Navier-Stokes equations describ-
ing the pipe flow and nonlinear material behaviour such as the variation of the bulk
modulus of compressibility with pressure are neglected

e Wave propagation is modelled by the frequency-dependent friction model [1] in the
two pipeline sections only. The pressure distribution within the excitation chamber is
assumed to be uniform. This assumption relies upon the small geometric dimensions
of the excitation chamber compared to the pipeline length.

e Mechanical vibration of the pipelines and their supporting structure are neglected. The
influence of the radial deflection of the pipe wall is accounted for by an effective bulk
modulus of compressibilty which is somewhat lower than the value suggested by the
fluid properties.

Vo

Ro| R
Po Po,1 P11 Pt P12 P21 P2

Figure 3: Equivalent circuit diagram for the first test case.

3 A SCALED MODEL FOR PARAMETER IDENTIFICATION

The basic idea of this paper is to study the influence of concentrated flow resistances within
systems of hydraulic transmission lines by matching measurement results to theoretical trans-
fer functions in the frequency domain. As this match involves the identification of unknown
system parameters, the number of independent parameters has to be known. In the exam-
ple given by eqs. (1-3), the physical parameters are the fluid properties p, v, and E;, the
pipeline dimensions R, L, and «, the volume of the excitation chamber V, and the values for
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the concentrated flow resistances Ry and Rs. This gives a total of nine parameters. While the
pipeline dimensions are exactly known, the information about the other parameters ranges
from approximate values for the volume V" and the density p to rough guesses for the ef-
fective bulk modulus E'¢; and the resistance values /2; and Ey. A diagram for the viscosity
of the hydraulic fluid used in the tests is available giving a value of 90 - 107% m?/s at an
oil temperature of 20°C. To this end, only three parameters can be regarded as known, the
others have to be identified within reasonable lower and upper limits. In order to improve the
numerical properties of the parameter identification problem, the model is reformulated by
using a dimensionless time and frequency scale

Co . L
=—1 §=— 4
r=h 8=l @
the dimensionless dissipation number [2]
vl
Dn=——
" C()R2

and a scaling of all flow rates in the form

Qi (1) =8DnZyQ;(t), i=0,1,2.

The rescaled model reads

pra| cosh (§a)  —Zsinh (3a) 0,1 s
01 o —% sinh (§a)  cosh (Fa) Qo (52)
P21 B [ cosh(3(1—a)) —Zsinh(5(1 — a)) } 1,2 (5b)
Q- o f%sinh FA—-a)) cosh(F( —a)) Q,
Dncispy = Dn 02@ — éo (s) (5¢)
po—dos = Qo (54)
Pra—p = RO (5¢)
P2 = RoQy (59)
D1 —P2 = 15@@2 (5g)

with a scaled hydraulic impedance Z and a scaled propagation coefficent 4 defined as

The remaining parameters are the known geometry parameter «, the dissipation number Dn
and the new parameters

R1 R _ RQ 6
SvpL’ 2 ™ Bupl ( )
Rirm Rim

A ~
Co = 8pLﬁ’ R1 =
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resulting from the scaling process. The speed of wave propagation cg is needed in the time
scaling of eq. (4) and therefore has to be included in the list of parameters to be identified.

The differential acceleration a and the pressure po are regarded as system inputs, the
remaining two measurements py and p; are treated as outputs. The equation system (5) is
solved for py, p1, QO, Ql, Qg, Do.,1, D11, D1,2, and ps 1. After measuring the input and output
signals of the real sytem under appropriate excitation, the measured inputs can be substituted
into the solution for the outputs y and p;. These predicted outputs are then compared against
the measured values. The match is optimised by variation of the unknown parameters using
a nonlinear least squares algorithm from the Matlab optimization toolbox [4].

4 EXPERIMENTAL RESULTS

Experimental data is collected by using pulse excitation with the piezo-electric actuator. Mea-
surements of the pressures pg, p; and poand the differential acceleration a are collected at a
sampling frequency of 100 kHz. The Fourier transforms of the signals are computed by the
FFT algorithm with a number of 100000 samples. The parameter identificaton is performed
by minimisation of the quadratic error between the Fourier transforms of the measured sys-
tem outputs and the values predicted from the measured inputs by use of the model (5). The
residual difference between measured and predicted values is shown in Fig. 4 in the form
of spectral amplitude densities. The identified speed of wave propagation is ¢y = 1382
m/s and the dimensionless concentrated flow resistances parameters are R; = 0.05193 and
R, = 0.001682. Due to the scaling defined in eq. (6), this translates directly to a fraction
of the stationary pressure loss coefficient for the pipeline with length L. The pressure loss
coefficient for the pipe inlet is 5.2 % of the Hagen-Poisseulle friction coefficient for the whole
pipeline. The minor losses turn out to be negligible with a fraction of 1.7 - 10~3of the total
stationary pressure loss along the pipeline for each of the resistors labeled Rs in Fig. 3.

4 CONCLUSIONS AND OUTLOOK

An experimental procedure has been set up for the measurement of concentrated flow re-
sistances within a fluid transmission line. A first test case has shown promising results. A
number of further tests will now be performed to validate the method:

e The validity of the linear relationship between flow rate and pressure drop has to be
tested by variation of the excitation amplitude.

e The pulse excitation will be replaced by sinusoidal excitation. This will allow the
measurement of the system response frequency by frequency. Nonlinearities can be
detected by higher order harmonics in the response signals.

o The assumption of rigid mounting of the pipeline was not fully met in the first experi-
mental setup. New experiments will be performed with a stiffer support of the pipelines
or with bores built into massive manifolds.
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Figure 4: Comparison between measured and predicted outputs.
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The dynamics of hydraulic fluids —
significance, differences and measuring
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ABSTRACT

In this paper the most important dynamical properties of hydraulic fluids and the
significance of fluid dynamics on hydraulic systems control are introduced. The bulk
modulus, density and sound velocity of five different types of commercial hydraulic fluids
were measured at different temperatures and pressures up to over 600 bar. The
measurements were based on defining the pressure wave propagation time at known length
of rigid straight pipe. The conventional measuring system had to be modified due to
aeration and reflection problems which were revealed at pressures over 300 bar. Finally the
results are discussed and compared with each other. The results are also compared with
recent, relatively easy-to-use mathematical models for possible correlation.

NOTATION

B, Effective bulk modulus [Pa]

B, Secant adiabatic bulk modulus [Pa]
B, Secant isothermal bulk modulus [Pa]
B Tangent adiabatic bulk modulus [Pa]

Tangent isothermal bulk modulus [Pa]
Speed of sound in the fluid [m/s]

B

c

P Pressure [Pa]

Pum Atmospheric pressure
T

Temperature [°C]
P, Density at measured pressure and temperature [ kg/m’]

PamT Density at atmospheric pressure and at temperature T [kg/m”]

e Kinematic viscosity at atmospheric pressure and temperature of 20 °C [cSt]
atm,20”
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1. On the significance of hydraulic fluid dynamics

The dynamics of hydraulic fluid is an important factor when dealing with accurate control
systems. The dynamic fluid parameters considered in this paper are the bulk modulus and
density which are no doubt the most important ones — the sound velocity can be calculated
from these values (12).

The bulk modulus is the most crucial fluid parameter considering the system dynamics. The
effect of fluid bulk modulus on the control responses is demonstrated using a simple
simulation model of a P-controlled hydraulic cylinder position servo (figure 1). The control
signal of the servo valve is a typical trapezoid. The idea of the model is only to give an
example rather than to mimic most accurately the real-life solutions. Nevertheless, the
effect of fluid bulk modulus is similar to more accurate models.

Position 1w — ! -
o b P27 wstw2 s

_ Gain Position Scaling Postion/mm
Trapezoid Actuator Integrator

Figure 1 The simulation model.

The system is designed using the common belief that the fluid bulk modulus is 1500 MPa
independent of the pressure, temperature or the fluid. The set value of 200 mm with the
accuracy of 0.2 mm would be reached at 0.45 seconds and the maximum overshoot would
be 0.2 mm (figure 2). However, the fluid bulk modulus was found out to vary from 1300
MPa up to 2200 MPa at temperatures 40-70 °C and pressures 50-600 bar with different
types of commercial hydraulic fluids (9). Therefore the assumption of bulk modulus of
1500 MPa is not necessarily accurate enough.

Even in the simple simulation model the bulk modulus affects the natural frequency and the
damping ratio. The bulk modulus used in the equations is naturally the effective value of
the whole system, but especially in high-pressure systems the constructions have to be so
stiff that the fluid has the decisive role. The simulations show that if the fluid bulk modulus
is 1300 MPa the set value of 200 mm with the accuracy of 0.2 mm is reached only at 1.1
seconds and the maximum overshoot is nearly 0.4 mm (figure 2) due to lowered natural
frequency. On the other hand, using the bulk modulus of 2000 MPa the set value with the
same accuracy is reached at 0.7 seconds and the overshoot is nearly 0.3 mm due to lower
damping. Both the too low and the too high value for the bulk modulus give poorer results —
one can imagine the effect in the more critical and to the extreme tuned solutions.

If the fluid bulk modulus is over 2200 MPa the natural frequency increases more rapidly
than the damping ratio deceases and thus the simulated response would seem to become
better and the gain used might be even raised. On the other hand, if the actual bulk modulus
is low enough compared to the estimated one the whole system becomes unstable due to
exceeding the critical gain. Therefore it is most harmful to estimate the bulk modulus too
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high without proper knowledge of the actual fluid behavior. However, estimating the bulk
modulus too low can be harmful as well.
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Figure 2 The simulated responses using different fluid bulk modulus.

The designer also has to take into account some other factors arising from the fluid
dynamics. Although the high bulk modulus was desirable in the control sense it can cause
difficulties in the form of pressure hammer effect. The less compressible the fluid the less it
dampens the pressure peaks. Also, the density of fluid affects the pressure hammer in the
same way. The density can also be important in very accurate control solutions where the
mass of the fluid has to be taken into account when calculating the inertia of the system.
Last but not least the sound velocity in the fluid determines the minimum response time of
the system — the response cannot be faster than the speed of sound in the fluid. Furthermore
the sound velocity determines the resonant conditions at certain fluid line length and pump
output frequency (13).

2. Measuring the dynamic parameters of fluids
The common practice to measure the dynamic bulk modulus and density of a fluid is based

on determining the sound velocity in the fluid. For example two or more pressure
transducers are used to measure the pressure pulsation caused by the pump. When the
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transducers are attached to a rigid straight pipe at known distance from each other the
pressure wave propagation speed (equals the speed of sound) can be measured from the
time shift of the wave. There are more than one published measuring systems based on the
above principle having mostly calculative differences (6, 8, 11). However, probably the
most “convenient” method in mathematical sense is known as the “cross correlation
method” where the idea is to calculate the time delay of two waves with computational
cross correlation algorithm (16). According to references (11, 16) the method had been
found out to be accurate enough at pressures up to 300 bar and was therefore selected as the
measuring method. Nevertheless, the measurements at pressures over 300 bar revealed
some problems demanding modifications to the system.

In a nut shell the principle of finding out the bulk modulus and density of a fluid by
measuring the speed of sound is based on two equations. On one hand the effective bulk
modulus of the system and the density of the fluid are linked together by the speed of sound
according to the equation (1) (12). On the other hand there is another connection between
the effective tangent bulk modulus and the density of the fluid according to the equation (2)
(3). Having only two unknown variables the density of the fluid and the effective bulk
modulus can be now calculated with iteration. By estimating the bulk modulus of the
system and removing its effect from the effective bulk modulus the fluid bulk modulus can
also be found out — when the fluid is assumed air free.

ez |Ber (1)
pﬂ
P=Pam
pn = patm,Te B (2)

3. The modifications to the original measuring system

The schematic picture of the original measuring system is illustrated in figure 3. The main
components are a radial piston pump, two piezoresistive pressure transducers sampled at
100 kHz, two temperature sensors and a flow control valve. The system was designed to
operate at continuous pressures up to 700 bar.

p1 p2

D7) A

<

] AN

T T2

Figure 3 The original measuring system.
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The system was tested using typical ISO VG 46 mineral hydraulic oil which has properties
reasonably well known. To be able to measure the parameters at different temperatures and
to maintain the desired temperature stable enough a relay-controlled water cooler was
added in the system. The test measurements gave quite promising results at pressures up to
300 bar but at higher pressure levels the results became more and more mysterious. The

measured densities were way too high and the bulk moduli were way too low. Something
had to be wrong with the system.

The aeration problem was quite naturally the first concern and actually significant air
formation was discovered at pressures over 300 bar — due too high a pressure difference
over the flow control valve (10). Three minor flow control valves were added in the return
line but it was discovered that probably with only one additional flow control valve there
could have been adjusted just enough back pressure to prevent the air formation. Also a
transparent “air separation tank” was built and added on top of the original tank to be able
to monitor the condition of the returning fluid — no air was further detected. Although a
major flaw was fixed the following measurements did not show any improvements.

The next step was to assume that the pipe and the fittings were not rigid enough. Those
were replaced with high pressure components for pressures up to 3200 bar. The following
measurements gave even poorer results which began to indicate that there might be some
problems with wave reflections — becoming even worse due to less bending constructions.

The real-time monitoring of the pressure signals was added to the system and it was
obvious that the pressure wave reflected from the flow control valve distorting the wave
form observed by the transducers. The shape of the wave should not change in the rigid
straight pipe (14) but as it can be seen from the figure 4 the waves were far from identical.
Although reflections began to distort the results more clearly at pressures over 300 bar

minor reflections were observed even at pressures under 300 bar also slightly affecting the
results.
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Figure 4 Pressure wave reflection at 500 bar.

The solution to the problem was to build a damping chamber (1, 4, 7) in the pressure line to
remove the reflections. The orifice of the chamber inlet is adjusted to set the impedance of
the chamber equal to the line impedance — the chamber acts like a very long straight pipe
removing the reflections. A schematic picture of the chamber is shown in figure 6 and the
effect of orifice opening on the pressure waves is illustrated in figure 5.
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Figure 5 The pressure waves when the orifice opening is (a) too big, (b) too small and
(c¢) reasonably well adjusted.

The damping chamber was adjusted before every measurement and the test measurements
proofed that the mystery was solved. The schematic diagram of the modified system is
shown in figure 7. The need for similar modifications especially at elevated pressures to the
other measuring systems introduced in (6, 8, 11) was not tested. Nevertheless, the basic
concept of all the systems is quite similar and probably it would be wise to be at least
prepared to confront such problems as well.

Verstellblende Kammervolumen Verstellspindel pi

e e e [ B

Leitungsanschlufy lastseitiger Anschluf® é

Figure 6 The damping chamber. (1) Figure 7 The modified system.

4. The measured dynamic parameters of various hydraulic fluids

The speed of sound, bulk modulus and density were measured with five different
commercial hydraulic fluids at three temperatures (40 °C, 55 °C, 70 °C) and at pressures 60-
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600 bar. The fluids and reported fluid characteristics used in later calculations are listed in
table 1. The measurements were made at pump speed of 1000 rpm. In practice the pumping
frequency should not affect the results (15, 16) but to make sure this was also proofed by
doing some measurements at pump speed of 1500 rpm with similar results (9). The results
are discussed and compared in the following.

Table 1 The measured fluids.

Hydraulic fluid Density, atm.pressure, | Viscosity, Viscosity,
15 °C temperature 40 °C temperature | 100 °C temperature
ISO VG 46 Mineral oil 875 kg/m? 46 cSt 6,9 cSt
ISO VG 46 Pine oil 928 kg/m? 46 cSt 9,9 cSt
ISO VG 46 Synthetic HF-E fluid 928 kg/m? 46 cSt 9,1 cSt
ISO VG 46 High-VI mineral oil 880 kg/m? 46 cSt 8,4 cSt
SAE 10W-30 Diesel engine oil 880 kg/m? 73 cSt 11,3 cSt

4.1 The measured speed of sound

Although the measurements were carried out at three different temperatures the results are
presented here only at temperatures of 40 °C and 70 °C due to the fact that there was no
unpredicted temperature behavior noted between these two temperatures (9). The results of
measured speed of sound are presented in the figures 8 and 9.

The speed of sound seems to behave rather similarly at changing pressure and temperature
regardless of the fluid. It can also be noticed that the magnitude of speed of sound does not
have a great difference between the fluids — the values for all the fluids are well within 50
m/s. However, the speed of sound is highest in the pine oil but lowest in the HF-E fluid.
The values for mineral oil based fluids fall between them.

The Measured Speed of Sound with Linear Regression, 40C
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Figure 8 The measured speed of sound at 40 °C and pressures 60-600 bar.
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Figure 9 The measured speed of sound at 70 °C and pressures 60-600 bar.

4.2 The measured bulk modulus

The results of measured bulk modulus at temperatures of 40 °C and 70 °C are presented in
the figures 10 and 1. In practice all the fluids seem to have similar compressibility
behavior at changing temperature and pressure. However, there are quite remarkable
differences between the absolute values depending on the fluid. The pine oil clearly has the
highest bulk modulus being almost 200 MPa higher than for example the bulk modulus of
the high VI oil. The synthetic HF-E fluid has the second highest values and so it can be
pointed out that the mineral oil based fluids have the lowest bulk moduli. Therefore, in
terms of control system response, the mineral based fluids seem to have poorer

performance than the less commonly used alternatives.
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Figure 10 The measured bulk moduli at 40 °C and pressures 60-600 bar.
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The Measured Bulk Moduli with Linear Regression, 70C
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Figure 11 The measured bulk moduli at 70 °C and pressures 60-600 bar.

At first look one might say that the value of bulk modulus can be predicted by comparing
the densities given in table 1 and partly it can be true. However, for example the pine oil
and HF-E fluid have the same densities but still different bulk moduli. Therefore the actual
values should preferably be measured. Furthermore, depending on the manufacturer there
might be differences between fluids although classified under the same category and
therefore one should be prepared to regard every fluid individually.

4.3 The measured density

The results of measured density at temperatures of 40 °C and 70 °C are presented in the
figures 12 and 13. All the fluids seem to have entirely similar changes in density at
changing temperature and pressure. The magnitude difference between the densities of
fluids appears to be exactly the same as difference given in table 1, independent on pressure
or temperature. Therefore, unlike the bulk modulus the density difference between certain
fluids is not necessarily as difficult to predict.
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Figure 12 The measured densities at 40 °C and pressures 60-600 bar.
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The Measured Densities with Linear Regression, 70C
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Figure 13 The measured densities at 70 °C and pressures 60-600 bar.

4.4 On the accuracy of the measurements

The relative error of the measured speed of sound depends on the sampling ratio used and
on the pipe length (11). Using a pipe length of 2 meters and a sampling rate of 100 kHz will
lead to an error under 1 %. The accuracy of bulk modulus and density is more difficult to
define as precisely due to the iterative nature of the calculations and due to some uncertainty
coming from the fluid density reported by the manufacturer. Otherwise the error of pressure
values used in the calculations was well below 2 % and the temperature error was within 1
°C. In any case the measurements can be regarded as relatively accurate.

5. Comparing the measured results with mathematical models

Mathematical equations for modeling fluid parameters in changing pressure and
temperature are presented in the reference (2). The equations do not use any experimental
constants unique for some certain systems but all the information needed can be found from
the fluid characteristics informed by the manufacturer like the ones in the table 1 — the
viscosity at the temperature of 20 °C can be for example calculated with the Walther
equation (5). Therefore such equations would be easy to use in any hydraulic simulations.
The measured values of bulk moduli and densities were compared to the calculated ones
and the results are discussed in the following.

At first there should be pointed out that the bulk modulus can be expressed in four ways.
On one hand the bulk modulus can be either secant or tangent and on the other hand it can
be isothermal (constant temperature) or adiabatic (constant enthalpy). Due to the rapid
nature of hydraulic processes it is usually suggested that the adiabatic tangent bulk modulus
should be scientifically correct value (5). The measuring concept used is also commonly
linked to the adiabatic tangent bulk modulus.

The four different bulk moduli (isothermal secant, adiabatic secant, isothermal tangent,
adiabatic tangent) were calculated using the equations (3)-(6) (2) respectively for every
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fluid at every measuring temperature and pressure. Same way the density was calculated

using the equation (7) (2).
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The calculated results and the measured results were plotted in the same diagrams. In
practice there did not seem to be drastic temperature dependent differences between the
measured and calculated results (9) and therefore only the results at the temperature of 40
°C are shown here. Furthermore all the mineral oil based fluids seemed to have similar
simulation results with respect to measured values (9) and therefore only the results for
basic mineral oil are shown here in the figures 14 and 15. The results for pine oil and HF-E

fluid are also presented in the figures 16-19.

Bulk modulus/ISO VG 46 Mineral oil, 40C
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Figure 14 The measured and calculated bulk moduli of mineral oil.
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Figure 15 The measured and calculated densities of mineral oil.
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Figure 16 The measured and calculated bulk moduli of pine oil.
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Figure 17 The measured and calculated densities of pine oil.




The dynamics of hydraulic fluids — significance, differences and measuring
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Figure 18 The measured and calculated bulk moduli of HF-E fluid.
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Figure 19 The measured and calculated densities of HF-E fluid.

As it can be noticed the measured and calculated densities are practically the same for every
fluid the largest difference being about 5 kg/m® and as mentioned earlier at higher
:emperatures the results were similar. Hence, it is probably appropriate to say that on one
1and the measurements had to be quite successful and on the other hand the mathematical
model for density is rather realistic.

Unlike densities the measured and calculated bulk moduli have some differences depending
on the fluid. The measured values of mineral oil based fluids would seem to be exactly the
same as the calculated isothermal tangent values. On the other hand the measured values of
sine oil correlate well with calculated adiabatic tangent values — actually at higher
emperatures even slightly better (9). The measured values of HF-E fluid lie in the middle
of the above mentioned calculated lines. In any case the slopes of calculated tangent and
measured lines are practically always the same and therefore it is quite safe to say that air
1as no effect on the results. Otherwise the measured slope should be steeper compared to
‘he calculated one because air makes the fluid more compressible at lower pressures.
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6. Conclusions

In this paper the dynamics of hydraulic fluids and its importance on hydraulic systems
control was discussed. The common measuring system for fluid bulk modulus, density and
speed of sound was modified for operating also at pressures over 300 bar. Five different
types of commercial hydraulic fluids were measured at different pressures and
temperatures. According to the results the dynamic parameters acted similarly at changing
pressure and temperature independent on the fluid. However, significant differences were
found in absolute values. The results were also compared to mathematical models for bulk
modulus and density which raised the question of whether the measuring system actually
will give the adiabatic tangent bulk modulus instead of the isothermal one. After all the
mineral oil is usually considered as a reference fluid and the mathematical model was found
out to be quite accurate at least in calculating densities. Furthermore, the pine oil and HF-E
fluid are known to bond water easier while stored but would this have the effect of raising
the bulk modulus of pure fluid enough? Further research is needed.
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Measurements of elastohydrodynamic
pressure field in the gap between piston
and cylinder
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ABSTRACT

The paper presents the design of a new test device, which was developed to measure
dynamic pressure fields and temperature distribution in the gap between the piston and
cylinder of swash plate axial piston machines. For this purpose, a special pump has been
developed and built. This pump allows the measurement of pressure and temperature in the
gap between piston and cylinder on 1620 points using a special mechanism to readjust
9 piezoelectric pressure sensors and 9 thermocouples. The aim of these measurements is to
investigate the elastohydrodynamic pressure generation in narrow gaps and to improve
current mathematical models. Measurement results for two different operating parameters
will be presented and compared with simulation results using the EHD version of CASPAR.
The basic elastohydrodynamic model implemented in the EHD CASPAR version has been
presented at Bath workshop 2003 [1].

INTRODUCTION

The achievable operating parameters, the loss behaviour and the reliability of displacement
machines are mainly influenced by the design of the sealing and bearing gaps. Sealing and
bearing gaps are presented in nearly all types of displacement machines. The problems
associated with an optimal gap design are very similar for all machine types. The gap
height varies usually in a range of a few micrometers where the other gap dimensions
(length and breadth) lie in the range of some ten millimetres. The primary design goal is to
achieve full lubrication in a wide range of operating parameters of the pump or motor. This
requires sufficient load carrying ability of the lubricating gap. Despite extensive world-
wide research investigating the influence of surface shape, material and surface roughness
on gap flow condition, many questions about the physical behaviour in the sealing and
bearing gaps of these machines have been left unanswered, refer e.g. [2-11]. The major
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problem is to understand the interaction of physical the phenomena created by the fluid
flow in the gap, especially the influence of micro motion, temperature and elastohydrody-
namic effects on the resulting dynamic pressure field. The non-isothermal gap flow model
which incorporates elastohydrodynamic effects and time dependent gap heights developed
for the connected gaps of swash plate axial piston machines by Huang and Ivantysynova [1]
tries to take all known effects into consideration. This model has been implemented in an
updated version of the simulation tool CASPAR [12]. It allows for example the calculation
of friction forces between the piston and cylinder. Lasaar and Ivantysynova [13] have com-
pared these calculated piston friction forces with measurements using a special test rig. The
piston friction forces obtained with the elastohydrodynamic model presented in [1] fit much
better with measurements than the results of the rigid model, where elastohydrodynamic
effects were neglected. Nevertheless there are deviations between measurement and simula-
tion especially during the suction stroke of the piston which cannot be explained with the
current model. Further investigations are required to understand the physical effects better
and to improve current models. This lack on understanding was the main reason for devel-
oping a special measurement method for measurement of dynamic pressure fields between
piston and cylinder of swash plate axial piston machines.

1 MEASUREMENT METHOD

The aim of the presented research is to develop a method for measuring dynamic pressure
fields in narrow gaps under realistic operating conditions of an axial piston pump. The
measurements should enhance the understanding of the physical effects taking place in these
gaps better, which finally should allow to improve current simulation models. The meas-
urements performed in this research study will be compared with simulation results
obtained by the elastohydrodyamic model implemented in the EHD CASPAR version.

1.1 Requirements and boundary conditions

The generated pressure field in the lubricating gap balances external forces, which are
exerted on the parts forming the gap. This requires a sufficient fluid film thickness, i.e. an
appropriate gap height avoiding mixed friction. The investigations and measurements
undertaken in the presented research work concentrate on the piston cylinder assembly of
swash plate axial piston machines. The piston cylinder assembly in piston pumps and
motors cannot be balanced hydrostatically. Therefore the hydrodynamic pressure generation
is particularly important for the lubricating gap between piston and cylinder. Since the
pressure and inertia force exerted on the piston change with rotating angle, i.e. the forces
are time dependent, the forces generated by pressure field in the gap must also change with
rotating angle of the cylinder block. The time dependent forces exerted on the piston lead to
a micro motion of the piston causing a varying gap height over one shaft revolution, i.e., the
position and shifting velocity of the piston changes periodically. The varying gap height
leads finally to a dynamic pressure field in the gap, i.e. for each angular position of the
rotating cylinder block a different pressure field is generated by the fluid film in the gap.
Figure 1 shows the gap between piston and cylinder and a typical hydrodynamic pressure
field, which was obtained using the EHD version of CASPAR. Figure 2 shows the calcu-
lated pressure fields for different angular positions ¢ of the rotating cylinder block. It is
obvious that the hydrodynamic pressure field in the gap changes periodically. Figure 2
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further shows that the measurement of the hydrodynamic pressure field requires an array of
measurement points, because of very high pressure gradients appearing in relatively small
areas. For the measurements of the reported research a pump speed up to 3000 rpm should
be realizable. The boundary conditions for the measurement of dynamic pressure fields can
be summarized as follows:

1. The time dependent change of the pressure field requires an appropriate bandwidth
of pressure sensors depending on the maximal pump speed. Based on the calcu-
lated dynamic pressure fields, where the pressure rise of 420 bar within a time of

Al =t,—t; =8 10™*s has been calculated, the corresponding required bandwidth

of the pressure sensor is f,, = 1.25 kHz. For realistic measurements of ampli-
tudes as shown in Fig. 2 the time constant of the measurement system needs to be
at least five times faster than the measured signal. This finally requires a signal
bandwidth of the measurement systems of /' >5-1.25kHz > 6.25kHz .

2. An array of pressure measurement points is necessary to measure the local pressure
peaks, thus a method had to be found to realize this with available sensors or a com-
plete new sensor had to be developed. For the measurements a standard piston cylinder
assembly was chosen allowing comparison with friction force measurements, which
were made on a 75 cc units. Thus the basic gap dimensions are given, see Fig.1.

3. Large hydrodynamic pressure peaks are often generated close to the ends of the
piston guide length, i.e. on both ends of the gap. This requires the placement of sensors
very close to the gap end.

Bushing 30 Gap  glipper
Cylinder block —

unwrapped gap

Pressure [bar]

Figure 1: Gap between piston and cylinder and simulated pressure field using EHD
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The fluid flow in the lubricating gap leads to energy dissipation heating the fluid and finally
changing the viscosity of the fluid in the gap. The change of temperature and viscosity of
the fluid influences the load carrying ability of the fluid film. Therefore the measurement of
the temperature distribution in the gap is a second important task of the proposed experi-
mental set up.

Figure 2: Calculated pressure fields between piston and cylinder using the EHD CASPAR
simulation tool, n =3000 rpm, pyp= 300 bar

1.2 Measurement principle

The measurement of dynamic pressures requires the placement of the pressure sensor
very close to the measurement point. Fig. 3 shows the chosen basic installation principle,
where the pressure sensor is connected with the gap by a very thin and short bore. The
piezoresisitive pressure sensor 4065A from Kistler is currently the smallest pressure
sensor currently available on the market, which fulfils the given requirement regarding
measurement range (up to 1000 bar) and bandwidth. The measurements are made using a
standard piston- cylinder assembly corresponding to a 75 cc unit, see Fig. 1. For the
measurements, a single piston pump design with kinematic reversal of the standard swash
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plate pump has been proposed, i.e. a rotating swash plate and a fixed cylinder block. This
avoids a signal transfer from the rotating cylinder block. The developed measurement
procedure is based on the idea of measuring the entire pressure field by repeating
measurements after turning the entire cylinder block against piston. Fig. 4 explains that
the size of the gap and the dimensions of the chosen sensor make it possible to measure
the pressure and temperature at 1620 points of the gap by implementing 9 pressure sen-
sors and turning the cylinder block around the piston 180 times, i.e. for every 2°.

Pressure sensor
Cylinder block

Gap

Piston

Figure 3: Basic installation principle of pressure sensors

Location of pressure sensors unwrapped gap

Figure 4: Placement of measurement points over gap length and gap circumference

Figure 5 shows the implemented pressure sensors and the thermocouples. The entire test set
up used for the measurements is shown in Fig.6.
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Figure 5: Sensor implementation in cylinder block
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Figure 6: Scheme of the proposed measurement set up
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1.3 Test Pump Design

A special test pump was designed for the measurements of pressure and temperature fields
reported here. Figure 7 shows the proposed and realized locking device with the retainer pin
on a fixed disc and the detent on the cylinder block. 180 unique angular combinations can
be obtained by aligning a bore of the fixed disc with the bores of the turnable cylinder block and
repeating this cycle twenty times. The developed locking device allows the controlled adjustment
of the cylinder every 2°. Thus using 9 pressure sensors and nine thermocouples the measurement
of pressure and temperature of 1620 points of the gap surface is possible. Figure 8 shows the
entire design of the test pump. The cylinder block with the installed sensors is shown in Fig 9.

Thermocouple Pressure sensor

. X Retainer ring
Fixed disc

Sensor cable connection

Cylinder block
Detent

Retainer pin
Figure 7: Locking device of the cylinder block

Temperature sensor Piston/slipper Bearing cover

Pressure sensor
Cylinder block

Incremental encoder

Flansch

Interlock

Check valve

Port Shaft seal

Swash plate

Figure 8: Test pump design
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Figure 9: Cylinder block with implemented pressure sensors and thermocouples

1.4 Determination of angular position of swash plate

Figure 10 demonstrates the method applied for determination of the angular position of rotat-
ing swash plate. An incremental encoder ERN 120 from Heidenhain is used to trigger the
sequential measurements of nine pressures and nine temperatures for each adjusted angular
position of the cylinder block. Figure 10 shows that the incremental encoder is used to send a
reference signal indicating the reference position of the piston at its outer dead point. The
proposed method requires repeating the measurements at same steady state operating condi-
tions (pump speed, inlet and outlet pressure and inlet temperature). The encoder is also used

to measure the shaft speed. The angular resolution of the TTL signal of the encoder is

L300 1 yoros
1240 20

'Swash plate  «—
Encoder 3

=1~
o

o

AT IT AT
HD ND HD

()

(=)

S

S

> "
0 Z ¥4 3z
| Y lmpuls Y v
0 180  360...
1 Rotating angle ¢

Figure 10: Method of measurement of angular position of swash plate
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Figure 11: Hydraulic circuit of test rig

Figure 11 shows the hydraulic circuit including the data acquisition structure of the test rig.
The test pump (M4) is driven by the frequency controlled electric motor (A2). The test
pump works in open circuit. Accumulators (M2, MS5) in both lines are used to
reduce pressure pulsation at pump ports. The pump inlet and outlet temperature
and pressure and the case temperature are directly measured on pump ports and
the pump case respectively (measurement point D3, D4, D13, D14 und D7). The
pressure is measured in the displacement chamber and at nine points in the gap
between piston and cylinder using the piezoresistive pressure sensor 4065A with
the amplifier 4618A from Kistler (D9). The temperature in the gap is measured
by using nine thermocouples (D10). All time critical measurement signals are
transferred) to the PC using three A/D boards PCI DAS4020/12 (D21). The
remaining signals are transferred to the measurement PC using the A/D board PCI
DAS 1000 (D20). In addition the flow rate at the pump inlet, pump outlet and in
the case line are measured by gear flow meters (D1, D6 und D11).



460  Power Transmission and Motion Control 2005

2 MEASUREMENT RESULTS

The described test rig has been used for a first set of measurements of dynamic pressure
fields. The temperature in the gap was also measured. The measurements were made at
1500 rpm pump speed and 150 bar pressure difference. The low pressure was kept constant
at 25 bar. The fluid temperature at pump inlet was kept constant at 43 °C corresponding to
a kinematic viscosity of 25 cSt. Figure 12 shows the pressure field measured for an
angular position of the swash plate of 9=180°, i.e. at the inner dead point of the piston.
The pressure field is shown for the unwrapped gap. Unfortunately, two of the implemented
pressure sensors failed and therefore the pressure over the gap length could be measured
only on 7 points. The sensor position is marked accordingly. By turning the cylinder

block 180 times finally 180 measurement points over the gap circumference could be
measured.

180° rotation angle of driveshaft

pressure cylinder chamber ~ _...:~ o ! 180 measurement points
R : ‘ over circumference

00

250 RS e \\}}\\\g\
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circumference [deg]

case pressure

Figure 12: Measured pressure field between piston and cylinder for pyp= 175 bar,
n=1500 rpm, 25 cST

Figure 13 shows the measured pressure fields for eight selected angular positions of the
swash plate (eight different positions of piston during one shaft rotation). Measurements
were made under steady state conditions of the pump keeping the inlet temperature constant

at 43°C and the pump speed @ 1500 rpm. Inlet pressure was adjusted to 25 bar and outlet
pressure to 175 bar.
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Figure 13: Measured pressure field between piston and cylinder for pyp= 175 bar,
n=1500 rpm, 25 ¢ST

Figure 14 shows the measured pressure field for a second series of measurements made at
275 bar (high pressure). The inlet pressure was kept constant at 25 bar. The fluid temperature
at the pump inlet was kept constant at 43 °C corresponding to a kinematic viscosity
of 25 ¢St. Figure 15 shows. the measured temperature field for the measurements @ 275
bar high pressure. Because of variations in the room temperature the case temperature of
the test pump did not remain constant during the 180 measurements. There were variations
of £ 1K. This explains the temperature field profile shown in Fig. 15. Note that the
temperature field shown in Fig. 15 has been composed of 180 measurements each with
9 thermocouples over the gap length.
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Figure 14: Measured pressure field between piston and cylinder for pyp= 275 bar,
n=1500 rpm, 25 cST

3 COMPARISON OF MEASUREMENT AND EHD SIMULATION

For comparison of measurement and simulation, the special test rig conditions were consid-
ered in a specially modified simulation model of the EHD CASPAR version. The entire
cylinder block is made from brass and the dimensions of the block differ from a standard
unit. The inverse kinematic was considered, i.e. the piston of the test pump is not loaded by
a centrifugal force. Figure 16 shows the modelled cylinder for determination of the stiffness
matrix, which is used in CASPAR to calculate the surface deformation due to pressure field
in the gap.
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Temp [°C]

Figure 15: Measured temperature field between piston and cylinder for pgp= 275 bar,
n=1500 rpm
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Figure 16: FEM model used for determination of stiffness matrix
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Figure 17: Pressure fields in the gap for different angular positions of the shaft, pgp = 175
bar, n=1500 rpm, v=25 cSt (left: simulation with EHD model; right: measurement)

Figure 17 shows a comparison of the measured and calculated pressure field for the first set
of measurements @ 175 bar high pressure. The model considers a relative motion of the
piston, which contributes mainly to hydrodynamic pressure generation during the suction
phase. Comparing measurement and simulation it can be concluded that the simulation
model needs to be further improved to cover all the effects of the test pump. The current
test pump EHD model neglects the influence of small sensor bores, which damp the pres-
sure peaks. There are some other deviations which require further investigation.

4 CONCLUSION

This paper presents a new test rig for carrying out measurements of the dynamic pres-
sure field in the gap between piston and cylinder using a wobble plate test pump design.
The test rig also allows the measurement of the temperature field between piston and cylin-
der. The temperatures are measured in the fluid film. The pressure and temperatures can be
measured on 1620 points of the gap surface by turning the cylinder block every 2° around
the piston and using a special locking device. First measurement results have shown that
the developed test pump works well and makes possible the measurement of pressure and
temperature fields based on the proposed method. The measured pressure field has been
compared with simulation results obtained using a modified EHD model to consider the
special test pump design. Comparing the measured results with the applied simulation
model it is obvious that the current model does not cover all physical effects and needs to
be improved further.
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