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Fluids

Viscosity measurement device for tailor
made fuels under high pressure
conditions
Drumm, Sebastian; Wohlers Alexander; Fatemi, Arshia; Murrenhoff, Hubertus
RWTH Aachen University,
Institute for Fluid Power Drives and Controls (IFAS),
Steinbachstraße 53, 52074 Aachen, Germany

ABSTRACT
The Cluster of Excellence “Tailor made fuels from biomass”, funded by the German
research foundation (DFG), is an interdisciplinary collaboration of about 15 institutes and
50 researchers. The aim of the project is to find an optimised process to synthesise new
fuels based on biomass. Furthermore the combustion and injection system shall be
optimised by reconsidering the new fuel as a design element. The task of the authors is to
develop a guideline for designing an injection system adapted to these fuels. The focus is
on high pressure pumping of the new fuels within common rail systems.
In this paper investigations to characterise the tribological behaviour of the new fuels will
be presented. A test rig to measure the viscosity under high pressure conditions of up to 500
MPa has been built. The design of the test rig and the measuring principle for these extreme
conditions will be shown. To detect the viscosity of the fluids under high pressure
conditions the falling body principle is used. Furthermore measurement results for the first
tailor made fuels will be presented.
These data are needed to parameterise simulation models of the injection system which are
set up parallel to the experiments.
Keywords: viscosity measurement, high pressure, ethanol, fuel, falling body viscometer

1. INTRODUCTION
In the Cluster of Excellence “Tailor-Made Fuels from Biomass” new fuels from biomass
are being developed and the combustion process is also being optimised. At the Institute for
Fluid Power Drives and Controls (IFAS) the tribology of the injection system for
combustion engines is the main focus of the investigation. The intention is to gain the
hydraulic and tribological characteristics of the fluids. Therefore the viscosity and the bulk
modulus of the fluids have to be measured in the possible operating pressure and
Fluid Power and Motion Control 2010 Edited by Dr D N Johnston and Professor A R Plummer
© With The Centre for Power Transmission and Motion Control
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temperature range of an injection system. The suggested fuels in cluster might have lower
viscosity than conventional diesel fuels. This will cause higher leakage in the injection
system especially in the pump in the gap between piston and bushing which requires
attention [1]. The test rig to analyse the fuels and results of first measurements are shown in
this paper.

2. THE HIGH PRESSURE TEST RIG
The high pressure test rig is structured in two main parts: The pressing piston and the high
pressure vessel as shown in Fig. 1. The pressing piston is able to generate a force of up to
1200 kN. This force is transferred to the piston of the high pressure vessel. The sealed fluid
volume in the vessel is compressed in order to generate pressures of up to 500 MPa.
The high pressure vessel is the main part of the test rig, shown in Fig. 2. It is filled with the
fluid, which is to be analysed under high pressure.

Pressing Piston

High Pressure Vessel

Figure 1: High pressure test rig, overall height 1990 mm

Position Sensor
Pressure Sensor
High Pressure Piston
Sealing
Ultrasonic Sensor
Viscometer
Temperature Sensor
High Pressure Cap
Figure 2: High pressure vessel, inner diameter 40 mm
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The high pressure piston is equipped with a position sensor to determine the piston stroke.
Furthermore a pressure sensor is attached to the piston, which is connected to the high
pressure through a bore in the piston. The bore is also used as the vessels air bleed. In the
housing of the vessel two ultrasonic sensors are installed to measure the speed of sound in
the test fluid. In the lower high pressure cap of the vessel a temperature sensor is integrated
to analyse the fluid’s temperature directly inside the vessel. Additionally, an electric cable
feed through is placed in the cap to connect the falling body viscometer, which can be
installed in the pressure vessel. To heat the test rig an electric heating cable is wrapped
around the vessel.

3. FALLING BODY VISCOMETER
To analyse the viscosity under high pressure conditions a falling body viscometer is used,
see Fig. 3. It is installed in the high pressure vessel. Using a solenoid the falling body is
lifted to the upper position which is detected by the upper electric contact. After this the
falling body is set free and starts to fall through the falling tube until it reaches the lower
electric contact. The time the falling body needs to fall is detected by the lower electric
contact. This time is the reference signal for the viscosity. To accelerate the lift of the
falling body a check valve is installed at the bottom of the falling tube. During the
recording of the falling time, pressure and temperature of the test fluid are measured
continuously. [2]

Upper Electric Contact
Solenoid
Falling Tube
Falling Body
Lower Electric Contact
Check Valve
Connector Plug
Figure 3: Falling body viscometer

4. VISCOSITY MEASUREMENTS
To measure the viscosity with the falling body viscometer a correlation between falling
time and viscosity has to be established. There are two effects that determine the falling
time. First there is the gap flow rate Q of the fluid. The fluid has to pass through the gap
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between the falling body and the wall of the falling tube, as shown in Fig. 4. This flow rate
is caused by the displacement of the fluid beneath the falling body. For the variables see the
nomenclature at the end of the paper.
Eq. 1 shows the flow rate Q in the gap between the falling body and the falling tube which
depends on the diameter of the tube d, the gap width s, the length of the gap l, the pressure
difference ǻp between the upper and the lower side of the falling body and the dynamic
viscosity Ș. The pressure difference ǻp between the lower pressure pu and the upper
pressure po depends on the gravity force on the falling body and the lifting force caused by
the density difference between the falling body and the fluid, see Eq. 2. Eq. 3 describes the
volume Vfb of the falling body. Eq. 4 shows the flow rate Q depending on the speed of the
falling body Ȟ and the cross section of the falling body. Eq. 1 to 4 can be transformed into
Eq. 5. This equation shows that the dynamic viscosity Ș depends on the falling time t, the
density of the fluid ȡ and other values that are absolute terms.
The second aspect is the shear stress of the fluid in the gap between the falling body and the
wall of the falling body caused by the movement of the falling body, see Fig. 5. The shear
stress Ĳ depends on the dynamic viscosity Ș, the speed of the falling body Ȟ and the gap
width s, see Eq. 6. Eq. 7 shows the shear stress Ĳ described by the boundary conditions
described by gravity force and densities. Eq. 8 gives the speed of the falling body Ȟ. Eq. 6
to 8 and 3 can be transformed into Eq. 9, which again shows that the dynamic viscosity Ș
depends on the falling time t, the density of the fluid ȡ and other values that are absolute
terms. [3]
S  d  s3
Q
'p
Eq. 1
12  l K
U fb  U V fb  g
Eq. 2
'p
S r2
g
V fb S  r 2  l
Eq. 3
L
S  r2
t

Q

v  A fb

K

s3  g
G fb  G  t
6 Lr

Eq. 4
Eq. 5

Figure 4: Flow rate between falling body and wall

W K
g

W
v

K

v
s

U fb  U V fb  g
S  d l
L
t
rg s
U fb  U  t
2 L

Eq. 6
Eq. 7
Eq. 8
Eq. 9

Figure 5: Speed difference between falling body and wall
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Eq. 5 and 9 both show that the dynamic viscosity Ș depends on the falling time t, the
difference of the density of the falling body ȡfb and the density of the fluid ȡ and absolute
terms although they are based on two different effects. Eq. 5 and 9 are combined in Eq. 10.
The factor K has to be determined by a calibration measurement in accordance with DIN
53015. [5]

K

K  U fb  U  t

Eq. 10

To define the factor K measurements under atmospheric pressure have been undertaken
with ethanol as a reference fluid. The data used for the calibration is shown in Tab. 1. The
dynamic viscosity Ș is determined with a conventional Ubbelohde-Viscometer at different
temperatures. Parallel to that the falling time t with ethanol is measured with the falling
body viscometer for these temperatures at atmospheric pressure. The density of the fluid is
measured using the volume change of the vessel. During the tests the fluid is sealed in the
vessel. Using the position sensor of the pressing piston the change of the volume in the
vessel can be determined and so the change of the density can be calculated. The density of
the falling body made from 1.4305 is taken from Stahlschlüssel. [6]
Using these data, the calibration factor K is calculated with Eq. 10. This is done for 30 °C
and 50 °C. For further analysis of the viscosity measurements the arithmetic mean of these
two factors is calculated, thus the calibration factor K equals 2.988·10-8 m²/s².
Temperature

T

[°C]

30

50

Dynamic viscosity

Ș

[Pa s]

0.000980

0.000698

Falling time

t

[s]

4.517

3.352

Density of falling body

ȡfb

[kg/m³]

7897

7883

Density of ethanol

ȡ

[kg/m³]

782

768

Calibration factor

K

[m²/s²]

3.049·10-8

2.927·10-8

Tab. 1: Calibration data for ethanol
In Fig. 6 measured falling times for ethanol are plotted over temperature and pressure. Each
dot stands for a single measurement, so a wide range of data is available. The single
measurements where done in single rows after the test rig was heated. One can recognise
that there is nearly no measurement noise in the single measurement rows but the
temperature is not constant. Using Eq. 10 the falling times are converted to dynamic
viscosities. Therefore the change of density over pressure and temperature is considered. In
Fig. 7 the dynamic viscosity of ethanol is plotted over temperature and pressure. The
viscosity rises with increasing pressure. For rising temperatures the viscosity decreases as
expected.
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5. CONCLUSION
The determination of the viscosity under pump like conditions are essential for the design
of injection systems as well as for parameterisation of hydraulic simulation models of
injection systems within the Cluster of Excellence "Tailor-Made Fuels from Biomass". The
first test measurements with ethanol as a reference fluid have proved the functionality of
the viscometer. Already with the first measurement results one can see the influence of the
pressure on the dynamic viscosity. As expected the results show the logarithmic correlation
of the viscosity to the pressure. Since the injection pressures in the Cluster of Excellence
"Tailor-Made Fuels from Biomass" shall reach a level over 200 MPa it is imported to know
the properties of the new fuels also under this high pressure conditions. In the next step
measurements with the first proposed group of tailor made fuels will be carried out.
Furthermore the test rig can be used to measure every kind of fluid, which is used in
hydraulic systems or tribological contacts.

NOMENCLATURE
Afb

Area of falling body

[m²]

d

Diameter of falling tube

[m]

g

Gravity

[m/s²]

K

Calibration factor

[m²/s²]

l

Length of falling body

[m]

L

Falling length

[m]

po

Upper pressure

[Pa]

pu

Lower pressure

[Pa]

Q

Flow rate in gap

[m³/s]

r

Radius of falling body

[m]

s

Gap width

[m]

t

Falling time

[s]

T

Temperature

[°C]

v

Velocity of falling body

[m/s]

Vfb

Volume of falling body

[m³]

ǻp

Pressure difference

[MPa]

Ș

Dynamic viscosity

[mPa s]

ȡ

Density

[kg/m³]

ȡfb

Density of falling body

[kg/m³]

Ĳ

Shear stress

[N/m²]
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Experimental Evaluation of a Piston-Type
Digital Pump-Motor-Transformer with Two
Independent Outlets
Mikko Heikkilä, Jyrki Tammisto, Mikko Huova, Kalevi Huhtala, Matti Linjama
Tampere University of Technology
Department of Intelligent Hydraulics and Automation
P.O. BOX 589, FI-33101 Tampere, Finland

ABSTRACT
The digital pump-motor-transformer is a new energy-efficient alternative to the fluid power
system. Based on digital (stroke to stroke) control of each piston of the pumping unit, its
functionality consisted of (1) an arbitrary number of independent outlets, (2) service of each
outlet at arbitrary pressure levels, (3) energy recovery from each outlet back to the prime
mover, (4) power transfer from one outlet to another at arbitrary pressure levels, and (5)
energy storage in and recovery from a hydraulic accumulator independent of pressure.
Theoretical analysis and simulations show that the principle works and is highly efficient.
This paper reports the first experimental results on the principle. The prototype pumpmotor-transformer consisted of a six-piston inline pump, fast on/off control valves, and two
independent outlets. The system was measured for its efficiency, controllability, energy
transformation, and flow sharing functionality. The results are encouraging but show also
that more pistons are needed for smooth flow rates.
Keywords: Digital pump-motor-transformer, efficiency, independent outlets

1. INTRODUCTION
The digital pump-motor-transformer is a solution based on digital pump-motor technology,
in which Artemis Intelligent Power Ltd. is the leading pioneer (1). Like traditional pumps,
this digital technology uses reciprocating pump elements with the exception that the check
valves or the valve plate are replaced with active on/off control valves.
An important difference between digital and traditional pump technology is
programmability. In the former, the operating mode of each piston can be selected
independently of each other. In addition, the pre-compression can be optimized according
to the load pressure without compromises. Valve delays can be compensated for, which is
not possible with passive check valves. Moreover, the pressure release function allows
recovery of the energy stored in the compressibility of the fluid. The main drawback is that
Fluid Power and Motion Control 2010 Edited by Dr D N Johnston and Professor A R Plummer
© With The Centre for Power Transmission and Motion Control
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the flow rate fluctuates considerably at partial displacement (2). Another challenge is that
the technology sets high requirements for the durability, flow capacity, and accuracy of the
control valves. And, of course, digital machines are also more difficult to control because
they come with more control options.
The concept and theoretical study of the digital pump-motor-transformer with independent
outlets have been published before (3). The idea behind the concept is to multiply control
valves (a simple digital pump-motor-transformer with two independent outlets is shown in
figure 1). Additional valves are introduced between the pumping chambers and the new
outlet B with each piston then having six modes, if we ignore the pre-compression and
pressure release phases:
•

Pump into outlet A (Pump A)

•

Pump into outlet B (Pump B)

•

Pump into tank (Pump T)

•

Receive fluid from outlet A (Motor A)

•

Receive fluid from outlet B (Motor B)

•

Suck fluid from tank (Suck T)

Neither the number of independent outlets nor the pressure at the outlets have to be limited,
because each piston is connected to exactly one outlet or to the tank. Thus the pump-motortransformer in figure 1 can serve two actuators with arbitrary pressure levels and flow
direction.

Figure 1. Three-piston digital pump-motor-transformer with two independent outlets
This paper is the first report of experimental results on a prototype digital pump-motortransformer with two independent outlets. The pump we studied was a six-piston inline
pump equipped with fast prototype valves, and we measured it for its efficiency and
controllability. Furthermore, we examined the system’s capability to transfer power
between actuator lines.
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2. CONTROL METHOD
2.1 Angle measurement
To control each individual on/off valve at the right moment, we must know as accurately as
possible the rotation angle and angular velocity of the pump-motor-transformer. This is
done by measuring the absolute rotation angle of the pump axis using a Hall sensor and a
144-tooth gear in the system. However, since the 144 resolution was too small to time
accurately the on/off valves, we used more advanced method to accurately estimate the
angle and angular velocity of the pump.
Filtering was realized by the exponential moving average method to filter out the measured
time between two pulses using the previous filtered value and the most recent measured
time interval to achieve the filtered output:
out(k) = out(k-1)+*(in(k)-out(k-1)),

Eq. 1

where the weight term   (0,1] defines the rate at which previous values were forgotten.
The weight term 1 means that only the last measured interval was used as output, and that
the smaller the value, the slower the dynamics of the filter became. With accurate enough
data on the time interval between two pulses, we could calculate the angular velocity in
deg/s with the following equation:
est = 1/Tpulses/Npulses*360°,

Eq. 2

where Tpulses is filtered time between pulses and Npulses number of pulses per revolution.
Simulations showed that the values 0.2 – 0.3 yielded good accuracy and fast enough
dynamics.
For accurate measurement of the angle of the pump-motor-transformer, a method must be
used to avoid errors also in the long run. Therefore, the measurement error should be reset
regularly by using a separate zero pulse that occurs once per revolution. The individual
piston angles a1, a2, a3, a4, a5, a6, (values: [0, 360), where 0 is the bottom dead center and
180 approximately the top dead center) used by the controller, are always calculated based
on the zero pulse. In this way, a potential measurement error may only briefly lower the
performance of the pump-motor-transformer.
2.1 Selection of operation mode
The six-piston boxer pump we studied had three piston pairs, and in each pair the pistons
were in opposite phases, resulting in six working mode decision instants during one pump
revolution. At each mode decision instant, pumping mode was chosen for one piston and
suction mode for the other.
The above mode choice was to keep the actuator supply pressure within user-given
threshold values, as shown in figure 2. In the figure, the pressure in actuator line B remains
constantly within the threshold values so that only actuator A is focused on supply pressure
control. This mode choice logic initiated pumping into actuator line A whenever the
measured pressure was below the threshold value at a mode choice instant. When the
actuator pressure exceeded the threshold value, as it did during the third last and the second
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last mode choice instants in the figure, the piston in the suction phase was connected to the
actuator line to lower the pressure. The accuracy of this pressure control depends on the
chosen threshold values in that the tighter the thresholds, the more accurate the pressure
control. However, there are certain minimum limits to threshold values, since the flow rate
can be controlled only piecewise.

Figure 2. Examples of selecting the operation mode
Because the pump must feed two actuator lines, situations may arise when both actuator
line pressures are outside the threshold values. If in one actuator the supply pressure is too
low and in the other too high, mode choice is straightforward. The pumping piston connects
to the low-pressure actuator line and in the suction phase to the high-pressure line. If both
pressures are too low, the pumping piston connects to the line with the highest undershoot.
The motoring mode is chosen in the same way if both pressures are too high. If no pumping
or suction is needed, the pistons connect to the tank line.
2.3 Control of valve timing
To operate smoothly, the digital pump-motor-transformer must accurately time the valve
switching. To avoid excessive pressure peaks and oscillation, pressures at valve inlet and
outlet ports must be close in value when the valve opens. Incorrect valve timing lowers
efficiency as well. Therefore, pre-compression time, pressure release time, and valve delays
must all be taken into account in valve control.
Table 1 shows the method we used to calculate the optimal switching angle with p
representing the pre-compression time or pressure release time in degrees and valve the
valve delay in degrees. The variables pcurrent_mode and pupcoming_mode are port pressures
measured on the pump-motor-transformer. For example, if fluid was currently received
from actuator line B and the next pumping stroke was directed to actuator line A, pcurrent_mode
was the pressure for port B and pupcoming_mode that for port A. The piston movement x
during pre-compression or pressure release was calculated using the equation
,

Eq. 3

where p is the pressure difference (| pcurrent_mode - pupcoming_mode |), V the overall volume, B
the bulk modulus of the fluid, A the piston area, and Kcf the correction factor.
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Table 1. Determination of optimal valve switching angles
pcurrent_mode  pupcoming_mode
Opening at BDC

open=360° - valve

pcurrent_mode < pupcoming_mode
open = p- valve , if p  valve
open = 360° - | p - valve| , if p < valve

Closing at BDC

close=360° - p - valve

close=360°- valve

Opening at TDC

open=180° + p - valve

open=180°- valve

Closing at TDC

close=180° - valve

close=180°- p - valve

In timing calculations at top dead center (TDC), the overall volume V equals the size of the
cylinder dead volume. At bottom dead center (BDC), the parameter V equals the sum of the
dead volume and cylinder displacement. The bulk modulus B is estimated in relation to
pressure level and temperature. With a correction factor Kcf, the slope can be further
adjusted. When the trajectory of the piston is sinusoidal, pre-compression time or pressure
release time in degrees can be calculated from
,

Eq. 4

where the fixed parameter s is the piston stroke. Eventually, the valves are controlled based
on a measured piston angle, and a valve command is executed when the piston angle
reaches the optimal calculated switching angle.

3. TEST SYSTEM
3.1 Pump modification
We modified the digital pump-motor-transformer from a six-piston boxer pump by
replacing the check valves with actively controlled, fast two-way prototype on-off valves.
Their opening and closing delays were about 1 ms and their flow rate about 23 l/min at a 5bar pressure difference. The hydraulic circuit of our pump-motor-transformer is shown in
figure 3.
Each cylinder had a tank valve, two actuator valves, and a pressure relief valve, and
pressure was measured in each cylinder. The actuator lines are marked A and B and the
tank line T. The tank line had two accumulators and was constructed with low pressure
hoses to minimise pressure oscillation. Tank and both actuator line pressures and
temperatures were measured from the valve blocks.
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Figure 3. Hydraulic circuit of the digital pump-motor-transformer
3.2 Measurement system
Figure 4 shows the measurement system of our digital pump-motor-transformer, marked
with an oval next to the torque sensor. Both actuator lines had flow and pressure sensors
near the accumulators.
The flow in actuator line A was measured after the accumulator, whereas that in line B was
measured before the accumulator. The accumulator in actuator line A was 0.75 litres and
was used to smooth flow and pressure oscillations. Line B had a 4-litre accumulator, which
was used for energy storage. Both accumulators could be switched off the circuit. Different
loadings were realised using an electrically controlled proportional directional control valve
in line A and a manual throttle valve in line B. For safety reasons, pressure relief valves
were mounted on the actuator lines.
Because the flow capacity of the on-off valves was less than that of the original check
valves, a pressurized tank line was used to avoid cavitation in the pump. Therefore, an
auxiliary pump had to be used. The inlet pressure was about 10 bar and was controlled with
a pressure relief valve.
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Figure 4. Measurement system of the digital pump-motor-transformer

4. EXPERIMENTAL RESULTS
4.1 Efficiency measurements
Pumping efficiency at full displacement was measured at 500, 750, and 1000 rpm angular
velocities without the actuator line accumulator. The oil temperature was about 40 °C, and
the pressure differences applied were 20 to 180 bar. The system’s volumetric and
hydromechanical efficiencies are shown in figure 5. Volumetric efficiency of a pump can
be calculated from
,

Eq. 5

where Q is the flow, n the angular velocity, Vg the geometrical volume. Accuracy of
volumetric measurement mainly depended on accuracy of Volutronik. Therefore maximum
error in volumetric efficiency was ±0.3 percentage units. Hydromechanical efficiency of a
pump can calculated from
,

Eq. 6

where p is the pressure difference and T the torque. Accuracy of pressure and torque
sensors limited the accuracy. Accuracy of hydromechanical measurement was the lowest
(±5.3 percentage units), when pressure difference and angular velocity were small. On the
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contrary, measurement error was the lowest, ±1.5 percentage units, at maximum pressure
difference and angular velocity.

Figure 5. Volumetric and hydromechanical efficiencies of the pump-motortransformer as pump at full displacement
The volumetric efficiency clearly dropped when the pressure difference was increased,
mainly because of leaks in the on/off valves. Hence the volumetric efficiency increased
along with the angular velocity.
The hydromechanical efficiency was high but dropped when the angular velocity was
increased mainly because of the low flow capacity of the on-off valves. Increasing the
pressure difference improved the hydromechanical efficiency.

Figure 6. Total efficiencies of the pump-motor-transformer as pump at full
displacement
Total efficiencies are shown in figure 6. The system’s total efficiency was low at low
pressures when the angular velocity was increased, whereas at high pressures it increased
with increasing angular velocity. The total efficiency was 80 % over most of the
measurement range. Total efficiencies were defined as product of volumetric and
hydromechanical efficiencies thus accuracy of measurement was lower than in case of
hydromechanical measurement.
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Total efficiencies with partial displacements are shown in figure 7. We used an angular
velocity of 500 rpm and an oil temperature of 30 °C. The actuator line accumulator was
used to smooth the flow.

Figure 7. Total efficiencies of the pump-motor-transformer as pump at partial
displacements
The total efficiency dropped when flow was decreased. At flows over 4 l/min, the
efficiency was almost consistently above 70 %, whereas at small flow, it was poor owing to
idle losses of the pump-motor-transformer.
The efficiencies of the digital pump-motor-transformer were also measured as motor (figure
8). We used an angular velocity of 500 rpm and an oil temperature of 30 °C and did the
measurements on actuator line B with the accumulator engaged. The pressure in the
accumulator was raised to its maximum, and the pressure reference then changed to 60 bar.
Since the reference was lower than the measured pressure in the actuator line, motoring
started. Efficiencies were calculated at designated times to obtain efficiency at a certain
pressure difference. The accumulator pre-charge pressure was about 65 bar, yielding a
minimum pressure difference of 60 bar. The maximum pressure difference measured 150
bar.

Figure 8. Efficiencies of the pump-motor-transformer as motor at full displacement
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Because the volumetric efficiency was defined as the ratio of the motor geometrical volume
and the measured flow into the motor multiplied by angular velocity (cf. Eq. 5), it was at
best slightly over 100 %. At a motoring stroke, the pressure valve was closed before BDC
(pressure release), and therefore the motor sucked oil from the actuator line less than the
geometric volume. The hydromechanical efficiency was over 80 % over most of the
pressure range. At some points (for instance 80 bar), the total efficiency was better than the
hydromechanical efficiency, because the volumetric efficiency was over 100 %.
4.2 Idle losses
Idle losses signify the power the digital pump-motor-transformer consumed while idling,
and they are shown at different angular velocities in figure 9. We used an inlet pressure of
10 bar and a temperature of 40 °C and measured idle losses at 200 to 1400 rpm angular
velocity.
Idle losses increased rapidly when the angular velocity was increased mainly because of
increased pressure losses in the on/off valves. The idle losses fit well the third order fitting
curve.

Figure 9. Idle losses of the pump-motor-transformer at different angular velocities
4.3 Pressure response
Pressure responses with different actuator flows are shown in figure 10. We used an
angular velocity of 500 rpm, a temperature of 30 °C, and a step of 70 to 100 bar. Responses
were measured on actuator line A with the accumulator engaged. An angular velocity of
only 500 rpm was used with the actuator line accumulator, because 1000 rpm produces too
much pressure oscillation due the natural frequency of the actuator line and accumulator.
The flow out of the accumulator was controlled with a proportional valve. Before a
pressure step, flows were set at zero, 3 l/min, and 7 l/min.
When the flow out of the accumulator was increased, pressure rose more slowly. Because
the start of the step was not fixed at any particular angle, initial pressures varied slightly at
the step time. In addition, the system pressure dropped more rapidly with bigger flows.
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Figure 10. Pressure response with different actuator flows at an angular velocity of
500 rpm
The effect of the pressure level on the pressure step with the accumulator engaged is shown
in figure 11, where a pressure step of 30 bar is evident from 70 and 150 bar. Various
pressure steps were tested because of the non-linearity of the gas accumulator. We used an
angular velocity of 500 rpm and a temperature of 30 °C. The flow out of the accumulator
was zero.

Figure 11. Pressure responses at different pressure levels at 500 rpm angular velocity
Because the pressure increased much faster at higher pressure, wider thresholds had to be
used. The pressure also varied widely. Three different overshoots occurred in step response
from 150 to 180 bar, as the controller engaged the pump each time the system pressure
dropped below the lower reference limit. The controller could have used one, two, or three
strokes depending on the measured system pressures. Moreover, pumping occurred more
often at high pressure because of increased leakage and a smaller gas volume in the
accumulator.
4.4 Response to flow disturbance
Besides pressure response, also response to flow disturbance was measured. A disturbance
was produced with a proportional valve in actuator line A, and the controller sought to
maintain constant pressure. When the proportional valve opening was increased, flow out
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of the accumulator increased, simulating an actuator with increasing speed (response shown
in figure 12). We used an angular velocity of 500 rpm, a temperature of 30 °C, and a 0.75litre accumulator.
The flow out of the accumulator increased as the proportional valve opening was increased.
Because of increased flow, pressure in the actuator line dropped rapidly, and pumping
strokes became more frequent. However, the pressure did not significantly change even at
changing flow.

Figure 12. Response to flow disturbance
4.5 Power transfer
Power transfer was studied with fluid being received from actuator line B and pumped to
actuator line A, accomplished by charging the accumulator in line B to 150 bar and then
applying reference steps. The reference for actuator line A was changed from 1 to 100 bar,
while concurrently that for line B was changed from 150 to 70 bar.
The above power transfer is shown in figure 13 with actuator pressures in the upper part of
the figure and below that flows in the actuator lines. We used an angular velocity of 500
rpm and a temperature of 30 °C. The proportional valve in actuator line A was open to
maintain a pressure of less than 100 bar at full displacement. The throttle valve in actuator
line B was closed.
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After the steps, pumping strokes were executed in actuator line A and suction strokes from
actuator line B; that is, fluid was received from line B and pumped into line A. It should be
noted that pumping and motoring take place in parallel at full displacement. The hydraulic
power taken from actuator line B was about 2.61 kW and that pumped into line A was 1.67
kW. In addition, the shaft power transferred to the electric motor was about 0.43 kW.
Hence losses were about 0.51 kW (2.61-1.67-0.43) and the efficiency of power transfer 80
%. Powers were defined from 0.1 seconds to the end of the measurement, that is, at full
displacement.

Figure 13. Energy transfer between actuator lines
5. CONCLUSIONS
Our results prove that the digital pump-motor-transformer works both as pump and motor.
Moreover, it is capable of transferring power between actuator lines. Because pressures can
differ at outlets, the pump-motor-transformer executes a hydraulic transformer function as
well. The power transfer efficiency of our system was 80 %. Consequently, its efficiency
did not decrease in the transformer mode.
Total efficiencies were between 65 and 85 % when pumping at full displacement. At partial
displacements, they were lower due to idle losses in the pump-motor-transformer. At full
displacement motoring, total efficiencies were 80 to 85 %. At some points, the volumetric
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efficiency was even beyond 100 %, owing to the definition of the term. It would have been
even better if the valves had leaked less.
Response measurements show that pressures in actuator lines could be controlled even if
actuator flows changed. It took 0.25 to 0.5 seconds for pressure in the actuator line to rise
30 bar when the 0.75-litre accumulator was used, for pressurising time depends on pressure
level. For pressure control, nonlinearity is an undesirable feature in accumulators, and a
rigid volume might well be the better option. In addition, more advanced control methods
should be considered. For example, an accumulator model added to the controller would
make for more accurate pressure control.
Electrical losses in valves were not included in this research because of the prototype
valves used. However, the pump-motor-transformer should consume electrical power no
more than a few percent of its maximum power, which is challenging for existing valve
technology.
In summary, this first prototype digital pump-motor-transformer was not as efficient as
traditional machines mainly because of the prototype valves used in it. However, our results
show that the system’s efficiency can be significantly improved by using the digital pumpmotor-transformer approach because of its extended functionality.
NOMENCLATURE
A
B
Kcf
n
Npulses
pcurrent_mode
pupcoming_mode
p
Q
s
T
Tpulses
V
Vg
x
hm
vol
close
open
valve
p
est

Piston area [m]
Bulk modulus [Pa]
Correction factor
Angular velocity [1/s]
Number of pulses per revolution
Port pressure (pT, pA or pB) [Pa]
Port pressure (pT, pA or pB) [Pa]
Pressure difference [Pa]
Flow [m3/s]
Piston stroke [m]
Torque [Nm]
Time between two pulses [s]
Overall volume [m3]
geometrical volume [m3]
Piston movement during pre-compression or pressure release [m]
Hydromechanical efficiency
Volumetric efficiency
Closing angle of valve [deg]
Opening angle of valve [deg]
Valve delay [deg]
Pre-compression time or pressure release time [deg]
Estimated angular velocity [deg/s]
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High performance valves

Robustness Analysis of Models for
Hydraulic Servo Valve by Using a
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J Liu, H Wu, H Handroos, and H Haario
Faculty of Technology, Lappeenranta University of technology
P.O. Box 20, FIN-53851 Lappeenranta, Finland
junhong.liu@lut.fi

ABSTRACT
Proportional valves have gained a large number of applications because of their low cost,
easy maintenance, and high performance. They generally operate nonlinearly. It is
important to evaluate their models in order to improve the overall system performance. The
aim of this work is modeling of a proportional servo solenoid valve using a statistical
method — the Markov chain Monte Carlo approach. Several dynamic models of the valve
are presented; their ordinary differential equations with unknown parameters are formed.
The noise-corrupted physical data are used for parameter estimation. The analysis and
predictions take into account all the uncertainties in the models and the data. The model
structures are developed until acceptable statistical results have achieved. The identifiability
of model parameters is quantified by probability distributions. Model predictions are
obtained. New situations are taken for verification. Results indicate that the third order
model has the most excellent agreement between the measured and simulated results in
wide operating range and is most robust, and the second order system is a reasonable
candidate for simplification purpose. The validity of models and the successfulness of
parameter identification in hydraulic component and system model development can be
quantified with this statistical method.
1. INTRODUCTION
Hydraulic systems have been the center of research for decades [1, 2, 3, 4]. Hydraulic
component and systems operate nonlinearly. Besides the system identification, it is crucial
to preview behavior in order to discovery the relevant and irrelevant factors of models, to
improve the controllers and the overall system performance, to optimize the structure, and
to apply suitably simplified models to real-time control.
Valve models have been studied [2, 4, 5, 6]. Dynamic performance of hydraulic systems
has improved due to the use of electronics and microprocessors. Proportional servo
solenoid valves have high dynamic performance and have gained closed-loop applications
Fluid Power and Motion Control 2010 Edited by Dr D N Johnston and Professor A R Plummer
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since they cost low and require easy maintenance. The typical input to a proportional servo
solenoid valve is a voltage to solenoid, which produces a force input to a servo-hydraulic
control system. This force causes the spool to change position and thereby will change the
orifice areas, which control system flow and pressure. Disturbances to the spool motion are
highly undesirable and can be due to frictional forces between valve spool and sleeve, static
pressure forces due to the spool geometry, or flow-induced inertial forces. Control
strategies, employing the closed-loop position control, have been developed to achieve
good spool dynamic characteristics over the whole valve operation conditions. This leads to
the possibility of using simple models of spool motion, neglecting the non-linear hysteresis,
friction or flow forces effects.
In this work, the modeling work is performed by a statistical method — the Markov chain
Monte Carlo (MCMC) approach, which has become a commonly used technique for
analyzing nonlinear models in different applications. The dynamic models are represented
as ordinary differential equations (ODE) systems with unknown parameters, and the noisecorrupted measurement data is used for fitting models. The reliability of the parameters as
well as the model predictions are quantified as probability distributions. The model
structures are developed until acceptable statistical results have achieved.
This paper is structured as follows. Section 2 describes the models of a proportional servo
solenoid valve with position feedback control and the on-board trigger electronics (OBE).
Section 3 describes the modeling method; among a large variety of the MCMC algorithms,
the delayed rejection adaptive Metropolis method (DRAM) [7, 8, 9] is chosen for the
modeling task. Results are given in Section 4 and conclusions in Section 5.
2. HYDRAULIC SYSTEM DESCRIPTION
The directly operated proportional servo solenoid valve with the position control and the
OBE under study is shown in Fig. 1. The main spool of the valve is the key component of
the flow divider and is highly responsible for the outcome of the transfer function.
A first order model can be applied in the case of a high-bandwidth valve without response
peaks or overshoots in the responses, while the second order model can also describe these
un-idealities [10]. A linearized model for an electrohydraulic servo system has revealed that
the higher order model fits closer to the experimental data because of the reduced
unmodeled dynamics [11].
Three mathematical models will be described as the valve models, involving parameters
that may be completely unknown or only known within certain ranges.
Voltage u (V) is the valve input. When the input is applied to the valve, the spool is shifted
and openings are produced. The shift of the spool, namely position displacement xs (mm), is
in both directions. The spool is connected to the linear variable differential transformer
(LVDT) that gives a testable voltage output us (V) proportional to the spool displacement
xs. Voltage us, with its range as ±10 V (± us,max), is measured and directly used for providing
information of the spool displacement for an input u of ±10 V. Another option is to use the
normalized valve spool position xs xs xs ,max , and xs  [-1,1], which is the same as the
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normalized spool displacement by xs

u s , and u s

117

u s u s ,max .The difference between two

options is only one coefficient us,max in the representation formula. The straight
representation us is kept using throughout the work.

Figure 1 Schematic diagram of experimental configuration
2.1 First order model
The relationship of us and u can simply be of a first order model as in [11]:
G1 ( s )

U s ( s)
U ( s)

K1 .
T1s  1

(1)

2.2 Second order model
The valve model can be represented by a second order transfer function [2, 11] as:
G2 ( s )

U s (s)
U ( s)

K 2Z22
.
s  2] 2Z2  Z22
2

(2)

2.3 High order model
Valve chambers are small and the compressible flows are lumped to the line and chamber
actuator models. Assume a positive spool displacement (it would lead to the same solution
if taking the negative spool displacement). The valve volumetric flowrate are then modeled
by algebraic equations.
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2.3.1 Flowrate models

The load pressure is defined as the pressure difference between ports 1 and 2:

(a)

(b)

Figure 2 (a) Three-land-four-way valve; (b) Wheatstone bridge system
FL

p1 Ac1  p2 Ac 2 .

(3)

The volumetric flowrate is always assumed turbulent, the governing nonlinear equations
describing the fluid flow distributions in the valve are written as [1, 2], where the discharge
coefficient D d depends on the valve spool position by D d D d 0 >1  K d ,corr  xs xs ,max @:
2

Q1

D d A1 ( xs )

Q2

D d A2 ( xs )

Q3

D d A3 ( xs )

Q4

D d A4 ( xs )

ps  p1 , xs t 0 (extension) ,

U
2

U
2

ps  p2 , xs t 0 (retraction) ,

p2  pt , xs t 0 (extension) ,

U
2

U

p1  pt , xs t 0 (retraction) .

(4)

(5)

(6)

(7)

2.3.2 Relationship between pressures

The orifices are matched and symmetrical for an ideal critical center valve, so the orifice
areas and flows have the following relationship:
A1

A3 , Q1

Ac1v, Q3

Ac 2 v,

(8)
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A2

A4 , Q2

Ac 2 v, Q4
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(9)

Ac1v.

If pt is considered as datum pressure for other pressures, the port pressures are related.
Combining (4), (6), and (8) in extension situation, yields:
ps

p1  Ac21 Ac22  p2  Ac21 Ac22  pt

where kc
p1

p1  k c2 p2  k c2 pt ,

(10)

Ac1 Ac 2 . Using (3) and (10), the following relations are then obtained:

ps  kc2 pt  kc2 Ac 2  FL
, p2
1  kc3

kc ps  kc3 pt  1 Ac 2  FL
.
1  kc3

(11)

Or combining (3), (5), (7), and (9) in retraction condition yields ps
p1

k c2 p s  pt  k c2 / Ac 2  FL , and
p2
1  k c3

p1 k c2  p2  pt k c2 ,

kc3 ps  k cpt  1 / Ac 2  FL .
1  kc3

The pressure in port 1 is kc times of the pressure in port 2 for a matched and symmetrical
valve with no load (FL = 0). As load is applied, the pressure in p1 increases and the pressure
in p2 decreases while the absolute change reads 'p1 k c2  'p2 .
2.3.3 Open-loop transfer function

For representation simplicity, the subscripts of orifice area and volumetric flowrate are
omitted. The steady-state axial flow force on the spool (Fig. 3) can be calculated by [1, 2]:

Figure 3 Axial flow force on a spool valve due to flow leaving a valve chamber
Fs

UQv cos T

§ Q
© A xs

UQ¨¨

·
¸¸ cos T
¹

2D d2 A xs 'p cos T

2D d2Wxs 'p cos T ,

(12)
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where pressure drop ¨p = pi – po (pi and po the pressures in places fluid flows from and to).
Two orifices (1 and 3 for +xs; 2 and 4 for -xs) are active at one time in an ideal critical
center valve (Fig. 2). When the valve has a positive spool displacement, the steady-state
axial flow forces on the spool are:
2D d2Wx s ( p s  p1 ) cos T , FRss _ 3

FRss _ 1

2D d2Wx s ( p 2  pt ) cos T .

(13)

And the transient flow force is due to the acceleration of the fluid in the annular valve
chamber. The direction of this force is such that it tends to close the valve port. The
magnitude of the transient flow force is given by Newton’s second law as
FRts _ 1

Ma

FRts _ 3

Ma

d Q1 Av
dt
d Q3 Av
UL2 Av
dt

dQ1
,
dt
dQ
UL2 3 .
dt

UL1 Av

UL1

(14)

Using (4), (6), (11-14), the flow force opposing the spool motion is obtained:
FR

FRss _ 1  FRts _ 1  FRss _ 3  FRts _ 3
2D d2Wxs p s  p1 cos T  UL1
2D d2W 

k c3 p s  k c2 pt  1 Ac 2
1  k c3

 L1D d W 2 U

 L1D d Wxs 

 2D d2 W

dQ3
dQ1
 2D d2Wxs p2  pt cos T  UL2
dt
dt
 FL
cos T x s

k c3 p s  k c2 pt  1 Ac 2  FL dxs

1  k c3
dt
1
k c3 p s  k c2 pt  1 Ac 2  FL
U 1  k c3 2

§ k 3 p  k c2 pt  1 Ac 2  FL
d ¨¨ c s
1  k c3
 ©
dt

·
¸¸
¹

p s k c  pt  1 Ac 2  FL
cos T xs
1  k c3

 L2D dW 2 U

p s k c  pt  1 Ac 2  FL dx s

1  k c3
dt

 L2D dWx s 

§ p k  pt  1 Ac 2  FL
d ¨¨ s c
1  k c3
1
 ©
dt
p s k c  pt  1 Ac 2  FL
U 1  k c3 2

·
¸¸
¹.

(15)

Neglecting the return line pressure pt (it is usually much smaller than the other pressures
involved) and the pressure rate terms [1], the following equation is obtained:
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FR

2D d2W (1  k c2 )

k c p s  1 / Ac 2  FL
cos T x s
1  k c3

 D d W L2  L1k c
K f xs  B f
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2U

(16)

k c ps  1 / Ac 2  FL dx s
1  k c3
dt

dx s
,
dt

§ L
·
§
1 · p A  FL
p A  FL .
2D d2W ¨¨1  ¸¸ s c1
cos T and B f D dW ¨ 2  L1 ¸  2 U s c1
¨
¸
k
A

A
k
Ac1  Ac 2 kc
c ¹ c1
c2
c
©
© kc
¹
Both Kf and Bf are related to not only FL but also the valve spool position, and their values
reach individual maxima when FL = 0.

where K

f

The force of electric solenoid is described by the following equation:
Fi

K ii 2 ,

(17)

where the relationship of the voltage input and current is:
u

d ( Li )
 Ri .
dt

(18)

Finally, the dynamic equation of the spool motion is:
Fi

Mv

d 2 xs
dx
 ( Bv  B f ) s  ( K v  K f ) xs .
dt 2
dt

(19)

Linearizing on (17) and taking the Laplace transformation on (19) lead to the following:
X s (s)
U (s)

2 K i i0 RM v
Kv  K f
ª
· 2 Bv  B f
§L
s
¨ s  1¸ « s 
Mv
Mv
¹¬
©R

º
»
¼

(20)

.

Equation (20) is rewritten using us and the open-loop transfer function is obtained:
GO ( s )

U s ( s)
U (s)

where c
1
k3

u s ,max X s ( s )

xs ,max U ( s )

1 § R Bv  B f
¨ 
Mv
3 ¨© L

2  K i  i0  u s ,max
R  xs ,max  K v  K f

.

·,
¸¸ c2
¹

k 3c33
,
s  3c1 s 2  3c22 s  c33

(21)

3

1 § R Bv  B f K v  K f
¨ 

3 ¨© L
Mv
Mv

·,
¸¸ c3
¹

3

R Kv  K f

, and
L
Mv
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2.3.4 Closed-loop model

The valve has closed-loop position control. Representing the control unit as a proportional
controller with kP a non-negative value (Fig. 4).

Figure 4 Block diagram of a standard feedback control with proportional controller
When the open-loop transfer function is represented in (21), the close-loop transfer function
of valve can be rewritten as:

GF ( s )

U s (s)
U ( s)

C ( s )Go ( s )
1  C ( s )Go ( s )

k 3c33
s 3  3c1 s 2  3c22 s  c33
k 3c33
1  kP  3
s  3c1 s 2  3c22 s  c33
kP 

k 3c33  k P
s  3c1 s  3c22 s  c33 1  k 3 k P
3

where a1

2

c1 , a2

c 2 , a3

(22)

K 3 a33
,
s  3a1 s 2  3a22 s  a33
3

c3 3 1  k3 k P , and K 3

k3 k P 1  k3 k P .

Adding the proportional controller does not change the transfer function formula, as seen
from (21) to (22), which actually have the same formula except some constant
transformation. So, omitting the time delay in (20), the open-loop transfer function GO(s) in
become s a second order function, and the related close-loop model GF(s) also turns out to
be a second order function, both can be represented by (2) with constant transformation
similar to that used for obtaining (22) from (21).

3. METHOD
3.1 Overall equation of a system model
A model is a mathematical description of the process that generates the states and the
observations. The model can depend on a set of model parameters and it can be driven
externally by control parameters. A dynamical model can be written as:
s
y

f ( x, T , c),
g ( x, T )  H ,

(23)

where, ș denotes the parameters to be estimated, c the known constants, x control variables,
s the system states, y the observations, İ the unsystematic observation errors, and the
relationship functions g and f.
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The sum of squared residuals (SS) is used in the MCMC algorithm and the objective is to
minimize SS; the applied mean of the sum, the objective function, being N the number of
observations and yi the observed responses at xi, is written in the form:

L

1
N

N

¦

yi  g ( xi )

2

i 1

1
 SS .
N

(24)

3.2 ODE systems
The ODE system of each valve model has control variable x = u and observations y = us.
The ODE system of the first order model in (1), having state us and an initial state us0 with
the unknown parameters, K1 and T1, has the following form,
du s (t )
dt

( K1u  u s ) T1 .

(25)

The ODE system of the second order model in (2), being states [ us us ] and the initial states
[us0 0] with three unknowns, K2, ȗ2, and Z2, is written as,
du s (t )
dt

du s (t )
dt

u s ,

(26)

k 2Z 22 u  2] 2Z 2 u s Z 22 u s .

The ODE system of the third order model in (22), containing states [us us us ] and the initial
states [us0 0 0] with unknowns, K3, a1, a2, and a3, has the form of:
du s (t )
dt
du s (t )
dt
dus (t )
dt

u s ,
us ,

(27)

K 3 a33u  3a1us  3a22u s  a33u s .

3.3 Applying Bayesian modeling
Unidentifability of the estimated parameters can be caused by limited availability of
observational data or by the structure of the nonlinear model equations. This can sometimes
be solved with the better design of experiments and reparameterizing the model. Bayesian
approach is a powerful way to quantify the uncertainties in the whole modeling procedure,
and the unknowns’ unidentifiability is detected by inspecting their posterior distributions.
The MCMC simulation of values from the posterior distribution of the parameters is a
computational method that can be applied to a wide variety of modeling problems. To use
the models in Bayesian settings we need to specify a prior distribution for the parameters.
As an example, take the term valve gain in each model corresponds to valve output, i.e., the
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amount of spool displacement transformed into voltage, at the valve input. We have the
manufacture’s information about this value, which however is subjected to some doubt. If
no such prior is known (other than positivity and some large upper bounds), we also can
assume non-informative priors for each unknown parameters in MCMC calculations
constraints. The value of MCMC sampling methods is that they provide ‘all’ the parameter
values that reasonably well fit the data, instead of a single ‘best fit’. Note, anyway, that we
routinely first perform a standard LSQ fitting to provide a good starting point for
subsequent parameter sampling.
Calculating the models, given the data and the unknown parameters, requires solving the
differential equations using numerical methods. To solve the equations, we specify an
initial condition for the observations of the valve output, i.e., the values of us and its
derivatives at the initial time point 0 for each physical experiment. However these values
are themselves observations subject to errors, and solving the equations with the initial
values fixed will cause bias. In the classical least squares estimation, the control variables x
are assumed to be precise or at least with error that is negligible compared with the
observational error in the dependent variables. An observation with error is considered as
an extra parameter.
4. RESULTS
4.1 Experimental setup
A Bosch Rexroth servo solenoid valve with position control and on-board electronics
(4WRPEH 6) is under study. The data acquisition system was a dSPACE digital signal
processor. The sampling frequency was 1000 (Hz). The control program was the c/c++
language program [12]. Input voltage u was fed to the valve using a DS 1103 I/O card; us
was collected from the valve’s LVDT signal.
For studying the valve dynamics, eight physical experiments were independently carried
out with null load or with different load and varied supply pressure. In each experiment, a
step signal was fed as the valve input, while the valve input u and the valve’s LVDT signal
us were directly collected along with time. Eight sets of physical data were obtained. The
obtained physical data are noise corrupted and clustered into nine groups featuring null
load, loaded, negative and positive input, different combinations of load conditions and
input types, and hybrid (Table 1). The nine groups were individually used as tests to fit the
three models of the valve.
The unknown parameters of a model are optimized by the least square fitting using the
software package modest [13]. The DRAM algorithm [7] is applied to modeling. When a
model is fitted with data, the MCMC chain is produced by the algorithm and the chain is a
matrix, having order (the number of simulations) × (the number of parameters), of samples
from the posterior distribution of the multi-dimensional parameter vector. All statistical
reasoning on a fitted model and its parameters can be based on the obtained matrix. The
obtained chain is commonly used to: (i) calculate the posterior means, the standard
deviations, and correlations; and (ii) to obtain illustrative plots, e.g., histograms and density
estimation. Any model-derived values, such as predictive posterior distributions, are given
by calculating the respective values using parameter samples from the chain. The posterior
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correlations and two-dimensional marginal posterior plots of the parameter combinations
can be used as diagnostics of parameter identifiability. The variance of the predictive
distribution reflects the predictive power of the model. A large variance may be due to
uncertainty in the model, effects not taken into account in the model, or noise in the
measurement. The uninformative prior is used for each parameter.
Table 1 Data for fitting models
Test
1
2
3
4
5
6
7
8
9

Experiment
Step input
Mixed
Negative
Positive
Mixed
Negative
Positive
Negative
Positive
Mixed

Load
Null load
Null load
Null load
Loaded
Loaded
Loaded
Mixed
Mixed
Mixed

Number of
data sets
4
2
2
4
1
3
3
5
8

4.2 Posterior distributions
The nine groups of original physical data were used for fitting the three models of the
studied valve. The model parameters are estimated generally for each test (Table 1) that
contains data obtained from individual experiments. Among the nine tests, the test 4,
consisting four independent data sets, is taken for demonstration. The third model with four
parameters generally estimated for the four data sets gives the best agreement with the
observations compared to the first order model and the second order model; and the second
order model performs a little bit worse than the third order model.
Figure 5 shows the data used together with the fit obtained by the MCMC method. The
model predicted spool position 95% posterior limits are shown by gray area around the
median estimate. Figure 6 shows the posterior corrections of the parameters in the thirdorder model. The objective function values according to (24) from nine tests are plotted in
Fig. 7a, from which it can be concluded that the third-order model best suits the data for
fitting, and the curve of the second order model is quite close to that of the third order
model, compared to the first order model.
4.3 Verification
The found models were further verified with new situations. Eight physical experiments
were carried out separately, having varied pulse input to valve, load, and supply pressure.
The models with parameters found by test 9 were applied. The objective function values in
(24) from eight tests are plotted in Fig. 7b. As observed from the plots, the third-order
model performs superiorly over the other two models; and the results from the second order
model are very close to those of the third order model and much better than those of the
first order model.
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(a) First order model;

(b) second order model;

(c) third order model

Figure 5 Plots of the fitted models and uncertainties in Test 4. (Legends: Solid lines
show the median fits obtained; darker areas correspond to the 95% posterior limits of
the model uncertainties; lighter areas illustrate the 95% bounds of the uncertainties in
predicting new observations; and squares present observations)
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Figure 6 Two-dimensional marginal posterior distributions of K3, a1, a2, and a3. The
two contour lines correspond to 50% and 90% regions; distributions along axes are
one-dimensional marginal densities

(a)

(b)

Figure 7 (a) Means of the squared residual sums from fitting tests; (b) the values of Ț
of the verification tests (Figure legends: + first order, Ɣ second order, ¨ third order)

5. DISCUSSION AND SUMMARY
The paper evidently shows the strength of the MCMC method in hydraulic component and
system model development. The analysis and predictions take into account all the
uncertainties in models and data; and the uncertainties are quantified using a full statistical
approach. The coefficients of each model prove to be uncorrelated and identifiable with the
given data. New situations are also taken for verification. The results indicate that the third
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order model has the most excellent agreement between the measured and simulated results
in wide operating range and is most robust, but the second order system is a reasonable
candidate for simplification purpose since it noticeable performs very close to the third
order model revealed by the fitting results and the verifications.
Notation
Ai, A
Aci
Bf
FL
Kf
Ki
Li
Qi, Q
T
Vi
W
ai
mv
pL
p1, p2
ps, pt
u
us
v
xs

Dd
ș
ȡ

]
Zn

valve orifice areas (m2)
piston areas (m2)
viscous damping coefficient (Ns/m)
load force (N)
flow force spring rate (N/m)
valve gains (no physical unit)
damping length (m) (the axial length between incoming and outgoing flows)
volumetric flowrate through orifice (m3/s)
time constant (s)
chamber volumes (m3)
area gradient of orifice (m2/m)
constants (1/s)
spool mass weight (kg)
load pressure (Pa)
input and output line pressures (Pa) (pressures at valve ports 1 and 2)
pump and tank pressures (Pa) (supply and return pressures)
input voltage to valve (V)
voltage corresponding to spool position displacement (V)
flow speed (m/s)
valve spool displacement (m)
discharge coefficient (no physical unit)
angle at which fluid jet leaves spool chamber (°)
mass density of fluid (Ns2/m4)
damping ratio (no physical unit)
natural angular frequency (rad/s)
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ABSTRACT
Methods for virtual product development become more and more popular. Simulation tools
like Lumped parameter, FEM or CFD are used to determine system performance in the
early phase of design process. That saves development costs and development time.
Electrohydraulic valve systems are characterized by mechatronic properties and a lot of
complex nonlinear relations. That makes the development of electrohydraulic valve systems
to an substantial challenge. Model approaches with lumped parameters offer good
opportunities to describe the entire valve consisting of valve electronics, proportional
solenoid, mechanical and hydraulic effects. The proportional solenoid is an important
subsystem of such a valve. While FEM-model enables a detailed design a holistic analysis
of the entire valve is not possible. Modell approaches are needed that can describe the
solenoid performance in a holistic model (e.g. a lumped parameter model). One possibility
to describe the proportional solenoid in such a way is the reluctance network. To date there
is no approach available to describe the performance of a proportional solenoid in an
acceptable precision with lumped parameters.
The paper presents a new approach to derive an appropriable reluctance model for
proportional solenoids like they are used today. This new approach is characterized by two
attributes: First the structure of the reluctance network conforms to the structure of the
magnetic flux. That leads to a physically based model approach which enables a better
understanding of the functionality and a purposeful optimization in order to meet valve
requirements. The second attribute is the parametrization of the model done by FEMresults. 2D FEM-calculations allow a view inside the solenoid and the abolition of
experimental work for determining model parameters. The paper shows the idea of that
approach as well as the way of development and parametrization of the reluctance network.
The obtained results are compared to experimental investigations.
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In order to enable such investigations each submodel has to provide a precise and
manageable model with lumped parameters. Subsystems like the proportional solenoid are
characterised by a high complexity which makes it difficult to find an appropriate model
description, see (9) and (10).

2

MODELLING APPROACHES

In order to describe the static and dynamic behaviour of a proportional solenoid multiple
model approaches such as inductance models or FE-models can be utilized, see (1). The
question is which approach fits best into a holistic valve model. To answer this question
first of all the model requirements have to be specified. Next the available approaches need
to be compared. In order to be able to integrate a solenoid model in a holistic model of a
valve the following specifications need to be fulfilled:
Possibility for integration. The model for the solenoid needs to be used as a submodel for
the entire valve model. So it should be able to be integrated into a simulation tool were the
holistic valve model can be calculated. Reduced calculation effort. In order to realize
acceptable development times the simulation time should be as short as possible. Large and
detailed submodels like FE-models may lead into extensive calculation effort. Even the
time for model set up needs to be considered. Parametrization by design data. The
philosophy of virtual product development requires models which can be parametrized only
by design data. That means there are no experimental results required to get a suitable,
realistic and precise model. According to that it is possible to get information in an early
phase of the development. Traceability of model parameters. The entire valve model
allows a description of the static and dynamic performance of the actual design. In order to
optimize this design model parameters can be changed as long as the required performance
occurs. The new set of parameters has to be transferred into a new design of the product.
Not every model type allows that traceability of parameters.
Inductance model
IM

RSp

Reluctance model
IM

RSp

ĭ

FE model

RmE
VmE

UM

LLSpSp(I M , x A )

UM

UL

Ĭ

Rm
RmLL(x A )

xA

VmL

Figure 2 Three different types of solenoid models
Figure 2 illustrates three different types of solenoid models. The simplest type is the
Inductance model. The static and dynamic behavior of the solenoid is characterized by
two electrical elements the ohmic resistance and the inductance of the coil. The nonlinear
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inductance LSp depends on the current IM and the air gap xA and can only be considered by a
measured characteristic diagram. The solenoid force FM is defined proportional to the
current IM. Because of its simple structure the model can easyly be integrated into a holistic
simulation model by keeping the calculation effort low. The determination of the model
parameters using measurements or FEM calculations is possible. But the achievable model
accuracy is due to the simple approach quite small.
The basic idea of the Reluctance model follows the idea of network models, were the
magnetic flux is specified by a circuit of different magnetic resistances with lumped
parameters. So the paths of the magnetic flux can be modeled more detailed. Particular
effects like stray fluxes or eddy currents can be investigated much better with such
reluctance networks. Basically it is possible to define a magnetic resistance by geometrical
data. The solenoid force FM is calculated by the magnetic flux pervading the air gap. That
more realistic approach enables to consider the dynamic magnetic effects much better. The
calculation effort is compared to a FE-model much lower and the model can be easyly
integrated in a holistic model.
The FE-model is the most common used tool to determine a suitable solenoid design. The
static and dynamic behavior is calculated by a discretized field of elements where the
Maxwell equations are solved. The model set up only requires the design and the magnetic
material data. In particular the force-stroke-characteristic of a proportional solenoid can be
represented very well by a FE-model. Due to the amount of the model size the calculation
effort is relatively high although the latest software tools are equipped with capable solvers.
One disadvantage in terms of the holistic valve development is that the FE-model is
difficult to be integrated in an entire valve model. An integration of the FE-model in the
system model via simulator coupling is generally possible. But that causes a considerably
longer simulation time.
The question remains which model fits best in order to consider all relevant physical effects
of a valve as they are shown in Figure 1. First of all a simulation tool is required were the
relevant physical domains (electrics, magnetics, mechanics, hydraulics) can be considered.
Software tools like ITI SimulationX, Matlab, AMESim offer such capabilities. A reluctance
model of the solenoid can be integrated into such a tool and offers enough possibilities to
describe specific qualities. By using that model approach a way has to be found to
determine an applicable model structure and a set of parameters by avoiding experimental
investigations. In order to achieve this the FE-model should be used to look more detailed
into the solenoid and to achieve the required information which otherwise would be derived
from measurement results.The following chapters are illustrating a way how to develop and
how to parameterize a reluctance model for a proportional solenoid using FE-model results.

3

FINITE ELEMENT ANALYSIS

Modelling and simulation of proportional solenoids by finite element methods is a well
investigated research field (11) and (3). In this chapter an already existing proportional
solenoid is used to show the model quality.
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brass ring (magnetical isolated)
yoke

J

coil

pole pipe

cone
pole pipe

xA

FM

armature

Figure 3 Exemplary design and FE-mesh of a proportional solenoid
Figure 3 shows the design of a solenoid which represents the geometrical basis for the
model set up. Because of the rotational symmetry a 2-dimensional FE-model is sufficient.
The coil impresses a current density J which can be determined from the current IM, the
number of windings nSp and the cross section of the winding area AW.
The position of the armature is defined by the air gap xA. The resulting armature force is FM.
Yoke, pole pipe and armature get the nonlinear properties (B-H-curve) of the used
ferromagnetic materials. Magnetic hysteresis is not considered.
The simulation results are shown in figure 4. An acceptable model quality can be
determined in comparison to the measurements. Only at high currents and large armature
positions the deviations are remarkable. In general it can be derived that the quality of the
FE-model is good enough in order to be used to develop a reluctance network.
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Figure 4 Measured and FEM-simulated force-stroke-relation
In addition to the force FM more information is available. Figure 5 illustrates the force
vectors acting on the surface of the armature as well as the direction and density of the
magnetic flux (flux lines). Both information can be used to derive the reluctance network.
force vectors

flux lines

FM

xA

armature

Figure 5 Force vectors and flux lines determined by the FE-model
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STRUCTURE OF THE RELUCTANCE NETWORK

In order to get a realistic model the network structure should be oriented to the flux
distribution. Figure 6 shows the flux lines of the analysed solenoid for a current of IM=1,6A
and an armature position of xA=1mm. Analysing the flux paths four zones (A, B, C and D)
can be differentiated. Zone A represents the major of the ferromagnetic material. Here the
flux density B is due to the large cross-section relatively low. The magnetic flux in zone A
penetrates also the air gap (zone B) as well as the cone (zone C). The magnetic resistance
will strongly depend on the armature position xA. Zone D represents the stray fluxes inside
the coil and outside the yoke.

D

C
A
B

IM

RSp

ĭGes

ĭE

ĭS
UM

UL

RmS

Ĭ
D

RmE
VmE

A

ĭR

ĭA

RmR
C

Rm A
B

Figure 6 Force vectors and flux lines determined by the FE-model
According to that flux distribution a model structure for the reluctance network has been
developed and is shown in figure 6. The magnetomotive force Ĭ causes a magnetic flux
ĭGes that can be divided into two parts. The stray flux ĭS and the iron flux ĭ E . It is
assumed that the iron flux ĭ E is penetrating the entire zone A. That flux will be divided
according to the two zones B and C into an axial flux ĭ A and a radial flux ĭ R . According
to the force calculation of an ideal air gap (11):
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Figure 8 shows exemplary the several fluxes for a current of IM=1,6A depending on the
armature position xA. Increasing of the air gap xA causes an increase of the overall magnetic
resistance. That is why the entire flux ĭGes decreases on rising armature positions. The
fluxes ĭ A and ĭ R are changing significantly at low values of xA. The specific design of
the cone affects the ratio of those two values as well as the resulting force-strokecharacteristic. The stray fluxes ĭSi have a significant proportion of the entire flux ĭGes
and can not be neglected.
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Figure 8 FEM simulated flux distribution
5.2
Parametrization of the magnetic resistances
As shown in Figure 6 four magnetic resistances RmS, RmE, RmR and RmA have to be
parameterized. These FEM results will be used in order to find the model parameters.
Stray flux resistance RmS. In order to keep the model structure well-arranged the four
stray fluxes ĭS1 , ĭS 2 , ĭS 3 and ĭS 4 will be merged into a global stray flux ĭS :
ĭS =ĭS1+ĭS2+ĭS3+ĭS4 .

(3)

Assuming that the flux is driven by the magnetomotive force Ĭ the stray flux resistance
can be determined by:
RmS =

Ĭ
.
ĭS

(4)

Figure 9 illustrates the resulting values as well as the approximation of the stray flux
resistance RmS depending on the armature position xA.
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Figure 9 Approximation of the stray flux resistance RmS
Iron resistance RmE. That resistance is intended to describe the magnetic characteristic of
the yoke, the pole pipe and the armature in one lumped parameter RmE. The cross section
areas are relatively large and therewith the magnetic saturation is small. RmA and RmR are
represent the more dominant resistances in the second loop of the network shown in figure
6. The nonlinear characteristic of the ferromagnetic material can be described by the B(H)curve and is considered in the FEM-model. According to the definition of the iron
resistance:
RmE =

1
B (H ) AE

VmE

(5)
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Figure 10 Determination of the iron resistance RmE
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a cross section area AE has to be defined. Due to the complex geometry this is impossible.
Assuming that the resistances RmA and RmR are negligible at an armature position xA=0mm
only RmE and RmS are relevant. For that case the relation ĭE = f (VmE ) can be determined
by FEM-simulation. The obtained characteristic is shown in figure 10 and implemented in
the model.
Axial flux resistance RmA. The magnetic flux ĭ A pervading the axial face of the armature
depends only on the air gap xA. Here a geometrical approach can be used:
Rm A (x A ) =

xA
.
ȝ 0 AA

(6)

Radial flux resistance RmR. The radial flux resistance is intended to describe the effects
around the cone. Figure 11 illustrates the flux distribution in that area in more detail. The
radial flux ĭ R can be divided into two parts ĭRE and ĭRL . Three regions a, b and c are
affecting the flux in the cone area. That is considered in the detailed model for RmR shown
in figure 11. The three resistances are parameterized by the FEM results.
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Figure 11 Flux distribution around the cone
Sticking all the resistances together the flux distribution determined by the FEM model can
be simulated in a reluctance network as it is shown in figure 12. The comparison
demonstrates that the chosen network structure as well as the parameterization is able to
describe the flux distribution very well.
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Figure 12 Comparison of the flux distribution between reluctance model
and FEM model
5.3
Calculation of the armature force
Assuming that the armature force FM is a function of the magnetic fluxes ĭ A and ĭ R two
force components have to be determined:
FM = FMA (ĭ A ) + FMR (ĭR ) .

(7)

FEM tools offer the opportunity to analyse force vectors acting on specified surfaces.
Figure 13 illustrates such force vectors acting on the armature surface. According to the
magnetic fluxes the resulting forces FMA and FMR are displayed over the armature position.
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Figure 13 Force vector analysis by FEM results
In accordance with the force calculation for switching solenoids the axial armature force
FMA of a proportional solenoid can be determined by the analytical approach:
FMA =

ĭA2
.
2 ȝ 0 AA

(8)

The radial armature force FMR is due to the high nonlinearities in the cone area not that easy
to describe. The characteristic FMR = f ĭ R derived from the FEM model helps to
overcome this challenge.

( )

Finally the introduced reluctance network is able to determine the armature force FM
according to the current IM and the armature position xA. The model can determine the static
and the dynamic performance with small computation efforts.

6

EXPERIMENTAL VALIDATION

In order to prove the model quality the simulation results have to be compared to
experimental results. Figure 14 shows a comparison of the static force-stroke-characteristic.
The force-current-dependency is quite acceptable. With high armature positions the the
accordance of simulation and measurement results is getting less.
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The reason for that characterstic can be found in the used approach for the calculation of
the force FMR = f ĭ R . This approach is optimized to deliver optimal results in the
working area of the solenoid ( x A d 2,3mm ).
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Figure 14 Measured and simulated force-stroke-relation

7

CONCLUSION

The paper presents a method to develop and to parameterize a relatively simple reluctance
model for proportional solenoids. The elementary structure leads to marginal computation
times and enables the model to be used in holistic valve models. The comprehensive use of
the FE model and its results allows a parametrization were no experimental results are
required. That enables the prediction of the expected valve performance in the very early
design process. The validation of the dynamic performance with puls width modulation
operation is ongoing.
Due to the very complex coherences the static behaviour does not match perfectly. In order
to increase the precision two possibilities are imaginable. First the reluctance model has to
be refined. That would definitely lead into a more complex model and into a timeconsuming parametrization process. The second possibility could be a co-simulation
between a FE-tool and lumped parameter simulation tool. The method and required effort
needs to be investigated in more detail.
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ABSTRACT
Traditionally most mobile hydraulic systems are ﬁtted with over centre valves for safety measures. However, it is a well known that over centre valves in combination with ﬂow control
valves may lead to oscillatory and unstable system behaviour if not designed correctly. There
are several means to overcome this problem, but it typically implies higher energy consumption and/or decreased control performance. With the development of robust sensors and new
valve types with separate meter-in, separate meter-out control it is, however, possible to overcome these stability problems in a much more intelligent way, also adding increased functionality to the system. The focus of the current paper is therefore on investigation of different
control strategies for Separate Meter-In Separate Meter-Out (SMISMO) control of general
single axis hydraulic system with a differential cylinder and an over-centre valve included.
The paper ﬁrst presents a general model of the system considered, which is experimentally
veriﬁed. This is followed by a discussion of different control strategies and their implications.
For each of the control strategies controllers are described, taking into account the dynamics
of the system and the coupling between the two cylinder chambers. Based on the described
controllers the different control strategies are evaluated through via simulations and experimentally on a scale model of an excavator arm. Based on the ﬁndings, the performance of
the different controllers are discussed and possibilities and limitations of the controllers are
described.
1

INTRODUCTION

Within mobile hydraulic systems, over-centre valves (OCVs) or counterbalance valves are
widely used for safety measures in load carrying applications as mobile cranes, telehandlers,
winches etc. The purpose of the OCVs are multi-fold combining functions as leak tight load
holding, shock absorption, cavitation protection at load lowering, pipe burst load holding and
no drop before lift. It is however a well known fact that systems with load independent ﬂow
Fluid Power and Motion Control 2010 Edited by Dr D N Johnston and Professor A R Plummer
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control valves in combination with over-centre valves are prone to instability. As the latter is
increasingly asked for by manufacturers, a major problem in present hydraulics is to design
pressure compensated systems containing over centre valves that offer stable load lowering
performance without unnecessarily compromising system efﬁciency and response. Naturally,
this problem has attracted a lot of attention with emphasis on modelling and parameter variation [1,2,3,4,5,6,7] revealing a number of common mechanical stabilizing characteristics,
such as lowering the pilot ratio, increasing the rod side (pilot line) volume or alternatively not
using pressure compensated valves. It is however also possible to overcome the problem by
using electrically controllable valves and using e.g. active damping. With the advancement
of new valves, where it is possible to control the meter-in and meter-out side independently
(separate meter-in, separate meter-out), new possibilities for controlling the system however
become possible. This hence opens up for better performance and/or the energy consumption
may be lowered, while still stabilising the system.
Separate Meter-In, Separate Meter-Out (SMISMO) has been the focus of several research
activities, see e.g. [8,9,10,11,12], where focus primarily has been on decoupling states like
for example actuator velocity and pressure. Lantto et al. [8] considered SMISMO in relation
to decoupling of actuator velocity and pressure using a combined pump and valve control,
whereas Jansson et al. [9] considered a scheme for decoupling of velocity and pressure in
a hydraulic actuator, which however required velocity feedback to obtain static control of
the actuator. Elfving et al. has considered different means for decoupled pressure control
[10,11], whereas Nielsen [12] considered decentralised pressure/velocity control structures,
with decoupling of velocity and pressure, also considering strategy switching. None of the
research activities have however considered the problem in relation to systems which include
an OCV.
The focus of this paper is therefore on control of OCV-systems using SMISMO-control strategies and utilising only pressure transducers. The paper ﬁrst presents a model of a OCV-system
with two proportional valves used as respectively meter-in and meter-out valve. Experimental results are presented showing the validity and limitations of the model, and a linear model
is derived showing the coupling between the different states in the system. The model is
the foundation for the presentation of different control strategies, which are all based on relatively simple open loop velocity control using only pressure transducers to determine the
metering ﬂow. Only direct strategies are considered, in which the meter-in side only controls either ﬂow or pressure in the chamber in which the valve is connected to and similar for
the meter-out side. Considerations regarding the couplings between the different states are
however presented along with considerations regarding controllers. Based on the described
controllers, both simulation and experimental results are presented, which constitute the basis
for an evaluation of the possibilities of the different strategies.
2

SYSTEM MODELLING

As described in the introduction, the focus of this paper is to investigate different control
strategies, when controlling SMISMO-systems with over-centre valves (OCVs). For this
purpose the systems shown in Fig. 1 is considered, which is a standard cylinder mounted with
an OCV, actuating a scale model of a simpliﬁed excavator arm. The experimental set-up may
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be seen in Fig. 2. To control the system two directly actuated high bandwidth proportional
valves are used.

Figure 1: Illustration of the system, with the used notation. Notice the sign convention
used to have positive correlation between Qr and x.

Figure 2: The experimental set-up with the excavator arm, valves and sensors.
As described in the introduction the systems is considered for the lowering situation, where
it is well known that the inclusion of an OCV may lead to stability problems. The notation
used may be seen in Fig. 1. Notice the sign convention for x, which is chosen to have positive
correlation between Qr and x. When referring to the cylinder being fully extended this hence
means for x = 0. The pressure build up in respectively the rod side and piston side of the
cylinder may be described by the continuity equation as:
d pr
βe
= (Qr − Ar ẋ)
dt
Vr

(1)

d pp
βe
=
(A p ẋ − Q p )
(2)
dt
Vp
Where Vr = Vr,0 +Ar x is the volume of the rod side chamber and Vp = Vp,0 −A p x is the volume
of the piston side chamber, with Vr,0 and Vp,0 being the default volumes in the cylinder and
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connected hoses, with the cylinder in the top position.βe is the effective oil bulk modulus and
is modelled as:
1
βe =
(3)
V%,air
1
β + βair
oil

With the volume content of air being determined as:

V%,air =

κ
p0V%,air,0

 κ1
(4)

p

With p0 being atmospheric pressure, κ = 1.4 (assuming an adiabatic process), βoil = 14.000
bar (oil bulk modulus) and βair = 1.4p. The effective oil bulk modulus is limited to 7000 [Bar].
The force from the cylinder piston may be described as:
Fcyl = pr Ar − p p A p − Ff ric
With the friction force is modelled as:


Ff ric = Bv ẋ + Fc + Fs e

−α|ẋ|



 
ẋ
tanh
γ

(5)

(6)

Where γ controls the slope of the friction curve around zero velocity to compensate for numerical switching problems. In the simulations this is set to γ = 0.0001 [m/s]. The friction
in the mechanical system is included in the cylinder friction, whereby the model for the mechanical system may be written on standard closed form:
M (x) ẍ + B (x, ẋ) ẋ + G (x) = Fcyl

(7)

Where M(x) is the equivalent inertia mass on the cylinder, G(x) is the gravitational force
and B (x, ẋ) contain the Coriolis and centripetal-terms, which for normal operating velocity is
negligible, but is included for generality of the model.
Continuing with the model, the ﬂow across the over-centre valve (for the lowering situation)
may be written as:

2
(p p − pb )
(8)
Q p = Cd Ao (xo )
ρ
Where ρ is the oil density, pb is the back pressure given by Eq. (12), and Ao (xo ) is the valve
opening given by:


(9)
Ao (xo ) = π do xo sin θ + xo2 sin2 θ cos θ
Where do is the spool diameter, θ is the cone angle and xo is the spool position, which is
determined from the force balance on the spool:
ms ẍo = pr A pilot + p p Amain − pb Aback − pcr Amain − Ff low − Bocv ẋo − Fc,o − ks xo

(10)

Where A pilot , Amain and Aback are respectively the pilot area, main area and back pressure
area of the valve. pcr is the crack pressure of the valve, Bocv , Fc,o and ks are respectively the
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viscous friction coefﬁcient, Coulomb friction in the valve and spring constant. Finally the
ﬂow forces are described by the stationary ﬂow forces as:


(11)
Ff low = 2Cd Ao (xo ) cos θ  p p − pb 
The back pressure is found from the continuity equation as:
d pb
βe
=
(Q p + Qb )
dt
Vb

(12)

Finally the proportional valves are modelled simply by the oriﬁce equation and a critically
damped second order system as:
√
, u1 ≥ 0
(13)
Qr = Kv u1 ps − pr
√
, u2 ≤ 0
(14)
Qb = Kv u2 pb − pt
ui =

ωn2
ure f .i
2
s + 2ζ ωn s + ωn2

(15)

Where Kv is the valve coefﬁcient, and ure f ,i is the reference voltage to the i’th valve. With the
valves used the valve dynamics may generally be neglected compared to the dynamics of the
systems. The model for the valve dynamics is however still included, whereby the inﬂuence
of slower valve dynamics may be investigated in relation to the considered control strategies.
2.1

Model Veriﬁcation

With the model described, the basis for the control strategies is available. In this section
the model is compared with experimentally obtained data. The model contain several uncertain parameters being the air content in the oil V%,air,0 , the viscous friction coefﬁcient Bv ,
Coulomb friction Fc and stiction Fs in the cylinder along with coefﬁcient controlling the decay of stiction α. These parameters are determined to have a reasonable ﬁt of the model
with the real system, with regard to both the different pressures levels and frequency. The
friction coefﬁcients of the OCV are also uncertain, but with limited inﬂuence on the overall
system dynamics, why these are adjusted based on data for similar valves. The results of the
validation with the adjusted parameters are shown in Fig. 3.
From the ﬁgures it may be seen that there are several deviations between the model and the
measured data, especially in the ﬁrst period for the rod side amplitudes. It may also be seen
that in the measured data that there are downward bumps in at the rod side pressure peaks,
which is not captured by the model. These deviations results from the parameter uncertainties
and the simpliﬁcations made in the model. The main reason for the deviation is believed to be
due to the friction in the system and the limitations in the model used. As both supply pressure
and valve spool position is kept constant, the only thing which may yield this drop in the rod
pressure peaks is the piston movement (and opening of the OCV), where stiction effects
come into play. With the friction model used it is however not possible to capture this effect,
without running into numerical problems. Despite these deviations the model do, however,
capture the dynamics of the system sufﬁciently well in terms of frequency, pressure gradients
and pressure levels. Although improvements could be made the model is sufﬁciently accurate
for being able to test different control strategies and no further improvements are hence made.
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Figure 3: Experimentally and simulated pressures, when valve 1 is opened 10% and
valve 2 is fully opened.
2.2

Linearised Model

To get an overview of the couplings between the different states in the system, the above
model is slightly simpliﬁed and linearised. This not only gives an overview of the system,
but also serves as basis for selecting suited controllers for the different control strategies. In
the model the following simpliﬁcations are made: The volumes Vr and Vp are considered
constant, as are the effective bulk modulus of the oil. The OCV spool dynamics is negligible
compared to the dynamics of the system, whereby this may be neglected. Similar the dynamics of the proportional valves are disregarded in the diagram for simplicity reasons and the
inputs to the system are the ﬂows over the valves, as these are controlled based on the measured pressures. As changes in both gravitational, Coriolis and inertia forces are negligible
for small movements, the mechanical system is simply represented by a constant inertia mass.
Similarly both Coulomb friction and stiction are considered constant, and hence changes in
these are neglected for both the cylinder and the OCV. Linearising and Laplace-transforming
hereby yields the block diagram shown in Fig. 4.
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+

βr

pr

Ar

Vr s

1
M eq s + Bv
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−

x

Ap
pp
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+

βb
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βp
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Qp

−+

Ap

c1 + Aback c2

Figure 4: Block diagram for the linearised system.
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The linearisation coefﬁcients being given by:

Kq = Cd KA

 
2
ρ

Flow and ﬂow-pressure coefﬁcient OCV
p p,0 − pb,0



OCV area gradient



KA = π sin θ do + 2xo,0 sin θ cos θ

Kqp =

C K x
 d A o,0
2ρ ( p p,0 −pb,0 )

Flow force coefﬁcients



K f ,q = 2Cd KA cos θ p p,0 − pb,0

K f ,qp = 2Cd KA xo,0 cos θ

The subscript 0 denotes evaluation at the linearisation point. The two coefﬁcients c1 and c2
are given by:
(16)
c1 = Kqp − K f ,qp c2
Kq
(17)
c2 =
ks + K f ,q
Dependent on primarily the piston, the parameters and hence stability of the system change
quite signiﬁcantly. When analyzing the system and designing controllers, choosing proper
linearisation points is therefore important as discussed in the next section.
3

CONTROL STRATEGIES

As described in the introduction many different strategies for how to control a SMISMOsystem may be developed dependent on the transducers allowed, the system considered and
the requirements to this. In this paper four different strategies are considered for lowering
a load in a system with an OCV. The strategies have the common feature that each strategy
considers ﬂow (velocity) control of the system on an open-loop basis, i.e. ﬂow into or out
of the cylinder is controlled in open loop, based on the inverse of the oriﬁce formula. This
is done, as these systems typically have an operator in the loop, why completely accurate
ﬂow control is not required, as long as the repeatability is approximately constant, hereby
also removing the need for a ﬂow transducer or alternatively a velocity transducer. The
strategies considered may be divided into either meter-in strategies or meter-out strategies.
The strategies considered are:
• Strategy 1: Meter-in strategy, where the ﬂow into the rod side chamber is controlled via
valve one (using pressure transducers to determine the ﬂow) and using active damping,
in form of a high pass ﬁlter, to stabilize the systems, see Fig. 5. The second valve is
fully opened to minimize the back pressure of the OCV, hereby also minimizing the
power consumption. This strategy requires two pressure transducers to measure supply
pressure and rod side pressure respectively.
• Strategy 2: Meter-in strategy similar to strategy 1, but where the back pressure is raised
using valve 2. The idea is here to keep the back pressure approximately constant to
remove the inﬂuence of variations in the back pressure. A simpler strategy in this
concern is simply to set the valve opening of the second valve to a small value, whereby
the back pressure is also raised. The beneﬁt of this may be a more stiff system, with
higher effective bulk modulus values, compared to strategy 1, but at the expense of
higher energy consumption.
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• Strategy 3: Meter-out strategy where the ﬂow out of the piston chamber is controlled
by the second valve, based on measurement of back pressure. To accomplish this, the
OCV-valve needs to be open, which require that the rod side pressure should be set so:
pr ≥

pcr Amain + pback Aback − p p Amain
A pilot

(18)

The strategy hence requires at least two pressure transducers, to measure rod side pressure and back pressure, assuming the tank pressure may be considered known. One
strategy in this concern could be to set the pilot pressure high enough to keep the OCV
fully open when lowering. For back pressure compensated OCVs this strategy will
hence practically remove the inﬂuence of the OCV, which is beneﬁcial as hereby the
OCV will simply work as a ﬁxed oriﬁce with a large opening and hence a small pressure drop. This will hence directly remove the stability related problems in the system.
For the non-pressure compensated OCV considered here, it is however not possible to
keep the OCV fully open by raising the pilot pressure as this will also just increase the
back pressure, when utilising the meter-out strategy. The rod pressure should however
be set high enough that it is the proportional valve and not the OCV which controls the
ﬂow out of the back volume.
• Strategy 4: Meter-out strategy similar to strategy 3. To dampen oscillations in the
system pressures a high pressure ﬁlter (active damping) is again applied in the system,
but this time measuring the piston pressure, see Fig. 6. Dampening piston pressure will
also beneﬁt the rod side pressure as the two are coupled through the piston, whereby
system pressures in general may be dampened. It is in this regard not meaningful to
apply the ﬁlter on the rod pressure1 , as the meter-in side is not a ﬂow control and the rod
pressure controller, dependent on tuning, compensate for the effect. Similarly applying
the ﬁlter on the back pressure of the OCV, pb , does not have a signiﬁcant effect, as the
back pressure and piston pressure is partly decoupled via the OCV, i.e. a steady back
pressure, pb , does not remove oscillations in the piston or rod pressure.
For both the two meter-out strategies, it should be noted that these do not compromise the
hose-rupture feature of the OCV, as remove of the pilot pressure will still maintain the load
holding feature. When lowering a hose rupture will hence “simply” mean the oil is exiting
the system, but do not compromise safety of the system. An obvious ﬁfth strategy could
have been to control the meter-out ﬂow via the OCV. However for this to work properly and
be able to control the ﬂow, it would require knowledge about the OCV opening area, which
again requires knowledge of the spool position, which is not directly obtainable, and which
may be difﬁcult to estimate correctly due to the ﬂow forces and friction in the valve. This
strategy is hence not considered further, but future investigations may look into this. How the
controllers are designed is described below.
Based on the block diagram shown in Fig. 4, different controllers are designed for the different strategies. The controllers considered here are limited to simple linear controllers to ﬁrst
investigate the properties of the different strategies. As stability of the system is of highest
1 Doing so, do not increase the performance of the system. The integrator is instead replaced by an integrator-term
and a lead-ﬁlter, where it is not possible to use the lead effect to increase performance.
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importance, all controllers are adjusted with the primary objective to have a stable system,
with a corresponding decrease in performance. For systems of this type it is known that the
most critical operating point with regard to stability is for the cylinder in the top position, as
here the volume ratio between the rod side and piston side is the smallest. This will hence be
the point for which the controllers are adjusted. Due to the large parameters variations, which
primarily results from the piston position, all of the above strategies may beneﬁt from measurement of the piston position where a gain scheduling approach may be adopted, i.e. the
controllers may be adjusted according to the operating point. However, this would require a
position transducer, why not considered here, where focus is to investigate what is obtainable
using only pressure transducers.
Strategy 1: In this strategy, only a active damping (high pass ﬁlter) is implemented on the rod
side pressure, whereby high frequency oscillations are subtracted the input signal and hence
dampened. The implementation is shown with red in Fig. 5. To dampen system oscillations
the ﬁlter constant τr is set well below the lowest eigenfrequency in the system, whereas the
feedback gain Kr is set to obtain reasonable stability margins in the top position.
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Figure 5: Strategy 1 (red) and 2 (red and blue).
Strategy 2: Utilizes the same high pass ﬁlter as strategy 1 on the rod side. The back pressure
pb is here controlled using a simple proportional controller, as the pressure build up is already
a type one system, cf. Fig. 5. To compensate for the disturbance in form of the piston ﬂow a
ﬂow feed-forward, based on the calculated rod ﬂow is implemented. Care should be taken in
adjusting the proportional controller, as pressure oscillations in the back pressure inﬂuence
the opening of the OCV. Ideally the bandwidth of the back pressure control loop should hence
be set signiﬁcantly higher than the dynamics of the remainder of the system. In practice this
may however prove difﬁcult, as this require a high gain and even small disturbances in the
measured pressure may therefore be inﬂuential. Similarly the ﬂow feed forward only works,
if this is known sufﬁciently accurate. In practice it may therefore be necessary to set the
gain low and hence accept some back pressure oscillations. Increasing the back pressure also
means that the delay in the system, before the systems begins to respond is increased, as the
pressure in the rod side chamber has to increase to a higher level. For most systems this will
not be a problem, although the high pass ﬁlter does slow down the pressure build up process.
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Strategy 3: Here the meter-in side is not a ﬂow control and there is hence no need to include
the high pass ﬁlter on the rod side pressure control2 . Similarly the ﬂow feed forward term,
is not included, as even small deviations in the estimated ﬂow may lead to large deviations
in pressure, due to the extremely small volume, especially in the top position. To control
the pressure a simple PI-controller is utilized, to compensate for the disturbance from the
displacement ﬂow, see Fig. 6. The PI-controller is adjusted to have a break at approximately
half of the eigenfrequency of the system, as it is not possible to obtain a higher bandwidth in
the pressure loop, as the rod side pressure directly couples to the remaining dynamics in the
system.
Strategy 4: Strategy 4 extends on strategy3 and hence used the same controller parameters,
but with the high pass ﬁlter on the piston pressure, as shown in Fig. 6. The settings of the
ﬁlter are chosen similar to what is done in strategy 1.
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Figure 6: Strategy 3 (red) and 4 (red and blue).
Based on the above described controllers, the different strategies have been implemented and
tested and the results of this are presented in the following.

4

CONTROLLER TESTING

The above described control strategies and corresponding controllers have all been implemented and tested in both simulation and experimentally. The results of these tests are shown
in the following. In all cases the reference velocity is set to 0.1 [m/s], although obtaining
the correct steady state velocity is of secondary importance as the system typically is a HILsystem. The results for strategy 1 are shown in Fig. 7. The different pressures in the system
are shown to the left and to the right the piston position. Similarly Fig. 8 shows the results
for strategy 2, Fig. 9 for strategy 3 and Fig. 10 for strategy 4. For all the results the same
controller parameters are used in the simulation model and for the experiment.
Considering ﬁrst the meter-in strategies it is clear that strategy 1 not only stabilizes the system, but also gives a very smooth response, with very few pressure oscillations. The velocity
2 Doing so, do not increase the performance of the system. The integrator is instead replaced by an integrator-term
and a lead-ﬁlter, where it is not possible to use the lead effect to increase performance.
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Figure 7: Simulation and experimental results using strategy 1. To the left the pressures
in the system and to the right the piston position.
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Figure 8: Simulation and experimental results using strategy 2. The back pressure
reference is set to 50 bar.
is higher than required, but as described above this is not considered a problem as the system
typically will be operated with a operator in the loop, why not a problem. The small deviations between the model and the experimental results again stem from the limitations in the
model. The strategy furthermore has the advantage that it is very easy to adjust the ﬁlter gain,
and the sensitivity of this gain is very low.
Considering strategy 2 it is seen that this is also capable of lowering the load, but with a more
unsteady response with longer pressure pulsations and a more unsmooth velocity response.
At the same time the pressure levels are also raised compared to strategy 1, hereby increasing
energy consumption. Increasing or decreasing the pressure level (i.e. pressure reference) of
the back pressure have practically no effect on the pressure oscillations, but only the pressure
level. From the graphs it may also be seen that the proportional controller yields a steady state
error in the back pressure, due to the ﬂow disturbance from the piston ﬂow, cf. Fig. 5. The
problem with this strategy is, as described above, the pressure control of the back pressure,
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where the gain has to be adjusted lower than desirable, due to disturbances and measurement
noise in the system. The obtainable bandwidth of the pressure control is hence lower than
desirable bandwidth and the pressure control cannot be considered completely decoupled
from the remaining system dynamics. Adjusting the proportional gain is in this regard rather
straightforward, although the gain is sensitive if set too high. The ﬂow feed forward term
does not help signiﬁcantly in regard to dampening the pressure oscillations, as even small
errors may lead to signiﬁcant pressure gradients, due to the high gain (small volume) in the
pressure loop. Removing the ﬂow feed forward in this regard has little effect on the system.
The latter may be attributed that even small offsets may result in wrongly estimated ﬂows
which may have a signiﬁcant effect on the pressure response. Compared to strategy 1 there
is hence no reason to consider strategy 2.
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Figure 9: Simulation and experimental results using strategy 3. The rod pressure reference is set to 50 bar.
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Figure 10: Simulation and experimental results using strategy 4. The rod pressure
reference is again set to 50 bar.
Considering next the meter-out strategies it is seen that these are both capable of lowering
the load, where the lowering velocity is very close to the reference velocity. Similarly it is
seen that for both strategies there are small pressure oscillations in the measured response,
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especially in the beginning, where the reference step is applied. This is primarily due to the
controllers being adjusted rather aggressively, to be able to compensate for errors in the pressure when the cylinder is not in the top position, and where the gain in the system is lowered
compared to the fully extended cylinder. The same oscillations are not seen in the simulations, where measurement errors and noise is not present and hence the controller output with
be more smooth. The very high frequency oscillations in the piston and back pressure in the
simulation results are due to the friction model used. In relation to the responses it should be
noted that strategy 4 shows slightly better results with regard to the velocity and fewer large
pressure oscillations, but at the expense of more small higher frequency oscillations also in
the piston and back pressures (measured). The limited effect of the high pressure feedback
should again be seen in relation to the OCV, which is continuously metering when pressure
gradients arise, and hence inﬂuence the coupling between the piston chamber and the back
pressure volume. It should in this regard be noted that the strategy shows acceptable results
with the reference rod pressure set down below 40 bar, with only minor changes when setting
the pressure reference to 50 bar. The rod pressure when the OCV opens is in this regard
approximately 35 bar. Increasing the pressure reference above the 50 bar does not have a
signiﬁcant effect on the response, however, seen from an energy point of view increasing the
reference pressure is undesirable. To reduce the pressure oscillations a small pre-ﬁlter on the
pressure reference may however also aid. Apart from the ﬁrst period where the pressures are
settling, both the two strategies shows both steady velocity and pressures, and both strategies
may hence be improved by better adjustment of controller parameters possibly based on piston position. None of the two strategies are however as robust towards incorrect controller
parameters as strategy 1, due to the large gain variations, which require proper adjustment of
the controller parameters for the strategies to work as desired.
Based on the above ﬁndings, strategy 1 is both the simplest to implement and adjust, the one
which shows the best results with regard to energy consumption, and it only requires one
pressure transducer, why being the obvious ﬁrst choice if to be applied in a practical system.
The three other strategies all consider pressure control on the non-metering side (for strategy
3 and 4 in a varying volume) which is not as straightforward to implement, due to the high
gain and integrator effect, possibly combined with measurement noise and drift from sensors.
Both strategy 3 and 4, however show reasonable results and may be better solutions than
strategy 1 if more accurate velocity control is required. For each of the last three strategies
it may however be possible to improve the results, by utilising more advanced controllers
and adaption of controller parameters, to account for e.g. the varying volumes and reference
pressures. Further work in this area will therefore consider more adaptive control and more
advanced control strategies, where also cross coupling strategies may be considered.
5

CONCLUSION

The focus of this paper has been the possibilities arising from being able to control separately
the meter-in and the meter-out ﬂow in a system with an over centre valve to overcome stability problems and possibly improve performance. The paper ﬁrst presented an experimentally
veriﬁed model of a scaled excavator arm, being the foundation of the different control strategies. A linear model of the system was next presented, which was the basis for considering
different control strategies. Four different control strategies were presented and controllers
were described, suited for the different strategies. All the strategies are based on open loop
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control of either meter-in ﬂow or meter-out ﬂow. Simulation and experimental results were
presented for each of the controllers, from which it is found that the most robust controller is
a simple meter-in strategy with a high-pass pressure ﬁltered pressure feedback to stabilize the
system. The meter-out strategies however also showed acceptable results, but require properly adjusted controllers and better results could probably be obtained with more advanced
controllers not only adjusted for the fully extended position. Further work in this area will
hence concentrate on more advanced controllers to account for parameter variations, possible
switching between strategies under operation and more advanced control strategies, where
cross-coupling control between the two chambers may also be considered.
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Pumps and Motors

A Parameter Study of a Digital Pump
Miikka Jaurola, Kalevi Huhtala
Department of Intelligent Hydraulics and Automation, Tampere University of
Technology (TUT/IHA), Tampere, Finland

ABSTRACT
The studied digital pump differs from traditional hydraulic pumps in its flow control
method. Instead of using a valve plate or hydraulically operated check valves, the direction
of the flow in a reciprocating element of a pump or motor can be governed with
electronically controlled ON/OFF valves. Active ON/OFF valve control allows
programmability which in this case means that each reciprocating element can act as a
pumping, motoring or an idling element. Therefore hydraulic power can be transferred from
one outlet to another. Another benefit compared to a traditional valve plate is that the precompression and decompression of the fluid during the work cycle can be adjusted
independent of the pressure at the outlet. This feature allows the optimization of the flow
ripple at the pump outlet.
A simulation model of a digital pump was built with a commercial software GT-Suite 7.0
and the model was verified with cylinder pressure measurements of a digital pump. Besides
concentrating on detailed modeling of the flow paths in cylinder head blocks, also the
characteristics of the active control valves are verified for the pump model. The model is
then used to study the pressure ripple behavior inside pump cylinder and in pump outlet
when active control valve parameters (e.g. nominal flow rate, response time) are varied.
In this paper the simulated results of the pressure ripple study are presented. Also the
verifying results comparing the measured and simulated results are included. The results of
the study will be used in the future studies of the digital pump-motor transformer (e.g.
controller studies and optimizing the components).
Keywords: digital pump-motor transformer, active valve control, mathematical model
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1. INTRODUCTION
The delivery flow of a piston pump is cyclic due to the reciprocating motion of the working
element. Loading the hydraulic circuit following the pump induces an oscillating pressure.
Pressure oscillation induces structure and fluid born noise and excess wear in the
components. Besides the circuit and the kinematics of the mechanism driving the piston,
the pressure oscillation in the fluid circuit is also influenced by the device governing the
direction of the delivery flow of the pump. Valve port plate and hydraulically controlled
check valves are traditional examples of such devices used in piston pumps. These devices
have typically fixed configuration: port plate being a disc with kidney shape holes and
check valves having spring-mass-damper characteristics. Valve port plate design has been a
keen interest in axial piston pump development and various methods for reducing the
pressure ripple have been introduced. With port plate the main source for pressure ripple is
improper pre-compression and de-compression. Nafz (1) and Harrison (2) summed up some
of the solutions for improving the pre-compression in their own studies.
An alternative way to control the flow in a reciprocating pump element is utilizing
electronically controlled valves. Each cylinder of the piston pump or motor has actively
controlled 2/2 ON/OFF-valves acting as delivery and suction valves. Artemis Intelligent
Power ltd has done pioneering research on development of pump-motor units with active
valve control (3) and recently their applications have been noticed with awards. Linjama et
al. presented potential improvements on system efficiency by providing bi-directional
power flows between the prime mover and the hydraulic actuators with the concept of
digital pump-motor unit with independent outlets (4).
Undercompression and overcompression of the fluid inside the pump cylinder must be
minimized to minimize the flow ripple at pump outlet. This is not a problem if check valves
are used to control the direction of the pump output flow since the hydraulic forces acting
on the poppet open and close the valves. However if spool type valves are used there are no
hydraulic forces to do the actuation “automatically” at the right moment. Therefore the
actuation moments must be decided somehow. For example the pre-compression of the
fluid inside the cylinder should be mathced with pump outlet pressure. Otherwise pressure
overshoots or backflow from pump outlet back to cylinder chamber may occur. The
actuation moment can be calculated with a model based controller or from a look-up table
when the inlet and outlet pressures and the dimensions of the transformer unit are known.
In other words, active valve control allows variable control of cylinder pre- and decompression independent of system pressure levels. In addition to pre-compression and decompression, also the delivery and suction valve characteristics affect the pressure ripple at
pump outlet. This paper presents a simulation study where the influence of valve
parameters on pressure ripple is studied as the digital pump-motor transformer is working
as a pump.
2. SIMULATION MODEL
The pump-motor transformer studied in this paper, illustrated on left in figure 1, is modified
from a six piston boxer pump. The boxer pump had check valves in the suction and
delivery side to control the flow from cylinders. The main feature in the modification was
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replacing the original valve blocks with custom made valve blocks featuring bi-directional
2/2 ON/OFF valves. The hydraulic diagram of the measurement installation is shown on
right in figure 1. A more detailed description of the installation is presented in the
experimental results by Heikkilä et al (5).

Figure 1. Test installation of a digital pump-motor transformer.

2.1 Simulation software and verification of the model
A simulation model of a digital pump-motor transformer was built with commercial
software GT-Suite 7.0. The fluid flow modeling in GT-Suite involves solving the equations
for conservation of continuity, momentum and energy (6):
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Model is split in pipe and flow split volumes that are connected to each other with orifice
connections. The pipes are then discretized to subvolumes. The above mentioned equations
are solved in 1D in the boundaries of each fluid volume of this so called staggered grid.
This solving method gives good estimates of wave transients in high pressure (>100 bar)
fluid systems but is rather time consuming. It is suitable for simulations with time intervals
shorter than one second.

Figure 2. Schematic diagram of the simulation model.
The hydraulic circuit diagram of the simulation model is presented in figure 2. The digital
pump has a 10 bar constant pressure source connected to the inlet side. The flow from
pump outlet A is restricted with a load orifice. Outlet B is not used at all and is connected to
tank.
The simulation model has six nearly identical submodels of each cylinder. The schematic
diagram of the single cylinder model is shown in figure 3. A reciprocating motion of the
piston is generated with a crank-slider mechanism object in GT-Suite with crankshaft
running at 1000 rpm. Piston stroke is 16 mm and piston diameter is 20 mm which leads to a
total geometrical displacement volume of 30 cm3/rev with six cylinders.
Each cylinder has one inlet valve and two parallel outlet valves A and B. The inlet and
outlet valves are modeled as simple round orifices with time dependant flow area. The
diameter of the orifice is changed with a control logic which synchronizes the valve
actuations with the piston displacement to realize the pumping work. Outlets A of each six
cylinders are connected to each other to form port A. Likewise the outlets B and the inlets
are connected to form port B and port T of the pump. This is described in more details by
Heikkilä (5). As mentioned by Heikkilä, the valves used in the digital pump-motor
transformer have rather large internal and external leaks. Internal valve leaks were modeled
with annular leakage connections between valve upstream and downstream. External leaks
were modeled in same way but from cylinder volume to tank. Laminar leakage through an
annular groove is calculated from Poiseuille / Couette equation:
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Figure 3. Schematic diagram of single cylinder submodel.
Verification was done with cylinder pressure measurements of the digital pump-motor
transformer pumping fluid through an orifice connected to port A. The results show that the
model is in fairly good agreement with the measurements shown in figure 4. The simulation
model calculates greater pressure derivatives during the compression and decompression of
the cylinder volume. Possible sources for this might be the inaccuracy in piston lift profile,
different fluid properties. The piston lift profile of the pump was not measured. Instead
common crank-slider kinematics was used in simulation model to calculate the piston
position as the pump shaft rotates. In GT-Suite the fluid properties are governed by the state
equation of the fluid and the continuity, momentum and energy equations mentioned above.
For example the bulk modulus and the speed of sound are calculated as post-processing
calculations instead of giving them as inputs in the model. (6).

Figure 4. Measured and simulated cylinder pressure.
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A number of model parameters were changed to see if a better match would be reached.
Slight adjustments of the crank-slider mechanism, namely the length of connecting rod and
the piston pin offset, did not result a seemingly better match. The amount of free air was
also varied but this only delayed the start of pressure rise in the cylinder as the free air
started to dissolve in the fluid. When free air was dissolved the pressure rate was very near
to the case before adding the air as the dissolved air has very little effect on the bulk
modulus of the fluid. The addition of sensible amount of internal and external leakages
through the annular clearances did not soften pressure rise during compression. In this
study the cylinder dead volumes were increased to get a closer correspondence between the
simulated and measured pressure derivatives. Therefore simulated pressure ripple became
longer in wave length compared to the measurements. The increased dead volume also
increased the amplitude of pressure oscillation during the delivery stroke.
2.2 Valve parameter study
The inlet and outlet valves of each cylinder are modeled as simple orifices. The valves are
actuated at certain moments of the pump work cycle. For outlet valve the opening takes
place after the pre-compression of the fluid and closing is just before the top-dead-center is
reached. Inlet valve is opened after the decompression and the valve is closed at bottomdead-center.
At this point no controller is implemented in the simulation model to automatically decide
the opening and closing moment. Instead the amount of pre-compression and
decompression are set manually for each parameter setup by finding a proper advance or
delay in relation to dead centers. A resolution of 0.25° pump shaft angle was used for this.
Insufficient pre-compression and decompression causes loss of energy that is stored in the
fluid under the previous compressions. In case of overcompression the energy stored in the
compressed fluid inside the cylinder is lost as the fluid escapes through the outlet valve and
to the pump outlet. Also if the inlet valve is held closed after the de-compression, the fluid
starts cavitating. In this paper the principal rule for proper pre-compression is that flow
direction through the outlet valve should be positive. This means that the fluid flows from
pump cylinder to the pump output without changing direction during the delivery stroke.
Same time the overcompression should be minimized.
Table 1. Different valve parameters
lift profile
opening rate
nominal rate @ p = 20bar

pr 01, pr 02, pr 03
0.5ms, 1ms, 5ms
20 lpm, 40 lpm

Three valve parameters are studied in this paper: valve lift profile, valve opening rate and
valve nominal flow rate. The different settings for each parameter are summarized in table
1. To emphasize the effect of the above mentioned parameters, external and hydraulic
forces, such as flow force, jet force or damping forces, are not acting on the spool in
simulations.
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Figure 5. Valve lift profiles at with an opening rate t.
The opening and closing of the valve takes a certain time, t. In this study it is referred as
the opening rate of the valve. During the opening rate the spool displacement follows a path
which is referred as the valve lift profile. All sources of valve delays are excluded in this
study as, up to certain point, they can be compensated with the valve control logic. The
simplified shapes of the used profiles are presented in figure 5. The solver interpolates the
spool position from a look-up table. Three different lift profiles were used in simulations:
constant acceleration profile, linear profile and square root shaped profile using notation
pr01, pr02 and pr03 with respect. Pr01 and pr02 are conventional lift profiles in hydraulic
valves. Constant acceleration profile can be achieved with a solenoid and linear profile with
a proportional magnet. The square root profile might be realized with proper spool overlaps
and end cushioning. However the detailed discussion of how to realize the profiles in real
world is not the focus of this paper. The nominal flow rate of the valve is set by changing
the maximum diameter of the orifice acting as the valve. Values for diameters were 4.2mm
for the bigger valve and 2.9mm for the smaller valve.
3. RESULTS
Simulations were run at pump speed of 1000 rpm with two pump outlet pressures: 100 bar
and 200 bar. Figure 6 shows maximum cylinder pressures inside one cylinder chamber
during a pumping cycle. The maximum value of chamber pressure may be a result of either
a pressure overshoot or the pressure difference over the outlet valve depending on the
boundary conditions of the compressed fluid volume; namely pre-compression and valve
parameters. In most cases the maximum value was a consequence of pressure overshoot.
The chamber pressure may overshoot at the beginning of the delivery as a result of too
slowly opening outlet valve. Slow valve causes overdamping as the delivery flow is
restricted longer before the valve is fully opened. If there is no excessive overshoot at the
beginning of the delivery, the maximum chamber pressure is set by the maximum
instantaneous displacement velocity of the pump piston during delivery stroke, the load
orifice and the fully opened outlet valve.
As expected the maximum value for cylinder chamber pressure is bigger with the smaller
outlet valve. Bigger valve releases the pressure peak faster and if no overshoot occurs, the
bigger flow area generates less pressure loss over the valve. The elimination of backflow
emphasizes the importance of valve lift speed in avoiding high pressure overshoots. Figure
6 shows that the acceleration of the fluid is affected by the combination of both opening
rate and lift profile. The 5 ms valve with pr04 results roughly equal maximum pressure as
the 0.5 ms valves. It points out that it is more important to get the spool to start moving
quickly in the beginning than the actual time to reach the fully opened state. Figure 7
compares the spool displacement with different profiles and opening rates. It shows that a
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5ms valve with pr03 has opened approximately 30% in the same time as the fastest valve
has fully opened. Figure 6 also shows that with increasing pressure levels the valve profile
becomes even more meaningful as the pressure derivative during compression increases
due to the kinematics of the crank mechanism. Also valve timing and switching resolution
becomes stricter as the piston velocity during pre-compression increases.

Figure 6. Maximum pressure values inside the pumping chamber with outlet
pressures of 100bar (lower two) and 200bar.

Figure 7. Spool displacement with different opening rates and opening profiles.
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Figure 8. Simulated pump outlet pressure with valve profile 01.
The influence of valve parameters on pressure ripple at pump outlet was also studied from
simulation results. An example plot of outlet pressure at port A is shown in figure 8. A six
piston pump running at 1000 rpm has a base frequency of 100 Hz which dominates the
power spectrum in frequency domain. Slower valves increase the amplitude of the base
frequency because the delivery from each cylinder is delayed slightly due pressure
overshoot inside the cylinder. A small valve increases the delay even more as the pressure
peak is discharged slower. The discretization length (dx) of the outlet pipe connected to
port A of the pump was increased to shorten the elapsed simulation time. With slow valves
increasing the discretization length had only minor influence on the pressure amplitude.
With fast valves the increase of dx damped the amplitude of frequencies between 800..1100
Hz.
Figure 9 shows the amplitude of the pressure ripple at the pump outlet with different valve
parameters at pressure of 100bar and 200bar. The amplitude is calculated as a subtract of
maximum and minimum values of outlet pressure ripple over one pump shaft revolution
under steady state load condition. The amplitude is then normalized to mean outlet pressure
over one shaft cycle. Amplitude of outlet pressure ripple shows similar behavior as the
maximum pressure inside the cylinder. The increasing open rate again emphasizes the
effect that lift profile has on the amplitude.
However, figure 9 suggests that greater valve flow capacity increases the amplitude with
faster valves. High frequency oscillation is introduced as the fluid from the pump cylinder
is accelerated suddenly. Smaller outlet valve damps these higher frequencies but since no
excessive overshoot arise, there is no delay of delivery that would increase the base
frequency. Thus the ripple amplitude is smaller. As the open rate increases the high
frequency oscillation decays and the overcompression starts delaying the beginning of
delivery from cylinder and the base frequency amplitude starts increasing. As
overcompression occurs the increase in flow capacity starts to decrease the pressure ripple.
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Figure 9. Normalized amplitude of the pressure ripple at pump outlet at 100bar
(lower two plots) and 200bar.

Figure 10. Influence open rate on pressure ripple amplitude at pump outlet with lift
profile pr01 at 100 bar.
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Additional simulations were run with extended parameter selection to get a better view of
how the open rate and flow capacity act on the pressure ripple. Figure 10 shows the outlet
pressure ripple amplitude at pressure of 100 bar using valve lift profile 01. Valves with
nominal flow rates of 20, 40 and 60 liters per minute at p 20bar and opening rates of 1ms,
2ms, 3ms, 4ms and 5ms were studied. The results show somewhat linear increase of
pressure amplitude for 20 LPM and 40 LPM valves. For the 60 LPM valve the amplitude is
not as linear but the trend is slowly ascending as the open rate increases. As expected the
rate of increase in amplitude is higher with smaller valves. Figure 11 shows the amplitude
of 100 Hz base frequency with fast and slow valves at three nominal flow rates. With fast
valves the nominal flow rate has only minor influence on the amplitude but as the flow rate
increases a bigger valve starts to decrease the amplitude for the above mentioned reasons.
Figure 12 shows how the higher order harmonics are damped with a slow valve. Most of
the illustrated peaks show that bigger nominal flow rate generates bigger ripple amplitude
in higher order oscillations.

Figure 11. 100 Hz base frequency of Fast FourierTransformation taken from pressire
ripple at pump outlet.

Figure 12. High frequencies amplitudes of Fast Fourier Transformation taken from
pressure ripple at pump outlet..
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In this study the valve parameters of both inlet and outlet valves were changed for each
case and the parameters were equal. Some parameter setups resulted incomplete filling
during suction stroke. In these cases the inlet pressure was not reached inside the cylinder
and therefore a slightly longer precompression stroke was needed. Thus the piston velocity
gets higher before the proper compression is gained and therefore boundary conditions are
also different when the outlet valve is opened. As the focus of the study is in transients
during the delivery phase it would have been more appropriate to keep the parameters of
the inlet valve unchanged ensuring equal fillings for each case. Also a wider range of
parameter values would have provided more information about the transitions in damping
but due to the time consuming nature of the simulations, they could not be fitted in this
study.
4. CONCLUSIONS
A simulation model of a digital piston pump with active valve control was build. Model
was verified with measurement data and it was found to be in acceptable agreement with
the measurements. The model was used to see how the parameters of the control valves
influence the pressure transients both inside and outside the pump.
The studied valve parameters were valve lift profile, valve open rate and valve flow
capacity. The maximum cylinder pressure depends on the combination of valve lift profile
and open rate. Together they define the instantaneous valve spool displacement. For
example a 5ms valve may cause near equal pressure peak inside the cylinder as a 0,5ms
valve if a steeper lift profile is utilized at the beginning of the displacement. In other words,
the faster the outlet valve starts to open, the less pressure overshoot is generated due to
valve dynamics. In this study the boundary rule for comparing the valves was that no
backflow at outlet valve was allowed. Therefore slower valves caused rather large
overshoots in cylinder pressure.
The pressure ripple at pump outlet showed similar behavior as the cylinder pressure.
However on closer look the outlet pressure ripple increased with bigger flow capacities
when very fast valves were used..As the valve response time gets longer the high frequency
oscillations decay and the increase in valve flow capacity starts to decrease the ripple as
overshoot in cylinder pressure decreases.
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Analysis and optimisation of the pressure
reversing process of external gear pumps
Martin Petzold; Walther Wustmann; Siegfried Helduser; Jürgen Weber
Institut für Fluidtechnik, TU Dresden, Germany

ABSTRACT
External gear pumps are widely used in Fluid Power applications. Despite their relatively
simple design, their volumetric and hydro mechanical efficiency is rather high. On the other
hand, the rates of pressure decrease during tooth engagement are very high, causing highly
dynamic force alterations and increased pressure pulsations at the low- and high-pressure
ports. During the enlarging of the displacement volumes the occurrence of cavitation on the
low-pressure side is very likely. High noise emissions for this pump design are typical.
The paper presents investigations of the pressure changes in external gear pumps using
Computational Fluid Dynamics (CFD). The CFD method can be used for the spatial
resolution of fluid mechanical details without analytical assumptions to describe flow
resistances. These benefits are outweighed by the time needed for the generation of dynamic
flow grids. The commercial software ANSYS FLUENT is used to develop a 3D-CFD pump
model. Comparisons are being made with experimental testing. Noise reduction potential is
analysed by developing several variants of the pressure reversing geometry. As outstanding
result of the investigation, the noise emission (acoustic power) of the pump could be
reduced by 2 - 7 dB(A), whereas the pressure pulsations at the suction and delivery port of
the pump were also decreased by up to 50 %. The investigations were funded by the
German Research Foundation (Deutsche Forschungsgemeinschaft DFG).

1. INTRODUCTION
External gear pumps are characterised as compact displacement units with a constant
displacement volume. With their relatively simple design they reach a high degree of
reliability and robustness. However, this pump design is often characterised by an increased
level of noise emission as a consequence of the rather high pressure decrease rates during
the tooth engagement phase. Compared with (axial) piston pumps, external gear pumps
exhibit the highest acoustic power levels for the same pump size. The highly dynamic force
variations initiated by the pressure reversing processes cause the vibration of the pinions.
These oscillations are transmitted by the tooth tips, the bearings and the fluid enclosed
inside the intertooth volumes next to the housing, where it is emitted as airborne noise to the
environment /F1/. Furthermore, the pressure pulsations of these pumps on the high and low
pressure side are comparatively high. During the highly dynamic pressure decrease of the
Fluid Power and Motion Control 2010 Edited by Dr D N Johnston and Professor A R Plummer
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enclosed oil volume, the occurrence of shear-layer cavitation is very likely. In combination
with cavitation induced by a hydraulic undersupply and filling losses during the enlargement
of the intertooth volumes on the suction side cavitation erosion and damages to parts of the
pump can appear. These factors together lead to an increased noise emission and a limited
durability of this pump type.
This paper continues previous investigations on this topic at the Institut für Fluidtechnik
/W1, W2, W3/. An external gear pump with single flank sealing with a displacement
volume of V1 = 19 cm³ and a number of teeth of z = 13 is used as demonstrator. The CFD
studies were performed for a delivery pressure of p1 = 120 bar and a rotary speed of
n1 = 1500 min-1. This operating point was taken as it lies in the middle of the admissible
speed and pressure range of the analysed pump. Furthermore, cavitation is of minor
importance for the operating behaviour. The pressure fluid is mineral oil ISO VG 46.
The CAD geometries were meshed using the program GAMBIT. The flow simulations were
executed with the program ANSYS FLUENT 12 on Opteron Dual Core Server machines.
Each study has taken a calculation time of approximately six days.

2. THEORY OF THE REVERSING PROCESS OF EXTERNAL GEAR PUMPS
During pump operation, the pressure medium is absorbed by the opening tooth chambers on
the suction side and transported along the housing circumference from the low-pressure
(LP) to the high-pressure (HP) side. The displacement of the fluid occurs when the teeth roll
off. The volume between the teeth is quickly reduced and thus the fluid amount enclosed
therein. The pressure relief grooves, which are integrated in the axial bearings of the pumps,
decisively influence the degree of pulsation, the degree of volumetric efficiency and the
pressure decrease rate from the high pressure to the low pressure side. These grooves ensure
that the pressure medium is squeezed out from the inter-tooth volumes on the high-pressure
side and that it flows into the opening displacement volumes on the suction side. This
process requires sufficient sealing between the HP and LP sections when the gear wheels
roll off.
In external gear pumps the kinematic pulsation dominates, whereas the compression and the
leakage induced pulsations have less importance /L1, L2/. According to fig. 1, the layout of
the pressure relief grooves has great influence on the kinematic flow rate pulsation. The
sealing web width (hydraulic mesh) has to correspond with the length of the path of contact
AE to guarantee an optimal delivery with a minimum of pulsation. Therefore, the pressure
relief grooves are symmetrical arranged to the centre distance line (fig. 1 left side). A
translational displacement of the sealing edges of the grooves into the suction or delivery
direction increases the pulsation and reduces the degree of volumetric efficiency. The
original design of the investigated pump has pressure relief grooves, which are arranged
symmetrical to the centre distance line.
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Figure 1 Kinematic flow rate pulsation for a symmetric layout of the pressure relief
grooves with a rectangular profile
The dynamic processes in the squeezed oil volume SV are of decisive importance for the
noise excitation. Fig. 1 shows the pressure relief grooves as rectangular grooves with zero
overlap in the symmetrical alignment, where the squeezed oil volumes SV1 and SV2 are
identical. In this position of the gear wheel´s oil is separated by the sealing points SP1 and
SP2 of the touching tooth flanks between the high and low pressure side, as the sealing
edges of the grooves align with these points. The squeezed oil volumes SV1 and SV2 are
hydraulically connected via a tooth flank gap, which allows an oil transport.
Subsequently, a flow path opens between SV1 and the suction groove as the rotation of the
pinions continues. In the consequence, the pressurised oil in the squeezed oil volumes SV1
and SV2 expands abruptly in the low pressure side LP. This process is related with very high
pressure change rates that initiate highly dynamic vibrations of the engaged teeth. For this
kind of a pressure reversing geometry, the squeezed oil pressure peaks are rising with the
increase of the rotary speed. For that reason pressure reversing geometries with underlap
conditions have been established to avoid such pressure peaks. Furthermore, an increased
cavitation intensity in the suction duct of the pump can occur, when the intertooth volume is
not sufficiently supplied from the pressure relief geometry with oil during its enlargement.
Then, filling losses effect a decrease of the static pressure in the intertooth volume below a
critical value with the consequence of cavitation.

3. METHODS OF FLOW ANALYSIS
Numerical approach by CFD-simulation. Based on the 3D-CAD data of the solids of an
external gear pump the inverse fluid volumes, consisting of the gearing, the pressure relief
grooves and the suction and pressure pipe, were generated for the flow analysis. The
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pressure relief grooves are integrated in the axial bearings on both end faces of the pinions.
Due to the symmetrical design of the pumps a numerical half section model with a
symmetry plane as boundary could be used. Previous investigations at the institute and
research from other authors /C1, C2, E1, F1, L1, W1, W2, W3/ demonstrate the significance
of the processes in the tooth engagement zone for the noise emission, the cavitation intensity
and the pulsation characteristic, whereas the processes in the pressure build-up zone can
often be neglected. In the studies presented here, exclusively the pressure decrease in the
tooth engagement zone is taken into consideration. So, a reduced CFD-model of the external
gear pump with only seven intertooth volumes was modelled, according to fig. 2.
Comparative studies with a complete model are given in /W2, W3/.
symmetrical position
driver gear

n1
HP

HP port

symmetry
plane

LP
n1

line of action

LP port

HP
LP

pressure relief
grooves

CFD-geometry

LP

HP

laminar slot
driven gear
intertooth volume

Figure 2 CFD-model of the external gear pump with the intertooth volumes, the
reversing geometry within the axial bearings and the pipes
In analogy to the experimental investigations a low-reflection line termination (RALA) was
modelled as outlet of a short pressure pipe with a length of approx. l 1 m. The RALA
operates on the basis of closing the straight pressure pipe with a finite length by a defined
resistance, so that the total impedance of this configuration correspond to the frequencyindependent characteristic wave impedance of a infinite long, straight pipe. In this way,
reflections can largely be avoided /T1/. The modelled suction pipe is l 2 m long. The field
sizes, e.g. volume flow rate Q and static pressure p are detected in monitoring planes. The
CFD-model requires an average of 1.9 million cells. The maximum time step size of
t = 3.3 s is limited by the dynamic mesh generation because the wall-bounded mesh cells
can only be shifted by one element edge. Hence, nearly 1000 time steps are necessary to
simulate the rotation around one tooth pitch of  = 360°/ z 27.7°. To realise the dynamic
mesh generation, the flow grid of the pump is separated into several fluid zones with
interconnecting interfaces. In this way the continuously remeshed toothing area is connected
with the pressure reversing grooves and the suction and pressure pipe. High grid resolutions
are essential in the tooth engagement zone, where high flow gradients may occur. Using
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analytical estimations of the Reynolds number Re for critical flow conditions, laminar
behaviour was found for the selected operating point. So, no turbulence model had to be
used. The laminar flow behaviour during the pressure reversing phase dominates because of
the minimal clearances although the flow velocity rises up to approx. 100 m/s. In the suction
and the delivery duct the local flow velocity is more than one magnitude smaller. More
details concerning the simulation setup are given in /W3/.
To simulate the pressure pulsation as a consequence of the flow rate pulsation the
compressibility of the pressure medium has to be modelled. As an approach, a fluid
modelling based on the bulk modulus K’ according to fig. 3 was taken /H1/.
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Figure 3 Bulk modulus K’ of the fluid as function of the static pressure p and its
relation to the density and sonic speed a
The dependency of the bulk modulus K’ on the static pressure p is the result of an isotropic
change of state of a liquid-air mixture, where the liquid is assumed to be compressible with
a constant fluid bulk modulus of KFl = 14,000 bar and an unsolved secondary phase with a
volumetric fraction of air phase of U = 1 %, which is described as ideal gas. This K’-model
takes the pressure-dependent elasticity of the fluid into consideration and is validated in
several cases. The pressure dependent speed of wave propagation a and the fluid density 
arise from the given equations. To limit the numerical calculation effort no cavitation model
is used.
Experimental investigations. Comparative experimental investigations were carried out in
the anechoic chamber of the institute (accuracy class 1; ISO 3745). The acoustic power is
determined according to the enveloping surface method (DIN 45635 part 26). Six
microphones are arranged in a quarter-room between two reflecting walls aligned
rectangular to each other covering the test pump within a cuboid with an edge length of 1 m.
For the detection and analysis of the sound a program from Bruel & Kjaer Pulse was used.
Furthermore, pulsation measurements in the suction and pressure pipe were performed. The
positions of the pressure and flow rate sensors are identical with the monitor planes of the
simulation model.
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4. OPTIMISATION OF THE PRESSURE REVERSING PROCESS
The initial situation for the further development of the pressure reversing system constitutes
a conventional pressure relief geometry with underlap condition in the symmetrical position
between the relief grooves and the gearing according to fig. 2.
The relief grooves, which are overlapping into the intertooth volume to limit the squeezed
oil pressure peaks, cause a short circuit flow from the delivery HP to the suction port LP
with the consequence of distinct suction and high pressure pulsations, fig. 4.
CFD: n1 = 1500 min-1 p1m = 120 bar

pSm = 1 bar

tooth pitch
0
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36 °
angle of rotation 

delivery pressure pulsation
static pressure p1

static pressure pS

suction pressure pulsation

54

0

n1

p1

tooth pitch
18
36 °
angle of rotation 

pS

54

Figure 4 CFD-simulation of the suction and delivery pressure pulsation of the original
reversing geometry with negative overlap
Moreover, the short circuit flow has a negative influence on the volumetric efficiency vol, as
almost delivered oil flows back in the low pressure range. Finally, an increased cavitation
tendency as a consequence of flow losses during the enlargement of the intertooth volumes
was found for the original design by using CFD-simulation. On the other hand, the short
circuit flow has a positive influence on the pressure decrease rate p . Due to this leakage
flow the pressure decrease takes more time and the force excitation of the pinions and
consequently the noise emission decline. Analysing the original design the objectives for the
modification of the control edges of the relief grooves are as follows:
 Reduction of the short circuit flow in the low pressure range,
 minimisation of the suction and high pressure pulsation,
 increase of the degree of volumetric efficiency,
 Decrease of the radiated acoustic power,
 Reduced pressure drop for the filling of the intertooth volume,
 reduction of the cavitation tendency.
To achieve the objectives of noise reduction by the simultaneous increase of volumetric
efficiency and reduction of pulsation, alternative pressure reversing concepts were worked
out according to fig. 5. In contrast to the original design these concepts are only applicable
for one direction of rotation. For both optimisations (B) and (C) the high pressure groove in
form of a pocket was lengthened below the line of action towards the suction side to ensure
a hydraulic short circuit between the intertooth volume and the high pressure port until the
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symmetrical alignment, whereas the upper hole on the high pressure side was eliminated.
This measure helps to reduce the short circuit flow. Moreover, the low pressure groove was
extended to the intertooth volume above the line of action to facilitate the filling of the
intertooth volume during its enlargement after the symmetrical alignment. The separation of
the suction and pressure sided grooves below and above the line of interaction is necessary
to prevent a hydraulic short circuit during the single contact phase. The new facet of our
concept is the hydraulic short circuit between two intertooth volumes in the tooth
engagement zone and the pressure build-up area along the housing circumference realised
by a channel. Using internal pressure measurement in the driven pinion /W2, W3/, we found
the pressure raise characteristic along the housing circumference. For the new pressure
reversing concept, we chose an area along the housing where the pressure level is ¼ of the
high pressure level to connect this area hydraulically with the intertooth volume in the tooth
engagement zone.
original (A)
n1

optimisation (C)
n1

optimisation (B)
n1
HP

HP

HP

LP

LP
line of action

LP
line of action

line of action
HP

HP

LP

pressure build-up volume

LP

Figure 5 Optimisation of the original pressure relief grooves (A) - reversing concepts
with pressure release holes connected with the pressure build-up area (B + C)
The hydraulic connection leads to the pressure decrease in the intertooth volume, whereas
the pressure decrease rate is adjustable by means of the size and the position of the channel
hole. The reduced pressure drop between the intertooth volume and the pressure build-up
zone helps to reduce the pressure decrease rate p even in the first phase of the pressure decrease. During the second phase of the pressure reversing process the pressure relations in
the intertooth volume and the pressure build-up zone are reversed. Then, the intertooth volume is hydraulically supplied by the pressure build-up zone, which prevents a pressure drop
below a critical limit for the generation of cavitation as long as the flow bridge to the
suction port is insufficiently dimensioned for cinematic reasons. Furthermore, the size and
the position of the hole also determine the hydraulic short circuit during the single contact
phase after the rotation by a half of a tooth pitch. Preliminary investigations /W3/ have
shown, that the rise of the pressure increase rate is of subordinate influence on the noise
emission compared to the pressure decrease rate. This aspect is particularly important with
regard to the oil outlet from the pressure build-up to the low pressure zone for a short time.
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For simulation the pressure build-up zone is simplified as a cylinder volume of equal size
with a pressure boundary. The difference between both variants is on the one hand the
position of the hole, which is situated above the line of action for the optimisation (B) and
below this line for the optimisation (C). On the other hand, optimisation (C) is designed
with an overlap condition, whereas optimisation (B) is dimensioned with a zero overlap
condition. So, variant (C) has a larger rotational angle range for the pressure decrease,
which helps to reduce the pressure decrease rate. Furthermore, both variants are characterised by large inflow areas at the sealing edges of the pressure relief grooves.
Fig. 6 shows the simulated pressure decrease rate p as an indicator for the noise emission in
relation to the experimentally determined acoustic power level. With the new design of
optimisation (C) a noise reduction could be achieved within the whole operational area.
While the acoustic power declines by LW,A 2 - 3 dB(A) for the rotary speed of
n1 = 1000 min-1, a reduction of the sound power of 5 dB(A)  LW,A  7 dB(A) was obtained
for the rotational speed of n1 = 2000 min-1. The pressure decrease rate lies in the range of the
original design. Without using pressurised fluid for a short circuit phase during the pressure
reversing process, the degree of volumetric efficiency raises. In comparison to the original
design, optimisation (B) is characterised by lower acoustic power levels for the rotary speed
of n1 < 2000 min-1. For p1  100 bar and n1 = 1000 min-1 the acoustic power declines by
nearly LW,A 5 dB(A). However, the effective period of the pressure release hole decreases
for higher rotary speeds. The pressure drop does then no longer proceed gradually, so that
an increased noise emission was detected for n1 = 2000 min-1. Therefore, the cross section of
the hole of variant (B) should be modified in the next step.
CFD: n1 = 1500 min-1
p1m = 120 bar
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measurement:
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18
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pressure p1m

Figure 6 Simulated pressure decrease rate p of the variants A - C and the measured
acoustic power LW,A of the variants (B) and (C) in comparison to the original (A)
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Fig. 7 shows several approaches for the optimisation of variant (B). The overriding considerations are the increase of the effective flow area of the pressure release hole and its duration in combination with the gradual enlargement of the flow area during the tooth engagement phase.
optimisation (B)

LP

HP

optimisation (E)

LP

HP

optimisation (D)

LP

HP

optimisation (F)

LP

HP

Figure 7 Optimisation studies of the pressure reversing geometry in the tooth
engagement zone
While the pressure release hole was extended along the connecting line of the two pinion
axes for optimisation (D), the variants (E) and (F) are designed with elongated pressure release holes along the tooth flanks to realise a gradual enlargement of the flow area. The
modification of the pressure release holes is combined with the revision of the delivery
grooves to prevent on the one hand squeezed oil pressure peaks and on the other hand short
circuit flows. The combination of the elongated pressure release holes with the displacement
of the delivery groove in the direction of the delivery port allows the extension of the pressure reversing process over a wider angular range. With the variant (E) the angular range for
the reversing process could even be doubled in comparison to the original (A), fig. 8.
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Figure 8 Comparison of the rotational angle range of the pressure reversing phase
between the original (A) and the optimisation (E)
The lowest pulsations of the delivery pressure could be achieved with optimisation (B). In
fig. 9 the experimental results for the variant (B) in relation to the original (A) are given for
different rotary speeds n1 and static pressures p1. Using CFD, a reduction of the delivery
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pressure pulsation of approx. 35 % was predicted for the operating point of n1 = 1500 min-1
and p1 = 120 bar. The measured reductions of the pulsation of the delivery pressure were
lower: For the rotary speed of n1 = 1000 min-1 the high pressure pulsation could be lowered
by 25 %, for n1 = 2000 min-1 the amplitudes of pulsation could be reduced by an average of
p 1 bar.
CFD: n1 = 1500 min-1
p1m = 120 bar

original (A)

0

optimisation (B)
0

2 bar
tooth pitch
0
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36 ° 54
angle of rotation 

p11

p11 (B) = 0,65 · p11 (A)

static pressure p11
(pmax - pmin)

static pressure p11

high pressure pulsation

measurement:

0

1000 min-1
2000 min-1

high pressure pulsation
2 bar

50

150 bar 250
pressure p1m

n1

Figure 9 Comparison of the pulsation of the delivery pressure between the original
(A) and the optimisation (B)
As we do not use the hydraulic underlap in the tooth engagement zone for all new pressure
reversing systems, even the suction pressure pulsation could be reduced, fig. 10.
original (A)

low pressure pulsation
0,4 bar
optimisation (E)

tooth pitch
0

18
36 ° 54
angle of rotation 

measurement:

static pressure pS
(pSmax)

static pressure pS

CFD: n1 = 1500 min-1
p1m = 120 bar

0
U
pS

1000 min-1
2000 min-1

low pressure pulsation
1 bar

50
150 bar 250
pressure p1m

pS (E) = 0,6 · pS (A)
n1

Figure 10 Comparison of the pulsation of the suction pressure between the original
(A) and the optimisation (E)
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Optimisation (E) can be taken as an optimum with a predicted pulsation to be 40 % lower
than the original (A). The measured suction pressure pulsations remained almost without
exception below the values of the original. Thereby the reduction of the suction pressure
amplitudes is particularly high for great rotary speeds and high delivery pressures and
reaches up to 50 %. Besides the reduction of the suction and delivery pressure pulsation,
optimisation (E) is characterised by the lowest of all calculated pressure decrease rates
during the tooth engagement phase, fig. 11. This simulated behaviour can be found in the
noise emission of the pump, as expected. So, the emitted acoustic power LW,A could be
decreased once more in comparison to the silent optimisation (C) by an average of
LW,A 1,5 dB(A) for the low rotary speed of n1 = 1000 min-1. So, optimisation (E) is an
average of LW,A 3 - 4 dB(A) quieter than the original (A). However, until now there is
still optimisation potential for this geometry, as the pump shows increased noise emissions
for high speeds with an average level of the original (A). For high rotary speeds
optimisation (C) is much quieter than the original (A). The average acoustic power
decreases by LW,A 5 - 7 dB(A). That implies a reduction of the acoustic power to ¼ of the
original design. Especially for high speeds this design best fits the increased noise
requirements.
CFD: n1 = 1500 min-1
p1m = 120 bar

original (A)

measurement:

5 dB(A)

t = 1 ms
static pressure p

monitoring plane

.

p (C)
.
p (D)
.
p (E)

optimisation (D)

.

p (A)
.
1,9 · p (A)
.
0,9 · p (A)

acoustic power LW,A

optimisation (C)

n1

20 bar

1000 min-1
2000 min-1

5 dB(A)

optimisation (E)

0
0

9
°
angle of rotation 

18

50

150 bar 250
pressure p1m

Figure 11 Relation between the simulated pressure decrease rate p and the measured
acoustic power LW,A of the variants (B) and (C) in comparison to the original (A)

5. CONCLUSIONS AND OUTLOOK
This paper focuses the further development of the pressure reversing process of external
gear pumps. Several approaches for the pressure reversing geometry were devised and
analysed with the main objectives of reduced noise emissions, suction and delivery pressure
pulsations combined with an increase of the degree of volumetric efficiency. Based on a
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conventional pressure relief geometry with hydraulic underlap condition, the alternative
reversing concepts for the groove and hole design were developed, only by using CFD. A
distinct reduction of the sound emission of the pump could be achieved with a pressure
release hole in the tooth engagement zone, which is connected with the pressure build-up
area by a channel system. Furthermore, the objectives of a reduced pulsation in the suction
and delivery pipe and the increase of the degree of volumetric efficiency could be proved.
These studies show methods for the further optimisation of an established drive technology
in fluid power. Using modern simulation techniques like CFD, improvements of the design
with passive measures for noise reduction are still possible, even for apparently fully
developed devices as external gear pumps.
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NOMENCLATURE
a
K
l
LW,A
n
p
p
Q
Re
t
V
z

sonic speed, speed of wave propagation
bulk modulus
length
acoustic power, A-weighted
rotary speed
static pressure
rate of pressure change
flow rate
Reynolds-number
time
displacement volume
number of teeth

U






fraction of air phase (volumetric)
degree of efficiency
adiabatic exponent
density
angle of rotation
angular velocity
margin between two conditions

INDICES
0
1
Fl
HP
LP
m
max
min
S
SP
SV
vol

environmental condition
delivery port
fluid, liquid phase
high pressure
low pressure
middle
maximum
minimum
suction port
sealing point
squeezed oil volume
volumetric
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System Identification of Hydraulic
Systems by the Self-Excited Oscillation
Method
Takayoshi Ichiyanagi, Takao Nishiumi, Tetsuya Kuribayashi
National Defense Academy, Department of Mechanical Systems Engineering,
1-10-20 Hashirimizu, Yokosuka, Kanagawa, JAPAN

ABSTRACT
It has been well known that a hydraulic servo actuator system can be often dealt with a
second order delay element when the controller for the system is designed. In the previous
works, our research group developed a simple method utilizing the self-excited oscillation
of the hydraulic servo actuator system to directly estimate the dynamic parameters such as
the damping ratio and undamped natural frequency. The advantage of this method is a realtime identification ability that is able to identify these parameters instantaneously with
changing the operating conditions. Although this method was confirmed to be very useful,
it is available only when the spool valve is close to the neutral position, which corresponds
to the operation of position control systems. In the practical situations, the spool valve
sometimes operates at displaced position from the neutral center position such that a
hydraulic motor speed is controlled. This paper proposes the revised self-excited oscillation
method for this system. The experimental works are conducted by giving the various
system pressures and angular velocities so as to validate the method. The resulting
frequency characteristics of these identified transfer functions are then compared with those
of the measured data by the frequency characteristics method.
Keywords: Hydraulic servo actuator system, System identification, Limit cycle

1.

INTRODUCTION

Hydraulically driven actuators that are controlled by a servovalve have been used in various
industry fields because they have several advantages such as high power density,
compactness, and so on, over other type of actuator systems. For the development of these
hydraulic servo actuator systems, it is required to know a precise knowledge of the system
dynamic behavior and the corresponding mathematical descriptions. The hydraulic servo
actuator system has non-linear characteristics in their dynamic behavior. However, it is
often treated as simplified descriptions by linearized approximation for the design of a
controller or analyzing the actuator dynamics. Their dynamic characteristics are generally
dealt with as a second order delay element (1).
In order to design a controller of hydraulic servo actuator system adequately, an estimation
of the dynamic parameters will be required. One of the practical ways to obtain these
parameters is the use of an experimental identification method. Therefore various methods
Fluid Power and Motion Control 2010 Edited by Dr D N Johnston and Professor A R Plummer
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have been proposed to estimate unknown parameters for each specific purpose until now.
For the estimation of the dynamic parameters of second order delay element, which are the
damping ratio ] and the undamped natural frequency Zn, the frequency response method or
the step response method are known as a classic identification method and still often used
as one of the practical methods. Identification method utilizing the limit cycle of identified
system was other methods (2). In the process control fields, the automatic tuning technique
of PID controller utilizing the limit cycle generated in the relay feedback system has been
already applied to the industry (3). However, no report had been published for the
application of hydraulic servo actuator system that has quick response dynamics and dealt
with the second order delay element. Our research group developed a simple method
utilizing the self-excited oscillation of the hydraulic servo actuator system to directly
estimate the dynamic parameters of the second order delay element. The usefulness and the
validity of the method were described in the previous reports. Firstly, this method was
applied to a servovalve in the case where the output detector delay was negligible (4).
Then, the effects of the output detector delay on the identified results were assessed by
using an electric circuit, which simulated the detector delay as a first order delay element
(5). Furthermore, this method was expanded to a real time identification system, which is
realized by using a digital signal processor (6).
Even though the previous reports proved the usefulness of the proposed method, this
method identifies the dynamic parameters only at the condition that the servovelve spool is
close to the neutral position. In other words, the method was only available for the position
controlled hydraulic servo actuator system. But in the practical operation conditions, if the
actuator is hydraulic motor and when the motor rotational speed is controlled, the
servovalve is operated as its spool valve is being displaced from the neutral position. The
previous method is not able to apply to this velocity controlled hydraulic servo actuator
systems. This paper addresses the revised self-excited oscillation method which can
identify the dynamic parameters of velocity controlled hydraulic servo motor system. In
this method the angular velocity self-excited oscillation around a constant rotational speed
is utilized to identify the dynamic parameters. In addition, in order to evaluate the selfexcited oscillation method, the dynamic parameters of an aircraft tail control surface
simulator, are experimentally identified and examined.
The paper firstly describes the fundamental principle of the self-excited oscillation method
for both the position control system and the proposed velocity control system. Then the
experimental apparatus of identified hydraulic servo motor system are explained. The real
time experimental identifications for the hydraulic servo motor system are carried out by
providing the various system pressure and angular velocity. The identified results derived
from the conventional frequency response method and the proposed self-excited oscillation
method is compared to confirm the validity of the proposed method. Finally, in order to
demonstrate the usefulness of this method, the dynamic parameters of the aircraft tail
control surface simulator are identified.

2. SELF-EXCITED OSCILLATION METHOD
2.1 Position control system
A schematic diagram of an identified hydraulic servo cylinder system is illustrated in Fig.1.
It mainly consists of a hydraulic cylinder, a load mass, a servo amplifier and servovalve.
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Firstly the position (and angular position) feedback control are considered to be an
application of this hydraulic servo actuator system. It should be noted that a spool of the
servo valve basically moves around the neutral position in this case. The linear transfer
function from the servo amplifier input voltage V to the velocity of the cylinder position y
can be described by Eq.(1) as the second order delay element, provided that the connecting
pipes are treated as a lumped element characteristics and the dynamic characteristics of the
servovalve is negligible, i.e. the servovalve dynamics is considerably faster than the
hydraulic actuator response.
GL ( s )

y ( s )
V (s)

K L Z n2
s 2  2]Z n s  Z n2

(1)

where KL, Zn and ] are the gain of the hydraulic servo actuator system, the undamped
natural angular frequency and the damping ratio, respectively.
The self-excited oscillation method is able to directly identify the system dynamic
parameters Zn and ]of the second order delay element by using the self-excited oscillation
of the identified system. Figure 2 shows the block diagram of the position (angular
position) self-excited oscillation system that was utilized to identify the linear transfer
function GL. This system is composed only by arranging a non-linear element KN in forward
side of the hydraulic servo actuator system GL. Since the non-linear element, which is an
ideal relay, has variable gain characteristics expressed by Eq.(2), the system causes the
limit cycle at the point of stability limit.

Fig.1 Hydraulic servo cylinder system
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V
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Fig.2 Position control self-excited oscillation system

Kx

ea
e

(2)

where ea is the setting voltage of non-linear element. This non-linear element outputs the
setting voltage V = r ea which is corresponding to plus or minus of the error signal e as
shown in Fig.3. When the error signal becomes close to zero, the variable gain Kx is
increasing and leads to an instability of the system. Then once the system enters the
unstable region, the error signal becomes large in turn and the system goes to the stable
region again. Finally this causes limit cycle. The wave shape of this limit cycle can be
approximated to the sinusoidal wave in Eq.(3) with the amplitude Vs and the average
angular frequency Zs, however the real angular frequency is varying continuously.
y (t ) | Vs sin Z s t

(3)

Since the non-linear element is variable gain characteristics, the gain at stability limit can
be obtained in Eq.(4) by using Routh-Hurwitz stability criterion

29Zn
KL

(4)

V

y

ea
ec

y(t)
V
t

GL

1
s

y

Vs

V(t)

ea

K Nc

t
2S/Zs

Input signal
(Non linear element)

Output signal
(Identified system)

Fig.3 Input and output of identified system
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The undamped natural angular frequency Zn of the identified system can be defined as
Eq.(5) by introducing the frequency correction factor [, because this value is equal to the
angular frequency of the stability limit.

Zn

Zs
[

(5)

Then the damping coefficient of the identified system is derived from Eq.(4) and Eq.(5).

]

* K L ea
2VsZn

(6)

where * is the amplitude correction factor defined as the ratio of the error signal ec at the
stability limit and the amplitude Vs of the limit cycle wave, i.e. self-excited oscillation
wave.

*

Vs
ec

(7)

Therefore in this identification method, two dynamic parameters can be easily obtained
from Eq. (5) and Eq. (6) by measuring the amplitude Vs and the angular frequency Zs of the
measured self-excited oscillation wave. Two correction factors for the angular frequency
and the amplitude are expressed by the following equations that were obtained and
interpolated by simulation analysis.

[
*

2

3

°½
¾
1.27  0.0647]  0.00762]  0.000307] °¿

1.0  0.0315]  0.00415]  0.000185]
2

3

(8)

2.2 Velocity control system
Hydraulic motor is used for rotary acutuation mechanical systems. For the application of
this rotary acutor system, the rotational speed (angular velocity) of the hydraulic motor is
often controlled. Consider a condition where the hydraulic motor is driving at a constant
rotational speed. In this case, the servovalve spool is displaced x from the neutral position
as shown in Fig.4 and therefore the dynamic characteristics of the identified system are
varied from the spool is around the neutral position, i.e., the position control system. In
order to apply the self-excited oscillation method to this hydraulic motor angular velocity
control system, the angular velocity Z is used for the feedback signal to make up the
angular velocity self-excited oscillation system shown in Fig.5 (a). It is clear from Fig.2
and Fig.5 (a) that the open loop transfer functions of both the angular velocity self-excited
oscillation system and the position self-excited oscillation system are the same. Therefore,
all equations described above can be applied to obtain the dynamic parameters. However
there is a problem in the measurement of angular velocity. The noise of high order
harmonic frequency is often imposed in the measured angular velocity. This noise
component generates the input signal, which is not based on the proper angular velocity
self-excited oscillation, into the servo amplifier by passing through the non-linear element.
Consequently it causes the inaccurate estimation of the dynamic parameters. Hence, in this
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research, the integrator element is placed forward to the non-linear element to reduce the
influence of this noise component. The self-excited oscillation system shown in Fig.5 (a) is
transformed into the system shown in Fig.5 (b). It is the revised angular velocity selfexcited oscillation system. The feed-forward signals are added into the input signal to the
non-linear element ve- (vi/KL) and to the servo amplifier ±ea+(vi/KL). The former signal is
oscillated around zero so that the non-linear element outputs ±ea periodically. The later
block diagram makes possible the self-excited oscillation at the controlled rotational speed.
2.3 Real time identification procedure
Hydraulic servo actuator systems have been utilized in the various industry motion fields.
In the past decade, the control technology of these systems are rapidly developing due to
the recent progress related to the electrical and electronic instruments including computers
and sensors. Therefore the latest hydraulic servo actuator systems are sometimes equipped
with the intelligent and advanced control strategy functions. The self-excited oscillation
method can be also a suitable software application of these modern electro-hydraulic servo
actuator systems, because this method is able to estimate the system dynamic parameters in
real time. In this report, a digital signal processor is used to compute the algorithm of the
self-excited oscillation method. The real time parameter estimation procedure is consist of
next four process.

Fig.4 Hydraulic servo motor system
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(b) Revised velocity control self-excited oscillation system
Fig.5 Velocity control self-excited oscillation system

(1) Measurement of self-excited oscillation wave
The position (angular position) or angular velocity signals are acquired from sensors
through A/D converter.
(2) Low pass filter
For the position feedback systems, low pass filer will be required if the self-excited
oscillation wave of identified systems contain some high frequency noise components. The
design of filter is dependent on the noise frequency of the identified system.
(3) Analyze the measured wave
This is the process that finds the amplitude Vs and angular frequency Zs of the self-excited
oscillation wave. The wave signals of the self-excited oscillation are stored in the computer
memory. Then the present wave data y(i) is compared with the past data y(i-1) and y(i-2)
where the i-1, i-2 are the time delay for one previous and two previous sampling time. The
amplitude Vs can be derived from the difference between the positive peak data (y(i-2)< y(i1) > y(i)) and the negative peak data (y(i-2)> y(i-1) < y(i)). The angular frequency Zs is also
obtained from the time data at the positive and negative peaks.
(4) Computation of dynamic parameters
From the amplitude Vs and angular frequency Zs information obtained the previous process,
the damping ratio ] and undamped natural frequency Zn are calculated from Eq.(5) to
Eq.(8). Since these equations contain the amplitude and frequency correction factor that is
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function of damping ratio ], the calculation must be done iteratively. In the iterative
calculation, the first values of the correction factors are set to [1=0.95 and *1=1.4. Then the
first value of the damping ratio ]1 can be estimated and is used for the second values of the
correction factors [2 and * 2. By iterating until the error becomes insignificant, the precise
dynamic parameters ] and Zn are finally obtained. Since this iterating procedure usually
takes only several iterations, the computing time is very short.
The DSP processes these procedures every sampling period. It should be noted that the
least time of the parameter estimation in this method becomes the self-excited oscillation
period, since the dynamic parameters can be obtained after analyzing the angular frequency
of one self-excited oscillation wave.

3.

IDENTIFIED EXPERIMENTAL SYSTEMS

In order to verify the usefulness of the self-excited oscillation method, the dynamic
characteristics of two different hydraulic servo actuator systems are identified. These are (a)
a hydraulic motor system, (b) an aircraft tail control surface simulator. These applications
are mainly used for the educational purpose of our academy to learn the mechanism of the
hydraulic components and the integrated system of electronics and mechanics. They are
also very useful applications to learn how the control theory is applied to a real system.
(a) Hydraulic motor system
Figure 6 shows the test hydraulic servo motor system used in this study. This is the
laboratory test bed for the hydraulic rotary actuator applications. The hydraulic source unit
consists of a pump, an electric motor, a relief valve and a main tank. The system supply
pressure is adjusted by this relief valve. The identified hydraulic servo motor system

Hydraulic Motor
A/D

vi

Z

Inertia

Encoder

DSP

Servo Amp.

D/A
PC

FV
Converter

V

Servovalve
Ps

M
Hydraulic Source Unit

Fig.6 Experimental set up of hydraulic servo motor system
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acquisition and editing parameter sets are managed by the virtual instrument panel on PC
monitor (The software is “Control desk” by dSPACE). The identified parameters are also
stored and displayed in this window as shown in Fig.8.

4.

EXPERIMENTAL RESULTS

Firstly the verification of the self-excited oscillation method for the angular velocity control
system is discussed. This is the case that the self-excited oscillation method applies to the
condition where the servovalve spool is constantly displaced from the neutral position.
Figure 9 shows the example plot of the self-excited oscillation wave. The input and output
signals of the non-linear element shown in Fig.5 (b) are examined. It can be seen from this
figure that the noise component imposed on the angular velocity oscillation wave is
completely attenuated and the non-linear element outputs the setting voltage ea
corresponding to the angular velocity self-excited oscillation period without suffering from
the influence of the noise.
Figure 10 shows the results of the real time identification with changing the supply pressure
Ps continuously from 5 MPa to 10 MPa at the reference rotational speed KLvi=32.5 rad/s
and the setting voltage ea=1.5 V. It is obvious that these dynamic parameters are estimated
continuously by the proposed identification method. This indicates the realization of real
time identification. The results also show the identified dynamic parameters are notably
affected by the supply pressure. In particular, the undamped natural angular frequency Zn
increases almost in proportion to the supply pressure Ps. Concerning about the setting
voltage ea, if the amplitude of this voltage is too small, the self-excited oscillation does not
occur properly because of the actuator’s internal and external frictions. Therefore this
voltage should be chosen large enough to generate the self-excited oscillation (the voltage
is depend on the identified plant).

[

Zn

Fig.8 Control and measuring window of real-time identification system
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Fig.13 Identified dynamic parameters (rudder actuator part of aircraft tail
control surface simulator, ea=0.1V)
5.

CONCLUSIONS

The paper discussed about the applicableness of the self-excited oscillation method to the
practical cases. Firstly, the method was revised for the hydraulic servo motor system which
operates at a constant rotational speed. In this case, the sevovalve is always opened to
delivery the flow and its spool is displaced from the neutral position. The angular velocity
self-excited oscillation system was utilized for this system instead of the position selfexcited oscillation system used in the previous reports. Then it was clarified that the present
real time identification method was enable to identify the dynamic parameters of the
hydraulic servo motor system, where the rotational speed are varied continuously. From the
results examined for the revised method, it was verified that the proposed identification
method also makes possible the real time parameter estimation of the hydraulic motor
angular velocity system.
Secondary, the hydraulic applications such as an aircraft tail control surface simulator was
chosen as the plant to be identified by the present method, so that the usefulness of this
method in the practical situations was examined. The dynamic parameters were well
acquired with the real time identification method for the position self-excited oscillation
system. Then it was confirmed that the identified results for both applications coincided
with the measured data obtained from the frequency response method.
NOMENCLATURE
e

deviation signal

Vs

ea

setting voltage of non-linear
element [V]
error signal at stability limit
transfer function of hydraulic
servo motor system
transfer function of non-linear
element

y

amplitude of self-excited oscillation
wave [V]
cylinder position [m]

vi
x

reference input
spool displacement of servovalve [m]

*

amplitude correction factor

ec
GL
GN
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Jm
KL
KN
m
Ps
Pt
V
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load inertia [kgm2]
gain of hydraulic servo motor
system [radV/s]
variable gain of non-linear
element
load mass[kg]
supply pressure [Pa]




T
]

angular position [rad]
damping ratio



Z

angular velocity [rad/s]




Zn undamped natural frequency [rad/s]
Zs angular frequency of self-excited

tank pressure [Pa]
servo amplifier input voltage
[V]



[

oscillation wave [rad/s]
frequency correction factor

REFERENCES
(1) Watton, J., 1989. Fluid power systems, Prentice Hall, ISBN 0-13-323197-6,
pp299-301.
(2) Fujii, K., Ito, H. and Kita, T., 1968. Measurement method of dynamics for control
system using limit cycle. Journal of the society of instrument and control
engineers. Vol. 7, No.4, pp.248-257 (in Japanese)
(3) Astrom, K. J., Lee, T. H., Tan, K. K., and Johansson, K. H. 1995. Recent
Advanced in Relay Feedback Method, Proceedings of IEEE International
Conference on systems, pp.2616-2621.
(4) Konami, S., Nishiumi, T. and Hata, K., 1996, Identification of linearized electrohydraulic servovalve dynamics by analyzing self-excited oscillations (First report,
a case in which flow-rate detector delay is negligible), Journal of Hydraulics &
Pneumatics, Vol. 27, No.4, pp. 143-149. (in Japanese)
(5) Konami, S., Nishiumi, T. and Hata, K., 1997, Identification of linearized electrohydraulic servovalve dynamics by analyzing self-excited oscillations (Second
report, a case in which flow-rate detector delay must be consider), Journal of
Hydraulics & Pneumatics, Vol. 28, No.3, pp. 88-94. (in Japanese)
(6) Nishiumi, T., Ichiyanagi, T., Katoh, H. and Konami, S, 2005, Real-time parameter
estimation of hydraulic servo actuator systems using self-excited oscillation
method (Online identification of approximated transfer function composed of
integral and second order lag elements), Journal of Japan Fluid Power Systems
Society, Vol. 36, No.1, pp. 1-8. (in Japanese)

  
    
      
     
    
  

 
                        
                           
              
    
                       
                          
                   
                   
                    
                   
         








                        
          
         
                    
                       
   
   ! " #  $ %  !#$%" 
&  ' %  !&'%" ()*(+*(,*     
    
                        (-* .     
#$%  &'%               '    
                      
    /          #$%             
    0                
        
1                          
                        
                 (-*(2*(3*     
4                    
                   
Fluid Power and Motion Control 2010 Edited by Dr D N Johnston and Professor A R Plummer
© With The Centre for Power Transmission and Motion Control

308

Fluid Power and Motion Control 2010

                    
                          
                        

                        
                 
'                         
                    
                      
                   5    6 +
                    
                6 ,   
          6 -
 

    





           

  


  ! "7
  


!)"


  + 


7
    

!+"

1                       6
   !,"  !-"                

 

  7 

 





!,"


 

  7 

 


 


!-"

              
    )    
                         .
             
             
  
    &               
                     
    
89



 9








!      "  !


 "7

!2"




!     " !


"7

!3"

               



Fluid Power and Motion Control 2010

309







 9


 


 9


 









  !"#$%%
       4            !1"     
              !    (: ;*"
/           
 ! "

;
+

!:"

'                     
                          
   /           





   

 
   + ;  - 
 


 ) 
 +   
 







!;"

                          
                 <   (=* % 
)  +  )                    
     9
    )   ,    


 +

 )

 +

!="
!)7"

                       
                        
 +  !  " 
                
) 
+ 


'       !;"   
   
   

         1  
          / 

310

Fluid Power and Motion Control 2010

 !  " 

;


+

 !  "  ! "

!  "

-


+


 
 +   (



!))"

  !  "

 )

!  "  ! "*


 
++

!)+"

   !2"  !3"      
6      
                           
      !2"  !3"   !),"  !)-"
 


)

    !
+


)
+







"  


!   "



!     " !     "


&     '

!),"
!)-"



&(#)" *"+
             
  /  + 
                        
)





+

, - -#$(#)" *"+

            1
           
              !      1   "
   >?  !      1    "         
                             
       ! "    )  +          
1   
/  ,                     
            )

Fluid Power and Motion Control 2010

311

.!-!#"%- 
#
$
%  
$ 
6  
A   
B  
/    
 
6 
C     
&    D   E 
$        

+3 
77) 
,7  
;:7 4@,
),77 @
+)
7), 
7) 
/    7;77 5  -   77) #@  
7), )-, !  +  )+"
+F)7= A @2
. '
&

%&' 







!"#$




 






























%&' 



!"#$

















- '&

)
*' !+,$



(













%!$



&#-% #"#$!"* -*$!#( " *"* "
(#)" *"+

312

Fluid Power and Motion Control 2010

/                       
                      

        '           
                     
                     
    1         1    
                     
              !   
  "              ! "    
    '         ),     )     +    
      277 5 '          
               
      
         /  -        )G       
  ! "        +        /  /     
!//"                 #        
 277 5  )777 5

.'&




0
)











(
*' !+,$

/

)

0




1  !&$










 










(
*' !+,$

/

)

0



/# " * "*(0#"!.#"$#
      )G                
  1                        
    1    )G              
  /  2          #       277 5 
)777 5                         
          '              
          

Fluid Power and Motion Control 2010

313

.'&




0
)











(
*' !+,$

/

)

0




1  !&$










 










(
*' !+,$

/

)

0



1# " * "*(0#" %*#$ #"*
                       
                       
             /   !)2"

)  ! ) 




 + "





!)2"



          /           
          

      

   ! +" ! H ) + ,22"




 





+ 

+   



!)3"


+   ! H ) + ,22"

!):"

/   !)3"  !):" !   "  7  6  !)2"       
                       '  
        4      !)2" 5     
                '    
                 
&)" *"+
           1         
    3        )  +   +  ,  
                     

314

Fluid Power and Motion Control 2010

                    >6   6 
  ?                  ()7 ))*

)

+

,

2, - -#$)" *"+
                     
          ++) /   1     
                        
    /  :      1     )G     
       + /  ;      )G       
  '                    277 5  )777
5         )  +  ;77 5         +  ,
4                             
                     
           

.'&




0
)





1  !&$









(
*' !+,$
! $


/

)

0




! $









 










(
*' !+,$

/

)

0



3# " *., "*$$"" *% 4(0#
"!.#"$#$#" *

Fluid Power and Motion Control 2010

315

.'&




0
)











(
*' !+,$

/

)

0




1  !&$


! $





! $







 










(
*' !+,$

/

)

0



5# " *., "*$$"" *% 
(0#" %*#$ #"*
                     
                  > ?      
      1                
                ! "        

  /  = C             +  + 
                          
                    + 

+                   

)+  +  

+

 + 

!);"
)+

)

I
+

+

,

+



)

+

,

6#%!"#$  -# 

                       1
  )    1   +             ! 
       !                   

316

Fluid Power and Motion Control 2010

         1           
          +       1    
                   )  , '   
                         
         '               
                 ::  )7 = A @2    
       
/  )7  ))               ?  !    
                  2775 
              ;77 5    ))  
               !   )7"        
          !   ))" !       "

Fluid Power and Motion Control 2010

.'&




0
0











(
*' !+,$

/

)

0




1  !&$







 










(
*' !+,$

/

)

0







(
*' !+,$

/

)

0



!" J      )  ,

.'&




0
0





1  !&$







! $



! $




 










(
*' !+,$

/

)

0



!" J      +
7#  ")" *"+
(0#"!.#"#$" *

317

318

Fluid Power and Motion Control 2010

.'&




0
)











(
*' !+,$

/

)

0




1  !&$










 










(
*' !+,$

/

)

0







(
*' !+,$

/

)

0



!" J      )  ,

.'&




0
)









1  !&$


! $





! $







 










(
*' !+,$

/

)

0



!" J      +
#  ")" *"+
(0#" %*#$ #"*
'                       
                        ()7
)+*                      ' 
                    

Fluid Power and Motion Control 2010

319

                      
   

          4     1        
         '    1           
               
      
               
                 
                        
           
/

 



                       
                   
                       .   
                         
    &   
         
                       
   
         4            
                       
                   
     /    4           
        4   
   





"
   






 



        
  
/     
  
         
  
        
   
 
 
/        
    
              
    

 

320

Fluid Power and Motion Control 2010


#

$
%


   

/      
/  
K   
 

 
()*
(+*
(,*
(-*
(2*
(3*
(:*
(;*

(=*
()7*
())*
()+*

. B D   E       
%; +7=+,))=:3
K   D#  $  E C6 & A 2 2;: :;2 )==3
&    K D&  ' % E    %:= !)" 2)37
+777
/   DC     E C6 & A : 2)= -;, .+ +77=
KL J 6    D$         
       E <6J '  <  6   %,-
-33-:, )==)
&   D             E C6
& A 2 -=, 2)+ )==3
 J.  6   %# D/     6  E &  '
C6 )==,
%4M 4 < #   6    .   D   C  
/        & /E .N B      &   
6   6  $   1   '    & 6   .N B   
6   & A ,=   +777
<   $A DJ   
        
  E     6J % )+;  3+=3,- +773
<   $A  $  <J D    &  $  &
/ N  ' E &  '    J  ' % +)7 )==3 32:'61 6  )7:3:) !)==3" D           
          &  ) &     
 E
<   $A  J  K D'           4
      E &  '    J  &  ' % +72 )==) )=)
)=:

Control

Simulation Study on Pressure Control
using Nonlinear Input/Output Linearization
Method and Classical PID Approach
Ufuk Bakirdogen*, Matthias Liermann**
*Institute for Fluid Power Drives and Controls (IFAS), RWTH Aachen, Germany
**American University of Beirut, Lebanon

ABSTRACT
This paper deals with the comparison of linear PID and a nonlinear control strategy to
control pressure in a constant volume using a 4/3 way control valve. For the PID control at
least three parameters have to be tuned. Rule sets for PID pressure control are very
powerful if they derive directly from parameters which can be found in data sheets of the
hydraulic components. Nonlinear control techniques are more complex. Their advantage,
however, is that they take the nonlinearities of the plant into account and compensate them.
The applied nonlinear approach in this paper is the input/output linearization in
combination with full state feedback and state observer.
The pole placement problem is approached by analyzing a set of PID control rules which is
widely accepted in industry and choosing the pole placement for the nonlinear controller
accordingly. In addition, this paper presents another set of PID tuning rules which are
derived using ITAE performance criterion. The closed loop poles of these two PID designs
have been used to calculate the feedback controller gains of the nonlinear controller. The
performance of these two linear PID and nonlinear controller designs is evaluated and
compared in simulation based on overshoot, settling time, robustness and complexity.
1. INTRODUCTION

Hydraulic pressure control systems can be found in various industrial and vehicle
applications such as in clutch actuation of automatic transmissions, anti-lock brake systems,
presses and injection molding machines, paper machines and many more. These systems
mainly consist of a proportional control valve, a hydraulic actuation cylinder and a pump
system which supplies the pressurized hydraulic fluid for the system. The common point in
the above mentioned applications is the dominance of pressure dynamics, which yields to
neglect of motion dynamics of hydraulic actuation cylinder.
Fluid Power and Motion Control 2010 Edited by Dr D N Johnston and Professor A R Plummer
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Different classical linear pressure control schemes have been proposed in the literature (1,
2). Especially the linear PID control scheme proposed by Boes in (1) offers an easy tuning
of PID control parameters using known plant parameters. This approach is examined
extensively in this work. This study mainly focuses on two different control strategies, the
classical PID and input/output linearization based pressure control. In this context, the
mathematical model of a pressure control application is derived in section 2. In section 3
PID pressure control and tuning methods are examined, namely the PID tuning rules
proposed by Boes in (1) and an alternative way of PID parameter tuning method using an
ITAE performance criterion. At the end of this section, pole/zero location analysis for both
tuning rules is done. In section 4, input/output linearization based pressure control is
introduced and derivation of input/output linearized system, state feedback controller and
state observer designs are explained. Additionally, the problem of setting the state
controller and state observer gains is discussed and a solution is proposed based on
previously designed PID control poles. Finally, simulation results using hydraulic
simulation environment DSH plus are presented in section 5 and controller performances
are compared based on overshoot, settling time as well as complexity.

2. MATHEMATICAL MODEL OF PRESSURE CONTROL APPLICATION
The plant model for pressure control in this study shall be realized by a 4/3 way
proportional control valve, a constant pressure supply and a fixed but adjustable hydraulic
capacity such as a cylinder with a piston locked at a specific position in which pressure has
to be controlled. This system is shown in figure 1.

Figure 1: Plant model for pressure control
The dynamics of the 4/3 way proportional control valve can be modeled as a second order
, natural angular frequency
and damping
lag system (PT2 element) with gain
ratio
(3, 4). The input is the control voltage and the output is valve displacement.
The differential equation of the valve dynamics reads:
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(2.1)

The capacity connected to the valve is modeled by the pressure equation which relates the
balance of input/output flow to the pressure gradient. Two flows are considered, the valve
flow
and leakage
. The pressure equation then is:
(2.2)

being the pressure dependent bulk modulus and
the controlled fluid volume.
with
According to (1), the bulk modulus which varies at different pressures can very well be
assumed constant for the purpose of pressure control synthesis. Introducing hydraulic
capacity
as a constant
(2.3)
and combining equations 2.2 and 2.3 gives
(2.4)

To complete the modeling the orifice flow equation should be described and added to the
model. According to the stationary Bernoulli equation the flow through a sharp edged
orifice is proportional to the square root of the pressure difference at its ports (4). For
positive valve displacement,
> 0, flow is entering into the capacity:
(2.5)
and for negative valve displacement,

< 0, flow is going out of the capacity:
(2.6)

is the valve discharge coefficient which is calculated using valve
In these equations
at rated pressure
(3):
data-sheet parameters of maximum flow
(2.7)
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Combining equation 2.4 and 2.5 and also equation 2.4 and 2.6, the following equations can
> 0:
be reached. For positive valve displacement,

(2.8)

and for negative valve displacement,

< 0:

(2.9)

Equations 2.1, 2.8 and 2.9 constitute the mathematical model of a plant for pressure control.
For the controller development, the nonlinearities in equations 2.8 and 2.9 should be
eliminated. This can be done by linearizing the system around an operation point
) using taylor series expansion. After linearizing equations 2.8 and 2.9
(
around
and
as well as neglecting leakage flows which act as disturbances, transfer
equations of the system for both positive and negative valve openings using equations 2.1,
2.8 and 2.9 can be written as:

(2.10)

depends on the operating point, that means at which
where the flow gain parameter
pressure level we observe the system and whether the valve is opened positively or
negatively.
For positive valve opening

(2.11)

For negative valve opening

(2.12)

For the following analysis and synthesis, the choice of the flow gain value depends on
which opening direction of the valve is more sensitive. Sensitivity depends on the square
root of pressure difference in equations 2.11 and 2.12. If the pressure difference between
supply pressure
and operating pressure
is greater than that of between tank
pressure
and
, then equation 2.11 should be used because positive opening
direction is more sensitive. If opposite is true, then equation 2.12 should be used, because
negative opening direction is more sensitive now.
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3. PID CONTROL AND TUNING METHODS
The PID control method which consists of proportional, integral and derivative feedback is
a very powerful control method and is used in industrial processes today. The challenging
part in this control method is the tuning of the control parameters for P, I and D parts which
is done by trial-error method in practice. Therefore, it is valuable to have a good first guess
for these parameters. In this section, a PID tuning method for pressure control application
from the literature is examined, and then an alternative approach for a PID parameter tuning
rule based on ITAE performance criterion is derived. The power of both methods lies on
the easy tuning of parameters using simple formulas which consist of only known plant
parameters. The block diagram of a PI-D pressure control system is shown in figure 2.

Figure 2: Block diagram of PID pressure control system

The PI-D controller has the derivative part only acting on the feedback rather than also on
the input. The reason is to avoid peaks produced by the derivative part due to the step
changes of the input signal. The transfer function of the closed loop system is:

(3.1)
3.1 Method 1: PID tuning according to Boes (1)
The PID tuning method proposed by Boes described in (1) has been established in industry
and therefore shall be used as a benchmark for the following control schemes. This method
offers a powerful and easy tuning of PID parameters for pressure control applications.
Depending only on the plant parameters, three simple formulas are given which are; (1)
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,

(3.2), (3.3)

(3.4)

The derivation of these rules is not explained in (1) but it is stated that they are based on
experiments and linear pole placement. If the closed loop transfer function in equation 3.1
is analyzed, it can be clearly seen that the system has 4 poles and one zero. The
characteristic equation of the closed loop transfer function given in equation 3.1 divided by
is:

(3.5)

The analysis of equation 3.5 shows that the terms with proportional, integral and derivative
gains include the flow gain and hydraulic capacity which are canceled when P, I and D gain
formulas (equations 3.2 to 3.4) are employed. Thus the location of poles of the closed loop
system becomes independent of the flow gain and hydraulic capacity. Another observation
is that the damping ratio (cosine of the angle between secant from origin to pole and
negative real axis) is always equal for both pole pairs of the closed loop transfer function.
This can be easily seen on the zero-pole diagram in figure 3 using the following typical
numerical values.

,

where

,

and

In figure 3, among the poles marked with asteriks, the pole pair which is closer to the
imaginary axis clearly dominates the behaviour of the system. A third observation of our
analysis is that as the angular frequency and damping of the valve increase, the pole pairs
and the zero move to the left while keeping the trapezoidal shape.
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Figure 3: Pole/zero locations of closed loop system with PID tuning from Boes and
ITAE

3.2 Method 2: PID tuning according to ITAE performance criterion
The PID tuning method for pressure control introduced in the preceding subsection is
simple and powerful. However, the derivation of the controller parameter formulas is not
clear. Also, as will be seen from simulation results, this approach can be well improved in
performance. With the aim of finding a clearly derived and better set of parameters with
good transient behaviour, an alternative approach using ITAE performance criterion has
been derived, which, similarly to the previous method, only uses known plant parameters.
ITAE is an integral performance criterion which can be used to optimize control system
performance. According to ITAE performance criterion, the best system is defined as the
system that minimizes the ITAE index which is (5):

(3.6)

330

Fluid Power and Motion Control 2010

Using this index, the characteristic polynomial coefficients of transfer functions of different
orders which minimize the ITAE index can be found. According to (6), the transfer
equation which minimizes the ITAE criterion for a 4th order all-pole system reads:

(3.7)

,
,
. It should be noted that these parameters minimize the
where
ITAE index for a step input. This means that making parameters of the denominator of the
closed loop transfer function of our PI-D pressure control problem in equation 3.1 equal to
the parameters in equation 3.7, the tracking behaviour to a step input should be optimal.
Comparing the coefficients of

gives:

which leads to the conclusion that

must be set to
(3.8)

The interpretation of this relationship is that the pressure control dynamics is limited by the
valve dynamics and not by the pressure dynamics. Now using
calculated in equation
3.8, the other coefficients are made equal and comparison of coefficients gives the
following controller parameters:

(3.9)

(3.10)

(3.11)

Since the ITAE minimized functions in (6) are based on systems that have only poles, the
resulting closed loop transfer function of the pressure control system (Eq. 3.1) has to be
modified slightly to be also an all pole system, that is, no zeros should appear in the system.
The zero in the system described by equation 3.1 can be canceled using a prefilter which
satisfies the following equation:
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is the controller,
is the plant to be controlled and
is the prefilter,
where
that should be placed behind the reference signal generator. So the transfer function of the
prefilter reads:

(3.12)

Considering equation 3.5 and equations 3.9 to 3.11, it can be stated that poles of the closed
loop system with ITAE PID tuning do not depend on flow gain and hydraulic capacity,
similar as in the case for the system with Boes PID tuning. For a comparison with the polezero locations of the controller proposed by Boes, the same parameters in subsection 3.1 are
used and results are presented in figure 3.
Unlike the poles from the system proposed by Boes, the pole pairs are so close to each
other that it cannot be said which one is dominant. In addition, there is no zero in this
system. A comparison of step response in time domain will be given in section 5.
4. INPUT/OUTPUT LINEARIZATION BASED PRESSURE CONTROL
The general idea of input/output linearization is to transform the nonlinear system dynamics
algebraically into a (fully or partly) linear one, so that linear control techniques can be
applied (3). This is a powerful control technique and applications on hydraulic drives can
be found in the literature (8, 9). In order to achieve this, a nonlinear transformation of the
control signal should be derived (linearizing control law) and the complete model should be
expressed in new coordinates as a linear model after applying a coordinate transformation.
A general nonlinear system is defined as:
,

(4.1)

To find such a nonlinear transformation for the control signal, first the output signal must
be differentiated so many times until an explicit relationship between input
and output
is obtained. The number of successive differentiations until obtaining an explicit
relationship between input and output signals is called the relative degree. And when the
relative degree is equal to the system order, then input/output linearization takes a special
form and is called exact input/output linearization. When the pressure plant model in 2.8
and 2.9 (neglecting leakage flows) are expressed in state space form together with equation
2.1 for positive valve displacement,
> 0, we have:
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,

and for negative valve displacement,

,

,

(4.2)

,

(4.3)

< 0:

,

where
pressure

,

and the output

is defined as the chamber

.

The first derivative of the output function yields:
(4.4)
where
for all operation points in the control range for both positive and
negative valve openings. So the first derivative of the chamber pressure is not influenced by
the valve input voltage. If differentiation is continued, at third step we can get a nonzero
input in the expression as following:

(4.5)
where
for all operating points in the control range for both negative and
positive openings. This means that the valve input voltage has a direct influence on the
third derivative of the chamber pressure. It also means that the pressure plant model has a
relative degree of 3 and we can perform an exact input/output linearization. For positive
valve displacement,
> 0, the input function is:
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(4.6)

and for negative valve displacement,

< 0, the input function is:

(4.7)

In order to define an input/output linearized system, new coordinates can be defined for
positive valve displacement,
> 0, as:

(4.8)

and for negative valve displacement,

< 0:

(4.9)

With these new state definitions, we write the derivatives of

in state space form as:

,

(4.10)
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Now, we have reached a state space system which has a linear dynamics with a nonlinear
input function. Defining an appropriate nonlinear feedback and a new input variable :

,

(4.11)

we can linearize the system as:

(4.12)

The linearization is also illustrated in figure 4 below:

Figure 4: Input/Output linearization depicted by a block diagram

Equation 4.11 is called the linearizing control law and by introducing this expression to the
nonlinear system, the nonlinear system turns into a linear one as defined in 4.12. The
derived linearizing control law for the pressure plant model is a long expression which is
not printed here due to the space limitation.

4.1 Pole placement problem
In the previous subsection, the derivation of input/output linearization for the pressure plant
model has been completed. To control such a system, full state feedback controller can be
used and the motivation of the full state feedback control is to provide the new virtual input
as a function of all three states and the reference value. If the states are fed back to the
system, multiplied with a state gain matrix and supplied to the system as input, the input
function becomes:
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(4.13)
Using the state space representation in 4.12 and equation 4.13, a closed loop system forms
and reads as:
(4.14)
where;

(4.15)

,
and
is called pole
The problem of choosing the state controller gains
placement problem. Depending on the values of these parameters, the roots of the
characteristic polynomial change, so the places of the poles in the Re-Im plane. To
guarantee the stability, these poles have to be in the left side of the Re-Im plane, however
being stable is not sufficient since the design also has to meet desired transient response
characteristics of the closed loop system, such as settling time and overshoot. There are
overall 3 poles to placed in case of input/output linearized pressure control system, so the
pole patterns of previously designed PID pressure control systems can be used, because of
the proved performance of these poles. However, there are 4 poles in the PID control
system described in (1). For the state controller, only dominant pole pair and the real part of
the other pole pair from the PID system in (1) will be used in simulations, which results in
the following state controller gains:
,

,

In case of the ITAE PID system, instead of taking directly the pole pattern from the PID
system, the 3rd order ITAE function is used to calculate state controller gains, which are
according to (5):
,

,

4.2 Observer design
To be able to use a full state feedback controller, all the states of the system have to be
known or measured. Since measurement of valve spool displacement and valve spool
acceleration is impractical, estimation of these states via a Luenberger’s state observer is a
reasonable solution. Together with the state observer, closed loop system can be defined as:
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(4.16)
where
is the observer gain vector, being the error vector,
being the estimated
state vector and
. With the addition of the state observer, another pole
placement problem arises. The observer gain vector has to be determined so that matrix
has its all eigenvalues (or poles) in the left side of Re-Im plane. In case of
input/output linearized pressure control system, there are 3 observer gains to be set.
However, when the observer is combined with a state feedback controller, having a stable
observer will not be a sufficient criterion. In this case the observer should operate 2 to 5
times faster than the controller (7). This means that the poles of the observer should be 2 to
5 times of the left of the dominant poles of the system with state controller. But in terms of
experimentation, the farther the poles of the observer go to the left, the more sensitive the
observer becomes to measurement noises (7). In simulations with nonlinear controller, 3
observer poles are placed at -800 on real axis when ITAE pole pattern used. In case of pole
pattern from (1), the 3 observer poles are placed at -90 on the real axis.

5. SIMULATION RESULTS AND COMPARISON OF CONTROLLER
PERFORMANCES
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Figure 5: Simulation results
In order to see the performances of the controllers, the system has been modeled and
simulated using hydraulic simulation environment DSH® plus. The reference pressure
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signal used in simulations is a rectangular signal with upper value of 85 bar and lower value
of 55 bar. The plant parameters are already given in subsection 3.1 and PID controller
parameters can be calculated using corresponding formulas. For the PID controllers, a time
constant of 0.5 ms has been used for the derivative parts. In figure 5 pressure signals after a
step signal from 55 bar to 85 bar can be seen. In terms of transient behaviour, the PID
controller with Boes settings shows the most overshoot among others. Least overshoot
exhibits the nonlinear controller with ITAE pole pattern. If settling time is defined for the
%2 percentage band, it can be seen from figure 5 that the PID controller with Boes settings
as well as the nonlinear controller with pole pattern from Boes have longer settling times
compared to the others. In terms of steady state behaviour, the nonlinear controller with
pole pattern from Boes shows undamped oscillations, which indicates that the choice of the
pole pattern which were derived from PID controller poles with Boes settings is not the best
choice. Among the PID controllers, PID controller with ITAE settings shows better
damping and settling characteristics. When the complexity is taken into consideration, it
can be seen that nonlinear controllers are more complex compared to the PID controllers.
6. CONCLUSIONS
In this paper, two different control schemes for pressure control, namely PID and nonlinear
control have been analyzed. A well-known PID scheme for pressure control has been
examined and an alternative PID scheme has been derived using ITAE performance
criterion. In addition, a nonlinear controller which is based on input/output linearization has
been designed. To analyze the performances of the controllers, a pressure control system
has been modeled and simulated using DSH plus. Results show that nonlinear controller
with pole pattern from ITAE has the best steady state and transient behaviour. Also, the
PID controller with ITAE settings has a smaller overshoot and better settling behaviour
compared to the PID control scheme proposed in (1). Robustness of the controllers has not
been analyzed here, and could be a subject for further research. In terms of complexity,
nonlinear controllers need more effort for design and implementation compared to PID
controllers and don’t show significant better performance.
LIST OF SYMBOLS
Valve discharge coefficient
Hydraulic capacity
Valve damping coefficient
Bulk modulus of hydraulic fluid
Derivative gain
Integral gain
Proportional gain
Observer gain vector
Valve input gain
State feedback controller gain
Pressure in the controlled volume
Operation pressure in the controlled volume
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Nominal pressure difference of valve
Supply pressure from the pump
Reservoir pressure
The flow rate in- and out from controlled volume
Nominal flow rate of the valve
Valve input signal
Volume of the hydraulic capacity
Valve flow gain
Valve stroke
Valve spool velocity
Operation stroke of the valve spool
Maximum valve spool stroke
Valve eigenfrequency
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ABSTRACT
This paper presents a novel mobile parallel robot, which is able to carry out the welding
and machining processes from inside the international thermonuclear experimental reactor
(ITER) vacuum vessel. The kinematic design of the robot has been optimized for the ITER
access. To improve the performance of the robot, a hybrid control system is designed and
an advanced controller has been developed, master-slave control for tracking motion is used
to avoid un-synchronous motion of two drive motors, and the pressure feedback together
with a high-pass filter is applied to reduce vibration in the machining process.

1. INTRODUCTION
The sectors of the international thermonuclear experimental reactor (ITER) require
tolerances of 10 mm which are more stringent than normally expected for the size of the
structure involved. The walls of ITER sectors are made of 60 mm thick stainless steel and
are joined together by high efficiency structural and leak tight welds. In addition to the
initial vacuum vessel (VV) assembly, sectors may have to be replaced for repair. Since
commercially available machines are too heavy for the required machining operations and
the lifting of a possible e-beam gun column system, a new flexible, lightweight and mobile
robotic machine is being considered.
Traditional industrial robots that have been used as general-purpose positioning devices are
open chain mechanisms that generally have the links actuated in series. This kind of
manipulators usually has long reach and large workspace, but inherently not very rigid and
has poor dynamic performance at high speed and high dynamic loading under the operating
condition. Compared with open chain manipulators, parallel mechanisms generally have
high stiffness, high accuracy and high force/torque capacity in the reduced workspace and
have found many applications in manufacturing systems [1, 2, 3, 4]. The development of
full remote welding and cutting tools, contributed by the US Home Team, was completed in
June 1998 [5], of which the robot was built in the serial link arm on a rail-mounted vehicle
and moving on guide rail, however it is not able to carry out the machining process inside
the ITER due to its low stiffness. Since there are no commercial solutions applicable to the
Fluid Power and Motion Control 2010 Edited by Dr D N Johnston and Professor A R Plummer
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ITER assembly, a hybrid parallel robot machine, using water hydraulic drives to achieve
the required force density and clean environment, has been developed.

2. STRUCTURE OF VV AND MACHINING PROCESS
The inner and outer walls of the VV are made of 60 mm thick stainless steel, 316L, and are
welded together indirectly, i.e., through an intermediate, called “splice plate”, inserted
between the sectors to be joined. This splice plate has two important functions: (i) to allow
access to bolt together the thermal shield between the VV and coils; and (ii) to compensate
for the mismatch between adjacent sectors to obtain a good fit-up of the sector-sector butt
weld. The robot end-effector passes through the inner wall splice plate opening to reach the
outer wall. The assembly process has to be carried out from inside the VV (Fig. 1) [6].

Figure 1 Structure of VV sector and robot
The assembly or repair will be performed according to four phases: cutting, edge machining
and smoothing, welding, and the NDT control. The robot functions as a transportation
device for welding, machining, and inspecting the end-effector.
The welding force is small and only comes from the weight of the welding device, which
may be up to 200 kg for an e-beam welder. The maximum robot force arises from cutting,
and the dynamic force can be up to 3 kN.

3. KINEMATIC MODEL OF ROBOT
The new parallel robot has ten degrees of freedom (Fig. 2), and it consists of two relatively
independent sub-structures: (i) the Hexa-WH — a Stewart platform-based parallel
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mechanism driven by six water hydraulic cylinders, which contributes full six degrees of
freedom for the end-effectors; and (ii) the carriage offering the other four degrees of
freedom for the Hexa-WH, namely the tip motion, the rotation, the linear motion and the
tracking motion are the four degrees to enlarge the workspace and to offer the high mobility
of the robot. Thus robot IWR is a hybrid redundant manipulator for having four extra
degrees of freedom provided by the carriage.

Figure 2 Parallel robot IWR

4. KINEMATIC ANALYSIS
The kinematics of the robot is very complicated because of its redundant structure; the
kinematics analysis can first be given in two individual parts, exactly the carriage part and
the Hexa-WH part, and then the combination of these two parts.
The coordinate system (Fig. 3) is set up as the following: frame O is fixed on the tracking
rail, frame O0 to the corner of the carriage frame, frame O1 to the corner of the linear table,
frame O2 above the centre of the rotation plate, frame O3 at the rotation joint, frame O4 in
the centre of the Hexa-WH frame, and frame O5 at the centre of the end-effector.
4.1 Forward kinematics
The carriage offers four degrees of freedom to the robot — two linear motions and two
rotations, and the Hexa-WH offers full 6 degrees of freedom. The transformation matrix
can be defined as:
Tc = T0·T1·T2·T3·T4·T5,

(1)
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Figure 3 Coordinate system
where:
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Given the parameters of joints, the forward kinematics of the robot can be formed as
&
P

&
T x P0

&
T1  T2  T3  T4  T5  P0 .

(2)

The numeric iterative method is employed to solve the forward kinematics of the HexaWH.
4.2 Inverse kinematics of robot
As the robot has four redundant degrees of freedom, the inverse kinematics model of the
carriage is given before that of the Hexa-WH.
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4.2.1 Inverse kinematics of carriage
The inverse kinematics of the carriage is defined as to find the values of the four actuators
with respect to the frame O, given the position and an orientation of P4 on the Hexa-frame.
The principle of the carriage mechanism is shown in Fig. 4.

Figure 4 Mechanism of carriage
In real applications, the rotation angle I is only fixed at a few values, which are 0°, ±90°,
and 180°; the values of other actuators are calculated by fixing I, i.e., for a given position
P4(x,y,z), the center of Hexa-frame, the following relations exist:
X 1  (r0  r1 cos M ) cos I
Y1  (r0  r1 cos M ) sin I
r1 sin M

x,

(3)

y,

z.

From Eq. (3), the following results come out:

M
X1
Y1

arcsin( z / r1 ),

(4)

x  (r0  r1 cos M ) cos I ,
y  ( r0  r1 cos M ) sin I .

4.2.2 Inverse kinematics of Hexa-WH
O4 is coinciding with P4 at the carriage side. Fig. 5 defines the coordinates of the HexaWH. The inverse kinematics for the Hexa-WH is defined as finding values for cylinders,
given the position and the orientation of the end-effector with respect to the Hexa-frame:
&
Li

&' &
O4 O5  R  ri  ri , (i 1, 2, 3, 4, 5, 6) ,

being R

ªcDcE
« sDcE
«
«¬  sE

cDsE sJ  sDcJ
sDsE sJ  cDcJ
cE sJ

cDsE cJ  sDsJ º
sDsE cJ  cDsJ »» .
»¼
cE cJ

(5)
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Figure 5 Hexa-WH
When (x,y,z,Ȗ,ȕ,Į) is defined with respect to frame O4, the length of each cylinder is:
li

&
Li

&' &
&' &
(O4O5  R  ri  ri ) x (O4O5  R  ri  ri )

(6)

5. CONTROL ALGORITHM
An open architecture of hardware and the programmable software are developed. Fig. 6
shows the structure of the hardware control system. The controller is an industrial-PCbased motion controller. It provides a reliable and easy-at-use environment for controlling
the robot because Earthnet bus is used in the connection of iPC and I/O interfaces.
The software (Fig. 7) includes the graphical interface, the trajectory planning, the forward
and inverse kinematics models, the interpolator, the controller, and the I/O interface
functions. All those functions should be integrated with the program offered by iPC and run
absolutely in real time.
Graphical interface is a high level program, it includes the functions for parameter setting,
condition monitoring, and graphical visualization. User can easily exchange information
with this program.
Trajectory planning is also a high level program. As the robot has redundant actuators, the
trajectory planning is much more difficult than usual, so an optimization algorithm, which
is subjected to minimize the deflection of the robot during motion, has been employed.
Forward and inverse kinematics models and interpolator are real time functions, which
generate data for the motion controller.
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Controller is a real time function including the water hydraulic controller and the motor
controller. As the robot has two tracking motors and the speed of the motors are not always
the same at some positions, a master–slave control algorithm has been used.
I/O interface functions are real time functions, which enable transferring data from sensors
to controllers and from controllers to drivers.

Figure 6 Structure of robot controller

Figure 7 Structure of software
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5.1 Control of drive motor
Two drive motors are used for carriage motion. As the tracking rails are not always straight
and they have different radius of curvature at different regions, the speeds of two motors
can not be the same when the robot crosses two different curves, thus the torque control
together with the position feedback algorithm is implemented. Fig. 8 shows the control
principle.

Figure 8 Motor control
In this method one motor works as master and the other one as slave. For the master motor,
the position control with the speed feedback algorithm is used to guarantee the required
speed and the position of the carriage. For the slave motor, the torque control is used to
contribute the driving torque for the carriage.
5.2 Control of water hydraulic cylinder
In the machining process, the robot vibrates due to the dynamic machining force, and this
vibration will cause two problems, which are the bad machined surface and the damage to
machine tools like miller and also the robot itself. To reduce the vibration, the position
control plus the payload pressure feedback control is applied in hydraulic position servo.
Figure 9 shows the control scheme. The output commands of the upper level include the
position and the speed references for the servo cylinder controllers. The servo control
consists of position loop and speed loop that provide accurate and fast trajectory tracking.
The load pressure feedback is used for damping the self-excited oscillations normally
occurring at natural frequency. The speed loop can eliminate the speed error, while the
pressure feedback damps the vibration of the hydraulic actuator. The hydraulic cylinders
normally lack damping which makes their control difficult by using conventional PIDcontrollers. The damping can effectively be increased by means of the load pressure
feedback. But the major drawback in using the pressure feedback is the negative effect on
the static stiffness of the actuator. So the high pass filters are used to remove the negative
effect of the pressure feedback at low frequency.
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Figure 9 Control scheme

6. EXPERIMENTAL SYSTEM
The tests for welding and machining have been carried out.
6.1 Welding test
To guarantee the welding quality, a seam tracker, which guides the robot motions along the
centre of the welding seam, is employed. The seam tracker offers 6 DOF local coordinates
of the sensor related to the welding seam. In the robot controller, a trajectory planning
program has been designed to handle the data from Scout and to correct the welding
trajectory, and an on-line teaching algorithm has been developed (Fig. 10).
The laser welding test was curried out with the first prototype of robot driven by oil
hydraulic power. The work piece was randomly placed along Y and Z directions with angle
of about 1 degree to Y- and X-axes, which were unknown to the robot before the seam
finding. The YAG laser used in testing has the maximum output power 3 kW, and 200 mm
focal length which results in a I 0.6 mm focal spot on the work piece. The beam parameter
product is 25 mm-mrad. The work piece is stainless steel, AISI 316LN, with 7 mm thick,
600 mm long, and 0.2 mm root gap for welding. Fig. 11 shows the results of laser welding
with seam tracker; as shown in the micrograph, the welding did not go through the plate at
cross section 3; the failure is caused by the mechanical problem in one cylinder.

348

Fluid Power and Motion Control 2010

Figure 10 Configuration of laser welding
6.2 Speed tracking
The performance of tracking motion of robot is given in Fig. 12. In the speed tracking
testing, the speed command, 538 mm/min, was given to the tracking motor 1 (short as
Motor 1), while the tracking motor 2 (short as Motor 2) acting as a slave driver, one extra
encoder is mounted at the center of the carriage between these two motors to measure the
speed and the position of the carriage. Before the time point of 27 second, the robot had
been running on the flat rack. After this point, Motor1 went into the circle area and Motor 2
was still running on the flat rack. As the speed command was sent to Motor 1, the speed of
Motor 1 kept almost constant while Motor 2 was slower due to the running position in the
flat area. As the assembly error exists at the joining point between the flat rack and the
circle rack, the speed of each motor has slightly jumps around this point.
6.3 Machining test
The machine milling was carried out. The high speed steel miller was used in machining.
The milling tool has the diameter of 25 mm. The spindle speed was set 1200 r/min and the
feeding speed about 100 mm/min. The accuracy of the milled surface can reach 0.1 mm.
However the backlash exists in joints and between cylinder rods and cylinders, the
vibration can not totally be eliminated, further improvement of the mechanism is required.
Fig. 13 shows the working environment and the milling results. The machined surface
quality can reach the requirements. The carbide tools are much more capable for cutting the
stainless steel and they will be used in the cutting operations to be performed in the ITER.
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Figure 11 Laser welding test piece and micrographs of results

Figure 12 Speed tracking test (the horizontal line between two crosses “×” is the
command speed)
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(a)

(b)

Figure 13 Milling test. (a) Test environment; (b) results

7. CONCLUSIONS
A parallel robot, driven by hydraulic cylinders, has been developed to assemble and to
repair the Vacuum Vessel of ITER. It can accurately and stably hold all necessary
machining end-effector and welding end-effector in all positions. Kinematics models are
very complicated because of the redundant structure; they have to be formed separately for
the Hexa-WH and the carriage. The hybrid control system and the controllers have been
designed; and the experimental results of the laser welding tests with seam tracker are
shown. It can be seen from micrographs of the selected welded cross-sections that in most
of the welded cross-sections the welding goes thought the narrow gap, except in one
section; the failure is caused by the mechanical problem of one cylinder in certain region.
In the machine milling test, the surface accuracy is smaller than 0.1 mm; however the
vibration still exists during the machining because of the backlash of the joint and big
tolerance between the cylinder rod and the guide. Further improvements need to be done for
the mechanical parts.
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Notation
li
r1
r0
ĳ

I
Ȗ,ȕ,Į
Oi
&
ri
&'
ri
x,y,z
X1
Y1

length of the ith cylinder
tilt beam length
rotation radius
tilt angle
rotation angle
orientation of end-effector
frame i
joint vector of the ith cylinder on the Hexa-frame concerning frame O4
joint vector of the ith cylinder on the end-effector regarding frame O5
coordinates of the centre of the Hexa-frame
linear motion along X-axis
linear motion along Y-axis
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Electrohydraulic Actuator System
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ABSTRACT
This article presents the development of a multiple loop sliding mode control strategy for
improving the performance of hydrostatic actuation systems. In these actuators, the presence
of nonlinearities associated with pump/motor static friction and backlash, pressure drop in
the piping system, and nonlinear friction at the load have a significant effect on the
performance and positional accuracy of the system. Earlier studies have indicated that the
friction characteristics of the hydrostatic actuation systems are very nonlinear, displaying
stick-slip (static-coulomb) type behavior. In trajectory tracking applications, this results in
oscillations near the zero velocity zone.
Sliding mode control was reported to reduce these oscillations by providing a soft adaptive
scheme that would compensate for the nonlinear friction. In this article, the concept of
sliding control will be extended, by incorporating a secondary inner-loop controller. to
enhance the accuracy of tracking in the position and velocity trajectories. Simulation results
supported by theoretical analysis indicate that a considerable improvement in performance
can be achieved by the implementation of this control strategy.

Keywords:
Sliding Mode Control, Electrohydraulic Actuator, Multiple Sliding Mode control

1.

NOMENCLATURE

A
B; B2; B0
Dp
F
Ff
Jpm
L
M

Hydraulic cylinder piston area
Coefficients of the quadratic friction model
Pump volumetric displacement
Actuator induced force
Load friction force
Motor/pump inertia
Leakage coefficient
Sliding mass of the mechanical load
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P1; P2
P a; P b
Pcase
Ppipe
Q1;Q2
Qa;Qb
Vo
xo; x
ȕe
[
Zp

2.

Actuator chamber pressures
Pump port pressures
Pressure at the case drain
Minimum system pressure in the outer circuit
actuator flows
Pump flows
Mean actuator chamber volume
The mean position, and displacement from the mean position
Hydraulic bulk modulus
Pump cross-port leakage coefficient
Pump angular velocity

INTRODUCTION

Hydraulic systems are commonly used for actuation and manipulation of heavy loads. They
are found in a variety of different industries, such as in automotive, manufacturing, robotics,
construction, and aerospace. Conventional hydraulic systems use a centralized constant
pressure supply system. Pressurized fluid is then channelled to actuators using servo-valves.
The advantages of these systems are their high torque to mass ratio, and the ability to
control speed and direction with relative accuracy (1). However, according to (2-4), there
are also disadvantages such as the requirement of a bulky centralized supply, leakage, noise,
and reduced energy efficiency due to orifice flow and the requirement for maintaining a
constant supply pressure.
Electro-Hydrostatic Actuation systems (EHA) alleviate many of the above mentioned
shortcomings of servo-valve controlled hydraulic systems. In the EHA position control is
achieved by regulating the pumping action. Here, a fixed or a variable displacement pump
can be used to move oil from one chamber of the actuator to the other. Fixed displacement
gear pumps have been successfully used for precision control of inertial loads. Load
manipulation is achieved by changing the speed and the direction of the pump with an
electrical servomotor. A high precision EHA was prototyped in (2, 5, and 6) and has
achieved sub-micron resolution.
In this EHA, two control loops were used. These consisted of an outer-loop proportional
controller and a high gain inner-loop pump velocity controller. The latter was reported to
desensitize the system to dead-band caused by friction at the pump motor interface. In (8), a
gain scheduled proportional controller, and a fuzzy controller were applied to the outer
position control loop to improve the positional accuracy. A further study involved re-tuning
of the gain scheduled proportional controller to improve its performance in trajectory
tracking applications in (7), and reported that chatter is observed in both load velocity and
acceleration, which is linked to the nonlinear behavior of friction at the load. It was stated
that using sliding mode control suppresses the chattering effect, thus resulting in improved
velocity and acceleration profiles.
In (7), sliding mode control was proven as a very effective tool in suppressing the friction
induced limit cycle oscillations. The effectiveness of this strategy is dependent on adjusting
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the smoothing boundary layer thickness for the switching component of the control signal.
However, it should be noted that the role of the smoothing boundary layer has been to date
targeted to eliminating chatter caused by the switching action and uncertainties in sliding
mode control. Larger system uncertainties; require a larger boundary layer thickness in
order to effectively eliminate the chatter. Because of the decoupling effect that the boundary
layer thickness has with the amount of error in all the trajectories, a larger boundary layer
thickness would increase the amount of error present in the positional accuracy, a tighter
boundary layer thickness on the other hand, will improve the positional accuracy at the
expense of inducing chatter noticeably in the velocity and the acceleration profiles.
In this paper, a new form of sliding mode control with a secondary inner-loop is introduced.
This inner-loop will result in the addition of a secondary boundary layer thickness that adds
an additional degree of freedom.

3.

ELECTRO-HYDRAULIC ACTUATOR (EHA) SYSTEM

In this paper the EHA system of Fig. 1 will be used with its design details given in (5). This
system consists of an electric motor, a gear pump, a symmetrical actuator, pressure and
position sensors, an accumulator, pressure relief sub-circuit, and an optional filtering subcircuit. The pump only operates when control action is needed, and thus the system has the
advantage of an overall better energy efficiency in comparison to swash plate controlled
hydrostatic or valve controlled hydraulic systems, (6). However, volumetric efficiency is
compromised at very low pump speeds, and a dead-band is present, resulting in an effect
similar to backlash (9). In this section, the mathematical model of the EHA is reviewed and
refined.

Figure 1 The EHA circuit diagram, (8)

A simplified pump/actuator model was developed in (10) and is given as:
ܦ ߱ ൌ ݔܣሶ 

ܸ ݀ܲଵ ݀ܲଶ
ܮ
൬
െ
൰  ߞሺܲଵ െ ܲଶ ሻ  ʹߞܲ  ሺܲଵ െ ܲଶ ሻ
ʹ
ߚ ݀ݐ
݀ݐ

(1)
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The EHA system is connected to a horizontal sliding mass and the equation of motion for
the actuator is obtained as follows:
ሺܲଵ െ ܲଶ ሻ ܣൌ ݔܯሷ  ܨ
(2)

Where  is the friction force, in a study performed by Chinniah in (11) on the EHA
prototype, the nonlinear behavior of friction in EHA was experimentally measured. A
“quadratic” model was proposed, which was used in conjunction with the Extended Kalman
Filter for online estimation of friction parameters. The friction force was assumed to be a
second order equation in load velocity, given by Eq. (3)

ܨ ൌ ݔܤሶ  ሺܤଶ ݔሶ ଶ  ܤ ሻ݊݃݅ݏሺݔሶ ሻ

ሺܲଵ െ ܲଶ ሻ ܣൌ ݔܯሷ  ݔܤሶ  ሺܤଶ ݔሶ ଶ  ܤ ሻ݊݃݅ݏሺݔሶ ሻ

(3)
(4)

Taking the derivative of both sides of Eq. ሺͶሻ
൬

ܯ
ܤ
ʹܤଶ ݔሶ ݔሷ
݀ܲଵ ݀ܲଶ
െ
൰ ൌ ݔഺ  ݔሷ 
݊݃݅ݏሺݔሶ ሻ
݀ݐ
݀ݐ
ܣ
ܣ
ܣ

(5)


The pump/actuator pipe connection is modeled as a pressure drop ܲ , which is a function
of flow in the EHA system, ܲ is approximately modeled by using Darcy’s pipe flow
equation as:
ܲ ൎ ܭ ܳଶ ൎ ܭ ܦଶ ߱ଶ

Linearizing this equation leads to

(6)

ȟܲ ൎ ʹܭ ܦଶ ߱ ȟ߱

Substituting Eqs. ሺͶሻ, ሺͷሻ, and ሺሻ into Eq. ሺͳሻ yields,

(7)

ܦ ൫ͳ െ Ͷܭ ߞܦ ߱ ൯ο߱

ܮ
ܮ
ܣଶ   ܤቀߞ  ቁ
ܸܤ  ߚܯ ቀߞ  ቁ
ܸܯ
ʹ
ʹ ቍ οݔሶ
ൌ
οݔഺ  ቌ
ቍ οݔሷ  ቌ
ߚܣ
ʹߚܣ
ܣ

(8)

ܮ
ʹܤଶ ܸ ݔሶ ݔሷ  ߚ ቀߞ  ቁ ሺܤଶ ݔሶ ଶ  ܤଷ ሻ
ʹ

݊݃݅ݏሺݔሶ ሻ
ߚܣ

In practice Ͷܭ ߞܦ ߱  ͳ اand this allows the development of a linear model. Choosing
the state variables ݔ , as shown in Eq. ሺͻሻ, assuming the presence of system noise, and
using the sampling period ܶ௦ , replacing the input term ߱ as ݑ, the state space discrete
equations may be approximated (using the “forward difference” approach to discretization)
as :
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ݔଵ ሺ݇  ͳሻ ൌ ݔଵ ሺ݇ሻ  ܶ௦ ݔଶ ሺ݇ሻ  ܶ௦ ݓଵ ሺ݇ሻ
ݔଶ ሺ݇  ͳሻ ൌ ݔଶ ሺ݇ሻ  ܶ௦ ݔଷ ሺ݇ሻ  ܶ௦ ݓଶ ሺ݇ሻ
ݔଷ ሺ݇  ͳሻ
ܮ
ܮ
ቆܣଶ   ܤቀߞ  ቁቇ ߚ
ܸܤ  ܯȝ ቀߞ  ቁ
ʹ
ʹ ቍ  ݔሺ݇ሻ െ ܶ
ൌ ͳ െ ܶ௦ ቌ
ݔଶ ሺ݇ሻ
ଷ
௦
ܸܯ
ܸܯ

(9)

ܮ
ʹܤଶ ܸ ݔଶ ሺ݇ሻݔଷ ሺ݇ሻ  ߚ ቀߞ  ቁ ሺܤଶ ሺݔଶ ሺ݇ሻሻଶ  ܤଷ ሻ
ܶ௦ ܦܣ ߚ
ʹ
െ ܶ௦
݊݃݅ݏሺݔሶ ሻ 
ݑሺ݇ሻ
ܸܯ
ܸܯ
 ܶ௦ ݓଷ ሺ݇ሻ

For the control design in this paper, the friction will be linearized. However, all simulation
results will be performed on the nonlinear plant model, this will provide a realistic situation,
where actual friction dynamics are not known and a highly uncertain simple friction model
is used for the control design. As such the system model used for control design is written
as:
ݔଵ ሺ݇  ͳሻ ൌ ݔଵ ሺ݇ሻ  ܶ௦ ݔଶ ሺ݇ሻ  ܶ௦ ݓଵ ሺ݇ሻ
ݔଶ ሺ݇  ͳሻ ൌ ݔଶ ሺ݇ሻ  ܶ௦ ݔଷ ሺ݇ሻ  ܶ௦ ݓଶ ሺ݇ሻ
ܮ
ܸܤ  ܯȝ ቀߞ  ቁ
ʹ ቍ  ݔሺ݇ሻ
ݔଷ ሺ݇  ͳሻ ൌ ͳ െ ܶ௦ ቌ
ଷ
ܸܯ

െ ܶ௦

ܮ
ቆܣଶ   ܤቀߞ  ቁቇ ߚ
ʹ
ܸܯ

ݔଶ ሺ݇ሻ 

(10)
ܶ௦ ܦܣ ߚ
ݑሺ݇ሻ  ܶ௦ ݓଷ ሺ݇ሻ
ܸܯ

The discrete equation can now be represented by the more generic form
ࢄሺ݇  ͳሻ ൌ Ȱࢄሺ݇ሻ  ݑܩሺ݇ሻ  ࢃሺ݇ሻ

(11)
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 ܩൌ ൮  ߚ ܦܣ൲
 
ܶ௦
ܸܯ

Ͳ
ܶ௦

ۊ
ܮ
ۍ
ቆܸܤ  ߚܯ ቀߞ  ቁቇۋې
ʹ ۋۑ
ێ
ۋ
ͳ
െ
ܶ
௦
ێ
ۑ
ܸܯ
ێ
ۑ
ۏ
یے

(12)

(13)
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SLIDING MODE CONTROL

Sliding mode control is known for its ability to provide robustness and stability in
controlling dynamic systems in the presence of uncertainties. In (12) Misawa developed a
discrete sliding mode control to provide stability for nonlinear systems with uncertainties
that do not satisfy the matching condition. Later in (13) this design was extended for linear
systems and was reported to provide good results. In (7) Wang adopted Misawa’s control
technique to design a controller for the EHA system for trajectory tracking applications.
Using an accurate model of nonlinear friction in the controller design, simulation results
indicated the ability of the controller to provide accurate tracking while suppressing the
chatter in acceleration and velocity profiles. In this section, this control design will be
reviewed along with simulation results of its application to the EHA system.
4.1 Application of SMC to EHA system
Consider a linear dynamical system of the form shown in in Eq. (11), in trajectory tracking
applications it is desired to design a controller to force the system state vector to follow a
desired trajectory ࢄௗ . In terms of tracking error ࢋሺ݇ሻ ൌ ࢄௗ ሺ݇ሻ െ ࢄሺ݇ሻ, the objective could
be restated as driving the error as close as possible to zero. As such, a sliding manifold is
defined as:
ȭ ൌ ሺࢋሺ݇ሻȁݏሺ݇ሻ ൌ ࢋܥሺ݇ሻ ൌ Ͳሻ

A smoothing boundary layer is defined as:

(14)

Ȳ ൌ ሺࢋሺ݇ሻȁȁݏሺ݇ሻȁ ൌ ȁࢋܥሺ݇ሻȁ  ߰ሻ

Assuming that uncertainties ሺ࢝ሻ are bounded such that:

(15)

ȁ࢝ܥȁ  ߛ

The control input is defined as:

(16)

ݑሺ݇ሻ ൌ ݑ ሺ݇ሻ െ ሺܩܥሻିଵ ݏሺ݇ሻ  ሺܩܥሻିଵ ܭ  ݐܽݏቆ

ݑ ሺ݇ሻ ൌ ሺܩܥሻିଵ ܥሺࢄௗ ሺ݇  ͳሻ െ Ȱࢄሺ݇ሻሻ

ܭ ൌ ߛ  ʹȟ߳ݐ, ߰  ߛ  ȟ߳ݐ

ͳ ݂݅  ݏ ߰
ݏ
ݏ
݂݅ ȁݏȁ  ߰
 ݐܽݏ൬ ൰ ൌ ൞
߰
߰
െͳ ݂݅  ݏ൏ ߰

Where, Ԗ is an arbitrary positive constant.

ݏሺ݇ሻ
ቇ
߰

(17)
(18)
(19)

(20)
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Table 1 EHA parameters

Parameter Value
Units
ܯ
ܣ
ܤ
ܸ
ܮ
ߞ
ߚ
ܦ

ʹͲ
ͷǤͲͷ ൈ ͳͲିସ
Ͳ
Ǥͺͷ ൈ ͳͲିହ
ͷ ൈ ͳͲିଵଷ
ʹǤͷ ൈ ͳͲିଵଷ
ʹǤͳ ൈ ͳͲ଼
ͳǤ ൈ ͳͲି

݇݃
݉ଶ
ܰݏΤ݉
݉ଷ
݉ଷ Τܽܲݏ
݉ଷ Τܽܲݏ
ܲܽ
݉ଷ Τ݀ܽݎ



The EHA model is given in equation Eq.(10), with parameters value provided in
table. 1. Figure 3 shows the simulation results from the application of the control strategy of
Eq. (17), where it is evident that because of the inaccuracy in the friction model, the
computed control signal is not accurate enough to impart enough acceleration to the system,
such that the acceleration error would lie within the boundary layer. Accordingly the
switching term in the SMC controller will cause chattering around the desired trajectory.
Expanding the boundary layer thickness can eliminate chattering at the expense of
positional accuracy as shown in Fig. 4.

Figure 2 Desired trajectory
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Figure 3 EHA simulation results, inaccurate friction model, and small boundary layer
thickness

Figure 4 EHA simulation results, inaccurate friction model, and large boundary layer
thickness

5.

MULTIPLE SLIDING MODE CONTROL (MSMC)

The simulation results discussed in the previous section indicates that while sliding mode
control has the ability to provide a mechanism for chatter suppression, there exists a tradeoff
between chattering and positional accuracy. To provide greater flexibility in dealing with
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this effect a secondary inner-loop SMC controller can be used to improve positional
accuracy while suppressing chattering in acceleration trajectory following. The secondary
controller is a reduced order controller, such that it uses the error in position and velocity to
derive a secondary sliding surface with a secondary boundary layer. The output of this
controller is then used to apply a correction to the desired acceleration trajectory to
compensate for the inaccuracy in the friction model, and hence eliminate the chatter without
compromising the positional accuracy. In this section, the mathematical representation of
this strategy will be presented along with simulations results from its application to the EHA
system.
5.1 MSMC mathematical formulation
Consider a linear dynamical system of the form shown in Eq. (11). Let:
 ܥൌ ሺܥଵ ǡ ܥଶ ሻ

(21)

ࢄ ൌ ሺࢄଵ் ǡ ࢄ்ଶ ሻ

(22)

Ȱ
Ȱ ൌ ൬ ଵଵ
Ȱଶଵ

(23)

ܩൌ൬

Ȱଵଶ
൰
Ȱଶଶ

Ͳିଵ
൰
ܩଶ

(24)

The system of Eq. (11), could be rewritten as
ܺଵǡାଵ ൌ Ȱଵଵ ܺଵǡ  Ȱଵଶ ܺଶǡ

(25)

ܺଶǡାଵ ൌ Ȱଶଵ ܺଵǡ  Ȱଶଶ ܺଶǡ  ܩଶ ݑ

(26)

The multiple sliding mode control strategy is composed of two control elements in an
additive form, consisting of a main control element and a secondary control element. The
main control element uses the system model of Eq. (11) to derive a control action that would
drive the states to follow the specified state trajectory associated with position and
acceleration. The secondary control element works in two stages. In the first stage the upper
partition of the state vector ଵǡ୩ାଵ of Eq. (25) is used to derive a desired corrective input for
 ଶୢǡ୩ . This input is then used in the second stage to
the lower partition of the state vector 
provide additional control action. The additional control action will reduce the error in the
ଵ state vector by introducing a secondary switching element with a tighter boundary layer
thickness for the ଵ state vector, as follows.
For the main outer-loop controller, the same strategy as in the previous section is followed,
with:
ݑ ൌ ሺܩܥሻିଵ ܥ൫ࢄௗೖశభ െ Ȱࢄ ൯
ݑ ൌ ݑ െ ሺܩܥሻିଵ ݏ  ሺܩܥሻିଵ ܭ  ݐܽݏ൬

(27)
ݏ
൰
߰

(28)

362

Fluid Power and Motion Control 2010

For the secondary controller, the first stage derives a corrective acceleration term as follows:
ܺଶௗǡ ൌ ݑଵ ൌ െሺܥଵ ߔଵଶ ሻିଵ ܵଵೖ  ሺܥଵ ߔଵଶ ሻିଵ ܭଵ ܵܽ ݐቆ

ݏଵೖ
ቇ
߰ଵ

(29)

In the second stage the acceleration corrective action is mapped to the output space using
the following equation
ݑ௦ ൌ ሺܥଶ ܩଶ ሻିଵ ܭଶ ܵܽ ݐቆ

ܥଶ ܺଶௗǡ
ቇ
߰ ଶ

(30)

Finally the full control action is established using the main control element and the
secondary control element, according to the following equation
ݑ ൌ ݑ  ݑ௦ ൌ ݑ െ ሺܩܥሻିଵ ܵ  ሺܩܥሻିଵ ܭ ܵܽ ݐ൬
 ሺܥଶ ܩଶ ሻିଵ ܭଶ ܵܽ ݐቆ

ܥଶ ܺଶௗǡ
ቇ
߰ ଶ

ܵ
൰
߰

(31)

5.2 Simulation results
Simulation results have been obtained using the Multiple Sliding Mode Control (MSMC).
As in the previous case the controller is applied to a simulation model with nonlinear
friction as given in Eq. (9). Figure 5 shows the system output using the proposed MSMC
strategy; it is clear that the strategy is successful in improving the tracking accuracy with no
chatter in the acceleration profile.

Figure 5 EHA simulation results, MSMC strategy
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CONCLUSIONS

In this paper, a Multiple Sliding Mode Control strategy is proposed to improve the tracking
accuracy in Electrohydraulic Actuation systems (EHAs). The controller is implemented on a
validated model of an EHA prototype. Simulation results indicate a considerable
improvement in the tracking accuracy while suppressing the previously reported chatter in
acceleration due to non-linear friction. The MSMC strategy presents a useful adaptive
mechanism for compensating non-linear friction.
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Sealing, friction and leakage

Investigation of the Acceleration Effect
on Dynamic Friction of EHA System
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ABSTRACT
In some early modeling studies on a high precision Electro-Hydrostatic Actuator (EHA)
by the authors, it was observed that under certain conditions, limit cycles were predicted
in the output actuator displacement but were not observed physically even though the
parameters used in the modeling were based on experimental measurements. It was
suspected that the measured (and subsequently modeled) friction characteristics of the
actuator were part of the reason for this discrepancy.
In this paper, dynamic friction modeling of the EHA is experimentally investigated. It
was found that the traditional steady-state friction characteristic – the so-called Stribeck
effect obtained by measuring the friction forces at different constant velocities - is a
poor representation of the true dynamic friction when the EHA experiences various
accelerations during the control process, such as the step response.
In this paper, a new term “unsteady state friction” is defined and subsequently
measured, examined, and analyzed. Experimental results reveal that this unsteady state
friction is a more general form of the dynamic friction. In addition steady state friction
is just a special case of the unsteady state friction, which is highly acceleration
dependent. When the acceleration increases, the Stribeck effect decreases, indeed, can
reach conditions where it no longer exists within the operating velocity range. A novel
experiment to measure the friction of the EHA system is presented. A new nonlinear
friction model (a 3D surface model) including the acceleration factor is proposed, which
indicates that the Stribeck curve is just a special case of the dynamic friction model
when the system acceleration is approaching zero. This result can be applied to any
actuator (linear and rotary) and provides a new way in which the dynamic friction can
be viewed and modeled.
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NOMENCLATURE AND
PARAMETER VALUES
Variables
Definitions
Actuator
pressure area
Pump
volumetric
displacement
The mass of
load
The friction
force
The chamber
pressures of two
ends of the
actuator
The differential
pressure
Max flow rate
of the pump

Acc =

=

Values
-4

5.05x10 m
*
1.6925x10
m3/rad *

-7

20 kg
N

Pa

Pa
m3/s

Displacement
of actuator

m

Max travel
range

~0.12 m *

Effective bulk
modulus of
hydraulic oil
Pump angular
velocity
Acceleration
of piston
Max
displacement
Max pump
angular velocity
The velocity of
piston

2

2.1x108 Pa *
rad/s
m/s2
m
rad/s
m/s

Max velocity of
~0.13 m/s
the piston
The frequency
of velocity

Hz

Time

sec

Coulomb
friction
Breakaway
friction
Pseudo-Stribeck
velocity
Viscous friction
coefficient
Unsteady
Coulomb
friction

N
N
m/s
N/m/s
N

Unsteady
breakaway
friction

N

Velocity
coefficient

No
Dimension

Acceleration
coefficient
Breakaway
offset velocity

No
Dimension
m/s

Unsteady
pseudo-Stribeck m/s
velocity
Unsteady
viscous friction
coefficient
Exponent
number for
Stribeck curve
* Values obtained from [1]

N/m/s

1 or 2
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words, it was indicated that friction decreases after “breakaway” by overcoming the
“breakaway friction” and increases after the velocity passes the Stribeck velocity. This
increase was attributed to fact that the thickness of the lubricant film presented between the
sliding surfaces increases with the sliding velocity [15]. It has been shown that the Stribeck
effect is valid from application to application as long as lubrication between surfaces exists
in the “steady state” velocity (with no acceleration) condition. It is necessary to clearly
define friction terms since a new definition will be introduced. “Breakaway friction” is the
friction which is generated before movement of the sliding surfaces. The static friction force
will always be equal to the force applied until it reaches the “breakaway” point. With
reference to Figure 1, the “peak friction” (
indicated by point 1 in Figure 1) value is
defined as the breakaway friction (commonly labeled as the static friction). As discussed
earlier, the dynamic friction is the friction under motion conditions. At this point it is
necessary to clarify that usually the curve shown in Figure 1 is obtained by measuring the
friction at discrete velocity points; that is, the curve is not measured in a continuous fashion.
This is a very important consideration because it is not known what the acceleration is at
each point; indeed, it most cases, the acceleration is zero. This will be discussed at great
length in a later section. If the dynamic friction has been obtained where the acceleration at
the discrete measurement velocity points is zero, the dynamic friction curve is defined as
being a “steady state” friction characteristic. If acceleration at each point is not zero, this
dynamic friction is defined as the “unsteady state” friction. The region where the friction
decreases is called the Stribeck region and the point where the velocity again increases is the
Stribeck velocity (
indicated by point 2 in Figure 1).
The form of the curve in Figure 1 is the Stribeck characteristic and is defined
mathematically by equation (1) as follows:
(1)
,

and

are constant and defined graphically in Figure 1.

where the parameters

,

The Coulomb friction (

) can be obtained by extending the viscous friction line (indicated

by point 3 in Figure 1). Coulomb friction can be defined as a dynamic friction that would
exist if the system is in motion and no or little lubrication between two sliding surfaces
exists, which is almost independent from the motion velocity [12].
Chinniah [1] used an experimental procedure to measure friction in the particular EHA
system of interest in this study. His approach was to keep the piston moving at various
constant (discrete) velocities (at zero acceleration) within the velocity range and then
measure the differential pressures across the actuator to obtain the steady state nonlinear
friction model. A typical result was shown in Figure 1 which displays a form consistent with
the classical Stribeck curve. Because this is a discrete approach, the more velocity points
used, the more continuous the friction curve becomes. However, accurate measurement of
the breakaway friction could not be achieved but had to be estimated using numerical
extrapolation methods. This is a problem with using discrete experimental measurement
approaches. If a technique which uses a continuous measurement of force with velocity can
be implemented, this problem does not exist.
From the literature, the Stribeck friction model has been verified experimentally and is quite
widely used in the simulation and control of the practical systems [16]. It is apparent that
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most dynamic friction models reflect the Stribeck effect illustrated in Figure 1, but with
some modifications such as those found in the Bristle model, the Karnopp model, the Reset
Integrator model, and the LuGre model amongst others [5, 6, 16-18]. (Out of interest the
name LuGre is not based on a person but a combination of a model produced at Lund and
Grenoble laboratories. [19]). These models basically reflect a combination or transition
between Coulomb friction, viscous friction, and the Stribeck effect. However, the Stribeck
fiction model has a major limitation in that it is only applicable to what the authors have
labeled steady state conditions at the measurement points (i.e., constant or very slow
changing sliding velocity under constant normal force). In other words, the Stribeck fiction
model, as one of classical friction models, does not reflect the rate of change of the velocity
at the measured points.
In many applications, machines can operate under what the authors have defined as
“unsteady” state conditions (i.e., very rapid changes in slip velocity) where the velocities of
the actuators or motors are not constant over time. It is extremely important from a modeling
and control point of view to study unsteady state friction and to develop accurate nonlinear
models which reflect these specific operating conditions. Furthermore, from an experimental
point of view, friction is quite difficult to measure reliably even under steady state
conditions, let alone unsteady state conditions. This could account for the fact that very few
publications exist which consider the Stribeck characteristic under unsteady or non zero
acceleration conditions.
In 1943, Sampson et al. [20] first started to question the Stribeck friction model based on his
limited experimental observations in that the friction may not be solely be a function of the
velocity, but rather a function of the “past history” of the motion; however, since the “past
history” of the motion was not well defined in this paper, improvement to the Stribeck
model was not made. In 1990, Hess et al [21] first introduced a novel approach to explore
the dynamic friction in the lubricated contact surfaces by measuring the friction under the
oscillating sliding velocities at various frequencies. It was observed that the frequency of
velocity variation had a significant effect on the shape and size of the friction vs. velocity
curve. This study put dynamic friction in a new light by recognizing that there was a
frequency effect which needed to be accounted for. This frequency effect could be
considered as the history of the velocity measurement. Harnoy et al [22-27] continued this
approach by developing an unique apparatus to measure friction in the presence of
sinusoidally-varying velocity at various frequencies. The preliminary finding of Harnoy et
al. was the effect of the reduction in the magnitude of the friction near zero velocity as the
frequency of oscillation increased [27]. This echoed Sampson et al’s observation that the
friction was not only a function of the instantaneous velocity, but was also a function of
previous velocities. Harnoy et. al also attempted to explain the dynamic friction under
unsteady state conditions by the physical principles of hydrodynamic lubrication.
On the other hand, the research of Owen et al. [28] showed that the Stribeck effect can be
reduced or eliminated by rotating the piston, which clearly indicated that the Stribeck effect
might not apply in some motion conditions. Further, Chatterjee et al [29] found that the
breakaway friction force uniformly decreases with the increasing frequency of velocity
variation which matched the conclusion from Canudas de Wit. [5], that is, the varying
break-away force depends on the rate of change of the applied force. Most recently, Yanada
et al. [30] modeled the unsteady state friction by a modified LuGre model which took the
lubrication film thickness into account as an extra parameter. Unfortunately, any extra
parameter added to the LuGre model makes the model parameters’ identification too
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difficult to accomplish, because the parameter-estimating task of LuGre model itself was
already very tough due to the some unmeasurable states in the model .
A commonality (and perhaps a limitation) in the experimental procedures used by above
researchers was that the friction force – velocity relationships were established by changing
the frequencies of the velocity waveforms. It is proposed in the authors’ (this) paper that the
history of the velocity is more appropriately represented by the acceleration as opposed to
the frequency of the velocity. In the aforementioned studies, assuming that the frequency is
constant, the acceleration of the system could vary from
to
over
just one cycle, as is illustrated in equation (2). Thus acceleration is not constant during the
measurement process; Changing the frequency of velocity only changes the amplitude of the
acceleration.
(2)
It was believed that the experimental approach could be improved upon significantly by
keeping the acceleration constant over the measurement of friction force. This paper
presents a probing study of friction behavior in unsteady state conditions where velocity
varies with time by changing acceleration from low to high. Consequently, the main focus of
this paper is to introduce a new way to measure and model the unsteady state friction at the
actuator. The system studied was of a particular type of high precision hydrostatic system
(EHA) in which an understanding of the nature of friction was critical for precision control.
It must be noted that although this paper refers to this particular system, the concept is
believed to be valid for all actuators which display the Stribeck effect. A particular aspect of
friction, which explores the relationship between acceleration and friction forces, is
examined and a novel 3D friction model is proposed. The potential for capturing friction
forces in a predictive model is also explored .
This paper initially introduces research that has been conducted in the area of friction
modeling and has introduced the definitions of steady and unsteady state friction. Section 2
briefly outlines the motivation for the work. Section 3 presents the experimental setup.
Sections 4 and 5 will consider the dynamic friction measurement and the experimental
results and section 6 will discuss the results and provide conclusions and future works. It
must be made clear that the results shown are applicable to the particular EHA systems
studied. At the time of paper preparation, extension to a more generalized actuator – friction
model has not been completed.
2.

RESEARCH MOTIVATION

Although not central to the overall friction study, it is interesting to understand the
motivation for this work. In early studies of step responses of a model of the EHA which
employed the traditional Stribeck curve, it was found that in the open-loop mode, a highly
under-damped response was observed (indeed, under certain conditions, severe limit cycles
were exhibited). The problem was that this was not observed experimentally even though
the friction model was experimentally obtained from the same system. It was therefore
postulated that either the model was wrong or the parameters (noticeably the nonlinear
friction) was not correct. This prompted an intense examination of the literature and
subsequent preliminary experiment tests which then led to the conclusion that acceleration
effect played an important role in the behavior of unsteady state dynamic friction.
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friction measurement was developed. The following assumptions were made during the
friction measurement experiment, for system modeling and finally for simulation:
• The relative sliding velocities and the operation time was small enough such that thermal
effects could be neglected;
• The dynamics effect of the pressure transducer could be neglected due to the fast response
feature of the model Validyne DP15.
The EHA friction is the sum of the mass sliding friction and piston cylinder friction. A mass
in sliding contact with a surface is a common situation and can represent a highly nonlinear
system due to the slip-stick friction at the contact surface. Since hydraulic actuators operate
under certain supply pressures, tight sealing is required to prevent them from any leakage
[32, 33]. As a result, it has been shown that the piston friction can be substantial. Let the
overall friction of the EHA be represented by
. Because of the inertial term, friction
cannot be directly measured because the inertial force must be subtracted. This can be
observed from equation (3) :
(3)
In order to measure the friction , it is necessary to measure the differential pressure of the
actuator and the acceleration of the EHA system. However, measuring differential pressure
and acceleration posed substantial challenges in constructing the experimental setup.
The first challenge was getting an accurate differential pressure between the two ends of the
actuator. Because the available pressure transducer was very susceptible to outside noise
associated with the AC motor driving the EHA, a low pass third order Butterworth filter
with a cut off frequency of 20 Hz was used to “clean up” the differential pressure signal.
The second challenge was to measure the velocity. Several methods of measuring or
estimating velocity were examined. It was decided that the “cleanest” signals could be
obtained by differentiating the position signal from the high precision encoder and then
filtering the signal using digital filters. The acceleration was estimated from the desired
position data differentiated twice with filtering being done only on the velocity signal.
By controlling the position of the actuator to follow a desired parabolic waveform, the
velocity increased in a linear fashion and the acceleration became constant for the desired
velocity range. Thus by changing the magnitude of the position waveform, friction forces
(via pressure differential across the actuator) could be measured (and plotted) as a function
of velocity at a constant acceleration. Acceleration became the family parameter in the
resulting plots. It is important to note that the resulting friction curves are continuous with
velocity. The EHA system has a limitation both in position (due to the stroke limitation)
and in the maximum actuator velocity (due to the maximum speed of the electric motor and
the pump displacement). Therefore, for the particular EHA application chosen, the limit on
stroke was 0.12 (m) and velocity range was constrained to be between 0 – 0.13 (m/s) .
5.

EXPERIMENTAL RESULTS

As was previously stated, under conditions of low acceleration, friction could only be
estimated at discrete points by inputting the EHA with triangular positional (step velocity)
waveforms. This resulted in a “discrete friction - velocity” plot and as such breakaway
friction had to be estimated using extrapolation techniques (Figure 1), However, by keeping
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and could be destabilizing. However for the same velocity range at high accelerations, the
slope is positive and hence can stabilize the system.
6. DISCUSSION AND CONCLUSIONS
For most mechanical systems, the friction in motion condition is usually defined as a
dynamic friction. However, the definitions of the dynamic friction in most literature are
either vague or inadequate. As previously stated, two types of dynamic friction conditions
were defined: unsteady state friction and steady state friction. Steady state dynamic friction
is defined as the dynamic friction under steady velocity conditions, (i.e., zero or very small
acceleration condition). On the other hand, unsteady state dynamic friction is defined as the
dynamic friction under unsteady velocities, where the actuator motion occurs under
significant acceleration conditions.
In this paper, unsteady state friction behavior in EHA system was experimentally examined
by varying velocities under various constant acceleration conditions. A 3D friction model
(Figure 5) reflecting this acceleration factor has been developed. In the steady state, the peak
friction point overlaps the maximum breakaway point, and the system displays negative
damping during the low velocities range. As the acceleration of the system increases, the
breakaway point magnitude decreases, the magnitude of the peak friction increases, and the
velocity at which the peak friction increases (introducing a positive friction velocity curves
at low velocities). Physical explanation of this novel 3D friction model is not immediately
clear, but it is believed that this is closely associated with film thickness during the
accelerating period [35].
In conclusion, just like the steady state friction is a special case of the unsteady state friction,
the Stribeck effect is a special case of the more general unsteady state friction model (Figure
5 and equation (4) ). This paper provides an insight on how to model the dynamic friction,
particularly for the unsteady state motion. Based on this work, the authors are working
toward an united friction model which can cover all the static and dynamic friction
situations into a so-called rate dependent friction model (including hysteresis). In addition,
the authors are working to determine the functional forms of equation (4) by system
identification and parameter estimation techniques, which would then replace the 2D lookup
table in simulations and controller designs. As stated in the introduction, the authors are
examining other applications to establish that the friction characteristics observed in this
study can be universally applied to more generalized applications.
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Application of the Fourier transform for
actuator leakage diagnosis
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ABSTRACT
Application of the Fourier transform, to detect internal leakage in hydraulic actuators is
examined. By analyzing the dynamics of the actuator, it is shown that the internal leakage
increases the damping characteristic of the system and decreases the Bode magnitude of
pressure signal over valve displacement, around the hydraulic natural frequency. This is
further confirmed, by decomposing the original pressure signal, using this method, and
identifying the frequency component sensitive to the internal leakage. The root mean square
of the processed pressure signal is used as a fault indicator. The effectiveness of the
proposed approach is shown through experimental results.
Keywords: fault detection, hydraulic actuators, internal leakage, Fourier transform.

1.

INTRODUCTION

Hydraulic systems play an important role in a wide variety of industrial applications:
robotics (hydraulic manipulators used in mining and underwater exploration),
manufacturing (precision machine tools), aerospace (actuation of aircraft control surfaces),
and training (flight simulators). Reliability and safety are important issues in most of the
above applications. Thus, condition monitoring of fluid power systems is earning more
consideration to reduce the cost of maintenance and prevent the system from further
deteriorating. Faults in fluid power systems, and methods for detecting them have been
documented by Watton [1]. This paper focuses on the internal (cross-port) leakage in
hydraulic actuators. Internal leakage is caused by the wear of piston seal that closes the gap
1
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between the moveable piston and the cylinder wall. As a result, the hydraulic fluid is
displaced between the two chambers of the actuator. Internal leakage affects the dynamic
performance of the system since the entire flow is not available to move the piston against
the load. It cannot be detected until the actuator seal is completely damaged and the
actuator fails to respond to a control signal.
Research on actuator internal leakage fault identification, in spite of its importance, is
limited. Tan and Sepehri [2] applied the Volterra nonlinear modeling concept to implement
an on-line fault diagnosis scheme in hydraulic systems. By constructing a parametric space,
actuator leakage faults were detected. The techniques is similar to the work by Le et al. [3],
who employed neural networks and dynamic feature extraction technique to classify
leakage type and level in hydraulic actuators. In both studies, systems with various fault
types (including internal leakage fault) must be emulated (through simulations or via
experiments) and Volterra/neural network models were developed beforehand. An and
Sepehri [4] studied the feasibility of using extended Kalman filter (EKF) to detect actuator
internal leakage fault. They further extended this work to include both friction and loading
as unknown external disturbances [5]. Although the requirement of using a model for
internal leakage was removed by An and Sepehri [4,5], the need for knowing the model of
hydraulic actuator still remains a challenge. In order to overcome the difficulties associated
with modeling nonlinear hydraulic systems, a linearized model with an adaptive threshold
(to compensate for the error due to linearization) was used by Shi et al. [6] to detect internal
leakage faults.
Motivated by developing methods that do not rely on a model of the system or fault, the
authors initiated research directed at employing a signal processing method for internal
leakage detection in hydraulic actuators. The method is based on Fourier transform that
breaks down a signal into constituent sinusoids of different frequencies and amplitudes.
With this decomposition, one can identify the most prevalent frequency components of a
signal. Therefore, this technique has recently drawn widespread attention as promising
tools to deal with fault detection. Al-Ammar et al. [7] used the fast Fourier transform (FFT)
for fault detection in transformer impulse test. Lim et al. [8] used FFT residuals of the
vibration signals for the purpose of fault detection in induction motors. In this paper, we
investigate how the FFT transform can be used to detect hydraulic internal leakage fault. By
studying the dynamics of the system, it is shown that, the net effect of internal leakage is to
increase the damping characteristic, which in turn, decreases the Bode magnitude around
the hydraulic natural frequency. Therefore, by processing pressure signal at one side of the
hydraulic actuator, the frequency band that is sensitive to the effect of internal leakage can
be captured. It is then verified that under normal operating conditions, the amplitudes of the
processed pressure signal, at the chosen frequency band, are higher than those under faulty
operating condition caused by internal leakage. Therefore, the root mean square (RMS) of
the processed pressure signal is calculated as a fault indicator.

2.

EXPRIMENTAL TEST RIG

A photograph of the test-rig, on which all the experiments are carried out, is shown in Fig.
1. The actuator is a double rod type having a 610 mm (24 in) stroke, 38.1 mm (1.5 in) bore
diameter, and 25.4 mm (1 in) rod diameter. It is controlled by a high performance Moog
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D765 servovalve. The actuator is powered by a pump operating at a nominal pressure of
17.2 MPa (2500 psi). The position of the actuator is measured using a cable-driven optical
rotary encoder and is monitored by a PC via a Keithley M5312 quadrature incremental
encoder card. The PC is also equipped with a DAS-16F input/output board that is used to
send the input signal generated by the software to the valve. The DAS-16F is also used to
monitor the outputs of all other instruments, which includes a number of pressure
transducers and several flowmeters. As illustrated in Fig. 1, the piston seal leakage is
emulated by opening a ball valve that connects the two chambers of the actuator. This
allows hydraulic fluid to be bypassed across the piston. The severity of leakage is
controlled by adjusting a needle valve. A positive displacement flowmeter, is used to
measure the leakage flow rate.
Flowmeter
Ball valve

Hydraulic actuator
Needle valve

Figure 1 Test rig upon which all experiments were carried out.

3.

MODELLING AND ANALYSIS

The equations that describe the dynamics between the valve displacement x v and the piston
position x p can be formed as [9]:
x p

vp

v p

1
( AP1  AP2  dv p )
m

P1
P2

E
V  Ax p 1

E
V  Ax p

(C v
( C v

2

U

wxv

2

U

wxv

Ps
x P
 v ( s  P1 )  q l  Av p )
2
xv 2

(1)

Ps
x
P
 v ( P2  s )  ql  Av p )
2
xv
2

Referring to (1), the system states are actuator position x p , actuator velocity v p , and line
pressures P1 and P2 . Parameters m and d are the mass of the load and the effective viscous
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damping of the actuator, respectively. Parameter A refers to the annulus area of the piston,
E is the effective bulk modulus of the hydraulic fluid, V is the volume of fluid contained
on either side of the actuator when it is centered. Cv is the valve orifice coefficient of
discharge, and U is the density of hydraulic fluid. The parameter w is the area gradient, and
supply pressure is denoted by Ps .
Leakage is difficult to model exactly [10]. Here, the actuator internal leakage is assumed to
be turbulent, and thus follows the following relationship:
ql

(2)

P1  P2 sgn(P1  P2 )

Ki

K i is the turbulent leakage coefficients whose values depend on the severity of leakage
fault.
By linearizing the nonlinear dynamics of the actuator about an operating point, o, and using
the assumption that V !! A x p [9], the linearized equations are obtained:
'x p

'v p

'v p
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In (3), ' , denotes a perturbation from the operating, e.g., 'x p
flow gains:
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K1p and K2p are called flow-pressure coefficients:
K v w xv0

K1 p
2
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Note that, for an equal area actuator driven by a matched and symmetrical valve, the
pressure in one cylinder half rises above Ps/2 while the pressure in other cylinder half
decreases below Ps/2 by roughly the same amount. Thus, for an extending stroke, the
individual cylinder pressures are P1§ Ps+PL) and P2§ Ps-PL). where, PL=P1-P2 is the
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load pressure. Due to the relationship between P1 and P2, it is quite often the case that
K1f§.2f =Kf and K1p§.2p=Kp [9]. The transfer functions relating pressures 'P1 and 'P2 to
spool valve displacement, 'xv, can now be found as:
'P1 ( s )
'X v ( s )

0.5K f (ms  d )Z h2 / A 2

'P2 ( s)
'X v ( s )

 0.5K f (ms  d )Z h2 / A 2
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is the hydraulic damping and K l
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frequency,
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P10  P20

By studying the characteristic equation of transfer functions (6) and (7), it is seen that the
internal leakage adds damping to the dynamics of the actuator and this effect intensifies as
the leakage severity increases. Given the purpose of this paper, it is important to also
capture the frequency range within which the pressure signal is sensitive to the internal
leakage. The Bode plot of the transfer function (6) is therefore, plotted in Fig. 2, given the
parameters that resemble the experimental test rig in Fig. 1. Note that for the normal
operating condition K i 0 . For the actuator with internal leakage about 0.7 L/min,
Ki

5.83 u108 m3 / Pa.sec is chosen. As one can see, internal leakage changes the Bode

magnitude around the hydraulic natural frequency, Z h , which is found to be 70 Hz for the
system under investigation. The Bode plot of transfer function (7) displays the same results.

Figure 2 Bode plot of transfer function relating chamber pressure to valve spool
displacement for normal and leaky actuator.
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4.

DATA PROCESSING BASED ON SPECTRUM ANALYSIS

Fourier analysis breaks down a signal into constituent sinusoids of different frequencies. It
can be categorized as a continuous Fourier transform (CFT) and a discrete Fourier
transform (DFT). The Fourier transform of a continuous time signal, x(t ) , is defined as:
f

X ( w)

³e

 jwt

(8)

x(t )dt

f

X (w) , is a complex decomposition of the original signal x(t ) , into constituent exponential
functions at each frequency w . The discrete Fourier transform, on the other hand, converts
a sampled time representation of a signal into a sampled frequency representation. It results
in a frequency versus amplitude relationship. The discrete Fourier transform is given as
follows:
X [n ]

N 1

¦ x[k ] e 2Sink / N

n

0,1,...,N  1

(9)

k 0

where x[k ] is the original signal and N is the length of the sampled original signal vector.
The DFT can be computed efficiently in practice using a fast Fourier transform algorithm
[11].
5.

RESULTS AND DISCUSSION

As was mentioned earlier, internal leakage introduces damping to the dynamics of the
hydraulic actuation system and alters the transient response of the chamber pressures.
Here, the sub-band informative signals sensitive to the effect of internal leakage, are
obtained by decomposing the original pressure signal at one side of the hydraulic actuator
using the fast Fourier transform. The effectiveness of this approach is investigated through
both simulation and experimental studies.
5.1. Simulation Results
A periodic square wave signal with 3V (peak-to-peak) amplitude is applied to the
servovalve as the input. This structured input signal was shown to be suitable for off-line
applications as it is simple and includes low and high frequency components allowing rich
excitation of the pressure signals from which, one can observe the effect of internal
leakage. The resulting actuator displacement for a healthy actuator is shown in Fig. 3. The
pressures at the actuator chambers are shown in Fig. 4.

Figure 3 Displacement response of hydraulic actuator under normal operating
condition (simulation).

Fluid Power and Motion Control 2010

389

Figure 4 Pressure signals in chambers one and two under normal operating condition
(simulation).
With

the

same
8

input,

an

internal

leakage

of

about

0.7

L/min

with K i 5.83 u 10 m / Pa .s is introduced to the system. The resulting pressures in
chamber one and two are plotted in Fig. 5.
3

Figure 5 Pressures in chambers one and two of hydraulic actuator with internal
leakage (simulation).
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Note that internal leakage alters the transient responses in the line pressures, which can be
detected by carefully comparing Figs 4 and 5. As the internal leakage value becomes
smaller, however, the difference between healthy and faulty original pressure signals is less
noticeable. Therefore, the original pressure signals cannot provide sufficient information to
easily support the actuator health diagnosis when the size of leakage is small; they must be
decomposed into more informative sub-band signals.
The results of applying the FFT to chamber one pressure signal under normal and faulty
operating conditions are shown in Figs 6 and 7, respectively. From these plots, the feature
frequency band is identified to be in the range of around 60 to 80 Hz. This is consistent
with the frequency band determined by Bode plot in Section 3.

Figure 6 Fast Fourier transform of chamber one pressure signal for actuator under
normal operating condition (simulation).

Figure 7 Fast Fourier transform of chamber one pressure signal for actuator with
internal leakage (simulation).
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The issue of robustness of fault detection techniques to the changes of system parameters,
for example the bulk modulus in hydraulic actuators, is very important and needs to be
addressed [12,13]. In this paper, we study the effect of changes in bulk modulus value on
frequency response of the system which is important for diagnosis when using FFT (see
Eqs.6, 7 ). Consistent with the discussion by Yu [14], we consider a 10% increase and
decrease in effective bulk modulus. The results are shown in Fig. 8. As one can see the
interesting frequency range is changed without affecting the amplitude of the processed
pressure signal.

Figure 8 Fast Fourier transform of chamber one pressure signal for actuator under
normal operating condition: (a) healthy actuator; (b) 10% increase in bulk modulus;
(c) 10% decrease in bulk modulus.

5.2. Experimental Results
For all experiments, the same input as the simulation is applied. The pressures at the
actuator chambers are the same as the one obtained by simulation results. Hence, they are
not plotted here to avoid duplication. The results of applying FFT to chamber one pressure
signal under normal and faulty operating condition (internal leakage, with mean value of
1.54 L/min) are shown in Figs 9 and 10, respectively. From these plots, the feature
frequency band is identified to be in the range of around 65 to 85 Hz. This is almost
consistent with the frequency band determined with simulation result. However, a small
shift is believed to be due to changes in effective bulk modulus and other parameters of
actuator during experiments. Again internal leakage results in a decrease in amplitude and
energy of the FFT spectra of the pressure signal around the interesting frequency band.
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Figure 9 Fast Fourier transform of chamber one pressure signal for actuator under
normal operating condition (experimental).

Figure 10 Fast Fourier transform of chamber one pressure signal for actuator with
internal leakage (experimental).
To facilitate comparison, the root mean square (RMS) values of the processed pressure
signal by FFT for frequency band of (65-85 HZ), are calculated. The results are shown in
Table 1. From the results, one can conclude that the index calculated by the FFT method is
useful for internal leakage detection.
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Table 1 RMS values of FFT from the measurement of chamber one pressure for
normal actuator and actuator with internal leakage of 1.54 L/min in average.
RMS index
FFT Method
(65-85Hz)

Healthy
Actuator
7.01

Faulty
Actuator
5.08

Percentage
of changes
27.5

The final set of tests is to demonstrate the consistency of the results presented so far. In this
set of experiments, the test rig was run 18 times under normal operating condition as well
as small and medium leakage situations at various times. The small leakage (of average
0.124 L/min) that was introduced in this test caused a reduction of |2.6% of the available
flow rate to the actuator. The medium leakage was of average 0.808 L/min and caused an
average reduction of |17% of the available flow rate. The average values, reported here,
were taken over the entire 18 tests.
The scaled RMS values using FFT spectrum in the frequency range of 65-85Hz are shown
in Fig. 11. Note that scaling is done by dividing the RMS values by the maximum one to
facilitate the comparison. The results firstly show that the RMS values of the FFT spectra
of the pressure signal, in the frequency band of interest, reduce with the severity of internal
leakage. Secondly, the variation of the RMS values over the entire tests is less, as the
leakage level increases from no leak to medium leak.

Figure 11 Scaled RMS values of FFT spectrum obtained from healthy actuator and
actuator experiencing small and medium leakages with mean values of 0.124 L/min
and 0.808 L/min, respectively (experimental).
Also, we chose a baseline as minimum RMS values obtained from the FFT under normal
operating condition (refer to Fig 11). Given these baselines, small leakage type is
identifiable 30% of the times and the medium ones are detectable almost all the times with
FFT.
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CONCLUSION

Internal leakage fault diagnosis using the fast Fourier transform (FFT) implemented in this
paper. Using a model of hydraulic functions, it was shown that the internal leakage adds
damping to the hydraulic actuator dynamics and decreases the Bode magnitude of pressure
signal over the valve spool displacement around the hydraulic natural frequency. Thus,
informative sub-band signals, sensitive to the effect of internal leakage, can be extracted
from the original pressure signal at one side of the actuator. In this paper, the fast Fourier
transform was employed and the RMS of the FFT spectrum within the feature frequency
band was shown to be an appropriate leakage fault indicator. Results from simulations and
experiments were used to show how the FFT detects internal leakages without the need to
include models of the actuator and/or the leakage fault.
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This paper presents a numerical model for the description of the ﬂow ﬁeld in the
lubricating gaps between gears and sliding bushings (or bearing blocks) in external
spur gear machines. These lubricating gaps strongly aﬀect the unit (pump or motor)
performance: the leakage ﬂow inﬂuences its volumetric eﬃciency, while the friction
losses can lead to poor hydromechanical eﬃciencies. Moreover, the balance of the
forces acting on the sliding elements necessary to achieve high durability and reliability
of the unit is based on the pressure ﬁeld established in the lubricating gap. In this
work the lubricating gap is solved considering the Reynolds eq., including all terms
related to a possible tilt between the elements and to the squeeze eﬀect (due to the
micromotions of the parts), in order to achieve a detailed description of the ﬂow ﬁeld
and of the carrying ability of the interface. A relevant eﬀort was directed towards
the development of an automatic procedure able to deﬁne the computational mesh
and solve the ﬂow ﬁeld in the lubricating gap for each angular position of the gears
starting directly from the CAD drawings of the machine. The developed code considers
also the eﬀects of the recesses usually machined on the sliding elements. Starting
from the knowledge of the pressure in each tooth space volume (calculated using an
external tool) the model not only permits a deep description of the ﬂow ﬁeld into
the lubricating gap, but it also allows the calculation of the overall reaction forces
exerted on the sliding elements. On the basis of these forces, considerations about
the correct balance of these elements can be done. Besides the details concerning the
model implementation, the paper presents its potentials assuming some simpliﬁcations
about the motion of the sliding elements.
NOMENCLATURE
V
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Vg
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oil velocity
oil velocity, cartesian components
gear’s tangential velocity
oil pressure
suction and delivery mean pressure
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μ
ρ
h
hmin , hmax
h0
ω
d
R
T0 , T1 , T2
Qleak
F
Fgap
FT S
AT S
ALP
AHP
Ai
ni
L
M
T
tx , ty
ΓFgap
ΓQ
Λ
Operators
∇·
∇
∇2
Abbreviations
GU
TS
TSV

oil dynamic viscosity
oil density
gap height
min and max gap height
mean value of the gap height
pump angular speed
pump wheel base
gear’s outer diameter
datum points for gap height calculation
pump leakage ﬂow
total force on the bushing, from the gears side
fraction of F relative to the gap contribution
fraction of F due to the TSVs contribution
sum of the area TSs area
area of the low pressure groove
area of the high pressure groove
area of a mesh face
normal vector of a mesh face
length
mass
time
relative bushing tilt in x and y direction
(μωR2 )/(pHP h20 ) operative conditions parameter
for pressure force on the gap side of the bushing
(pHP h30 )/(μωR3 ) operative conditions parameter
for drain leakage
(Fgap − (Fgap )t=0 )/(pHP R2 ) widening thrust increase

[Pas]
[kg/m3 ]
[m]
[m]
[m]
[1/s]
[m]
[m]
[]
[m3 /s]
[N]
[N]
[N]
[m2 ]
[m2 ]
[m2 ]
[m2 ]
[m]
[m]
[kg]
[s]
[]
[]
[]
[]

divergence operator
gradient operator
gradient operator
gear unit
tooth space
tooth space volume

1 INTRODUCTION
Reliability, low cost and manufacturing simplicity are the main reasons for the success
of external gear machines as energy conversion units in many ﬂuid power applications.
These features come from the simple principle of operation of the unit and from its
limited number of mechanical elements (Fig. 1).
Basically, the principle of operation of external gear units (GUs) is very easy to understand: with the gears’ rotation the ﬂuid is transferred from the inlet to the outlet
through the peripheral, and the displacing action is realized by the meshing process.
The sliding elements (bushings or bearing blocks, in common solutions) are then necessary to seal the ﬂuid during the transfer process, but also they permit to obtain a
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Beyond the numerical approach utilized to solve the lubricating gap ﬂow, this paper focused also on the proper formulation of the dependent/independent variables
that should be utilized to express a generic global result of the calculation (in particular as regards the resultant force and its point of application), following the principles
of the Dimensional Analysis. Respect to previous researches on the same topic [16],
the approached presented in this work is based on an analytical formulation characterized by a less number of simpliﬁed hypothesis (as concern the tilt of the bushes or the
eﬀects due to squeeze lubrication) and on a diﬀerent methodology of the integration
of the ﬂow equations in the computational domain. Furthermore, the possibility of
using the developed code starting from the HYGESim results through an automatic
procedure, permits to investigate results without simplifying hypothesis as concerns
the pressure boundary conditions (i.e. TSV pressure, pressure at outlet/inlet ports).

2 MODELLING APPROACH
The implemented model solves the ﬂow in in the clearance between the gears end-faces
and the bearing blocks. The domain of calculation is depicted in Fig 4. Following
paragraphs describe how the ﬂow is calculated for each angular position of the gears.
2.1 Reynolds equation
At each angular displacement, the analysis of the ﬂow inside the clearance bounded
by the bearing blocks and the lateral side of the gears can be performed following the
classical approach of the lubricating theory. The particular features of the lubricating
gap (highlighted in in Fig. 5) allow to make several simpliﬁcations for the description
of the ﬂow ﬁeld:
• the ﬂuid inertial forces are negligible respect the viscous ones;
• the pressure ﬁeld is 2D - thus p = p(x, y) - therefore the pressure is assumed to
be not variable in the coordinate z, along the gap height;
• the component of the velocity in the direction normal to the gap plane can be
neglected, and the velocity can be expressed as V = (u(x, y, z), v(x, y, z)) , where
u and v are still functions of the three spatial directions;
• the gradient of velocity in the gap plane (x, y) is negligible respect the component
in the direction of the gap height so that ∂V /∂z  ∂V /∂x and ∂V /∂z 
∂V /∂y
In these conditions, the ﬂuid pressure in the clearance is independent from the ﬂuid
velocity, and can be described by the well known Reynolds equation:
 


Vb+Vt
∂h
h3
∇p +
=0
(1)
· ∇h − V t · ∇ht + V b · ∇hb +
∇· −
12μ
2
∂t
Equation (1) is derived under following hypotheses:

5
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2.2.2 Dynamic mesh modiﬁcation
To simulate the operation of a generic GU, it is necessary to consider a dynamic mesh,
capable to follow the rotation of both gears. To accomplish this process, it is not suﬃcient to rotate the mesh generated with the passages above described. Indeed the raw
mesh of the two gears (Fig. 7) must be modiﬁed during the simulation, accordingly
with the angular position of the gears.
As a matter of fact, the presence of the grooves machined on the sliding elements
strongly aﬀects the domain of calculation with an high inﬂuence of the angular position of both gears. As clearly represented by Fig. 4, gears side area inside the grooves
boundaries doesn’t have to be considered in the integration of Eq. (2), because in that
region there is no leakage ﬂow, the pressure is uniform and equal respectively to the
port (outlet or inlet) connected with the (outlet or inlet) groove. This modiﬁcation

(a) before mesh modiﬁcation

(b) after mesh modiﬁcation

Figure 7: Example of modiﬁcation of the mesh of Fig. 7 through the intersection with
high pressure groove boundary

is accomplished by means of an automatic procedure. Starting from the STL ﬁles
representative of the solid models of the grooves, at at each angular position of the
gears
1. the cells of the mesh that are inside the groove proﬁle (Fig. 7(a)) are eliminated;
2. the resulting mesh is corrected, by reshaping the elements at the boundaries
to strictly preserve the geometric details. This step is required because the
projection of boundary nodes on the grooves proﬁles can lead to the generation
of elements with inconsistent topology. For this purpose proper control checks
of mesh consistency are implemented in the model. Fig 7(b) shows a detail of
the ﬁnal result of this process, for a particular angular position.
2.3 Deﬁnition of pressure boundary conditions
Once the computational domain is deﬁned, to solve Eq. (2) the implemented procedure needs to properly set all pressure boundary conditions. As above mentioned,
these values come from the calculations performed by the HYGESim ﬂuid dynamic
model, which provides as output the instantaneous pressure inside each TSV of both
gears (Fig 2). Therefore, at each angular position, the developed code generates the
mesh following the steps described at the previous paragraphs, and then apply the
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Figure 9: Detail about a pressure ﬁeld resulting from Eq. (2) in the meshing zone.
Result obtained assuming h(x, y) = cost. Portions of tooth proﬁle at constant pressure
(assumed as bounday counditions) are in evidence.

Thanks to the way in which the mesh is managed, this kind of geometrical computation can be done inside the model, ensuring an high level of precision. The pressure
values to assign on these patches are still read from HYGESim: this allows to take
into account al the complex phenomena involved in the meshing process, like pressure
picks, or cavitation.
2.4 Calculation of the gap height and sliding element shifting velocity
The height of the gap is deﬁned considering the three datum points sketched in Fig.
5. Using the gap height information on that points is easy to demonstrate that for an
arbitrary point in the computational domain:
h(x, y) = x

hT − hT0
hT + hT1
2hT2 − hT1 − hT0
+y 1
+ 0
2(d + R)
2R
2

(3)

Furthermore, the velocity of the sliding element can be expressed as the time derivative
respect of Eq. (3)
2
∂h
(x, y) = x
∂t

∂hT2
∂t

∂h

− ∂tT1 −
2(d + R)

∂hT0
∂t

+y

∂hT1
∂t

−
2R

∂hT0
∂t

+

∂hT0
∂t

+
2

∂hT1
∂t

(4)

To show the potentials of the developed procedure, the values of shifting velocities
at the reference points (Fig. 5) in this work are assumed as input of the simulation.
However, similarly to the methodology described in [12], these values can be found out
assuming the sliding velocities as unknowns from the equilibrium of forces acting on the
sliding elements (assuming that the sliding element force balance can be obtained by
changing the hydrodynamic reaction in the gap able to balance all the other external
forces). An implementation of such a procedure, which would also permit to evaluate
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the correct design of the hydraulically balanced GU, within the HYGESim simulation
environment represents a future step of this research.
2.5 Numerical solution of Reynolds equation
Solution of Reynolds equation is carried out taking advantage of the powerful OpenFOAM libraries. In particular, a new solver has been developed to solve Eq. (2),
discretized over the domain previously described using ﬁnite volume method. The
code solves the resulting linear system of equations with a eﬃcient implementation of
the Preconditioned Conjugate Gradient method.
A lot of eﬀort has been spent to make the solution of Reynolds equation very quick, in
order to obtain a fast simulation model and make it suitable for future developments,
like the introduction of the above described calculation of the dh/dt terms to solve the
micro motion of the sliding elements. In that case the law of motion will be calculated
by means of the forces balance at each instant of time, that is achieved by changing the
micro-motion of the sliding element through an iterative procedure in which Reynolds
equation might need to be solved several times.
2.6 Calculation of leakages
The calculation of pressure ﬁeld in the lubricating area of Fig. 4 can be utilized
to calculate the leakages to the drain or between adjacent TSVs (ﬁgure 3). This
information can be used to improve the 1D formulation used within HYGESim [7, 8];
in this work is considered the overall ﬂow toward the drain.
This ﬂow can be evaluated by the summation of the integral of the ﬂuid velocity over
each face of the boundary discretization
 
V i · ni dai
(5)
Qleak =
i

Ai

where n is the normal vector of the face (pointing always outside the domain) and V
is the ﬂuid velocity. Under the assumptions described in §2.1 the ﬂuid velocity can be
expressed in cartesian coordinates by the following relations
h−z
1 ∂p
z(z − h) +
ug
2μ ∂x
h
h−z
1 ∂p
z(z − h) +
vg
u=
2μ ∂y
h

(6)

u=

(7)

Integration of equation (8) can be carried out for each boundary element considering
Fig.10, whit a multiple integral.
β(s)


s1
Qleaki =

ds
s0

α(s)

h −h

h0 + s1 −s 0 s

s1

(unx + vny ) dz =

1

ds
s0

0

(unx + vny ) dz
0

(8)
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All the results pertain to the geometry of the CASAPPA PLP20 11.2 Standard, 12
teeth pump.
3.1 Qualitative results of the ﬂow ﬁeld
In Fig. 12 it is represented an example of result (for a particular angular position of
the shaft) for the unit working with a Δp of 150bar and a speed of 950r/min. The
pressure ﬁeld displayed in the Fig. 12(a) is obtained setting a constant gap height
and preventing any squeeze eﬀect. In these conditions Eq. (2) reduces to the Laplace
equation (i.e. ∇2 p = 0); therefore the resulting pressure ﬁeld derives from the diﬀusion
of the boundary values. This condition is intended to be the term of comparison
to understand the eﬀects of the bearing block inclination and micro-motion on the
pressure ﬁeld in the lubricating gap.

(a) Eﬀect of Poiseuille term

(b) Eﬀect of Couette term (physical wedge)

(c) Eﬀect of normal squeeze term
Figure 12: Analysis of the physical meaning of terms in Reynolds equation.12 teeth GU
working at 1000r/min with Δp = 150bar

Figure 12(b) highlights the eﬀect of the Couette term in Eq. (2). The map on the
left represents to gap height, and can be seen that the bearing block is now inclined,
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that Eq. (13) may be expressed in terms of dimensionless groups as:


pLP h0
Fgap
μω

=g
, , tx , ty ,
pHP R2
pHP R
pHP

(14)

Similar forms can be found also for others global results related to the lubricating gap,
like point of application of the axial thrust, or the leakages to the drain:


pLP h0
Q
μω

,
t
=
g
,
,
t
,
(15)
x
y
ωR3
pHP R
pHP
In past works [13, 16] the eﬀect of the operating conditions were grouped in only one
independent dimensionless variable. The validity of this assumption should be proved
showing that



a   b
μω
R
pLP
Fgap

=g
, tx , ty , k1
+ k2
(16)
pHP R2
pHP
pHP
h
and

Q
= g 
ωR3



pLP
, tx , ty , k1
pHP



μω
pHP

a 

R
h



b
+ k2

(17)

for some value of the constants k1 , k2 and the exponents a and b.
In this work the non-dimensional axial thrust and non dimensional drain leakage were
calculated for given Δp and μ and diﬀerent values of the relative tilts, over a wide
range of variation of the two parameters R/h and μω/pHP .
The simulation data were ﬁt with a function like


 a  b

μω R
μω
R
f
,
+ k2
(18)
= k1
pHP h
pHP
h
The results (one example is in Fig. 14) shown that the simulation data ﬁt best using
the parameters shown in Tab. 1. Therefore two diﬀerent operative parameters can be
k1
a
b
k2

Fgap
7.78 · 10−4
1.091
2.253
1.175

Q
0.3288
−0.997
−2.996
7.79 · 10−8

Table 1: Best ﬁt parameters for equations (16) and (17)

deﬁned:
ΓFgap =

μω R2
pHP h20

ΓQ =

pHP h30
μω R3

(19)

The operative parameter ΓFgap is consistent with the representation of the results used
in [13, 16], while ΓQ is proposed in this work for the ﬁrst time.
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(b) Non dimensional drain leakages

Figure 14: Validation of the parameters ΓFgap and ΓQ for tx = 0.5, ty = 0 and Δp =
150bar. The circles represent the simulated values, while the surfaces are obtained using
equations (16) and (17) and values in Tab. 1

3.3 Eﬀect of the bushing inclination
As observed in previous works [13, 16] the non-ﬂatness of the gap due to the bushing
tilt signiﬁcantly inﬂuences the widening thrust. The numerical procedure described
in this work permit a similar analysis, but comprising also the eﬀect of bushing tilt
angle on the drain leakage. The eﬀect of widening thrust can be analysed through the
parameter
Fgap − (Fgap )t=0
Λ=
(20)
pHP R2
where Λ is the non-dimensional diﬀerence between the axial thrust relative to a particular tilt and the axial thrust referred to the ﬂat condition (with no hydrodynamic
eﬀect). Similarly, the eﬀect of the drain leakage can be studied deﬁning the parameter
Ω=

Qleak − (Qleak )t=0
ωR3

(21)

with analogue deﬁnition. Dimensional analysis shown that Λ and Ω are not only function of the relative tilt, but also of the operative condition parameters ΓFgap and ΓQ .
In Fig. 3.3 are represented the widening thrust and the drain leakage for the pump
considered in this work. In typical design of GU the tilt along the y axis, ty , can
be neglected respect to the one along the x axis, tx (Fig 5), therefore tx = t =
hmax − hmin /2h0 , hence positive tilt in ﬁgure corresponds to the minimum clearance
lying adjacent to the delivery port while negative tilts corresponds to the minimum
clearance lying adjacent to the suction port.
As concerns the dependence of the widening thrust with parameters t, ΓFgap . (Fig.
15(a)), the results are in very good agreement with what found in [13, 16].
The behaviour of drain leakage as a function of t, ΓQ is represented in Fig. 15(b). In
general drain leakage increases with the operative parameter ΓQ , this can be easily
justiﬁed whit the increment of h0 . In Fig. 15(b) opposite behaviours are noticeable
for the positive values of t and the negative ones. In particular the inclination of the
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4 CONCLUSIONS
In this paper a numerical approach for the evaluation of the features of the lubricating
gap between the gears lateral side and the sliding bushings is presented. The developed
model is based on the solution of all terms of the Reynolds that can play a signiﬁcant
role in during the operation of external gear machines. The model implementation
is made in C++, taking advantages of OFoam libraries, and pursues the goal of simulation swiftness, versatility and automation: simulations can be performed starting
directly from the CAD drawings of the unit, while the required boundary conditions
are given as output of the existing tool HYGESim, developed to solve the overall
ﬂow through the machine. Results presented in the paper describe in details the ﬂow
features in the considered gap, describing the diﬀerent terms of the basic equation utilized. Moreover, it is shown how the model can be used to derive gross features of the
gap, such as the leakages and the axial thrust acting on the sliding elements. A future
development of the code will consist the implementation of a fully dynamic model,
where the micromotion of the sliding elements will be solved allowing the deﬁnition
the instantaneous geometric conﬁguration of the lubricating gap.
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IC engines and automotive applications

Optimization and energy consumption of
Electro-Hydraulic Valve Actuation system
through valve event timing range

Mika Herranen, Kalevi Huhtala, Matti Vilenius
Tampere University of Technology, Department of Intelligent Hydraulics and
Automation (TUT/IHA).

ABSTRACT
Flexible gas exchange valve actuating systems are developed in order to improve the fuel
efficiency and lower emissions of the combustion engines.
The aim of this research is to find out power consumption at different performance values
of the flexible electro-hydraulic valvetrain system (EHVA). The dynamic demands are high
for the electro-hydraulics in this application. That is why it’s challenging task both power
consumption and performance of the system point of view. The EHVA system is needed to
design according to the highest load and speed situation. Therefore energy consumption
and efficiency under normal running conditions may be relatively poor. In this study the
energy consumption of certain EHVA system is investigated by means of simulations.
Among others, effect of the cylinder pressure load when exhaust valve is opened, return
spring rates, and pressure level control are investigated. Then, actuators of the intake and
exhaust valves are optimized in order to find out real energy consumption of the hydraulic
system.
This research proved that flexibility of the gas exchange valve actuation has costs at energy
consumption side. Also other hydraulic solutions should be applied in order to keep the
efficiency higher and the energy consumption at lower level.
Keywords: Variable, Electro-Hydraulic, valve, actuation, energy, consumption
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1. INTRODUCTION
Different variable valvetrain systems have been developed in order to improve the
efficiency and reduce the emissions of the internal combustion engines. Electro-Hydraulic
Valve Actuation (EHVA) has certain benefits compared to other electro-mechanical or
mechanical variable valve actuation systems, but it also has some demerits. One of them is
overall efficiency. Throttled control is wasting plenty of energy, and energy saving systems
are complex and expensive (1), (2). EHVA system has to be dimensioned according the
highest load condition. When normal working point requires less power, the adaptation of
the hydraulic system defines the total efficiency of the system. With proper selection of the
hydraulic system and optimization, the power consumption of electro-hydraulic valve
actuation can be near or even better than power consumption of conventional, mechanical
cam driven system (1), (3), (4), (5). This study concentrates on the power consumption of
the electro-hydraulic valvetrain in different working points, and efficiency of the current
hydraulic system.

2. STUDIED EHVA SYSTEM
The simplified hydraulic circuit of the studied EHVA system is presented in Figure 1. Both
intake and exhaust gas exchange valves have actuator of their own, and they are controlled
by individual hydraulic valves. System is position feedback controlled. Actuators are
single-acting, only the upper chamber is directed either to pressurized line or to tank line.
Lower chamber is connected to constant pressure, which slightly helps pushing the oil out
from upper chamber and thus getting the actuator piston away from gas exchange valve
mechanism. There is only surface contact between the actuator and gas exchange valves, so
the actuator cannot draw gas exchange valves to close direction.

Figure 1 Schematic hydraulic diagram of the EHVA
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3. SIMULATION MODEL
Simulation model was made by AMESim simulation program, where the mechanical
valvetrain and hydraulic system both were modelled (Figure 2). Cylinder pressure was also
modelled into the system in order to get realistic amount of load affecting to the gas
exchange valve during the diesel engine run. Cylinder load was fed into simulation model
only as a function of crank angle, and therefore the gradient of pressure difference over the
gas exchange valves was not driven by the actual gas exchange valve opening. Simple pcontrol was used as a valve actuation controller, and realistic valve lift curves were fed into
the controller.
In simulations, hydraulic efficiency was determined by calculating the relation between
hydraulic energy consumption and energy required to open the gas exchange valves.
Opening energy was calculated by integrated product of velocity of the actuator and force
produced by upper hydraulic chamber, during the opening sequence. Hydraulic energy was
calculated by product of hydraulic flow from the pump and corresponding pressure, and
integrating that over the opening time. Contrary to previous hydraulic diagram, hydraulic
pump used in simulation was constant pressure regulated pump. Closing sequence was not
investigated, because closing is assumed generated only by return springs. Energy needed
to close the valvetrain is stored to the spring during the opening sequence.

Actuator
energy

Valve lift
curve data

Hydraulic
energy

Cylinder
pressure
data

Figure 2 Schematic presentation of the used AMESim simulation model
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Cylinder pressure and valve lift data was measured from real engine. Initial simulation
main parameters are shown in table 1.
Table 1 Initial simulation parameters
Working
pressure

Pipes
length

Pipes
diameter

Moving
mass

Spring
constant

250 bar

0.2 m

0.01 m

2.9 kg

110 N/mm

Spring
pretension
3000 N

Accumul.
size
1 Litre

Pump
respond
time
0.02 s

Investigated parameters were RPM, return spring load rate, and cylinder pressure at the
moment of the exhaust valve opening. Difference between feedback-controlled follow the
curve-type and rectangular control signal was investigated.

4. SIMULATION RESULTS
4.1 Engine RPM effect to the efficiency
First, effect of the rotational speed of the diesel engine was investigated. Working pressure
was kept constant 250 bars, used return springs were k=110N/mm @ pre-tension of 3kN.
Cylinder pressure at the opening moment was at maximum investigated level, 14 bars.
Even the opening was made faster when higher rotational speed was applied; the efficiency
was at the same level (Figure 3). Only exhaust actuator was investigated here.
0,8
0,75
0,7

Efficiency

0,65
0,6
0,55
0,5
0,45
0,4
0,35
0,3
500

600

700

800

900

1000

1100

RPM
Figure 3 Hydraulic efficiency at different RPM

1200
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efficiency

4.2 Return spring effect to the efficiency and energy consumption
Next, different return springs of the gas exchange valve, were modelled. Investigated spring
rates/pre-tensions were 100N/mm @ 3kN pre-tension, 60N/mm @ 1kN pre-tension, and
35N/mm @ 0,5kN pre-tension (which is smallest spring still capable to close the valves
within the required time range). Working pressure and opening cylinder pressure were kept
constant. With stiffer springs the efficiency is clearly better (Figure 4).
0,8
0,75
0,7
0,65
0,6
0,55
0,5
0,45
0,4
0,35
0,3
0

500

1000

1500

2000

2500

3000

3500

Spring force at zero opening [N]
Figure 4 Return spring load effect to the hydraulic efficiency of the actuator
Effect of spring to the energy needed to open the actuator is shown next in Figure 5. With
weaker spring, the total energy consumption is clearly lower, if only efficiency has proved
to be less too.
Energy consumption [index]

1,2
1,1
1
0,9
0,8
0,7
0,6
0,5
0,4
0

500

1000

1500

2000

2500

3000

3500

Spring force at zero opening [N]
Figure 5 Relative energy consumption of one actuator with different return springs
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4.3 Cylinder pressure load effect to the efficiency
Next, the effect of the cylinder pressure at the opening moment of the gas exchange valve
was investigated. This corresponded different load conditions of the diesel engine.
Investigated opening cylinder pressures were 14 bars, 6 bars, and 1 bar. Working pressure
and return springs were constant. Efficiency of this initial condition is shown in Figure 6.
Efficiency of the exhaust gas opening rises, when higher cylinder load is applied.
Cylinder load is used as a function of all further investigated parameters, because engine
load is the main altering parameter in real environment. Because the EHVA system is
needed to design according to highest loading situation, possible controlling parameter
would be the working pressure, if the maximum load is not applied. Pressure control is
rather easy to apply in normal hydraulic systems. When the working pressure was dropped
to lowest possible value where the system can perform the adequate curve tracking, the
efficiency can be raised slightly (Figure 6).

efficiency

Initial

pressure down

0,8
0,75
0,7
0,65
0,6
0,55
0,5
0,45
0,4
0,35
0,3
0

2

4

6

8

10

12

14

16

Cylinder pressure [bar]
Figure 6 Effect of the working pressure drop to the hydraulic efficiency of the exhaust
actuator
4.4 Effect of the raised working pressure and decreased actuator area to the efficiency
When the working pressure is raised to the 350 bars and further to 420 bars, effect of the
flow changes was then investigated by changing the effective hydraulic area of the actuator,
when the load condition allowed that (in each investigated cylinder pressure point). This is
just theoretical point of view, because building of such system could be complex and
difficult. With higher 420 bars working pressure, the diameter wasn’t able to decrease more
when going under 6 bar cylinder pressures. This was due to force required to compress the
return spring. The Cylinder gas force is present only at the beginning of the opening, but
the effect of the spring force is increasing in the end of the opening.
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Efficiency of the hydraulics is at same level than which could be achieved with pressure
dropping. More significant difference is found only at highest load case, where about 5%
difference is found between highest and lowest working pressure (Figure 7).
Initial
pressure 350 bar, smaller diameter

efficiency

pressure 420 bar, smaller diameter
0,8
0,75
0,7
0,65
0,6
0,55
0,5
0,45
0,4
0,35
0,3
0

2

4

6

8

10

12

14

16

Cylinder pressure [bar]
Figure 7 Hydraulic efficiencies of the different working pressures and optimized
exhaust actuator areas
4.5 Effect of the opening control to the efficiency and energy consumption
In previous cases opening was controlled by the feedback loop, and the opening curve was
purposed to keep close to original opening curve shape. When more freely opening was
allowed by giving the controller only rectangular reference command (still with p-control),
situation slightly changes. The efficiency of the exhaust actuator is increasing (Figure 8),
but at the same time, the total energy consumption also increases (Figure 9). Both has clear
reasons; due to throttled control, losses in follow the curve method are higher that
rectangular reference method, where throttling is only present in the very beginning and
end of the stroke. In rectangular reference method opening is also slightly faster, which
means that force is higher due to higher acceleration but also higher cylinder pressure
during the opening. Like said earlier, the cylinder pressure was not acting fully realistic,
because in the simulations it was not driven by actual opening area of the gas exchange
valve, and therefore rectangular opening was done against higher load than in follow the
curve case. In Figure 9 is shown the energy requirement of the exhaust actuator, as an
index. Actuator energy consumption with initial parameters against highest cylinder load
was marked as value “1”, and other values were compared to that.
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efficiency

Initial

on/off
Rectangular
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0,75
0,7
0,65
0,6
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0,5
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0,4
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16

Cylinder pressure [bar]

Figure 8 Exhaust actuator hydraulic efficiencies of the different controlling methods

Energy consumption [index]
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Rectangular

1,2
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1
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Figure 9 Relative exhaust actuator energy consumption
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4.5 Energy consumption
Efficiency of the hydraulic system is important issue, but like shown before, efficiency and
energy consumption are not necessarily acting same way. An interesting information is also
total the energy consumption of the different working points, and corresponding energy
outtake of the hydraulic pump. This defines the energy consumption of the whole valve
valvetrain system in engine level (i.e. how much energy is needed to use from engine
output to actuate the gas exchange valves). Hydraulic circuit has big influence to the energy
consumption (2), (6), but also effect of the environment variables and design parameters
were explored here. In Figure 10 is shown relative energy consumption of the exhaust valve
only, when previously presented parameters are investigated as a function of opening
cylinder pressure. In addition, effect of dropping the working pressure with about 15%
larger diameter of the both actuators is also included. The results show that there is no big
difference which kind of “optimization” method is used; energy needs from the pump (and
from the engine) are close each other in each load conditions.
Initial
pressure down
working pressure 350 bar, diameter decreased
working pressure 420 bar, diameter decreased
diameter
pressure
downdown
Diameter 35mm,
15% larger,
pressure
on/off
Rectangular reference

Energy consumption [index]

1,2
1,1
1
0,9
0,8
0,7
0,6
0

2

4

6

8

10

12

14

16

Cylinder pressure [bar]
Figure 10 Relative hydraulic energy required to actuate the gas exchange valve
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4.6 Optimized valvetrain
In optimized valvetrain, first the diameters of the actuators were decreased as small as
possible. Because the exhaust actuator had to overtake largest the force, was the actuator
area already optimized in initialization design process when the working pressure was set to
240 bars. The intake actuator diameter could be decreased about 10 %, due to lack of the
cylinder pressure in the moment of the intake valve opening. This will lead to some
decrease of the energy requirement from the hydraulic pump. Relative energy consumption
when both actuators were included in simulation model is shown in Figure 11. Index value
1 was same working point as before. Second, by dropping the working pressure, some
improvement in efficiency was achieved. Results of the dropped pressure are shown in
same graph. Third, the rectangular reference is applied.
Initial
on/off
Rectangular
reference
Follow the curve, dropped pressure
Follow the curve, decreased intake area
on/off
-decreased
intake
area
Rectangular
reference
– decreased
intake area
on/off
-dropped
pressure
Rectangular
reference
– dropped pressure
on/off - decreased
intake
area, dropped
Rectangular
reference
– decreased
intakepressure
area, dropped pressure
Energy consumption [index]

1,2
1,1
1
0,9
0,8
0,7
0,6
0

2

4

6

8

10

12

14

16

Cylinder pressure [bar]
Figure 11 Relative total hydraulic energy consumption, different control and
optimization methods
Optimized intake area is giving about 10% dropping of the energy consumption, but with
pressure dropping and rectangular reference, decrease could be up to 20% in lower load
cases. The rectangular reference with dropped pressure gave better results, because only
thing that matters was getting the valves open during certain time range. Follow the curve
method needed more pressure reserves due the extra throttling during the movement.
Rectangular reference with dropped working pressure reached its limits in middle of the
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cylinder pressure range; because pressure couldn’t be dropped lower due to high spring
loads. In follow the curve method, if both pressure and intake area were decreased, required
curve tracking was not possible.
Due the nature of the cylinder pressure force, highest force was needed in the beginning of
the opening. When the exhaust valve opens, the pressure difference over the gas exchange
valve rapidly drops, and the required force will be smaller. This leaded to use the idea
where the actuator would have two-staged pressurized area (7). After the cylinder pressure
was dropped, only smaller actuator area was activated, and flow to the actuator was thus
decreased during the end of the stroke. 2-staged area could be utilized only to the exhaust
actuator, because the force variation during the stroke is more or less opposite (due to
spring force) with intake valve. The 2-stage method gives approximately 20% decrease of
the energy consumption, and gives overall best results through the cylinder load range
(Figure 12). The rectangular reference with the 2-stage area gives no improvement.
Initial
follow the curve - 2 -stage exhaust actuator area
Rectangular
reference
– 2-stage
on/off -2-stage
exhaust
actuatorexhaust
area actuator area

Energy consumption [index]

1,2
1,1
1
0,9
0,8
0,7
0,6
0

2

4

6

8

10

12

14

16

Cylinder pressure [bar]
Figure 12 Relative total energy consumption, 2-stage exhaust actuator area

5. DISCUSSION
Better hydraulic efficiency levels in case where the higher load was present (either due to
return spring or cylinder load) was probably achieved because the pump was taking nearly
constant energy in every case, but in higher loads, actuator opening needed more pressure
and thus more energy. Hydraulic efficiency was thus relatively better with higher loads
because less throttling was needed.
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With pressure adjustment, the hydraulic efficiency was improved. This was also due to
constant pressure pump, which worked this way closer to actual pressure level required by
the actuator in lower load conditions. Efficiency was still dropped when going to the lower
loads, for same reason than explained above. The pressure control is easy and commonly
used technique in hydraulics, and would be recommended to use in future applications. If
the working pressure was raised and diameter of the actuator was correspondingly
decreased, nearly similar efficiency of the system was achieved, independent on what the
pressure level was. Thus required flow was smaller with higher pressures (and flow
resistances lower), but evidently effect of the pumping losses and the fluid compressibility
countered that. At highest working pressure point, some difference was found, probably
due to fluid compressibility and leakages. Also larger constant actuator area was tested with
working pressure droppings, and results in energy consumption were similar.
The rectangular reference control, when higher pressure was required in the actuator
(highest cylinder load), had better efficiency than the throttle control method. Reason for
this was, like judged before, smaller losses over the control valve. If total energy
consumption was taken as a main goal, things were slightly changed. Even the rectangular
reference control had better efficiency; it also consumed more energy than the follow the
curve based control. This was directly due to faster movement of the actuator against higher
pressure load. In real life the difference could be slightly smaller, now the cylinder pressure
was not totally realistic in every working point.
In energy consumption point of view was almost just the same, what kind of parameter
modification was used; was the only working pressure dropped, or was working pressure
raised and actuator diameter (flow) at the same time dropped. Energy saving could be
achieved with all methods, if only the effect would be better when load conditions were
lower, which comes directly from better efficiencies compared to unmodified situation.
The rectangular reference method could drop the overall energy consumption only when
used with other methods, otherwise the energy consumption was worse than trajectory
control. One reason for this could be that now both actuators were opened very closely, and
therefore pressure in the pump dropped more than acting single actuator. Pressure
behaviour is dependent on the hydraulic system, and when the energy consumption was
calculated from the pressure and flow values, this working point gave better efficiency.
The return spring had remarkable effect to energy consumption. With stiffer springs more
energy is stored in the spring compression, but closing required only part of that energy.
Any additional energy was thus wasted in closing, which was not seen in efficiency when
only opening was investigated. The effect was seen in total energy consumption. This
would be worth to investigate closer in future, if the spring could be replaced by hydraulic
return for instance.
In optimization, the total energy consumption was investigated. Because smaller forces
were affecting to the intake valve, was the actuator area possible to be decreased. This
reduced of course the flow demand from the hydraulic pump. Also the working pressure
dropping had clear effect, like showed earlier with the exhaust actuator. Variable effective
area of the exhaust actuator was giving also good results, but this kind of system didn’t
allow decreasing the working pressure any more.
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6. CONCLUSIONS
The efficiency of the EHVA hydraulic system is not most important issue, if the matter is
considered in engine total efficiency point of view. Certain modification can improve the
hydraulic efficiency, but increase of the overall power consumption may counter the
benefit. In that case the total power consumption of EHVA has significance. Simulations
showed that up to 20% energy decrease could be achieved by hydro-mechanical and control
solutions. The working pressure can be adjusted according the load conditions, or the active
pressurized area can be changed. The rectangular reference control may give better
efficiency, but the total energy consumption had no big difference to the trajectory curve
control. With re-design of whole hydraulic circuit and method to control actuators, even
better results would be able to achieve.
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ABSTRACT
This communication deals with energy regenerative damping. A two quadrants electrohydrostatic damper is designed, simulated, manufactured and tested. The proposed damper
involves a single rod linear jack, a charging accumulator, a manifold block with four check
valves mounted as a full hydraulic rectifier and a hydraulic motor connected to an electrical
generator. The proposed top level modelling is performed in order to point out in a simple
and efficient way the contribution of both functional and parasitic effects such as inertia,
friction, valves cracking pressure and flow rate pressure gradient. On basis these results, the
initial design is modified to reduce the motor flow and to admit more conventional
components for the demonstrator. A design exploration is run for the components sizing
with special consideration to off-the-shelf references. Then, a virtual prototype is built
within the LMS-AMESim simulation environment to verify the preliminary design and to
assess the damper transient behaviour. Finally, the experimental results measured from the
individual test of the first prototype are displayed and analyzed.
Keywords: damper, energy, race cars, regenerative, shock absorber

1. INTRODUCTION
Towards the quest for increased performance, car racing competitors often respond by
introducing significant concepts or technological step changes that generally propagate to
the public market after a few years of maturation and cost reduction. Although it is not
directly driven by more environment-friendly considerations, energy saving appears in car
racing as a key driver for performance improvement. Energy saving concepts for road
applications are generally based on hybrid power transmissions that allow regenerative
braking, e.g. (1)(2). Even if the idea of recovering energy from the road excitation at the
suspension level is not new (3), no significant track of practical developments and testing
has been found in the scientific literature. The present communication deals with the
Fluid Power and Motion Control 2010 Edited by Dr D N Johnston and Professor A R Plummer
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design, the simulation and the testing of a new concept of regenerative suspension. The socalled Powershock-SG2E technology associates a hydraulic cylinder, a hydraulic manifold
and a hydraulic motor that drives in a constant direction of rotation an electrical generator.
This project has been introduced by the PKM consulting company with support of Institut
Clément Ader – INSA Toulouse for modelling and simulation. It has been partly funded in
2009 by the French Research Agency (ANR) and awarded as the best technological
innovation of year 2010 at the Birmingham Autosport show.
The first part of the communication is dedicated to the description of the regenerative shock
absorber as well as the top level modelling, in order to point out in an analytical way the
key parameters and the influence of the major parasitic effects. The second part deals with
the system level simulation of the regenerative shock absorber that has been used to support
and improve the design. In the last part, experimental results are presented and discussed.
The parasitic effects are quantified and identified to update the regenerative suspension
model, to steer the development of specifically designed components and to allow future
car level simulation before real testing.

2. REGENERATIVE SHOCK ABSORBER
The potential interest of an energy regenerative suspension can be illustrated by Figure 1. It
displays the time history of the instant power dissipated in a shock absorber that has been
calculated form data collected during a 4 minutes off-road run. The dissipated energy is
really not negligible as it represents 105 % of the energy spent for engine ignition and
injection or 83 % of the energy spent for lights. It must be kept in mind that a demand of
100 W electrical power increases the consumption of a conventional car by typically 0.15
litre per 100 kilometres.

Instant power (W)

Retraction

Extension

Time (s)

Figure 1. Instant power dissipated in a shock absorber
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2.1. Principle of operation
The development of the Powershock regenerative suspension is based on the architecture
depicted by Figure 2.

Q2

 Tr

G
2

:
b

a

c

d

 Pm
Qm

1
Q1
QC
x

Qm
PC

Fd

Charge
accumulator

Figure 2. Principle of the regenerative Powershock damper
The regenerative suspension design involves a single rod hydraulic cylinder and a charge
accumulator that are quite identical to those used in conventional passive dampers. The
accumulator fulfils four important functions such as
- charging the cylinder chambers to avoid air release or cavitation,
- allowing the fluid volume to change versus temperature,
- compensating for small external leakages,
- compensating for the change of the geometrical volume offered by the cylinder to
the fluid versus the rod retraction.
In the regenerative design, the hydraulic cylinder is used ideally as a hydro-mechanical
power transformer from the road excitation to a constant displacement hydraulic motor that
drives an electrical generator. Four check valves are associated as a full bridge to make a
rectifier function, forcing the fluid to flow in the same direction through the motorgenerator, whatever the alternating displacement of the cylinder rod. In such a way, there is
neither speed reversal nor associated unacceptable inertia torques introduced by the motorgenerator. In the retraction phase, the extended chamber 1 is re-fed by the charge
accumulator through the valve c while the compressed chamber 2 feeds the hydraulic motor
through valve a. Valves b and d remain closed. In the extension phase, the extended
chamber 2 is re-fed by the accumulator through the valve b while the compressed chamber
1 feeds the hydraulic motor through valve d. Valves a and c remain closed. The damping
function is achieved by controlling the load created by the electrical generator onto the
cylinder through a dedicated power electronics that is out of scope of the present study. The
resistant electromagnetic torque demanded by the electrical generator is considered as the
regenerative damping signal.
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2.2. Modelling
The potential parasitic effects are identified to be the check valves cracking pressure and
flow rate pressure gradient, the friction and the inertia of the rotating assembly and the
hydraulic motor internal leakage. The top level modelling and analysis is conducted in
order to point out the contribution of the design parameters and the potential parasitic
effects on the damping characteristic. The hydro-mechanical part of the regenerative shock
absorber is modelled accordingly by the following set of equations. As oil compressibility
only introduces high dynamics effects, it is not considered for the top level analytical
modelling. The bandwidth to be reproduced by simulation is limited to a few hertz.
- Continuity applied to chambers 1 and 2
Q1

S1

dx
dt

(1)

Q2

S2

dx
dt

(2)

- Continuity applied to hydraulic motor
Qm  Ql

D:

(3)

- Hydraulic motor internal leakage (laminar flow assumed)
Ql

a ( Pm  PC )

(4)

- Charge accumulator (polytrophic evolution of the gas)
PCVgk

constant with

Vg

V g 0  ³ (Qm  QC )dt

(5)

- Newton second law applied to the rotating assembly
J

d:
dt

'Pm D  T f  Tr

with

'Pm

Pm  PC

(6)

- If only stiction and viscous friction are considered, then
Tf

TC  f:

(7)

Qa

G a ( P2  Pm )

(8)

Qb

G b ( PC  P2 )

(9)

Qc

G c ( PC  P1 )

(10)

Qd

G d ( P1  Pm )

(11)

- Flow rectifier

- Damper force (rod and piston masses neglected)
Fd

S 2 P2  S 1P1  F fd

(12)
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2.3. Top level analysis
The following developments will be conducted in the particular case of extension (however,
they can be easily modified to apply to the retraction case).
In order to get analytical results as far as possible, it is proposed to study the damper force
in static then in constant extension rate conditions (4). In this attempt, it is interesting to rewrite equation (12) as
Fd

( S 2  S1 ) P2  S 1( P1  P2 )  F fd

(13)

and to remark that perfect check valves would lead to:
P2

PC

Qm

Q1

Vg

Vg 0  ( S 2  S1 ) x

and

QC

Q2

(14)

making
(15)

After combination with equation (5), the first term of the right hand side in equation (13)
becomes
( S 2  S1 ) P2

( S 2  S1 ) PC 0
ª ( S 2  S1 ) º
x»
«1 
Vg 0
¬«
¼»

k

(16)

This first term represents the parasitic elastic effect introduced by the charging function.
This effect already exists in conventional mono-tube or bi-tube passive dampers.
The check valves of the flow rectifier can be modelled in a more realistic and simple way
combining their cracking pressure Po and their flow rate pressure gradient KQP as follows.
When the check valves are fully opened, they operate as fixed orifices. In this case,
equation 17 is to be considered as a quasi linearized model of the valve allowing formal
calculations:
For i

a...d

Qvi

K QP ('Pvi  Po ).('Pvi ! Po )

(17)

Under these considerations, equation (16) should be modified replacing equation (14) by
equation (17) for valve b. This would point out a parasitic coupling with the rod velocity.
Considering the check valves model equation (17), the second term of the right hand side in
equation (13) can be expressed as
S1 ( P1  P2 )

ª M 's  f '
º ª K
º
K
 f ' '» x  «
TC  2S1 Po »
Tr  «
(1  Ws )
¬ (1  Ws )
¼ ¬ (1  Ws )
¼

(18)
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This clearly points out the functional and parasitic effects influencing the damping
function:
S1
- K
| S1 / D
(19)
D(1  af S12 )
is the functional torque/force gain for the control of regenerative damping. This
functional effect is clearly made by this first term of the right hand side of equation
(18): controlling the resistant electromagnetic torque of the electrical generator as a
proper function of extension speed creates the required damping effect. The high
bandwidth of electromagnetic torque control should not introduce any phase lag
between the demanded and the current value of the resistant electromagnetic torque
that could alter the damping/regenerative function.
aJ
aJ
(20)
| 2
D  af
D
is the parasitic time constant due to the coupling between the rotating inertia and
viscous friction.

- W

2

JS12
JS 2
| 12
D  af
D
is the parasitic mass reflected by the rotor inertia J at the damper rod level.

- M'

2

(21)

fS12
fS12
(22)
|
D 2  af
D2
is the parasitic viscous friction coefficient reflected by the rotor viscous friction f at
the damper rod level.

- f'

- f"

2S1 ( S1  S 2 )
K QP

(23)

is the parasitic viscous friction coefficient reflected by the check valve flow rate
pressure gradient KQP at the rod level.
The last factor of the right hand side of equation (18) models the parasitic damper forces
that are introduced by the Coulomb friction torque TC of the rotating assembly and the
valves cracking pressure Po. If the time constant effect is forgotten, these terms produce the
same effect as a pure Coulomb friction force acting between the damper cylinder and rod,
introducing apparent stiction.
From these results, the proposed formal analysis indicates clearly (quantitatively and
physically) the contribution of the different parasitic effects induced by the regenerative
components. As it could have been predicted, Coulomb and reference torque at the rotating
assembly level are reflected at the damper rod level with a factor equal to the
transformation ratio S1/D.In the same manner the inertia and viscous effects (J and f) are
reflected with a factor equal to the squared transformation ratio. It is reminded that the
same development can be applied to the retraction case without any difficulty.
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2.4. Assessment of parasitic effects and design improvement
The typical application of the regenerative damper concerns race and all terrain cars. The
analysis of the data collected as for Figure 1 clearly indicates that the mean
retraction/extension rate is typically 200 mm/s although the instantaneous rate reaches 4
m/s very occasionally. For this reason, it is not necessary to design the regenerative system
for rates greater than 1 m/s that would oversize the design and magnify the parasitic effects
due to inertia or friction. For these high velocities, the damping function will be ensured by
passive pressure relief valves connecting the cylinder chambers as in conventional dampers.
So, the cylinder rod and piston diameters have been kept identical to current shock
absorbers. As an order of magnitude, the typical damping effect to be produced below 1
m/s is 3100 Ns/m in the retraction mode and 3900 Ns/m in the extension mode. The
asymmetry of the damping characteristic is moderate.
The motor/generator assembly has to be selected in order to minimize the reflected mass,
viscous and Coulomb effects while admitting the range of angular velocity in response to
the flow delivered by the cylinder. These two constraints are opposed: lowering velocity
requires higher displacements that lead to increased size. This is certainly one of the main
issues for the industrial development of such a regenerative damper.
From the steady state model, it has been shown that the large hydrostatic area of the piston
generates high flows in the compression mode under high compression rates. This forces
the motor-generator rotor to operate under overspeed conditions. For this reason, it has
been proposed to modify the design, allowing the large chamber to re-fed the rod side
chamber in compression mode, as illustrated by Figure 3. In such a way the flow passing
through the hydraulic motor is reduced to the same range for both extension and retraction
phases.
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Figure 3. Modified hydraulic layout of the regenerative damper
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A simple design exploration has been implemented for the steady state model, varying:
- the maximal service pressure of the cylinder and the hydraulic motor (175 bar for
conventional components or 350 bar for high performance components with
reference to aerospace products),
- the hydraulic motor displacement (standard 3.5 cm3/rev or 6.6 cm3 rev, aerospace 2
cm3/rev),
- the maximal operating extension / retraction rate in regenerative mode (1, 2 or 4 m/s)
to make 12 candidate designs as the standard motors can not operate over 175 bar. These
choices allow making a demonstrator from industrial components as a first step.
The cylinder rod and piston diameters have been determined from the maximal service
pressure (175 or 350 bar) and the maximal damping force to be generated under the
maximal velocity. The motor/generator maximal speeds in retraction and extension modes
have been calculated accordingly in order to verify that they were lying within the admitted
operating domain. Only 5 designs were found to be acceptable. No design coped with the 4
m/s maximal rate of extension/retraction.
The parasitic effects due to motor inertia, viscous friction and Coulomb friction have been
estimated, as summarized on Table 1.
Table 1. Reflected effects from design choices
(values are given for retraction then for extension)
Mass
(kg)

Viscous friction
(Ns/m)

Coulomb
friction (N)

175 bar, 3.5 cm3/rev, 1 m/s

7.9/12

242/366

33/41

175 bar, 6.6 cm3/rev, 1 m/s

2.2/3.2

128/194

35/43

175 bar, 2 cm3/rev, 1 m/s

24/36

237/359

116/142

350 bar*, 3.5 cm3/rev, 1 m/s

5.9/8.9

58/87

57/70

350 bar*, 6.6 cm3/rev, 1 m/s

29/34

288/331

127/137

Reflected effect
Design

* the common service pressure of shock absorbers is about 200 bar.
The more attractive combination comes from line 2. The reflected mass is reduced (the
motor inertia is identical for 3.5 cm3/rev and the 6.6 cm3/rev references) while the motor is
quite a standard one. The design of line 4 presents a reduced reflected viscous friction but
the motor should be derived from aerospace products and the cylinder rod diameter is not
consistent with buckling issues. For the selected design of line 2, the equivalent viscous
effect is to be compared with the damping effect to be produced that is typically in the
range 3000 / 5500 Ns/m: the parasitic effect represents less than 6% of the desired effect to
be produced by energy regeneration.

Fluid Power and Motion Control 2010

455

3. VIRTUAL PROTOTYPE
The virtual prototype of the regenerative damper has been developed within the LMSAMESim simulation environment.
To start with, a fully passive damper has been modelled as a reference. The static hydraulic
characteristic of the extension and retraction damping valves have been identified from the
measured damping force. This latest, got from a dedicated test-bench, has been represented
as a specific third order polynomial of the rod speed, eq (24), for each retraction and
extension phases:
Fse c1 xe  c2 xe2  c3 xe3
(24)
The corresponding static hydraulic characteristics of the extension and retraction damping
valves have been identified through a curve fitting process to get a simple but realistic
model in the general form of equation (25). When a null flow is forced at null pressure
drop, the mean modelling error remains as low as 0.3 % of the full flow range.
Qv

c3 'Pv

c4

sgn( 'Pv )

(25)

The regenerative damper model is displayed on Figure 4 (shown for the initial design). The
regenerative damping control law establishes the electromagnetic torque setpoint as a
function of the measured extension rate, according to the identified damping force Fde of
the reference damper.

Figure 4. Virtual test bench of the regenerative shock absorber
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The model parameters are taken as far as possible form the components datasheets of the
first prototype. The pump used for the prototype has a displacement of 3.5 cm3/rev. Even if
both pump and electrical generator are not closely adapted to the need, using such off-theshelf components provides a rapid concept proof and experimental data for model and
component improvements.
The virtual prototype of the regenerative damper has been used to assess the parasitic
effects that were introduced individually from the perfect regenerative components. The
model has been build as far as possible form standard components of the AMESim software
library where the hydraulic capacitance of the cylinder is taken into consideration but not
the motor one. In order to avoid any algebraic loop, it was then necessary to introduce a
compressible line model between the hydraulic rectifier and the motor inlet. However,
when the additional hydraulic capacitance is set to realistic values, it does not influence the
shock absorber behaviour in the usual frequency range. The main results obtained form the
virtual testing can be summarized as follows:
- Real check valves. As predicted by the top level steady state model, the valves
cracking pressure has a very little influence on the damping characteristic. It is also
confirmed that the flow rate pressure gradient produces an equivalent viscous
friction effect as predicted by the analytical model. Even for very large flows
coming from high retraction/extension rates, the parasitic viscous force due to KQP
can be easily kept below 10% of the damping force to be produced with a reasonable
and realistic rated valve area.
- Friction of the rotating assembly. It was confirmed that viscous friction of the rotating
assembly is a main contributor for parasitic effects. As predicted by the analytical
model, viscous friction is directly reflected at rod level through the squared value of
the transformation ratio. Realistic values of equivalent viscous friction at rotating
assembly can induce significant parasitic effects. The hydraulic motor used for the
demonstrator was modified in order to cope with the charge pressure level. Low
friction shaft seals were mounted, showing a significant reduction in the friction
level.
- Inertia of the rotating assembly. The inertia effects have been introduced in three steps
(a - without inertia, b - with the motor inertia but without the alternator inertia, c –
with all inertia considered) while the value of the assembly friction was kept at the
realistic value of 0.002 Nm/rpm. The reflected inertia effect is perceptible (phase lag
effects in the force/velocity plot) only when the alternator inertia is considered. It
appears that the reflected inertia effect is really an issue that must be addressed by
developing a specific hydraulic motor / electric generator with a design to inertia
and design to integration view.

4. DEMONSTRATOR AND TESTS
A first prototype, based on the architecture of Figure 2 has been manufactured, integrated
and tested. The prototype has a piston diameter of 44 mm, a rod diameter of 22 mm and a
total stroke of 200 mm. Two views are given on Figure 5. The hydraulic motor and the
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electrical generator are located on the left of the right image while the charge accumulator
is visible on the right. In order to clearly identify the individual contribution of all
component parasitic effects, the tests were run in a step-by-step way.

Figure 5. Images of the first prototype of the regenerative damper
The step 1 aims at measuring the behaviour of the reference damper with a proper setting of
the damping valves.
The step 2 aims at characterising the regenerative damper without alternator and with the
final setting of the damping valves creating a motor bypass at high pressure differences.
This allows identifying the effects of the check valves, the motor inertia, internal leakage
and friction.
In the step 3, the alternator is mounted but not connected electrically. Only the alternator
inertia and friction are added from step 2.
In the last step 4, the alternator is loaded by one or two lights that produce a nominal
resistive load of 55 and 110 W respectively. Even if the load power is only 17% of the
maximal power that can be generated by the alternator, this way was found as efficient to
start with the demonstration without needing depth studies of the controller and the
associated power electronics.
The main results are summarised on Figure 6. The experiments are run for a sine wave type
retraction with 35 mm mean and 60 mm peak to peak magnitude, up to 0.56 m/s. The
reference damping characteristic is measured setting all the original damping orifices as
fully opened and without alternator (label "fully opened – no alternator"). Then the damper
variable orifices are set closed in order to activate the regenerative operation without
alternator (label "no alternator"). Finally, the damping characteristics are plotted with a
connected alternator for null, 55W and 110 W resistive loads.
For this first prototype assembled with off-the-shelf components, the parasitic damping of
the regenerative assembly is not negligible, up to twice the fully opened damping factor.
However, when passing from a null load to a 55W load, the change of the damping
characteristic is clear and very significant (up to + 80%). There is no significant change in
the damping characteristic when the load goes from 55 to 110 W. A Stribeck like effect can
be observed around 100 mm/s, being probably representative of the breakaway point of the
rotating assembly (no changes below 100 mm/s).

458

Fluid Power and Motion Control 2010

These first experimental results have been obtained in a short time to demonstrate the
energy regenerative concept. It is obvious that further development will require special
design of hydraulic motors and electrical generators in order to lower the contribution of
the parasitic effects. Combining the modified architecture of Figure 3 and high pressure
operation is also an attractive way of improvement.
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Figure 6. Damping characteristics

5. CONCLUSION
The present communication aimed at presenting the latest results in the development of a
regenerative damper for race cars. The top level modelling and formal analysis have shown
the qualitative and quantitative contribution of the components design and parasitic
parameters on the regenerative damper performance. In particular, it has been clearly
pointed out that parasitic effects appears as alias Coulomb and viscous friction plus
reflected mass that add to the controlled damping effect. During the selection of off-theshelf components for the development of a first demonstrator, only a few candidate
components were found. Especially for very low displacement, high speed and high
pressure hydraulic motors. A design exploration allowed selecting the best industrial
component to demonstrate the interest of such regenerative dampers in a short time. In
parallel, a design modification has been proposed in order to reduce the maximal flow
passing through the motor for future prototypes. A preliminary design verification has been
conducted on basis the time domain simulation of a virtual prototype that allowed assessing
the steady state as well as the transient behaviours of the regenerative damper. The analysis
of the first real experiments has proven the interest of the regenerative concept and the
importance of specifically developing an integrated hydraulic motor / electric generator to
reduce the contribution of the parasitic effects.
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NOMENCLATURE
a
c1…c4
D
f
f'
f"
F
G
J
k
K
KQP
M'
P
Q
s
S
t
T
V
x
'
:
W
Subscripts
a, b, c, d
C
C
d
e
f
g
l
i
m
o
r
v
0
1, 2

Hydraulic motor leakage coefficient (m3/sPa)
Parameters for representation model
Motor displacement (m3/rd)
Viscous friction factor (Nms/rd)
First viscous friction factor (N/m)
Second viscous friction factor (N/m)
Force (N)
Hydraulic conductance function
Rotating assembly inertia (kgm2)
Polytropic index (-)
Gain factor for regeneration (rd/m)
Flow rate pressure gradient (m3/sPa)
Reflected mass (kg)
Pressure (Pa)
Flow (m3/s)
Laplace variable equivalent to d/dt (1/s)
Hydrostatic area (m2)
Time (s)
Torque (Nm)
Effective volume under pressure (m3)
Rod to cylinder extension (m)
Difference
Motor/generator angular velocity (rd/s)
Time constant (s)

Index for check valves
Charge
Coulomb
Damper
Experimental
Friction
Gas
Leakage
Check valve index
Hydraulic motor
Opening
Regenerative
check valve
Value at x 0 (full extension)
Rod side or piston side
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ABSTRACT
An optimization of piston dynamics to achieve performance goals of a High Inertance Free
Liquid Piston engine Compressor (HI-FLPC) is presented in this work. The proposed HIFLPC is a compact device that utilizes combustion of hydrocarbon fuel to provide a supply
of pressurized air for use in untethered pneumatic systems. The liquid piston of this device
is configured such that its geometry is exploited to produce a high inertance, which
produces an advantageous (slower) dynamic response as compared to a rigid piston of equal
mass. The slower dynamics achieved by the liquid piston allow for reduced valve sizes for
the compressor, a direct inject-and-fire engine with no compression stroke, and the
capability of more balanced operation for a single-piston device. These attributes create a
more energy-dense device than developed in prior work. A review of the dynamic model of
the HI-FLPC is presented along with experimental model validation of the liquid piston.
Simulation studies were conducted to optimize liquid piston dynamic characteristics for
overall system performance of an experimental prototype.
Keywords: Free-piston engine, compressor, inertance, liquid piston, compact, efficient,
power supply, untethered pneumatic system.

1. INTRODUCTION
The first free piston machine designed by Pescara [1] in 1928 was used as an air
compressor. Free piston engines were most commonly commercially used as air
compressors up to the mid-twentieth century. Other applications for the technology were
investigated, such as gas generators for use in automobiles and small power plants.
However, the lack of adequate sensing and control technology led to the free piston engine
being largely abandoned after 1960 [2]. Modern electronic controls available today have led
to a second generation of free piston engine research, particularly for use as hydraulic
pumps. Mikalsen [3] provides an extensive review of both early free-piston engine
compressor and gas generator applications as well as the recent research in free piston
hydraulic pumps and linear alternators.
Interest in free piston air compressors has also recently resumed for the purpose of
providing a compact, energy-dense, untethered power source for pneumatically actuated
autonomous human-scale robotic systems. The goal is to achieve a higher overall systemFluid Power and Motion Control 2010 Edited by Dr D N Johnston and Professor A R Plummer
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level energy and power density than current autonomous systems utilizing batteries and
servomotors. Riofrio, et al [4] designed a device that incorporated a liquid trapped between
elastomeric diaphragms as a piston. This free liquid-piston compressor (FLPC) addressed
efficiency problems for engines of its size range (sub 1 kW) by eliminating the blow-by and
friction losses of standard piston configurations. Willhite, et al [5], took advantage of the
liquid piston idea by exploiting the geometry of the liquid piston of the FLPC to create a
high inertance. This configuration allowed for desired (i.e., slower) piston dynamics to be
achieved without the necessity of adding piston mass, thereby increasing the energy and
power density of the system. This paper continues with the investigation of this High
Inertance Free Liquid Piston Compressor (HI-FLPC). An experimental validation of the
liquid piston dynamic model is discussed, and simulation studies of the HI-FLPC are
performed to tune the dynamic characteristics of the liquid piston to optimize performance
for an experimental prototype of the HI-FLPC.
1.1 Basic Operation of the HI-FLPC
Elastic
Diaphragm

Exhaust Solenoid

Pump Chamber

“TDC”

Intake
Check Valve

Fuel Injector

Liquid Piston
Inertance Tube

Figure 1 Schematic of HI-FLPC at TDC
Exhaust Valve

Elastic
Diaphragm
“BDC”
To
Reservoir

Spark
Plug
Pump
Check Valve

Figure 2 Schematic of HI-FLPC at BDC
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Figure 1 is a representation of the HI-FLPC just before the power stroke of the engine, when
the liquid piston diaphragms are relaxed. This is analogous to Top Dead Center (TDC) in
conventional engines. The power stroke begins with injection of pressurized air from the
system reservoir that is mixed with a hydrocarbon fuel, causing the elastic diaphragm to
begin to stretch and the combustion chamber volume to increase. The dynamic inertial load
of the liquid piston limits the expansion so that injection and ignition can occur without an
appreciable drop in air/fuel pre-combustion pressure. This dynamic process eliminates the
need for a compression stroke. The mixture then combusts, rapidly increasing the pump
chamber volume and converting the combustion energy into kinetic energy of the liquid
piston. On the compressor side of the piston, this kinetic energy is used to compress and
pump the air from the pump chamber. Once the pump chamber air pressure exceeds the
reservoir pressure, the pump check valve opens and mass flow into the reservoir occurs.
Figure 2 illustrates the configuration of the device at the moment pumping is completed,
similar to conventional Bottom Dead Center (BDC). At this point, the combustion exhaust
valve is opened and the piston diaphragms begin to relax, reversing the flow direction of the
liquid piston. During this return stroke, exhaust is expelled from the combustion chamber
and fresh air enters the pump chamber through a check valve. Note that diaphragm stiffness
is the only driver of the return stroke. Once the piston has returned to its original TDC
position, the cycle can be repeated.
The lack of a compression stroke allows the engine compressor to “fire on demand”- that is,
there is no need to have a starting routing or maintain an idle cycle. This allows the HIFLPC to operate at varying frequencies by controlling the delay between TDC and the
command for air/fuel injection.

2. DYNAMIC MODEL
Unlike conventional IC engines, free piston engines (including the HI-FLPC) are more
heavily influenced by the dynamic responses and interactions of their components. For
example, the stroke length of a conventional IC engine is kinematically defined by
mechanical linkage to a crankshaft; a free piston engine’s stroke length and even TDC and
BDC positions are determined by the dynamic response of the piston and the dynamics of
the load on each side of the piston, which includes combustion, compression/pumping and
valve response rates. For this reason, a dynamic model is necessary for determination of
performance and design optimization of the HI-FLPC.

Figure 3. Control volumes, mass flows, and piston dynamics of the HI-FLPC model.
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The model developed for the HI-FLPC in sections 2.1 – 2.3 consists of three control
volumes: the combustion chamber, the pump chamber, and the reservoir. The combustion
and pump chamber control volumes are coupled by the liquid piston dynamics. Mass flows
and valve response dynamics are modeled for the injection and exhaust valves of the
combustion chamber, as well as the pump and intake check valves of the pump chamber.
2.1 Control Volume Pressure and Temperature Dynamics
The following is an overview of the derivation of the pressure and temperature dynamics of
the gas in each of the model control volumes. For a more detailed treatment of this
derivation, see [4] and [6]. Equation (1) represents the power balance for each j th control
volume (specifically, the combustion chamber, the pump chamber, and the reservoir):

H j  Q j  W j

U j

(1)

where U is the rate of change of internal energy, H is the net enthalpy flowing into the
control volume, Q is the rate of heat transfer into the control volume and W is the work
rate of the gas. Each term in Eq. (1) can be expanded as follows:
H j

¦ m

j,k

k

c pin / out

W j
U j

j,k

Tin / out

j,k

PjVj

(3)
1

m j cv j T j  m j cv j Tj

(2)

J j 1

P jV j  PjV j

(4)

where m is the k th mass flow rate entering or leaving each j th control volume, with
constant-pressure specific heat c pin / out and temperature Tin / out . P and V are the pressure and
volume in the control volume, cv is the constant volume specific heat and J is the ratio of
specific heats of the gas in the control volume. Equations (2-4) can be used to form the
differential Equations (5) and (6), which describe the pressure and temperature dynamics of
the gas in each control volume.
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The dynamics of the combustion process of the engine are treated as a Q term of the
combustion chamber control volume. A detailed description of this combustion model, is in
Yong. [6].
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2.2 Mass Flows
The mass flow terms m j in Equations (5) and (6) are determined by the following equation

describing isentropic flow through an orifice, from Richer and Hurmuzlu [7]:
m j

\ j Pu , Pd

P

Cd a j C1 u
°
Tu
°
°
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1 Ju
J u 1 J u
°
§ Pd ·
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where Cd is a non-dimensional discharge coefficient of the valve, a j is the area of the
valve orifice, Pu and Pd are the upstream and downstream pressures, Tu is the upstream
temperature, J u is the ratio of specific heats of the upstream gas. The constants C1 , C2 ,
and the critical pressure for choked flow, Pcr , are determined by:
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(8)

where Ru is the gas constant of the upstream substance. The dynamic responses of valves
can then be modeled as dynamically determining the orifice area. In the case of
electronically actuated valves, the lift of the valve and the subsequent revealing of a j can
be modeled as a second order response to a current. In the case of a check valve, the orifice
area is the dynamic response to a differential driving pressure lifting the valve off the seat.
2.3 High-Inertance Piston Dynamics
The dynamic model of the high inertance liquid piston summarized here was developed in
[5]. Consider a configuration consisting of three sections of a liquid, as shown in Figure 4.
A power balance based on fluid flow due to the movement of the piston boundaries (in our
case, diaphragms stretching and relaxing) is given by Equation 9, where P is the pressure
difference across the left and right moving boundaries, and Q is the volumetric flow rate of
the piston fluid.
2

PQ

2

d ª1 § Q · 1 § Q · 1 § Q ·
« m1 ¨ ¸  m2 ¨ ¸  m3 ¨ ¸
dt « 2 ¨© A1 ¸¹ 2 ¨© A2 ¸¹ 2 ¨© A3 ¸¹
¬

2

º
»
»
¼
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Figure 4. Three sections of the high inertance liquid piston.

Substituting mi ULi Ai for the masses of liquid in each flow region, differentiating,
substituting L1 Q / A1 , L2 0 and L3 Q / A3 , and solving for pressure, we obtain
Equation 10:
P

ª UL1 UL2 UL3 º  U ª 1
1 º 2


»Q  « 2  2 »Q
«
2 «¬ A3
A2
A3 »¼
A1 »¼
¬« A1

(10)

which consists of a dynamic term relating P and Q through the inertance of the fluid slug
and a steady-state term due to the area changes between regions. For our model, A1 and A3
are equal, thereby eliminating the steady state term. We can now describe the inertance as:
ª UL1 UL2 UL3 º


«
»
A2
A3 ¼
¬ A1

I

(11)

Viscous losses of the liquid are modeled by a resistive term relating pressure and volumetric
flow, taken from the Darcy-Weisbach equation:

R

8U
L
Q f 2
4
2
d2
S d2

(12)

where U is the density of the fluid (water), and d 2 is the diameter of the high inertance
tube. The friction factor f was (conservatively) taken from the Moody Chart to be 0.025.
A stiffness term is also developed, relating pressure P to the change in volume of the outer
sections of the liquid piston due to the expansion of the diaphragms. Willhite [8] describes
the experimental technique used to measure this relationship for a sample diaphragm, which
is almost linear. For our optimization model, we will assume a linear relationship, such that:
P

K'V , noting that 'V

³Q

(13)
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Combining the relationships in Equations (11) through (13), the total dynamics of the piston
are given by:
'P

IQ  RQ  K'V

(14)

2.3.1 Experimental Piston Dynamics Model Validation
An experimental setup of the liquid piston was used to validate the dynamic model of the
high inertance liquid piston (shown in Figure 5). The liquid piston is housed by two
hemispherical sections on each end, connected by the high inertance tube with a 7.9 mm
inner diameter and a length of 1680 mm. The piston liquid is captured by two diaphragms
with diameters of 25.4 mm. On the opposite side of each diaphragm is a sealed chamber of
air. Testing consisted of supplying step-like driving pressures of varying amplitudes to one
of the air chambers via a three-way valve. The response of the piston was measured by
observing the pressure rise in the sealed chamber on the other end of the liquid piston
(response chamber). Simulations of these experiments were then conducted, using the
piston model in the same configuration as the test. Stiffness of the diaphragms was
experimentally determined beforehand. The responses of the piston were plotted against
model responses to the same pressure driving functions. One example of these responses to
a maximum driving pressure of 750 kPa is shown in Figure 6. Note that two different
modeled responses are present; one model assumes isothermal behavior of the response
chamber and the other assumes an adiabatic process. Since the piston response in this test is
on the same order of magnitude time scale as the pump stroke of the HI-FLPC, it is assumed
that the piston model developed captures all significant dynamics of the liquid.

Figure 5. Experimental setup used to validate the liquid piston model. Shown
on the left is a three-way valve used to provide a driving pressure, along with
a pressure sensor. The tube shown on top contains the liquid piston trapped
by two diaphragms. Shown on the right is a sealed air chamber and pressure
sensor used to (indirectly) measure the piston response.
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Figure 6. Experimental piston response compared to the liquid piston dynamic model
(for adiabatic and isothermal models of the response chamber).

3. MODEL-BASED OPTIMIZATION STUDIES

An experimental prototype of the HI-FLPC is currently being developed. Performance
targets for the device are centered around the need for a compact, efficient untethered power
source for small-scale pneumatic power applications. These targets include overall system
mass of under 2kg and an output of 75W, and an overall system efficiency of at least 10%
from chemical potential of the fuel to cool pneumatic potential in the reservoir.
To develop the HI-FLPC prototype, a complete model of the device was implemented in
MATLAB, using the control volume dynamics of Equations (5) and (6), the liquid piston
dynamics as modeled with equation (14), and the combustion process as modeled in [6]. All
valve opening and closing dynamics affecting each valve orifice area a j were modeled as
second order and fitted to experimental data for the valves chosen for the HI-FLPC (see
Willhite, et al, [8] for examples).
3.1 Simulation Results for Proposed Experimental Prototype
Simulations were performed to tune the liquid piston dynamics for optimum performance of
an experimental prototype of the HI-FLPC. Device parameters that were not adjusted
during the simulations were: all valve parameters, piston diaphragm radius (25.4 mm) and
pump chamber volume ( 3.43 u 104 mm3). A design point for the prototype was chosen from
these simulations, with liquid piston parameters A2 and L2 set at 324 mm2 and at 1778 mm.
Figure 7 shows the pressure profiles of the control volumes at this design point for the pump
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stroke of the HI-FLPC model. The output power for the simulation is 136.8W, at a cycle
frequency of 18 Hz and a total projected system mass of 2.07 kg. Efficiency of the cycle is
calculated to be 27.4%.
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time, sec

0.03

0.035

0.04

0.045

Figure 7 Control volume pressures for power stroke of HI-FLPC at the design point.

3.2 Effects on Performance of Liquid Piston Characteristics
Simulation studies were performed to investigate how changes in the dynamic
characteristics of the piston from the design point of Section 3.1 would affect overall
performance of the HI-FLPC. These simulations separately varied the L2 and A2 geometry
of the liquid piston, and the stiffness of the piston diaphragm in order to investigate their
individual effects on efficiency and power density of the device. The following sections
discuss the simulation results for the variation of these three parameters.
3.2.1 Varying Inertance Tube Cross-Sectional Area
Figure 8 shows simulation results for the maximum power density and system efficiency
versus piston inertance, where the inertance is varied by adjusting the liquid piston crosssectional area. Maximum power density is calculated from the amount of energy pumped
into the reservoir per stroke, the stroke duration and the mass of the device. Each of these
values vary for the different cross sectional areas simulated. A dry system mass of the HIFLPC is assumed (fuel mass not included) that includes the mass of: the structure, all
components, and the liquid piston. The frequency of operation assumes no pause between
cycles of the engine. Efficiency is defined as the amount of pneumatic potential added to
the reservoir divided by the chemical potential (lower heating value) of the hydrocarbon
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fuel. The performance of the device at the design point of Section 3.1 is shown for
reference. To ensure a proper comparison, the air/fuel input was adjusted for each
simulation to fully pump the air charge in the compressor chamber into the reservoir. This
results in the same amount of output energy for each cycle.
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Figure 8. Power density and efficiency versus inertance by varying liquid piston crosssectional area, A2

While it is normally expected to see a trade-off between power and efficiency, certain
characteristics of the HI-FLPC cause the coinciding power density and efficiency peaks. As
inertance increases from the design point ( 5.46 u 106 kg/mm4), the power density decline is
due to a slower piston dynamics lengthening the pump stroke. The drop in efficiency is
primarily a result of an increase in viscous losses of the piston due to the decrease of A2 .
These dominant viscous losses for smaller cross-sectional piston areas (larger inertance) are
the main reason for the chosen value of A2 .
For inertance below the design point, the steep drop-off in efficiency is predominantly
caused by two factors. The first and most dominant factor is on the pump side: the piston
dynamics are now too fast for the pump check valve to close in time, allowing for some
backflow of reservoir air into the pump chamber. The second and more minor factor is that
the lower inertance provides less dynamic load on the air/fuel injection, resulting in a lower
pressure of the air/fuel mass input just before combustion. This is similar to a smaller
compression ratio in a traditional four stroke engine.
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3.3.2 Varying Inertance Tube Length
Next, the inertance of the piston was varied by changing the length L2 of the liquid piston
while holding A2 constant at the current design point. Once again, the dropoff in efficiency
and power density for lower inertances is due to the inability of the pump check valve to
react fast enough to the piston dynamics. As inertance gets higher, power density decreases
due to longer pump stroke durations. Efficiency increases up to and beyond the design point
due to better pump check valve performance and the higher pressure of the air/fuel mass
input just before combustion. However, as inertance increases further this effect is
dominated by viscous losses of the piston, and efficiency peaks.
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Figure 9 Maximum Power Density and Efficiency Versus Inertance by Varying
Liquid Piston Inertance Tube Length
3.3.3 Varying Diaphragm Stiffness
Variations of diaphragm stiffness yields a fairly straight-forward trade-off between power
and efficiency. Increasing the diaphragm stiffness stores more combustion energy during the
pump stroke, thereby speeding up the return stroke which reduces the overall system cycle
time. The extra energy needed from combustion to fully expand the diaphragms decreases
overall efficiency, while the higher operating frequency increases output power. Note that
for the current design point, some efficiency is being sacrificed for better power density.
Less stiff diaphragms may be experimented with once the prototype is complete to
maximize efficiency while still maintaining the output power targets.
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Figure 10 Maximum power density and efficiency versus diaphragm stiffness

5. CONCLUSIONS

This paper presented the operation of a high inertance free liquid piston compressor (HIFLPC). A review of the development of a dynamic model for the HI-FLPC was presented.
Experimental validation of the liquid piston dynamics was performed. Simulation studies
were performed to optimize the piston dynamics for best overall performance of the engine
and pump subsystems of the HI-FLPC. Now that all components of the proposed
experimental prototype are specified, fabrication of the HI-FLPC device has begun. The
engine section, complete with injection and exhaust valve, is shown in Figure 11. Testing of
engine-side performance (only loaded by the liquid piston) has begun, and will be followed
by compressor section fabrication and a complete experimental characterization of the
performance of the complete HI-FLPC engine compressor.

Figure 11. Experimental prototype combustion head mounted to liquid piston
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ABSTRACT
Today’s passenger vehicles are becoming more and more safe as more steering related active safety functions are being introduced. As an example, lane keeping assist functions or
even electronic vehicle stability with steering intervention can be mentioned. However, the
same trend can yet not be witnessed for heavy vehicles, which is, among others, due to a
lesser degree of controllability of the steering system. While electric power assisted steering
has been introduced in passenger cars in recent years on a broader basis, electric power assisted steering is yet not suitable for heavy vehicles due to heavier loads on the steering rack.
Heavy vehicles thus lack a freely programmable steering system. The purpose of this paper
is to generate and evaluate the requirements of future hydraulic actuation concepts for heavy
vehicles, where emphasis is put on the required steering actuator linearity and bandwidth.
Both actuator response and linearity are decisive for transmitting a proper steering feel to the
driver. In this study we provide a structured approach to derive the required bandwidth as
a function of the system sizing and provide a simulation supported method for deriving the
requirements of linearity and accuracy.
1 INTRODUCTION
The requirements on power steering systems in road vehicles have been steadily increasing,
where even the need for freely controlling the steering wheel torque have become apparent.
The latter is due to the steady introduction of active safety and comfort functions. Active
safety functions, which have been proven to have a positive effect on overall vehicle safety,
refer to systems that provide assistance to the driver in more or less critical situations in
order to avoid accidents. Active safety functions play an increasingly important roll in future
safety strategies and it is therefore essential that sub systems in road vehicles, such as power
steering systems, are adjusted to meet new demands. While this statement is primarily true
for passenger cars, this trend is now also starting to enter the truck industry.
Fluid Power and Motion Control 2010 Edited by Dr D N Johnston and Professor A R Plummer
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Traditional Hydraulic Power Assisted Steering (HPAS) systems cannot meet these new demands due to the control units pure hydro-mechanical solution. Many passenger car models,
that previously have been equipped with hydraulic support, have been equipped with electrically driven steering gears, so called Electric Power Assisted Steering (EPAS). These systems
must not be confused with so called Electro Hydraulic Power Assisted Steering (EHPAS),
where the pump in the conventional HPAS systems is driven by an electric motor. The aforementioned requirements are fulﬁlled by EPAS systems to a great extent, which solves the
problem for passenger cars. For trucks, however, pure EPAS systems are not available today,
mainly due to high power requirement during low speed maneuvering.
The purpose of this paper is to derive and evaluate requirements for a future hydraulic power
assisted steering emphasizing variable assist torque and reduced energy consumption. The
requirements are based on both a linear analysis of the system as well as simulation based
analysis of a complete tractor- semitrailer combination and will be presented both at a concept
level and a component level.
2 REQUIREMENTS ON FUTURE POWER ASSISTED STEERING TECHNOLOGIES
There are a number of essential requirements for future power- steering systems. The German
passenger car manufacturer BMW summarizes these as follows(see [1]):
1. Enabling full steer-by-wire functionality and preserving or optimizing the present steering feel.
2. Signiﬁcant reduction of the fuel consumption portion compared to present hydraulic
power-steering systems.
3. Sufﬁcient power capacity for all vehicle classes.
We have to note that these statements represent the point of view of a passenger car manufacturer. These requirements have most likely to be rephrased in order to suit the truck
industry. An attempt to rephrase the requirements for commercial vehicles could result in the
list below:
1. Possibility to realize steering related active safety and comfort functions.
2. Enabling the possibility to design the change of steering feel with load and predictable
steering feel for a large range of vehicle conﬁgurations1 .
3. Increased directional stability.
4. Signiﬁcant reduction of fuel consumption compared to present hydraulic power-steering
systems.
5. Sufﬁcient power capacity for all vehicle classes.
6. Providing means for safe operation during failure modes of the system and fulﬁlling legal requirements for steering wheel torques for a wide range of vehicle conﬁgurations.
1 The term steering feel summarizes a number of characteristics such as on-center torque built up, steering wheel
return ability as well as torque levels during off center handling and low speed maneuvering/shunting.
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3 VEHICLE AND STEERING SYSTEM MODELING
This sections describes the fundamental equations behind the modeling of the complete vehicle. The vehicle used here is a tractor with semitrailer. The tractor has two axles (4x2) and the
semitrailer has three axles. Relevant data for the vehicle is shown in table 1. The modeling
is divided into studying the vehicle and the steering system separately and both models are
validated against measured data. The main use of the vehicle model is to derive requirements
for a future hydraulic power assisted steering system, both for heaviest load scenario and on
center handling.

Tractor only
Tractor mass
Front axle mass
Rear axle mass
Wheelbase

8009
6008
2001
3.7

kg
kg
kg
m

Tractor + Semitrailer
Total mass
Front axle mass
Rear axle mass
Semitrailer axle mass

36540
7860
9900
3x6260

kg
kg
kg
kg

Table 1: Vehicle data.

3.1 Tractor-semitrailer model

Figure 1: The bicycle model of the tractor semitrailer.

The vehicle model is based on the well known bicycle model [2]. Even though the bicycle
model inherits several limitations, it is suitable for the purpose of this work, as the driving
scenarios chosen are limited to lateral accelerations below 2m/s2 . The vehicle can be divided
into two separate bodies with individual local frames, see ﬁgure 1. The connection between
the tractor and the semitrailer is represented by a spring and damper. The beneﬁt from this
is that the two bodies can be kept separately in their local frames and additional bodies can
easily be connected. The spring and damper is also seen to represent the (stiff) compliance
in the connection between the tractor and semitrailer. The governing equations are based on
Newton’s second law and the moment law, stated below for the tractor.
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∑ Ft − Fy f sin(δrw ) − Flx
+ vy Ω
m
Fy f cos(δrw ) + Fyr − Fly
v̇y =
− vx Ω
m
∑M
Ω̇ =
Iz
v̇x =

(1)
(2)
(3)

The acceleration in the longitudinal direction depends on the sum of the tractive forces, the
sine component of the lateral force for the front tires and the force from the connection
between the tractor and semitrailer. The lateral direction is similar, where the acceleration
depends on the lateral forces from each tyre and the lateral force from the connection point.
The second term in both equations are a consequence of the fact that all states are expressed
in their local coordinate systems. The angular acceleration is the sum of all moments from
each lateral force divided by the inertia of the vehicle. Similar equations can be set up for
the semitrailer in its own local coordinate system. The difference is that there are no tractive
forces. Instead the semitrailer is driven by the connection force. The deﬁnition of all forces
can be seen in ﬁgure 1. The lateral forces are pure linear models. This limitation is adequate
within the working range for the model. The lateral forces are a function of the so called
cornering stiffness Cα and the slip angle.
Fy = Cα α
The slip angles can be deﬁned in terms of vehicle states.

 

vf
vy + l f Ω
= θrw − atan
α f = θrw − atan
vx
vx
 


−vy + lri Ω
vri
= atan
αri = atan
vx
vx

(4)

(5)
(6)

where the cornering stiffness is a linear function of the normal load, and depends also of the
tire properties and the contact between the tire and ground.
Cα = f (Fz )

(7)
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3.2 Steering system model

Figure 2: Simple model of a vehicle steering system.

In its simplest form, the steering system can be seen as a two mass system connected by a
spring representing the torsion bar, ﬁgure 2, see also [3] The upper mass is connected to the
steering wheel where the driver applies the input torque to the system and the lower mass is
connected to the wheels. The following equations deﬁne the behavior of the steering system.
Jsw δ̈sw = Td −Ctb (δsw − θrw isw2rw ) − bsw δ̇sw

(8)

Jrw δ̈rw = Tha − Tkp +Ctb (δsw − θrw isw2rw ) isw2rw − brw δ̇rw − T fmax

(9)

The amount of assistance torque, Tha , is deﬁned by a so called boost curve, where the input
to the boost curve is the torsion bar torque and output is the hydraulic pressure drop over the
piston. A typical boost curve is shown in ﬁgure 3. There is both coulomb friction from the
steering column and a pressure dependent friction within the cylinder. The friction within the
cylinder is the dominant one and is therefore the only friction considered here.




 
















 




 


Figure 3: A typical boost curve

A deeper analysis of the hydraulic power assisted steering is performed in a later section. The
forces generated by the tires are divided into studying dry park and high speed maneuvers
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separately. At dry park there are no lateral forces acting on the tires. The kingpin torque can
therefore be seen as a spring with hysteresis. The spring effect of the tires are becoming very
small at higher vehicle speeds due to the immediate relaxation of the tire. Here the dominant
kingpin torque is the aligning torque due to the deformation of the tire when subjected to
cornering forces. This means that the lateral force is not acting at the center of the tire, but
rather a distance behind the center called the pneumatic trail, pt . The kingpin torque can
therefore be deﬁned as

Tkpdrypark =

Crw δrw
max
Tkp

max
, Tkp < Tkp
, else

Tkphighspeed = pt Fy

(10)
(11)

Measurements were performed in order to validate the model and establish values for model
parameters.
4 VEHICLE MEASUREMENTS AND VALIDATION
Both a sine sweep and a step input were applied to the steering wheel. The following states
were measured:
• Steering wheel angle
• Steering wheel torque
• Hydraulic pressure
• Longitudinal speed
• Yaw rate
The validation was divided into validating the vehicle and the steering system separately
4.1 Optimization based model evaluation and validation of the vehicle model
In order to ﬁnd unknown parameters, an optimization routine was used to match simulation
data against measured data. The optimization routine used in this work is the ComplexRF method [4], which is a further development of the original Complex method [5]. The
optimization routine was fed with measurements from both the tractor only and the tractor
with trailer, in order to use as much information as possible. The longitudinal velocity is used
as input to the model. The optimization problem can be formulated as follows:

min

f (x) =

12

∑

 tend 

j=1 tstart


Ω(x, vx, j ) − Ωmeasured  dt

xlower ≤ x ≤ xupper
where x is deﬁned as:



x = Iz,t Cα f Cαr,t Iz,s Cαr,s

(12)
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0.4

0.1
Yawrate Tractor [rad/s]

Lateral Velocity Tractor [m/s]

The parameter j = 1..12, represents the velocities vx = [50 70 90] kph for each of the four
cases; tractor with sine sweep, tractor with step input, tractor + trailer with sine sweep, tractor
+ trailer with step input. Figure 4 shows the result of the optimization for the sine sweep at
90 kph for the tractor with semitrailer.
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Figure 4: Simulated (solid) and measured (dotted) states for sine sweep.

4.2 Steering system evaluation
Measurement was also performed for dry park to ﬁnd the heaviest rack loads. The measurements were made for different steering wheel angles and with the measured driver torque and
hydraulic pressure, the kingpin torque could be calculated. Figure 5 shows the kingpin torque
over road wheel angle for the dry park maneuvers. It clearly shows the behavior of the tire as
a hysteresis curve. It can also be seen that at small deviations the tire acts like a spring.
4

1

x 10

0.8

KingPing Torque [Nm]

0.6
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0.2
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−1

−0.5 −0.4 −0.3 −0.2 −0.1
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0.4
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Figure 5: Tire hysteresis curve at dry park.

For high speed maneuvers another optimization was performed to ﬁnd the pneumatic trail
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Steering Wheel Angle [deg]

and friction level. The steering system model was used together with the vehicle model that
calculated the lateral force on the front axle for the given steering wheel angle cycle. The
optimization routine was set to minimize both steering wheel angle error and pressure error.
The result is shown in ﬁgure 6 for a vehicle speed of 90 kph. Since the simulated pressure
matches the measured pressure well the result indicates that the load on the steering system,
aligning torque and friction, are identiﬁed correctly. However, one can not tell whether the
friction or pneumatic trail corresponds to the actual values, it can only be stated that the total
load is correct. However, this setup is used for the derivation of the actuator requirements.
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Figure 6: Simulated (solid) and measured (dashed) steering wheel angle and hydraulic pressure
at 90 kph.

5 LINEAR ANALYSIS
A short linear analysis of a so called boost curve controlled steering system is performed.
The boost curve concept is today still the predominant means of controlling a power assisted
steering system. Here the driver supplied torque is measured and ampliﬁed by the assistance
system, that is the drivers torque is "boosted". The relation between drivers torque and assistance torque or force is often nonlinear, such as due to the turbulent ﬂow regimes in open
center hydraulic assistance systems.
The purpose of this analysis is to provide insight for deriving requirements for required actuator bandwidth for the subsequent sections.
Figure 2 shows a mechanical model intended as a practical illustration for the derivation of
the block diagram in ﬁgure 7, where the important dynamics of a boost curve controlled
steering system are shown. We obtain the following system of equations if Newtons 2nd
law is applied on this system, as well a relation for the generation of hydraulic assistance as
underlying equations for the block diagram.
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Jsw δsw s2
Jrw δrw s2
Ttb
Tha
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= Td −Ctb (δsw − δrw isw2rw ) − δsw sbsw
= Tha − Tkp +Ctb (δsw − δrw isw2rw ) isw2rw −Crw δrw − sδrw brw
= Ctb (δsw − δrw isw2rw )
= Ttb A p Kbc /i pp2rw

(13)

Figure 7: Block diagram for steering system with boost curve control.

From the above equations we can derive the transfer function G from steering wheel angle
δsw to road wheel angle δrw :
G=

δrw isw2rw
=
δsw

Kg
s2
2
ωss

+ 2 ωδssss + 1

(14)

where the eigenfrequency ωss and damping δss as well as steady state gain are given by:

isw2rw
2
i pp2rw A p KbcCtb +Ctb isw2rw +Crw
ωss =
(15)
Jrw


i pp2rw
1
1
δss =
(16)
brw
2
Jrw
A p KbcCtb isw2rw + i pp2rw i2sw2rwCtb + i pp2rwCrw
Kg

=

1
1+

Crw
i
A p Kbc i sw2rw +i2sw2rwCtb
pp2rw

(17)

Here Gsw is the transfer function from total steering wheel torque to steering wheel angle δsw ,
where the entering torque difference consists of the driver supplied hand torque Td and the
torsion bar reaction torque Tc . The torsion bar twist angle is calculated as a difference between
the steering wheel angle and the pinion angle δ p . We assume for this analysis that the steering
column is signiﬁcantly stiffer than the torsion bar, so that the steering column stiffness can
be neglected. The torsion bar torque is measured and a so called boost curve or assistance
map is used in order to generate the desired assistance torque. The boost curve gain is here
denoted as Kbc and the hydraulic assist torque is summed to the torsion bar torque in order to
form the total actuation torque on the steering rack. The steering rack transfer function G prw
calculates the pinion angle given the input torque. A disturbance torque due to for instance
outer road disturbances enters the control loop at the sum of torques, and the loops ability to
suppress disturbances can be studied.
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The transfer function is plotted in ﬁgure 8 using data from a conventional steering system
in heavy vehicles. The system bandwidth increases with an increasing amount of supplied
driver’s torque, while at the same time the dimensionless damping ratio is decreased. However, the model oversimpliﬁes the hydraulic circuit, as the amount of damping is operating
point dependent as well. The true amount of dimensionless damping is therefore underestimated in this example.
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Figure 8: Bode plot for closed loop transfer function from steering wheel angle to road wheel
angle for different operating points in terms of supplied drivers torque.

In this section it has been shown that a boost curve essentially is a proportional controller,
where the reference value for the desired steering wheel torque is lacking, i.e. the desired
steering wheel torque is "zero". If we increase the boost gain Kbc , two things happen. For the
ﬁrst, the systems ability to suppress disturbances increases which is very much wanted, and
for the second, the control error between the steering wheel torque and its reference value
decreases. This is very much unwanted, as the reference torque is set to zero, and a vehicle
with such a reference torque is not drivable.
The steering system exhibits a varying bandwidth through the introduction of a driver torque
dependent "boost"- ampliﬁcation, as shown in this section. The bandwidth increases with
increasing operating point in the driver’s torque. The positive side of the coin is thus that an
underlying actuator, as mentioned in the introduction, can have an operating point dependent
bandwidth as well, as long as the actuator bandwidth is signiﬁcantly higher than the steering
system.
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Figure 9: Pressure control of the cylinder chambers in the steering gear.

For a future hydraulic power assisted steering, some kind of pressure control is needed. The
analysis is valid for any type of valve, but is made with an emphasis on the valve conﬁguration in ﬁgure 9. The left and right chambers are identical and the following equations are
therefore speciﬁed for one chamber. The equations are already linearized and transformed to
the Laplace domain and capital letters are used for linearized variables. See [6] for a more
detailed approach. The pressure change in the volume is described by the continuity equation
for that volume.
Qv = A p X p s +

V
Pl s
β

(18)

where A p X p s = Q p is the required ﬂow due to the movement of the piston. The continuity
equation can therefore instead be written as:
Qv − Q p =

V
Pl s
β

(19)

The ﬂow through the valve depends both on the spool position and pressure drop.
Qv = Kq Xv + Kc (Ps − Pl )

(20)

where the ﬂow gain and pressure-ﬂow coefﬁcient respectively are deﬁned as:

Cq wxv0
∂ qv
2
∂ qv
(Ps − Pl0 )
Kc =
Kq =
= Cq w
=√
∂ xv
ρ
∂ (ps − pl )
2ρ (Ps − Pl0 )
The movement of the spool gives an opening of the valve. Here is assumed that the movement
of the spool can be described by a second order lag with gain KA , resonance ωv and damping
δv .
KA
Xv = 2 2δ
u
(21)
s
v
+
s
+
1
2
ω
ω
v
v
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The controller signal u depends on the difference between the reference pressure and the
actual pressure.


(22)
u = Pre f − Pl Gcntrl (s)
The above equations can now be formed into the block diagram in ﬁgure 10.





Figure 10: Block diagram of a pressure control loop.

From the block diagram the open loop gain can be deﬁned, with the assumption of a proportional controller gain Kreg .
Au (s) = Kreg

KA Kq
Kc

1
s2
ωv2

+

2δv
ωv s + 1

1
1 + ωss

(23)

This also deﬁnes the gain margin of the pressure loop.
Gm =
K

2δv ωv
Kv ωs

(24)

K K

where Kv = regKcA q . The demand for stability requires Gm > 1. The closed loop deﬁnes the
bandwidth for the pressure loop.
Gc (s) = 

1+

s
ωs



Kv

s2
ωv2


+ 2ωδvv s + 1 + Kv

(25)

For a good valve design, ωv >> ωs and it is common that Kv >> 1. This means that the
bandwidth of the pressure loop can be deﬁned as:

ωb = Kv ωs

(26)

With a desired gain margin, the bandwidth can instead be deﬁned in terms of the valve response and the gain margin.
2δv ωv
ωb =
(27)
Gm
Given the above equation, we are now able to calculate the required bandwidth of the valve,
given the overall bandwidth of the steering system as such, as it has been derived above.
Furthermore, the pressure loops bandwidth may be operating point dependent, as the steering
systems bandwidth is dependent on the supplied drivers torque. The bandwidth of the valve
can now be expressed as

ωb ≈ 3ωss
3ωss Gm
ωv =
2δv

(28)
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6 NONLINEAR ANALYSIS



 



Figure 11: A closed loop of the complete system with driver, steering system and vehicle.

The purpose of a nonlinear analysis is to derive the requirements of linearity and accuracy of
a future hydraulic power assisted steering. This analysis is done with the help of simulation.
The complete system is shown in ﬁgure 11, where a driver model is added to the previously
described steering system model and vehicle model. No attempt has been made in order to
ﬁnd the driver dynamics. The driver is therefore seen as a pure controller that takes a desired
steering wheel angle and actual steering wheel angle and applies a steering wheel torque. The
torque is therefore a consequence of the steering system. By introducing nonlinearities in the
pressure loop of the steering system model, the outcome in driver torque can be checked
against preset requirements in driver torque. To set the requirements is a ﬁeld of research
itself and should be made with the help of professional drivers. This has not been within
the scope of this paper and the level of requirement are based purely on experience, and is
deﬁned as
ΔTd ≤ max(0.2, 0.1 · Td ) [Nm]
(29)
where ΔTd is the difference between driver torque in the original system and the driver torque
in the modiﬁed system. The nonlinearities in the pressure loop are supposed to reﬂect the
nonlinearities that could be present in the hydraulic valve used for the future HPAS. These
are mainly friction and overlap, and can be expressed as a hysteresis in the pressure loop.
The requirements have also been derived for different level of friction in the system. This
is interesting since different steering system conﬁgurations have different amount of friction.
A batch run was performed for different level of friction where the hysteresis width was
increased with 0.01 bar until the torque error reached the maximum allowed error.
The result of the run is shown in ﬁgure 12. The left plot shows the maximum allowed hysteresis for different amount of friction, deﬁned as mean amount of friction of the total load
over one cycle. The right plot shows one run with ∼40 % of friction and a hysteresis width
of 0.14 bar.
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Figure 12: (a) Allowed hysteresis for different friction levels. (b) A run corresponding to marker
in (a).

What can be seen is that the steering system is basically as much sensitive for variations in
the boost curve regardless the amount of friction in the system, which seems reasonable since
the two compared systems have the same amount of friction.
7 DISCUSSION AND FUTURE WORK
It has been shown that with modeling and simulation of a tractor semitrailer, requirements
for a future HPAS can be derived. This was done by both a linear and nonlinear analysis
of the system and for different driving scenarios. Dry park maneuvers generates the highest
rack loads on the vehicle. It was shown how the steering system can be seen as a closed loop
system, from a linear point of view, from steering wheel angle to road wheel angle (or total
steering wheel torque to road wheel angle). This means that any inner loop bandwidth of
the system must be signiﬁcantly higher than the total bandwidth in order to guarantee similar
performance. The purpose of a future actuator concept is to replace the open center valve.
From a fuel consumption point of view, the most attractive solution would be to use a closed
center valve, and hence an inner loop that controls the pressure, that takes a reference pressure
from, for example, an underlying boost curve. For a general pressure loop, the required
bandwidth can be expressed in terms of dynamic valve parameters and loop gain margin.
The other driving scenario has been to study the steering system on-center at high speed,
for instance when driving straight on a high way. Here, nonlinearities in the system become
much more evident and are of importance. A complete model of the vehicle with driver was
developed for this purpose. For a given driving cycle the driver torque can be studied with this
model. By alternating the accuracy of the pressure, the change in driver torque was checked
against a preset maximum level. The accuracy of the pressure loop reﬂects both nonlinearities
in the valve of a future concept and how well the controller must perform. Even though there
are uncertainties of the level of friction in the system, by alternating the amount of friction,
it was seen that the requirement on pressure accuracy is basically unchanged. A low friction
level is beneﬁcial for fuel consumption while being an important parameter regarding the
steering feel.
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The next step in the process is to generate and evaluate a suite of hydraulic actuation concepts,
based on the requirements deﬁned in this paper. In addition to these requirement, an important
objective is to keep the required bandwidth as low as possible as high bandwidth is associated
with high cost. A similar statement can be made for linearity.
8 CONCLUSIONS
When designing a future hydraulic power assisted steering for heavy vehicles, it is important
to preserve the characteristics of the present system. In this way the present system is used
as the basis for deﬁning the requirements for a future hydraulic power assisted steering. This
work has presented a way to derive the requirements for such a system. It was shown that for
any actuator concept, it is sufﬁcient to study the pressure loop of the actuator. Requirements
of the actuator were deﬁned, expressed in valve response and stability margins. Requirements
of actuator linearity and accuracy were also deﬁned, based on simulations of a complete
tractor semitrailer model.
9 NOMENCLATURE
Parameter

Description

Unit

Parameter

Description

Unit

βe
ρ
Ap
bsw
brw
ctb
crw
isw2rw

effective compression module
ﬂuid density
piston area
steering shaft damping
road wheel damping
torsion bar stiffness
lumped road wheel stiffness
gear ratio: steering wheel to road wheel angle
gear ratio: piston position to road wheel
angle
steering wheel inertia
road wheel inertia
kingpin torque due to front axle side force
hydraulic assist torque
driver torque
total volume (piston and pipe) volume
valve pressure-ﬂow coefﬁcient
valve ﬂow gain
proportional controller gain
boost curve gain
steering system steady state gain
area gradient
contraction coefﬁcient
spool position
piston position
reference piston position
pressure
valve ﬂow

[Pa]
[kg/m3 ]
[m2 ]
[Nms/rad]
[Nms/rad]
[Nm/rad]
[Nm/rad]
[−]

Fy
α
lf
lr
Ω
vy
vx
ll
M
Cα
Fz
θrw
θsw
Tf
pt
Iz
ωss
δss
δp
Pl
Ps
ωv
ωs
δv
u
Ka
Gm
s

lateral force on axles
slip angle
front axle distance
rear axle distance
yawrate
lateral velocity
longitudinal velocity
distance to connection point
mass
cornering stiffness
normal load
road wheel angle
steering wheel angle
pressure dependent friction
pneumatic trail
vehicle inertia
steering system resonance
steering system damping
pinion angle
load pressure
supply pressuret
valve response
volume breakfrequency
valve damping
actuator controlsignal
valve gain
gain margin
laplace operator (i · ω )

[N]
[rad]
[m]
[m]
[rad/s]
[m/s]
[m/s]
[m]
[kg]
[N/rad]
[N]
[rad]
[rad]
[Nm]
[m]
[kgm2 ]
[rad/s]
[−]
[rad]
[Pa]
[Pa]
[rad/s]
[rad/s]
[−]
[−]
[−]
[−]
[1/s]

i pp2rw
Jsw
Jrw
Tkp
Thp
Td
V
Kc
Kq
Kreg
Kbc
Kg
w
cq
xv
xp
xi
p
Qv

[rad/m]
[kgm2 ]
[kgm2 ]
[Nm]
[Nm]
[Nm]
[m3 ]
[m3 /(sPa)]
[m2 /s]
[−]
[Pa/Nm]
[Pa/Nm]
[m]
[−]
[m]
[m]
[m]
[Pa]
[m3 /s]
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Reevaluation of ideal nozzle flow
Jan Elvers
Hubertus Murrenhoff
RWTH Aachen University, Germany
Institute for Fluid Power Drives and Controls (IFAS)

ABSTRACT
Current simulation software for pneumatic systems like AMESim, DSHplus and
SimulationX, has deficiencies in correctly computing mass flow through resistances. The
resistance model is based on the flow from a container through an ideal nozzle. The model
neglects kinetic energy upstream and downstream of the resistance. At this point a new
project funded by Fluid Power Association of the German Engineering Federation
(VDMA) will reevaluate the current model.
In this paper the first results of the evaluation of mass flow through ideal nozzles will be
presented and a new mass flow model shall be introduced. This model considers the
geometric properties of the connecting elements of the nozzle, thereby computing the flow
velocity. Accounting for the velocity results in a lower static pressures and temperatures in
the flow which influences mass flow. The new model is a first step for including inertia in
the description of mass flow through a resistance. Correction of the error of the current
model is especially important for serial connections of resistances in pneumatic systems.

Nomenclature

N

isentropic exponent

[–]

<

flow function

[–]

U

density

[ kg/m3 ]

A

area

[ m2 ]

b

critical pressure ratio

[–]

cp

specific heat capacity at constant pressure

[ J/kg K ]

C

sonic conductance

[ m3/s Pa ]

D

diameter

[ mm ]

h

specific enthalpy

[ J/kg ]
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m

mass flow

[ kg/s ]

p

pressure

[ N/m2 ]

R

ideal gas constant of air

[ J/kg K ]

T

temperature

[K]

v

velocity

[ m/s ]

1 Mass Flow through an ideal nozzle
The basis for the calculation of mass flow through an ideal nozzle is the first law of
thermodynamics. The following assumptions are used for the calculation of mass flow: The
Flow is isentropic, the nozzle is well-rounded, no work is added and the influence of height
differences is neglected. Additionally, there is no friction.

Figure 1 Container with nozzle and adjustable pressure pa
Figure 1 shows a graphic representation for the current mass flow model. It consists of a
container which is closed with an ideal nozzle. The second part behind the nozzle is
necessary to adjust the pressure p2. Basically, it is a representation of the measuring
equipment.
The basis for the calculation of mass flow through an ideal nozzle is the first law of
thermodynamics for stationary flow [1].

h1 

v12
2

h21 

2
v21
2

(1)

At this point a first simplification is introduced: The velocity of the gas flow before the
nozzle is set to zero.
2
v 21
2

h21  h1

c p (T21  T1 )

(2)
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Using the isentropic state equation, the properties of the specific heat capacities and the
ideal gas law, results in the following equation.
N 1
ª
º
p1 « § p 21 · N »
¸
2
1 ¨
N  1 U1 « ¨© p1 ¸¹ »
«¬
»¼

N

v21

(2)

In the next step we utilise the definition of mass flow and the isentropic relation between
density and pressure.

m v21  A21  U 21

(3)

1

U 21
U1

§ p 21 · N
¨¨
¸¸
© p1 ¹

(4)

After conversion of (3) with equations (4) and (5) the description of mass flow reads [3]:

ª

m

A21

2

N «§ p 21 · N § p 21 ·
¨
¸  ¨¨
¸
N  1 «¨© p1 ¸¹
p1 ¸¹
©
«
¬

N 1
º
N

» 2 p  p
1
1
»
»¼

A21 <  2  U1  p1

(5)

The function Ȍ reaches its maximum for the critical pressure ratio p21/p1 [4].

§ p 21 ·
¨¨
¸¸
© p1 ¹ crit

N

§ 2 · N 1
¸
¨
© N 1¹

b

0.528

(6)

The critical pressure ratio is obtained by finding the maximum of Ȍ with respect to p2/p1.
For pressure ratios smaller than b the function Ȍ keeps at its maximum of 0.484. Choked
flow occurs which means that the mass flow can only be increased by increasing the
pressure upstream of the nozzle. For pressure ratios greater than b, mass flow is calculated
by stetting p21 to p2 (subsonic conditions). In case of pressure ratios smaller than b, the
pressure p21 is set to b·p1 (sonic conditions).

2 New mass flow model considering velocities before and after the resistance
Neglecting the kinetic energy of the flow before the nozzle poses some problems.
Pneumatic systems possess several in-line resistances which are modelled using the nozzle
model described before. Therefore the kinetic energy of the mass flow between the
resistances is neglected at every element. This impreciseness leads to an accumulating
error.

526

Fluid Power and Motion Control 2010

A new approach was chosen to enhance the mass flow model. Figure 2 shows the
expanded model. The dynamic pressure is taken into account which leads to the influence
of the geometric properties of the connections attached to the resistance on the mass flow.
For steady-state flows the geometric properties determine the velocities of the mass flow
before and after the resistance, thereby influencing the static pressures p1* and p2*,
respectively. A1* and A2* are the cross sectional areas of the two pipe sections connected to
the nozzle. In the two sections there exist the flow velocities v1* and v2* beside the static
pressures p1* and p2*. The variables at the smallest cross section of the nozzle are styled
with subscripts 21.

Figure 2 Container with pipe sections attached to a nozzle
Using the same approach as for the current model,
h1* 

v12*
2

h21 

2
v 21
2

(7)

the following equation is deduced

v 21

N 1 º
ª
p1* « § p 21 · N »
¸
2
1 ¨
 v12*
N  1 U1* « ¨© p1* ¸¹ »
»
«
¼
¬

N

(8)

By adapting and inserting the continuity equation (3) and the isentropic relation between
density and pressure (4), we deduce the following equation for the proposed mass flow
through an ideal nozzle.
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ª

m

§p ·
1  ¨ 21 ¸
A21  2
N  1 « ¨© p1* ¸¹
«
¬

N «

N 1 º
N »

2

p1*

»U
» 1*
¼
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2

§ p ·N
p 21 · N
¸¸  v12*  U12* ¨¨ 21 ¸¸
© p1* ¹
© p1* ¹

§
U12* ¨¨

(9)

After converting and arranging the new form of equation (9) reads as follows.
2

m

N § p 21 · N
¨

¸

N  1 ¨© p1* ¸¹



N § p 21 ·
¨

¸

N 1
N

N  1 ¨© p1* ¸¹

2

v2  U
 1* 1*
2  p1*

§ p 21 · N
¸¸  A21  2  U1*  p1*
¨¨
© p1* ¹

(10)

An additional conversion utilising the law for ideal gases and the continuity equation is
helpful.
p1*
R  T1*

(11)

v1*  A1*  U1*

(12)

U1*
m

This leads to a new formulation of mass flow.
2

§

m

A21

N ¨ § p 21 · N

§p ·
¸¸  ¨¨ 21 ¸¸
¨ ¨¨
N  1 ¨ © p1* ¹
© p1* ¹
©

N 1
N

2
·
¸ § m R T1* · 2 1 § p 21 · N
¸¸
¨¨
¸¸
¸  ¨¨
¸ © A1* p1* ¹ 2 RT1* © p1* ¹
¹

2 p12*
R T1*

(13)

In the next step the formula is converted into the following form
§

2

N ¨ § p 21 · N

m

A21 

p12*

2
R  T1*

¸
¨¨
N  1 ¨ ¨© p1* ¸¹
©

§ 2
¨A
1  ¨ 21
2
¨ A1*
©

§p ·
 ¨¨ 21 ¸¸
© p1* ¹
2

§ p 21 · N
¨¨
¸¸
© p1* ¹

N 1
N

·
¸
¸
¸
¹

·
¸
¸
¸
¹

Analogous to the current model the right term is abbreviated with Ȍ.

(14)
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2

§

N ¨ § p 21 · N

<

§p ·
¸¸  ¨¨ 21 ¸¸
¨ ¨¨
N  1 ¨ © p1* ¹
© p1* ¹
©
2
§ 2
·
¨ A21 § p 21 · N ¸
¸¸ ¸
1  ¨ 2 ¨¨
¨ A1* © p1* ¹ ¸
©
¹

N 1
N

·
¸
¸
¸
¹

(15)

For pressure ratios greater than b, mass flow is calculated by stetting p21 to p2*. This means
that the downstream fluid velocity and static pressure in cross-section A2* have an influence
on the flow function. Therefore the cross-section A2* is not a direct part of the equation, but
determines p21 in the case of subcritical flow.
The critical pressure ratio is identified by the same method used for the current model. The
method is applied to the centre term of equation (13).

d<
§p ·
d ¨¨ 21 ¸¸
© p1* ¹

0

(16)

This method leads to the following expression:
N
N

§ 2 N R T1*  N  1 v12* · N 1
¸
b ¨
¨
¸
N N  1 R T1*
©
¹

2
§
¨ 2 N R T  N  1 §¨ m R T1* ·¸
1*
¨A p ¸
¨
© 1* 1* ¹
¨
N N  1 R T1*
¨
¨
¨
©

· N 1
¸
¸
¸
¸
¸
¸
¹

(17)

For a velocity of zero the proposed equation for the critical pressure ratio simplifies to the
following expression and leads (with ț = 1.4) to the same result as published previously in
the literature, e.g. by Murrenhoff [1].
N

§ 2 N R T1* · N 1
¸¸
b ¨¨
© N N  1 R T1* ¹

N

§ 2 · N 1
¸
¨
© N  1¹

0.528

(18)

In a real system with occurring flow velocities, the critical pressure ratio is far from
constant. High flow velocities and lower temperatures which may develop behind upstream
resistances influence critical pressure ratios.
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T1* [ K ]

Figure 3 Critical pressure ratios for different temperatures and flow velocities
In common conditions (e.g. v1* = 15 m/s, T1* = 293.15 K) the deviation from the currently
known critical pressure ratio is negligible, but for series connections of resistances the
conditions may change to extremes which will have a serious impact on the behaviour of
the resistances.
A model has been implemented in commercial math software that calculates the flow
function and the critical pressure ratio dependent on the cross-section areas of pipes
upstream and downstream of the nozzle. The cross-section areas A1* and A2* were varied
while A21 and T1 stayed constant (D21 = 3.6 mm, T1 = 293.15 K). The results are shown in
Figures 4 and 5. Equations (14) and (17) are used to calculate the mass flow. p1 and p2 are
the total pressures for varying cross- sectional areas. Iteratively pressures p1* and p2* and
the mass flow are calculated until the change of the mass flow is below a given error. The
calculated results of Ȍ and b are shown over the ratio of the total pressure in Volume 1 and
the total pressure in Volume 2, analogue to the currently used model. Therefore it is
possible to show the differences between the currently used model and the new proposed
model in a single diagram. It is evident that smaller diameters before the resistance lead to
values for b and ȌMax that are higher than previously published ones. The critical pressure
ratio also depends on the pressure ratio itself. For smaller pressure ratios the critical
pressure ratio increases and reaches values of more than 0.56.

530

Fluid Power and Motion Control 2010

<[]

0.50
0.40
0.30
0.20

D1* = 11.3 mm

D2* = 11.3 mm
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p2/p1

Figure 4 Variations of the inlet geometry: Flow function and critical pressure ratio
In Figure 5 a variation of inlet and outlet geometry is shown. For a small diameter of the
inlet the flow function Ȍ differs from that of the current model over the whole range of b.
For a small diameter of the outlet the flow function Ȍ differs only in the range of subcritical
conditions where p21 equals p2*. In critical condition p21 equals b·p1*.
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Figure 5 Variation of outlet geometry: Flow function and critical pressure ratio
Comparisons between a system with small inlet and small outlet (D1* = D2* = 6.2 mm) and
a system with big inlet and outlet (D1* = D2* = 35.7 mm) result in a calculated difference in
the mass flow of up to 5 %, as shown in Figure 6.
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Figure 6 Variation of the in- and outlet geometry: Mass Flow
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Table 1 gives an overview over the influence of the inlet and outlet size. Small geometries
before the resistance result in maximum values of the flow function that are greater than the
commonly accepted boundary of 0.484. For small outlet geometries a deviation of Ȍ can be
observed, but the maximum value of Ȍ and the critical pressure ratio remain the same as in
the original model of nozzle mass flow.
Table 1 Influences of in- and outlet size on Ȍ and b

D1*

D2*

Ȍmax

b

Range of pressure ratio for
deviations of Ȍ from
current model

huge

huge

0.484

0.528

-

small

small

0.492

0.543

1 to 0

huge

small

0.484

0.528

1 to b

small

huge

0.496

0.549

1 to 0

3 Conclusion
In this paper a reevaluation of the classical model for mass flow through an ideal nozzle has
been presented. It was shown that neglecting the kinetic energy of the flow leads to an
oversimplification. Therefore the critical pressure ratio b and the sonic conductance C, or
the flow function Ȍ, respectively, as they are defined by ISO 6358 [2], fail to adequately
describe mass flow through a resistance. Especially b depends on the value of the
temperature in front of the resistance and not only on the constancy of the temperature as
has been published until now. Furthermore, the importance of the cross-sections of the
connecting pipes has been presented.
This leads to the conclusion that besides the sonic conductance C, Ȍ respectively, and the
critical pressure ratio b, there is the temperature and the geometry of the connections before
and after the nozzle that has to be considered. Otherwise the computed flow through in
series connected resistances shows considerable deviation from measured results. Therefore
use of the new model is proposed for describing connected resistances like throttle check
valves, direction control valves, relief valves and other resistances.
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ABSTRACT
The relevance of electronic control of mobile hydraulic systems is increasing as hydraulic
components are implemented with more electrical sensors and actuators. This paper presents
how the traditional Hydro-mechanical Load Sensing (HLS) control of a speciﬁc mobile
hydraulic application, a telehandler, can be replaced with electronic control, i.e. Electronic
Load Sensing (ELS). The motivation is the potential of improved dynamic performance
and power utilization, along with reducing the mechanical complexity by moving traditional hydro-mechanical implemented features such as pressure control, ﬂow-sharing,
prioritization of steering, anti-stall and high pressure protection into electronics. In order
to implement these features, the paper presents and tests a general power management
algorithm for a telehandler. The algorithm is capable of implementing the above features,
while also handling the dynamics of the system, taking into account saturation phenomena
as ﬂow limitation and cylinder endstops. The development of control for a variabledisplacement axial piston pump using a three-way servo valve is also treated.
Keywords: Mechatronics, Hydraulics, Fluid Power, Control, Electronic Load Sensing,
Power Management
1. INTRODUCTION
Today the most common solution for open circuit hydraulics on mid and higher end mobile
machinery is a hydro-mechanical adaptable ﬂow and pressure control system known as
Hydraulic Load Sensing (HLS). In HLS the pump pressure is continuously controlled
to be a preset margin higher (LS-margin) than the highest load pressure. The control is
realized by controlling the displacement of a variable pump using a system of pilot-lines,
pressure compensators and shuttle valves. A typical HLS system is seen in Fig. 1. Features
such as over pressure protection, load-independent ﬂow-control of actuators, prioritization
of steering etc., are also implemented using these hydro-mechanical components.
The wide usage of HLS systems is due to an implementation using robust components, and
that HLS systems have improved energy efﬁciency compared to constant pressure and/or
Fluid Power and Motion Control 2010 Edited by Dr D N Johnston and Professor A R Plummer
© With The Centre for Power Transmission and Motion Control
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constant ﬂow systems. The disadvantage of HLS systems is a high commissioning effort
as poorly designed HLS systems tend to become oscillatory or unstable. This originates in
the complex dynamics invoked when implementing a pressure feedback, see e.g. (1), (2)
and (3). Due to the dynamical complexity of HLS systems, the tuning approach is also
limited to experience and trial-and-error, and the tuning itself is cumbersomely performed
by adjusting or changing springs, oriﬁces, spool design, hose volumes, etc.

Figure 1: A typical HLS system on a telehandler.
To overcome the dynamical challenges, HLS systems are traditional designed with a power
overhead in form of a larger LS-margin than staticly required. The large LS-margin is also
due to the pump pressure being controlled locally at the pump. Hence, to ensure sufﬁcient
pressure across a valve stack it is necessary to conservatively set the system’s LS margin
according to the worst case pressure loss from pump to valve.
To reduce cost in HLS systems, steering and work functions are often supplied by a
common pump. However, if the valve consumes ﬂow while steering, this can lead to an
undersupplied steering, yielding a hazardous situation. Consequently, a priority valve is
installed to prioritize steering, see Fig. 1. If the supply pressure drops below required
steering pressure (CF port), the priority valve reduces the excess ﬂow (EF port) to the
work functions by throttling, ensuring sufﬁcient steering supply. Unfortunately, the priority
valve introduces extra pressure drop from pump to valve, even during an inactive steering.
Furthermore, all pump ﬂow has to ﬂow through the priority valve, resulting in a priority
valve placed far away from the steering unit and designed with a large compensator spool.
This degrades the response time and stability of the steering, as the priority valve also
functions as a compensator for the steering unit to ensure a constant pressure across it.
This paper explores how the shortcomings of HLS can be solved by introducing computer
controlled components into the open circuit. The solution should lead to better power
utilization and management, and improved dynamic performance, along with a faster commissioning, as tuning control in software is less cumbersome. The potential of electronic
control in open circuit systems is also becoming recognized, and is supported by more
stand-alone electronic controlled components being introduced into the market.
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When moving to computer controlled components, a range of control concepts is available,
from making an electronic analogy of the current HLS system to using a different control
topology. The research conducted in electronic open circuit control mainly falls into three
groups, Electronic Load Sensing (ELS), Sum-of-Flow control (SummenStromRegelung,
SSR) and Electronic Flow Matching (EFM).
The ELS control topology is explored by Esders in (4) and Langen in (5), and is the
electronic analogy to HLS. The LS pressure is electronically sensed and a pump pressure
controller operates an electrical controllable pump. Regarding valve control, Esders found
that by using the pressure measurements, electronic pressure compensation could be performed by the the valve’s main spools, removing the need for pressure compensators for
providing load independent proportional ﬂow-control.
In the SSR control topology the pump is operated without pressure feedback, but controlled
to provide the sum of the requested ﬂows. This can be performed in either open or closed
loop. The closed loop SSR control is treated by Zähe in (6), where actuator velocity is the
main feedback for pump and valve control. An open loop version of SSR is investigated
in (7), where pressure sensors are equipped on all valve ports. The pump is set to give the
sum of ﬂow references, the control valve of the highest loaded consumer is completely
opened and the ﬂow to the lower loaded functions are controlled by their control valves
using electronic pressure compensation. Hence, the pump is operated in open-loop ﬂow
mode. The SSR-solutions have the highest possible efﬁciency as no LS margin is present.
The EFM control scheme is closely related to SSR, but is oriented towards using a minimum
of electronics. The pump is operated in feed-forward mode to deliver the sum of ﬂow
demands. A traditional ﬂow-sharing valve distributes the ﬂow. The concept is covered in
(8), (9) and (10). The ﬂow-sharing valve prevents an unstable pressure build up, as any ﬂow
oversupply is mutually distributed amongst the active consumers. EFM using a non-ﬂowsharing valve is investigated in (11) and (12). However, secondary compensators and/or
spool position sensors are added to provide feedback for stabilizing the system.
Regarding steering, common for all the mentioned research is that either the steering unit
is not included, or it is prioritized using a traditional priority valve.
In the work presented in this paper, the goal is to obtain complete electronic control of
open circuit systems in mobile hydraulics. The control philosophy is to:
•
•
•

Transfer as much as possible of the hydro-mechanical control to electronic control,
reducing the mechanical complexity to a minimum.
Do system control with intelligent machine power management utilizing engine information.
Have a general control structure applicable for mobile hydraulic systems, which is
designed and tuned using system information.

The work uses principles from both the ELS and the open loop SSR, but with added
overall system control and power management. Additional, this work shows how the priority
of steering can be performed electronically, removing the need for a priority valve. The
developed distributed control structure is tested on a mobile machine, a telehandler, with
electronic controlled open circuit components.
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2. ELS SYSYEM DESCRIPTION
The application used for ELS feasibility testing is a Merlo P 35.11 EVS telehandler from
1997. Its traditional HLS circuit illustrated in Fig. 1, has been upgraded to ELS in Fig. 2.
The machine has been re-equipped with electronic controlled open circuit components and
a diesel engine with CAN interface. The engine transmits engine speed ωe and current
torque load τactual every 20 ms.
All the control is handled by a central computer from Speedgoat with CAN and analog
I/O interface. The software platform used on the Speedgoat for implementing control is
the xPC TargetTM environment for M ATLAB/S IMULINK by The MathWorks. The control
sample rate is 1 ms.

Figure 2: Telehandler with ELS.
The valve-group is equipped with pressure sensors on all ports, and electronic pressure
compensation is implemented for load-independent ﬂow control. A ﬂuid temperature sensor,
a pump pressure sensor and a tank pressure sensor are mounted at the valve-inlet. The valvegroup receives reference spool position on the CAN bus from the Speedgoat. The steering
unit is an OSPC 250cc/rev from Sauer-Danfoss equipped with a pressure compensator to
maintain a constant pressure drop across it. The steering wheel speed ωs and steering LSpressure pLS,s are measured by the Speedgoat. Note that no priority valve is present, as
prioritization will be performed electronically.
Flow reference signals from the operator are received from a CAN joystick transmitting
every 20 ms. The pump is a modiﬁed Sauer-Danfoss Series 45 J-frame 60cc variabledisplacement axial-piston pump. The pump has been equipped with a swash-plate position
sensor, and the traditional hydro-mechanical LS-control housing has been replaced with an
electronically actuated three-way valve (EHA-valve). The EHA valve is utilized for providing electronic swash-plate control, where the developed control algorithm is described
in the following.
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3. SWASH-PLATE CONTROL
The voice-coil actuated 3-way valve (EHA-valve) used for controlling the pump is based
on the valve used in (13) for exploring electronic control of a Sauer-Danfoss Series 45 Hframe pump. The voice-coil actuator produces a force proportional to the applied current. In
(13) the resulting control was a cascade control, consisting of a current loop PI-controller,
a spool positioning loop with a PID-controller for the EHA valve, and a PID-controller for
the swash-plate positioning loop.
In this paper, a swash-plate control algorithm not requiring the measurement of the EHA
spool position is developed. In (13) the EHA positioning loop is added for increasing the
bandwidth of the spool and to suppress the disturbance from ﬂow forces. To replace the
position feedback, the strategy is to implement a spool observer. In the system setup in
Fig. 2 a current ampliﬁer with internal current controller is utilized. Note that the EHA
valve is equipped with a spool position sensor for identiﬁcation and veriﬁcation purposes.
If ﬂow-forces on the spool are decoupled, which will be described shortly, and the spool
friction is dominantly of viscous type, being valid as a dither signal is applied to the spool,
the following linear second-order model is obtained for the spool position xEHA ,
xEHA
=
iref
s2 +

kf
ms
μ
ms s

+

ks
ms

(1)

where kf is the voice-coil force-factor, ms is the spool mass, μ is the viscous friction
coefﬁcient and ks is the equivalent spring stiffness of the two springs.
To identify the coefﬁcient μ, a ramped square-wave current is applied to the valve at no
pressure, i.e. no valve ﬂow. The response is seen in Fig. 3, where μ has been identiﬁed,
mm
yielding the second-order characteristics of ωn= 317 rad
s , ζ = 6 and a DC-gain of K = 4.6 A .

Figure 3: Measured valve dynamics and simulated valve dynamics.
The spool is over-dampened with a rise-time of approximately 80 ms. In comparison
traditional LS-pumps have swash-plate dynamics with rise-times in the range of 50 ms to
150 ms. This states that the EHA valve is too slow to be operated in open loop. To increase
the bandwidth of the EHA valve, Eq.1 is synthesized to provide a spool feedback signal.
Equation Eq.1 is however an open-loop estimator unable to compensate for ﬂow-forces.
Measurements have showed that ﬂow-forces are able to pull the spool up to 1.5 mm away

542

Fluid Power and Motion Control 2010

from the position estimated by Eq.1, degrading the value of the estimator as the maximum
spool movement is 4.5 mm. However, if the ﬂow-forces are estimated, a disturbance feedforward could be given to suppress it.
To estimate the ﬂow force, the ﬂow is essential. Differentiating the swash-plate position
yields the swash-plate velocity ωs , which is approximately proportional to a ﬂow through
the EHA-valve QEHA = ωs ADP LDP , as the transient of pressure build-up in the small servochamber volume can be neglected. The area ADP denotes the servo-piston area and LDP is
the piston’s moment-arm on the swash-plate. By mapping how the ﬂow-forces make the
spool position divert from Eq.1 for different ﬂows and pressure, a map from QEHA to FFf
has been made and implemented in the controller, see Fig. 4. The ﬂow-force estimate FFf
is used as a feed-forward to suppress the ﬂow-force. Resultantly, only the dynamics of
Eq.1 remains, making it a valid estimator.
A EHA spool feed-back controller is implemented using the estimator, along with a feedforward part to give the steady-state current for a given spool position. As the spool is very
over-dampened, a simple P-controller can be used to increase the bandwidth. Using Eq.1,
A
a proportional gain kp,EHA =1.5 mm
has been determined, yielding a bandwidth of 100 Hz
and a rise-time of 10 ms, while providing a damping factor of ζ ≈ 2. With this setup, the
EHA-controller can handle steps up to approximately 0.5 mm without actuator saturation.

Figure 4: Swash-plate controller.
The developed EHA-controller is used as an inner loop for the swash-plate controller, see
Fig. 4. As the EHA-valve is critical lapped, a natural integrator is always present from
spool reference to swash-plate position. Consequently, no integrator-term is required in the
swash-plate controller. The gain from spool reference xEHA,ref to swash-plate velocity ωs is
non-linear dependent on the pump pressure pP and the pressure in the servo-chamber pDP
according to the oriﬁce equation. Furthermore, a greater pressure loss is present across the
spool when de-stroking due to the pump geometry, which approximately gives the static
relation pDP= 13 pP . As the area characteristic of the spool is known and the pump pressure
is measured, these can be used to statically cancel out the non-linearities by implementing
an inverse oriﬁce equation as in electronic pressure compensation by (4). Hence, a mapping
is performed from a ﬂow QEHA to a spool position xEHA .
As the ﬂow QEHA corresponds to a swash-plate velocity ωs = AQDPEHA
LDP , the control input
to the system actually becomes a swash-plate velocity reference ωs,ref . Thus, the last loop
of the swash-plate controller reduces to a P-controller, sending out a swash-plate velocity
reference ωs,ref . This also emphasizes that no integrator is required in this control loop.
The complete swash-plate controller is seen in Fig. 4.

Fluid Power and Motion Control 2010

543

4. SYSTEM CONTROL
The main control topology chosen for the electronic open circuit control is ELS, as pump
pressure control is considered a basic and required functionality. For example, the openloop SSR solutions has its limitation if consumers with unknown ﬂow consumption are
present, or highest loaded consumers have similar pressure levels.
The ELS control principle is to identify the LS-pressure, add it with a margin and use it
as a reference signal for a pump pressure controller, in this case a PID, as seen in Fig. 5.
Note that pump pressure feedback is measured at the valve inlet. This gives the advantage
that the controller compensates for the pressure loss from pump to valve-group, making a
less conservative choice of LS-margin possible compared to HLS. The gain of the pump
increases with engine speed, as a smaller swash-plate angle is required to deliver the same
amount of ﬂow. To statically cancel out this non-linearity, the pump pressure controller
always sends out a ﬂow reference, which is then mapped into a swash-plate angle using
the engine speed, along with compensating for the volumetric efﬁciency of the pump. A
volumetric efﬁciency map is implemented in the control.
The ﬂow consumed by the valve and steering can be viewed as a disturbance to the
pressure controller, which has to continuously adapt to the ﬂow consumption based on
a pressure error, which is also the principle of HLS. However, the ﬂow disturbance is
known in advance from the operator’s joystick inputs and the steering wheel velocity. These
can be summarized into a feed-forward signal QFF to the pump, thereby decoupling the
disturbance. Resultantly, the pressure control loop only has to make small ﬂow corrections
Q̃ref to maintain the correct pump pressure. A similar approach was used in (14). An
extra advantage of electronic pump pressure control is that over pressure protection in the
system is simply implemented as a saturation limit on the pump pressure reference, and
the standby-pressure is determined by a the lower limit saturation. Note that in ELS the
standby pressure is separated from the LS-margin setting, where these are traditionally
equal in HLS due to the hydro-mechanical implementation.
The above constitutes the basics of the controller. The following sections describes how ﬂow
saturation, prioritization of steering, power saturation and actuator endstops are handled.
4.1 Flow and Power Saturation, and Electronic Prioritization of Steering
Flow saturation occurs when the operator request more ﬂow than the pump can deliver. If
this occurs in an HLS system where only the valve group is active, the highest loaded consumer would be starved and the LS-margin lost. If the HLS is equipped with ﬂow-sharing
valves, the available ﬂow would be mutually distributed, but with reduced LS-margin,
and hence reduced control precision. If the steering and valve is active simultaneously in
an HLS system, the priority valve would reduce the ﬂow to the valve group, such that
steering always receives its required ﬂow. In the ELS system no priority valve or ﬂow
sharing valves are present. To implement these features electronically, the engine speed
is used for estimating the available ﬂow. Hence, if the operator’s ﬂow request exceeds
the available ﬂow, a prioritized scaling is performed on the valve ﬂows by a ﬂow-sharing
block, such that the sum is equal to the available ﬂow. These scaled references are send to
the valve-group. Note that the ﬂow required by the steering QS is known from the steering
wheel speed. This ﬂow is used for calculating the ﬂow available for the valve group.
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Figure 5: ELS control structure.
However, the sum of inaccuracies of estimated available ﬂow, valve-group ﬂow and steering
ﬂow can still result in trying to use more ﬂow than available, thereby making the system
fail to maintain the LS-margin, risking a starved steering. To deal with this, two control
strategies can be used for the pump pressure control during ﬂow saturation. The ﬁrst strategy
is to disable the normal pressure controller, force the swash-plate to maximum angle, and
then control the pump pressure by adjusting the ﬂow consumption of the valve-group using
Qavail . This requires shifting between controllers, and the gain from Qavail to pP is very
dependent on the changing valve dynamics. It might also give ripples in the valve ﬂows.
The second strategy is to realize that the system has two control inputs, the swash-plate θs
and the ﬂow-consumption of the valves Qavail , to control one output, the pump pressure. For
such control problems mid-range control, see e.g. (15), is often effective, which consists
of two controllers: A main controller, controlling the output with one of the inputs, and a
secondary controller, keeping the main controller out of saturation using the second input,
i.e. keeping the main control signal in mid-range. Applied to this case, the swash-plate is
used for controlling pump pressure, such that the same pressure controller is always active.
The secondary controller scales the valve-group’s ﬂow-consumption Qavail , such that the
swash-plate is kept non-saturated, i.e. in mid-range. As it is important to utilize the pump’s
capacity, the secondary controller is set to keep a swash-plate angle between 93% to 95%
of maximum during ﬂow saturation. The implemented “skewed” midrange strategy is seen
in Fig. 5. As the secondary controller is implemted as a PI, the sytems also obtains the
ability to continuously adapt to changing ﬂow charteristics of valves and pump due to e.g.
ﬂuid temperature. As the swash-plate never saturates, the pressure controller ensures the
required pressure and thereby guarantees sufﬁcient supply to the steering unit. Hence a
robust electronic prioritization of steering has been implemented.
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Power-saturation might also occur, giving a risk of engine stall. To avoid stall, the engine
continuously transmits its current torque load to the ELS controller, which is used for
calculating the available power Pavail . Using the pump pressure, the maximum allowed
pump ﬂow without exceeding Pavail can be calculated as Qmax = Pavail /pP . Using the
previous ﬂow-sharing algorithm, ﬂow references are scaled such that their sum never
exceeds Qmax . Note that in case of simultaneous power and ﬂow saturation, the midrangecontroller does not attempt to force the swash-plate to 95% of maximum. Finally, a nonlinear ﬁlter is added to the Pavail to avoid limit cycles with the engine by ramping Pavail
slowly up. Regarding steering, it is consider safer to let the steering stall the engine, rather
than denying it supply. Hence, the steering ﬂow request bypasses the ﬂow-sharing block.
4.2 Intelligent Over Pressure Control
When one of the telehandler’s functions, for example boom lift, reaches its endstop, the
LS-pressure rises until the pump-pressure limit is reached by the pump-pressure controller.
In this case, the ﬂow-feed forward QFF from the joystick to the pump ceases to be
valid, as the ﬂow reference to the function in endstop is not consumed. Thus, the pumppressure controller now has to remove this excessive ﬂow by integration. To improve the
performance, the functions in endstop or otherwise blocked, can be identiﬁed by their
port pressure reaching pmax . Consequently, the ﬂow feed-forward from these functions is
scaled down when it approaches pmax , making the ﬂow feed-forward to the pump pressure
controller valid again, and improves its performance. This is also implemented in Fig. 5.
This control feature completes the control design, which is implemented on the telehandler.
5. RESULTS
In Fig. 6 a test of the swash-plate control algorithm is performed, where the load is a
relief valve with a 50 bar setting. The swash-plate is initially tracking a 10 Hz sine-wave,
and afterwards stepped from minimum to 95% of maximum stroke and back again. The
destroke happens in 80 ms and the on-stroke is in 150 ms. Note that the on-stroke is from
zero pressure. The swash-plate tracks the sine-wave with a phase lack of 45◦ , but with full
amplitude as seen in the zoomed view in Fig. 6. The plot also shows the control signals
and the spool position. Notice that the estimated spool position shows the same dynamics
as the estimated, and that the swash-plate velocity reference given out of the controller
resembles the actual velocity, as the controller was designed for.
In Fig. 7a a stabilizer is operated with the engine idling. The stabilizer is lowered to lift the
machine, and then retracted to its initial position. The controller is conﬁgured to maintain
an LS-margin of 20 bar which is maintained, and the swash-plate tracks the reference signal.
At 8 s and 16 s the stabilizers reaches mechanical endstop, forcing the pump pressure to
maximum. It is seen that the ﬂow feed-forward QFF is reduced due to the intelligent high
pressure protection, and that the pump pressure is maintained at its maximum pressure
setting of 210 bar. At 11 s the machine is almost stalling, which can be seen by the engine
speed dropping to 700 rpm and the available power Pavail going to zero. As a result, the
ﬂow feed-forward is eliminated by the system and the swash-plate de-stroked. Afterwards
the system ramps up again as the engine recovers and Pavail rises.
In Fig. 7b multiple consumers are operated simultaneously (boom, extension and fork),
where the requested ﬂow exceeds the available. As seen, the system scales down the ﬂow
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Figure 6: Swash-plate control test.
references (the black curves in the three topmost plots), such that the ﬂow feed-forward
QFF is almost constant, except when the engine speed is increased at 8.5 s. The swash-plate
is kept at 95%, which enables the pump pressure controller to maintain the LS-margin of
20 bar at all time. The ﬂow adaption graph shows the output of the mid-range controller
for scaling the valve ﬂow, such that the swash-plate is kept non-saturated.
In Fig. 5.a the boom is operated, where the LS-margin has been lowered to 7 bar, while still
having a standby pressure of 20 bar. As seen, the system is able to maintain the LS-margin
and standby pressure, while providing a well-damped swash-plate control. In Fig. 5.b the
response time of the system is shown. The system is in standby, when a joystick ﬂow
reference is given. It is seen that the joystick ﬂow-reference is directly feed-forwarded to
a swash-plate reference, and the swash-plate has settled in 90 ms.
In Fig. 5. the steering respons and electronic prioritization of steering is tested. In Fig. 5.a
the boom is lifted to consume all the available ﬂow, i.e. a reference of 120 L/min. The
steering is activated at 7.3 s and at 9.3 s. Resultantly, the ﬂow to the boom QBoom is reduced,
such that the ﬂow QS can be provided to the steering. That sufﬁcient supply is indeed
given to the steering, is seen by the pump pressure always being 20 bar above the steering
pressure pS . As the load pressure of the boom pBoom is lower than the steering pressure ps ,
the steering would have been starved if no prioritization was performed. The ﬂow adaption
is running continuously, ensuring a non-saturate pump. In Fig. 5.b, the prioritization is
tested by having an active steering while the engine is idling, and then suddenly at time
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Figure 7: Operating stabilizer with engine idling (a), and a ﬂow-sharing test (b).
29.6 s request full ﬂow for the boom, which has a lower load pressure than the steering unit.
It is seen that the ﬂow to the boom is reduced to the available ﬂow, and that the pressure
margin for the steering is maintained. When the ﬂow saturation is entered at time 29.4 s the
ﬂow adaption algorithm becomes active, ensuring that the swash-plate is at approximately
95% of maximum. Hence, the elctronic prioritization of steering is working as intended.
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Figure 8: In (a), a boom trajectory is executed with 7 bar LS-margin. In (b), the
system response time is tested with a ﬂow step to a stabilizer.

Figure 9: In (a) the boom is consuming all ﬂow when steering is activated. In (b) the
steering is operated, when a large boom ﬂow is suddenly requested.
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6. DISCUSSION AND CONCLUSION
Overall the developed ELS system shows that it is possible to move features as pressure
control, ﬂow-sharing, anti-stall, power sharing, high pressure protection and prioritization
of steering from hydro-mechanical control to electronic control.
The developed swash-plate controller for actuation of a pump using a three-way valve
shows a bandwidth of at least 10 Hz, validating the control concept. This concludes that it
is possible to replace the spool position sensor of the EHA valve with an estimator, and that
the valve ﬂow-forces can be decoupled by the controller based on estimating ﬂow through
the valve using the swash-plate measurement. Based on the system’s performance, it is
concluded that the obtained bandwidth and on-stroke and de-stroke times of the electronic
controlled pump are sufﬁcient for the chosen electronic load sensing control principle.
The results verify that the prioritization of steering can be performed electronically with
good dynamic performance, as the required steering pressure is alway supplied during ﬂow
saturation. Hence, the priority valve used in HLS system, see Fig. 1, may be omitted using
this strategy. The pressure losses, extra hosing and reduced dynamic behavior caused by
a priority valve can thus be avoided. Another advantage is the increased ﬂexibility for
improving a steering response. For example, to stabilize a system or improve steering responsiveness in HLS systems, designers may choose to raise the overall standby pressure of
the system, or include a check-valve in parallel with an oriﬁce in the steering unit’s LS hose.
The latter will make the steering LS pressure decay slower, which helps decoupling steering
and pump pressure dynamics, and also gives faster re-steering response. In electronics, this
can be simply implemented as non-linear ﬁlters on the steering LS-signal. To improve the
response in cold ﬂuids, a temperature dependent margin could also be deﬁned.
Overall the developed control structure validates the effectiveness of an ELS control topology with a ﬂow feed-forward from the joystick to the pump. This reduces the pump
pressure controller to making small adjustment to the swash-plate in-order to maintain
the desired pump pressure. The idea of eliminating the ﬂow feed-forward from consumers
reaching pressure limitation has also been shown to be a valid solution for maintaining
the integrity of the ﬂow feed-forward, and enhance the dynamic performance of the overpressure protection functionality.
To elegantly handle ﬂow-saturation and increase the control robustness, the skewed-midrange
topology used during ﬂow saturation has been validated. It ensures that the swash-plate
never saturates, and that 93%-95% of maximum ﬂow capacity is alway utilized during
ﬂow-sharing. As a result, the same pump pressure controller is aways operational, thereby
ensuring that the LS-margin is always maintained. Also, the system continuously adapts
to the ﬂow characteristic of the pump and valves, which for example changes with ﬂuid
temperature. The strategy also gives a very robust prioritization of the steering, as the
skewed-midrange topology function will continue to close down the valves groups until
the swash-plate in under 95%, i.e. able to maintain steering pressure.
Regarding the implemented control, one of the overall results of the paper is the usefulness
of canceling out non-linearities using system information to create appropriate coordinate
shifts, for example from ﬂow references to spool positions.
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Finally, the results show that using ELS the system can be operated with an LS-margin
down to 7 bar, while having a standby-pressure setting of 20 bar. This indicates that it
is possible to improve efﬁciency of open circuit system by moving to electronic control.
Also note, that standby-pressure and LS-margin are traditionally equal in HLS due to the
hydro-mechanical implementation, but can be separated in electronic control.
The generality of the developed control structure makes it reasonable to expect that it is
applicable for other mobile hydraulic applications than a telehandler.
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Energy Dissipation Of The Hydraulic
Circuit Of Remote Auxiliary Utilities Of An
Agricultural Tractor
Massimo Borghi, Francesco Mancarella, Barbara Zardin
University of Modena and Reggio Emilia
Mechanical and Civil Engineering Department
Strada Vignolese 905, 41125, Modena, Italy

ABSTRACT
The aim of this work is to analyze the energy dissipation related to the hydraulic circuit
which controls the remote auxiliary utilities of an agricultural tractor. This circuit is a
typical hydraulic load sensing multi actuators system. This kind of system provides a good
control strategy but it is characterized by quite high energy dissipation, especially when
several actuators are working together under different variable loads. In this paper, the
traditional load sensing system is modelled using a lumped parameter approach, and the
energy dissipations are evaluated with reference to an actual duty measured on an
agricultural tractor. Then, an alternative and more energy saving circuit architecture is
introduced, based on an independent metering concept: in this architecture the single spool
auxiliary valve is substituted with two electronically controlled proportional valves. The
system has been also equipped with an electronically controlled variable pump; two
strategies to control both the pump and the proportional valves are introduced. The
energetic analysis is performed also for the alternative architecture using the same duty
cycle, with the aim to identify the advantages, disadvantages and the critical features of this
system with respect to the original one. Significant energy saving percentage characterizes
the independent metering architecture, which seems to be a promising alternative to the
standard hydraulic load sensing system.
Keywords: Energy saving, agricultural tractor, independent metering, duty cycle.

1. INTRODUCTION
The need to limit pollutant emissions of agricultural machines has become more and more
pressing in the last years because TIER 4 in the US and StageIII/IV in the UE are becoming
effective. Many researchers and manufacturers have focused their efforts on reducing the
energy consumption in the system without compromising its functionality and its
performance. From this point of view, the combined use of simulation tools and
experimental testing represents the most promising way to develop alternative solutions
Fluid Power and Motion Control 2010 Edited by Dr D N Johnston and Professor A R Plummer
© With The Centre for Power Transmission and Motion Control
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characterized by lower energy consumption. This work is part of a wider research project
which aims to model the whole hydraulic circuit of a mid-size agricultural tractor, to study
the energy consumption of the system modelled and to eventually suggest alternative and
more convenient configurations. The hydraulic circuit of an agricultural tractor has to
handle different users, such as the trailer brake valve, the hitch valve and the remote valves
systems; it also manages the steering and feeds the low pressure line used to control all the
electro-hydraulic valves and to lubricate the transmission. Every hydraulic subsystem will
be modelled within the project and analyzed focusing on the dynamic behaviour and on the
energy consumption. As a final step of the project, the alternative configurations studied
will be integrated into the vehicle model and the interaction between the different hydraulic
subsystems will be investigated in order to evaluate the total performance of the tractor.
This paper in particular is focused on the remote valves circuit of the tractor. This circuit
can be classified as a standard hydraulic load sensing multi-actuators system: a variable
displacement axial piston pump delivers flow to several actuators connected in parallel
through as many again remote valves equipped with local pressure compensators; the pump
displacement follows the pressure signal coming from the higher loaded actuator.
The load sensing concept has been introduced in the second half of the last century and it is
still used in hydraulic applications because it has proved to be more efficient than the
traditional hydraulic power system which entrusted power management to dissipative
components (as the traditional pressure relief valve). At the same time, hydraulic load
sensing systems are robust and reliable. The system dynamic behaviour depends on the
pressure feedback which controls the pump displacement and stability of a load sensing
system can be a critical issue in some operating conditions. A useful stability analysis is
performed, for example, in (1) by means of linearized models and the results are compared
with experiments, in order to provide information for the design and optimization of such
system.
With the engagement of electronic controls in fluid power, the electronic load sensing
concept has been adopted and the research has focused on designing control strategies to
manage the pump displacement, demonstrating the feasibility, the optimization of dynamic
behaviour of the system and the possibility of energy saving. A useful overview of the work
done in this area can be found for instance in (2). Many authors have shown that  
                   
      
Regarding this aspect, an analysis of an electronic load sensing system can be found in (3):
an electronic control of a variable displacement axial piston pump is realized using a 2-way
pressure regulation proportional valve, electronically controlled, which can alter the load
sensing pressure signal acting on the flow compensator of the pump. In this way the system
can work as a pure traditional load sensing system or as a variable load sensing system,
allowing maintaining a lower pressure difference between the pump pressure and the load
pressure, in order to save energy when possible. It is shown by the authors that t 
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The use of independent metering valves seems promising for the system studied in this
paper; in fact, this architecture allows saving energy in almost every operating conditions
even if the remote actuators of an agricultural tractor are unknown. It should be noted that
the remote valve circuit can serve a wide range of actuators, depending on the equipment
connected at a particular moment on the tractor, for example a seeder, a loader or a harrow.
The actuators can be both motors and cylinders and standardized duty cycles for this kind
of circuit do not exist.
The independent metering concept has been analyzed by many authors in literature. For
instance, in (6) and (7) a four independent metering configuration for the control of a
cylinder is investigated highlighting the possibility to opportunely control the digital valves
in order to regenerate energy otherwise dissipated at the outlet of the cylinder, control back
pressure on the system, and manage overrunning loads. An optimal control of switching the
valves has been investigated and the concept of Continuously Variable Modes against the
simple discrete switching mode has been introduced: three of the four valves are always
modulated to assure velocity control and this was the best way to guarantee a smoother
movement of the cylinder and consequently allow energy savings to be achieved. The
drawback is that the control of the valves is more complex.
In (8) the concept of independent meter-in and meter-out orifices has been applied to the
case of a wheel loader of an earth moving machine obtaining an energy saving of 25%; it
was also shown that the controller adopted to regulate the orifices is sensitive to the time
delays in the valves. In (9) and (10) again four digital valves in different configurations are
used to feed a cylinder and an algorithm to manage the valves is proposed; losses on a duty
cycle of a 5 ton wheel loader are reduced 30-50%.
It is worth noting that independent metering proportional valves, where two spools
substitute the traditional single spool, are already on market, for instance (16), (17). This
configuration is easier to be realized and controlled than the solution which involves four
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digital valves and can be integrated in the existing hydraulic circuit of a tractor without
upsetting the original system.
Alternative regeneration systems applied to a multi actuator load sensing system have also
been studied in literature; for instance, in (11) the combined use of electronically controlled
discharge flow compensators and upstream compensators realizes the typical parallel or
series or hybrid connections between the actuators, depending on the operating conditions.
As a result of this flexibility, energy can be saved with regeneration or activating
independent metering and moreover a better management of overrunning loads can be
achieved.
For the analysis developed in this paper, an independent metering architecture was
modelled as an alternative to the standard remote valves system analyzed, where two
electronically controlled proportional valves have been introduced instead of the traditional
remote valve. The system has been equipped with an electronically controlled variable
displacement pump. This architecture may allow energy to be saved and can be integrated
into the hydraulic circuit on an agricultural tractor, without compromising the integrity of
the whole system.
Firstly, the control strategy adopted to control the pump and the valves has been developed
as a typical electronic load sensing control.
Successively, the opportunity to save more energy using the concept of controlling the
a                       
      "#! "$! "%!    
                 
"&!                        
                 

                    
        
    

          
                 
       
                   
               
 
2. HYDRAULIC STANDARD LOAD SENSING SYSTEM
The typical remote actuation hydraulic circuit of a mid-power agricultural tractor is a loadsensing system (manually, mechanically or electro-hydraulically controlled), which is
designed to allow the hydraulic power modulation to multiple actuators (hydraulic motors
and cylinders).
A load sensing hydraulic power generation system is shown in Figure 1, left side, where the
displacement of pump P2 is controlled by a flow compensator V1. V1 modulates the
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pressure in the control line, maintaining a constant difference between the pump pressure in
line P and the load sensing pressure in line LS. This difference, called the pump pressure
margin, depends on the cracking pressure given by the spring of V1 and it is typically equal
to 20-30 bar; this value is determined in order to meet all the pressure drops in the circuit
when the pump is at its maximum flow. V2 is a pressure compensator valve which only
works when the pressure in the pump delivery line has reached a maximum value, set by
the spring, which is typically the maximum pressure allowed in the system.
The circuit devoted to the remote actuators control presents a metering circuit designed to
manage a parallel actuation, and each actuator is operated and controlled through a
distribution block similar to the one shown in Figure 1, right side.
The core of the distribution block is represented by the proportional control valve 1. It is
well known that metered power supplied to a hydraulic actuator corresponds to the opening
condition of the proportional valve. The poppet lock check valves 2 introduces the piloted
non-return control and valve 3 the local compensation control needed to manage the
demands of multiple actuators, while the shuttle valve 4 selects the highest load-sensing
piloting signal (LS). As shown by the functional description of the proportional control
valve 1, the flow-rate modulation is of the meter-in type, which does not allow proper
actuator control in the case of overrunning loads; under these particular operating
conditions, the low pressure load-sensing signal selected by 4 reduces the pump
displacement, the regulation exactly in opposition to the real need of the remote actuator.

Figure 1 Hydraulic load sensing power generation system (left), hydraulic scheme of a
proportional valve section (right).
The main advantage of this kind of system is that the excess flow, not directly used by the
actuators, is only due to system leakages while a relatively small excess pressure, the pump
pressure margin, is introduced to operate the actuator. In the case when a number of
actuators operate simultaneously, the pressure compensators of the lower loaded actuators
introduce an additional pressure drop in order to maintain control. With a pressure
compensator located before the directional valves, as in the standard system adopted, a
strategy has to be developed to contrast the reduction of flow going to the higher loaded
user when the flow delivered by the pump saturates.
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3. MODEL OF THE STANDARD LOAD SENSING HYDRAULIC SYSTEM
As a first step of the analysis, the standard architectural configuration of the load sensing
system which feeds the actuators is modelled by means of a lumped parameter model
developed in AMESim©.
The core of the model is represented by the proportional directional valves which convey
the flow to the remote actuators (Figure 2).
Particular attention has been devoted to the description of the metering characteristics of the
directional valve spools, because they determine the pressure drops across the passages and
hence the energy dissipation introduced by the component itself. The same reason requires
detailed models of the check valves and the local pressure compensator. To reach this level
of detail, the Hydraulic Component Design Library of the software has been used; this tool
allows a model to be generated where any single functionality of the actual component is
represented through an element. For example, the flow passages determined by the
metering edges of the spool of the proportional valve are described through elements which
allow the flow area and hydraulic diameter to be defined using input files based on the
spool actual geometry.

Figure 2 View of the proportional valve section.
Also the flow compensator of the variable displacement pump has been modelled using the
Hydraulic Component Design Library. The pump flow compensator is composed by a
proportional valve whose position depends on the balance between the pressure at the
delivery of the pump and the pressure in the load sensing line. The pump pressure is higher
than the load sensing pressure due to the pump pressure margin.
The position of the proportional valve controls the pressure in the control line and this
pressure moves the actuator which determines the position of the swash-plate of the
variable displacement axial piston pump.
Experimental validation of the model was performed by means of a comparison between
the experimental and numerical pressure drops across different passages in the valve and
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through a comparison of the metering characteristics. A hydraulic test rig equipped with a
load sensing hydraulic power generator was used to perform the experimental analysis.
The model has been used to analyze the energy dissipation introduced by every single
component in the hydraulic circuit of interest. This is particularly meaningful in order to
identify possible alternative solutions to minimize the energy consumptions.
A steady state analysis developed in [18] using orifices as remote actuators has identified
some critical features: first of all, even when a single user is activated, the presence of the
local pressure compensator introduces a significant amount of energy dissipation, because
the flow compensator may not be fully open especially in the case of a high flow rate
request (the cracking pressure of the local pressure compensator is not sufficiently high).
Relevant dissipations are introduced at the meter-in section if high flow is requested, while
at partial flow the meter-out section also introduces high dissipation because it is partially
closed. At high flow, the dissipations through the lock check valves and the quick-release
couplings are also relevant. With more than one user active, the dissipation through the
local pressure compensator of the lower loaded user is obviously high.

4. AN ALTERNATIVE ARCHITECTURE: INDEPENDENT METERING
CONCEPT
An alternative to the hydraulic system previously described is represented by the well
known independent metering architecture; in this work two control valves are used for each
actuator and this allows the meter-in and meter-out sections to be controlled independently.
The first clear advantage is that, if the meter-in section is partially open to meet the flow
request, the meter-out section can be fully open and this avoids introducing a further
pressure drop and, hence, energy consumption, in the system. The second advantage is that
the local pressure compensators can be removed. The third advantage is that a proper
control strategy to manage overrunning loads can be integrated, adjusting the meter-out
section in an optimal way, in order to maintain actuator control without generating too
much back pressure. Moreover, in this work an electronically controlled variable
displacement pump was introduced.
Two strategies to control the flow delivered to the actuators with two independent
proportional valves are adopted: the first strategy is again based on the load sensing
concept, the second aims to control flow through the direct control of the variable
displacement pump.
4.1 Electronic Load Sensing Strategy
As in the standard load sensing system, the pump displacement is controlled in order for the
pump pressure to be higher than actuator pressure. This is achieved through the use of a
PID controller, which continuously adjusts the pump displacement. The proportional valve
at the meter-in section is directly regulated according to the flow required by a particular
actuator, with the flow changing linearly as a function of the orifice area in the meter-in
section. Moreover, the proportional valve at the meter-in section also performs the role of
the local pressure compensator when two or more actuators are working together.
The control strategy adopted uses signals from the joysticks, i.e. the flow demand, the
pressure at the inlet and outlet ports of the actuator, and the pressure at the delivery of the
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pump. In particular, the signals coming from the joysticks directly control the meter-in
section.
To explain the control strategy adopted, making reference to Figure 3, let’s firstly consider
one actuator working: from the sign of joystick signal is possible to understand the flow
direction (from port A to port B or conversely). At this point it’s possible to select the
pressure determined by the actuator in the meter-in section (pressure A or pressure B).
Using the equation of flow through an orifice, the area of the meter-in section can be
defined if the pressure and flow requirements are known. In equation (1) Q is the flow
demand, A the flow area, Cd the discharge coefficient,  the fluid density and p the
pressure drop across the orifice. For simplicity, in this equation the value of the discharge
coefficient is considered constant (0.7).
1

In the case of a resistant load, the control valve in the meter-out section can be completely
open with a significant improvement in energy efficiency.

Figure 3 Hydraulic scheme of the independent metering system analyzed.
With two actuators, working under different loads, it is necessary to introduce a pressure
drop equal to the difference between the two load sensing pressure values for the lower load
actuator, thus ensuring the correct flow sharing between the actuators. In a standard load
sensing system a local pressure compensator is used in each directional valve to perform
this function. In this model, the control valve at the meter-in section of the lower load
actuator is used to produce the additional pressure drop, so the system doesn’t require any
additional component. When two actuators are working together, the control algorithm
selects the pressure at the higher load actuator and uses it to adjust the pump displacement;
hence, the meter-in section of the higher load actuator is completely controlled by the
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required flow demand, with the meter-in section of the lower load actuator determined in
part by the flow demand and in part by the necessity of introducing pressure compensation.
It is worth noting that due to the presence of the PID controller, the variation in the pump
global efficiency due to the operating conditions and the variation in displacement can be
compensated. However, as evidenced by many authors in literature, closed loop control
based on pump displacement, which involves the pump dynamic behaviour and the
pressure dynamic behaviour in the delivery line of the pump, can produce instabilities in
the systems, especially as the highest load pressure can vary considerably during the duty
cycle.
4.2 Electronic Flow Matching Strategy
According to this strategy, the flow demand coming from the user directly controls the
pump displacement. In this way, if only one user is working under a resistant load, both the
meter-in and the meter-out sections can be fully open and additional pressure drops are not
introduced in the system. When more than one user are working together, the pump delivers
the total flow requested by the users, while the proportional valves at the meter-in section
of the actuators working under the lower loads have to perform the local pressure
compensation in order to maintain control of the users. Different cases can be analyzed in
this situation; for simplicity, only two users working together are considered here. In
equations 2, 3 and 4 pp is the pressure at the pump delivery, plmax is the pressure at the
higher load actuator, Amax is the maximum flow area and Ai is the adjusted area of the
proportional valve at the meter-in section. Again, the equation of the flow through an
orifice is used to derive the flow area.
-

The two users require the same flow but are working at different loads:
2

-

The two users require different flows but are working at the same load:
3

-

The two users require different flows and are working at different loads:

4
Again, the control strategy adopted needs signals relating to the flow demands, the pressure
at the inlet and outlet ports of the actuator, and the pressure at the delivery of the pump. In
particular, the signals coming from the joysticks directly control the pump displacement.
The pump flow rate can be expressed as in the following equation:
5
In equation 5 the coefficient  varies between 0 and 1 and modulates the pump
displacement between the minimum and maximum value Vmax. Actually, the volumetric
efficiency vol is a function of the pump operating parameters, of the oil temperature and of
the pump displacement itself. Given the fact that the displacement control is open loop,
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there is no guarantee that the flow delivered by the pump exactly matches the requested
flow rate. The open loop control provides a more stable but less accurate system. To
overcome this problem, closed loop can be introduced using the pressure transducer signals
at the inlet and outlet ports of the proportional valves in the meter-in section to determine
the actual flow passing through the valve. This can be done once the flow area of the
proportional valve is known, using, for instance, linear transducers to measure spool
displacement. When the flow delivered does not match the requested flow, a correction has
to be made to the pump displacement.
It is clear that the advantage of Electronic Flow Matching in comparison with the
Electronic Load Sensing System is relevant mainly when a resistant load is acting on the
user and in particular for the user working under the higher load; in this case, both the
meter-in and the meter-out sections are fully open and the pump is directly controlled to
deliver the exact flow to the actuator.
4.3 Strategy to Manage Overrunning Loads.
In the standard hydraulic load sensing system there is no guarantee that overrunning loads
acting on the actuators will be controlled correctly. Only when the user is requiring partial
flow will the flow area at the meter-out section be restricted to generate sufficient back
pressure to control the actuator. Moreover, if the load is sufficiently high, the pressure at
the inlet chamber reduces and the pump displacement decreases and the risk of cavitation
occurring is increased.
A way to manage the overrunning loads to maintain actuator control has been introduced
for both the control strategies adopted. Only in the case of overrunning loads, the
proportional valve at the meter-out section is adjusted in order to determine a controlled
pressure on the supply line to the actuator. When the control algorithm realizes that an
overrunning load is acting on the actuator, a PID controller starts to work monitoring the
pressure in the supply line and adjusting the proportional valve position at the meter-out
section in order to keep this pressure at a value of a few bar. This guarantees the
functionality of the system, avoiding the eventual occurrence of cavitation at the inlet of the
actuator or maintaining a controlled back pressure on the system.
4.4 Actuator End Stops.
Using linear transducers at the actuators it is possible to add another important feature to
the control strategy: when one actuator reaches its end stop, the pressure in the system will
rise till the maximum value. In this situation, if another actuator is still working and the
user doesn’t set the flow demand to zero on the first actuator, a great amount of energy is
wasted for pressure compensation in the second actuator, which forced to work at
maximum pressure. In this scenario, the control algorithm is able to de-activate
automatically the actuator that has reached its end stop, and the system can work at the
pressure imposed by the load acting on the other actuator.

5. MODEL OF THE TWO INDEPENDENT METERING SYSTEMS AND
ENERGETIC ANALYSIS.
The two systems previously described have been modelled within the AMESim©
environment. The control strategies adopted have been developed through the use of a
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specific library of signal and control components. The main simplifications of both models
relate to the pump and the remote proportional valves. In particular, the dynamic behaviour
of these components has, until now, been considered as ideal; the aim of this preliminary
work was in fact to establish if the independent metering concept was a promising
alternative to the traditional system in reducing the energy consumption of the remote
actuation circuit fitted to an agricultural tractor. This particular section of the hydraulic
circuit cannot be standardized because a wide range of actuators can be hydraulically
connected to the remote valves on the tractor, each of them characterized by a particular
and unique duty cycle. Hence, it is difficult to presume in advance if independent metering
can introduce a significant reduction in the energy consumption in the case analyzed.
The two models have been used to perform a simplified energy analysis in order to
compare the energy consumption of the traditional load sensing system (HLS-S), of the
electronic load sensing independent metering system (ELS-IMS) and of the electronic flow
matching independent metering system (EFM-IMS).
First of all two linear actuators were used for the analysis, working together under constant
but different loads; each actuator extends and then retracts under the same load. The first
duty cycle involves only resistant loads, whereas the second is characterized by resistant
loads when extending strokes and overrunning loads when retracting. Simulations were
performed at different actuator flow requirements with the same flow going to the two
actuators, i.e. if the total flow is 60 l/min, 30 l/min is going to the actuator 1 and 30 l/min to
actuator 2.

DUTY CYCLE 1

DUTY CYCLE 2

Figure 4 Percentage Energy saved of the ELS-IMS and EFM-IMS compared to the
HLS-S.
In Figure 4 the energy percentage saved using the ELS-IMS and the EFM-IMS compared to
the HLS-S energy consumption are represented as a function of the flow delivered by the
pump.
The energy saved has been assessed with reference to the energy consumption of the pump
and significant savings are obtained, particularly for the EFM-IMS. The energy saving
reduces when the flow delivered is increased due to lower losses generated in the traditional
HLS-S system, because the flow areas at the meter-in and meter-out sections increase with
flow rate. It can be said that the alternative architectures are in this case compared with a
“more efficient” system, so the percentage of energy recovered is reduced. The energy
saved during duty cycle 2, involving both resistant and overrunning loads, is higher. During
the second part of the cycle, when the loads on the actuators are both overrunning, the
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hydraulic load sensing system wastes energy especially when the flow requested is low and
the meter-out section is very restricted. As a consequence, the pressures at both actuators
are increased and the pump is forced to work at a higher pressure. When the loads are
overrunning in the alternative independent metering architectures, the meter-out section is
adjusted in order to maintain a controlled pressure in the actuator inlet lines and this, in
addition to preventing cavitation, saves energy.
However, these duty cycles, characterized by a constant flow and constant load, are far
from the actual working condition of a remote actuation circuit. Considering the fact that
the percentage of energy saved strongly depends on the duty cycle adopted, an energy
analysis was undertaken based on an experimental duty cycle on an actual agricultural
tractor, as explained in the next section.

6. EXPERIMENTAL DUTY CYCLE
A duty cycle was performed using a front loader installed on the remote distribution block
of a mid size agricultural tractor, undertaking loading and unloading operations (Figure 5).
In this application two remote valves are used simultaneously for boom and bucket
movements of the loader. For both the boom and the bucket movements, two mechanically
constrained cylinders are used.
The user flow requirements were recorded using the tractor CAN bus data, in particular the
control state operations and the flow request percentages were monitored. In addition, four
pressure transducers, located on the remote valves working ports, were used to record the
pressure transients. The data post processing allows the position of the spools of each
remote valves, and hence the flow passing through the valve and the loads on the actuators
to be determined (Figure 6). These variables were then used as input data for the models of
the standard and alternative architectures, so the actual duty cycle has been reproduced in
the virtual environment to carry out the energy analysis.

Figure 5 Front loader used to perform the experimental duty cycle.

Fluid Power and Motion Control 2010

575

The duty cycle consists of the tractor first approaching the load, then the boom and bucket
cylinders are moved to perform the pick-up operation, the tractor then backs up and when
approaching the unloading zone the load is raised, the bucket is rotated to unload and,
finally the bucket is lowered. From the non-dimensional boom and bucket cylinder flow
transients represented in Figure 6 it can be seen that the actuators work together at different
stages during the duty cycle.

Figure 6 Left: Non-dimensional flow demand transients for the two actuators. Right:
non-dimensional loads on actuators.
In Figure 7 the pump hydraulic power transients during the cycle are shown for the three
different systems. A consistent reduction in the power characterizes all the main phases of
the duty cycle, with energy savings equal to 25% for ELS-IMS and 36% for EFM-IMS.
These results confirm that the independent metering approach coupled with an electronic
control of the pump and a suitable strategy to control the operation of the proportional
valves may save a consistent amount of energy during a working cycle of the auxiliary
actuators of an agricultural tractor. However, the analysis does not take into account the
dynamic behaviour of the variable displacement pump and of the proportional valves which
can drastically influence the stability of the system and reduce the percentage of energy
saved. For this reason, the next step of the research will be to include the dynamic
behaviour of the components previously mentioned.

Figure 7 Power transients during the duty cycle for the three systems analyzed.
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7. CONCLUSIONS
The research reported in this paper has been focused on the energy analysis of the remote
valves hydraulic circuit of a mid size agricultural tractor. The circuit is a typical hydraulic
load sensing multi actuators application. The main aim of the work has been to evaluate the
energy losses in the standard architecture making reference mainly to an actual duty cycle
performed with the tractor. The energy analysis undertaken on the circuit has highlighted
that a certain margin of energy saving can be realized mainly resulting from the elimination
of the pressure drops introduced by the meter-out flow area of the remote valves and by the
pressure compensators acting at the inlet of the lower loaded actuators. Thus, alternative
circuit architecture, based on the well known independent metering concept, has been
introduced and modelled, where the single spool remote valves have been replaced by two
digital valves. Moreover, given the chance to add functionalities and flexibility to the
system and the possibility to save more energy, an electronically controlled variable pump
has been used. Two control strategies to handle both the pump displacement and the
proportional valves have been developed. With the aim of defining a term of comparison of
the standard and alternative architectures, an actual duty cycle has been performed on a
tractor using a front loader. The experimental data regarding loads and flow demands of the
actuators involved, measured during the cycle, have been used as input data to the
simulation models of the remote circuit. The main result obtained is that, making a
comparison between the traditional and alternative architectures, a relevant percentage of
energy can be saved due to the combined use of the independent metering concept and the
electronic control of the pump displacement, and at the same time, the functionality of the
system is preserved. However, a stability analysis of the system has to be performed and
the influence of the eventual time delay in the pump displacement control and in the
proportional valves on the percentage of energy saved has to be investigated.
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